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SYMBOLS 


A controller capacity 


a acceleration, cross section of blade ducts on flow surfaces, 
velocity of pressure wave in pipes 


a* measurable cross section of blade ducts 
B face of guide wheel 


C absolute velocity of flow in turbine, flow velocity in piping or 
around immersed bodies 


c = |1—o + v specific indicated velocity 
D, d diameter (D in particular diameter of runner and piping) 
E moduls of elasticity 
F area 
J coefficient of friction, also area 
G weight 
g gravitational acceleration 


H head in metres of water column, pressure head in metres of 
water column 


m 


barometric pressure in metres of water column 
tension of water vapour in metres of water column 


barometric pressure less tension of water vapour in metres of 
water column 


; suction head 
z losses in metres of water column 


water column corresponding to pressure p 


Coriolis force 
constants 
length 

mass 


N output 
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Nez effective output 
Nin theoretical output 
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N, output under head of 1 m i U peripheral velocity of turbine 


N' oe V flow velocity 
E pi | H? BEE OUIDUE W relative velocity of flow in turbine 
n speed z number of blades 
mn normal (rated) speed c= arte specific absolute velocity of flow in turbine 
np runaway speed 2g H 
n, speed under head of 1 m U 
nD u = ——-— specific peripheral velocity of turbine runner 
n', = —— unit speed |2gH 
|H wW ! N. 
1/N w = —== specific relative velocity of flow in turbine 
n=” | specific speed of turbine V28 H 
| HY |H à wz specific shock velocity 
O Centrifugal force o in connection with turbine subscript for conditions immediately 
P force in front of inlet into runner 
p pressure in kg/cm? 1 similarly immediately in back of inlet into runner 
Re Reynolds number 2 similarly immediately in front of outlet from runner 
Q flow-rate, through-flow | 3 similarly immediately after discharge from runner and at the 
Q, flow-rate at best efficiency beginning of draft tube 
Omax maximum flow-rate of turbine 4 similarly at end of draft tube 
Q, flow-rate under head of 1 m ' similarly at outlet from guide apparatus 
Gia a an Ree wits us similarly at inlet into guide wheel l 
|H similarly at outlet from stay blades of spiral 
R, r radius ?V similarly at inlet into stay blades of spiral 
s thickness of blade or pipe wall s similarly for inlet into draft tube Cs — C} 
T time constants % = c3 relative discharge loss from runner 
Tq = - o tarting time of machin 
oN a ß angle (blade) of the velocities w and u, acceleration coefficient 


of the stabilisator 
y specific gravity of water 
I circulation 
6 droop of the governor 
6; permanent droop 
= Nn ` Nv Nm total efficiency of turbine 


T; falling time of isodrome 


LE i 
T;, = — half-time of one interval of the pressure wav 
a 


PD EE i 
Tai = = time of one interval of the pressure wave 


I 


L we ; 
H eames time of the pipe Mn = l — po +- v — a — g = c? —c3 — w? hydraulic efficiency of turbine 


f 
| g angle between velocities c and u 
| 1m mechanical efficiency 


Tn half starting time of the revolving mass 


T;(T,) time of closure (opening) of the controller ï ns efficiency of draft tube 
t spacing, time 1v volumetric efficiency of turbine 


g coefficient of through-flow restriction by blades, outflow 
coefficient, relative velocity increase 


p = Af deviation angle of blade 
4 viscosity 
v kinematic viscosity 


= Ns —x—;—_ relative regain of draft tube 


o relative losses in turbine, also characteristic of piping 


g= —— Thoma cavitation coefficient 
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ë loss coefficient 
= w? relative shock loss 
n 


angular velocity 


PARTI 


INTRODUCTION TO THE THEORY 
OF HYDRAULIC TURBINES 


I. HYDRAULIC ENERGY, HYDRAULIC MOTORS, 
CLASSIFICATION OF TURBINES 


Hydraulic motors utilize the energy of water ways. The water moves from higher 
positions — from places of higher energy — to lower positions — to places of lower 


Fig. 1 


energy — and its original potential energy is converted into kinetic energy at the 
shaft of the machine. From the place of the lowest potential energy — from the sea — 
the water returns to places of higher energy by the action of solar heat, which 
maintains the circulation of water in the nature. Hydraulic motors, therefore in- 
directly utilize the energy of the sun. 

In ancient times hydraulic energy was utilized by means of water-wheels, the 
origin of which is very old. According to rather unreliable sources the first blade- 
fitted water-wheel was invented by Ctebios as early as 135 B. C. At the beginning 
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of the Christian era, the water-wheel was coming into use for driving mills in the 
Near East, this previously had been done by the slaves. 

From 260 to 300 A. D. there was already in use a complete large-scale mill in 
France, near Arles"), utilizing a head of 18 m by a total of eighteen water-wheels 
arranged in two parallel channels. 


Fig. 2 


Turbines in the modern sense of the word, based on the theoretical foundations 
developed by Leonard Euler, were not introduced into practical application, until 
the beginning of the 19th century (1826—1827), by Bourdin and Fourneyron in 
France. In 1835 Fourneyron designed and installed a turbine’) at St. Blasien, for 
a head of 108 m and a maximum flow rate of 30 litres/sec. which had a speed 
of 2300 r. p. m., and an output of 40 h. p., and was in operation until 1865. 

Water-wheels are for the greater part driven by the weight of water.*) It must 
be also mentioned that there existed also hydraulic motors driven by the pressure 
energy of water; these were hydraulic piston motors. The pressure head of the 
water was alternately distributed by means of a slide valve to either side of the 


1) Sylvestre V.: Contribution a l'histoire de la houille blanche. .., La Houille Blanche 
(1946), p. 293. 

*) Lectures of Prof. Ing. L. Grimm at the Technical University, Brno. 

*) For more details regarding water-wheels see Hýbl J.: Vodní motory, 1. dil (Hydraulic 
Motors, Part 1), Prague CMT 1922, pp. 152—170. 
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piston, and put the latter into a straight, reciprocating motion which by a crank 
mechanism was converted into rotary motion. It is also possible to employ directly 
a rotary piston. These motors were clumsy and are no longer used. 

Hydraulic turbines, which have displaced both earlier types of machines, are 
driven by the kinetic 
energy of water. The 
water first flows through 
stationary, guide ducts 
(Fig. 1), where either the 
total pressure energy, or 
only part of it, is con- 
verted into kinetic energy. 
The water flows from the 
guide ducts into the run- 
nerducts which are curved 
in an opposite direction 
to that of the guide 
ducts; the pressure of the 
flow on the curved blades 
rotates the runner. 

When the total pressure 
energy of water, expressed 
in metres of water column 
along the head H, turns 
into kinetic energy inthe 
guide ducts, the water 
will emerge from the 
latter under zero pressure 
at a theoretical velocity of 
C= |/2gH. Then the 
water pressure will not 
change during the flow Fig. 3 
through the runner ducts 
and so when discharged from the runner will be at the same pressure as at the 
inlet. Therefore, these turbines are named constant-pressure or impulse turbines. 
During its flow through the runner, the water presses on the blade, the blade 
moves and so operates. Therefore the energy of the water leaving the runner must 
be lower than the energy of the water entering the runner. For this reason the velo- 
city of the water discharging from the runner should be lower than the velocity at 
the inlet. Here, the absolute velocity is meant, as appearing to an observer located 
outside the runner. The velocity of the water along the blade, i. e. the 
relative velocity, as would appear to an observer moving with the runner, is the 
same from the inlet into the runner to the outlet, for there is no overpressure 
between the beginning and the end of the blade duct that would accelerate 
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it. The relative velocity changes its direction only owing to the curvature of 
the blade. 

If, however, only part of the pressure energy in the guide ducts is converted 
into kinetic energy, the outlet velocity of the water leaving the guide ducts will 


be C < |/2 gH . This water will, therefore, still havea static head of y (z — =) ; 
ò 


This residual part of the pressure energy is converted during the passage of the 
water through the runner ducts into kinetic energy, so that the static head of the 
water decreases in the direction of the outlet; the relative velocity, however — as 
determined by an observer moving with the runner ducts — increases from the 
inlet to the outlet. The absolute velocity (for an observer outside the runner) is, of 
course, smaller at the outlet from the runner than at the inlet. Since the water 
flows through the runner ducts under an overpressure, this type of turbine is 
called a pressure turbine. 

Constant-pressure or impulse turbi- 
nes are also termed action turbines, 
whereas pressure turbines are known 
as reaction turbines; the latter term 
is derived from the fact that in pressure 
turbines the water flow in the runner 
ducts is accelerated, by which a reaction 
on the runner blades is created. As, 
however, a reaction on the blades can 
also be caused by a mere curvature of 
the flow, as in the case of constant- 
pressure turbines, these terms cannot 
be considered correct. 

Apart from the above classification, 
hydraulic turbines are also distin- 
guished by the direction in which the 
water flows into and out of the runner 
in relation to the turbine shaft, no 
regard being taken to the circular flow 
of the water around the shaft. When 
the water flows through the runner 
parallel to the axis of the shaft, the 
turbine is called an axial-flow turbine 
(Fig. 2a—c). When the water flows 
through the runner in a direction 
perpendicular to the shaft, the turbine 
is known as a radial flow turbine 
(Fig. 3a—c); when the direction of 
the flow changes in the space of the 
Fig. 5 runner from radial to axial, the turbine 
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is termed radiaxial or mixed flow (Fig. 4a, b). The guide wheel of a radial-flow 
turbine can be located either outside the runner, so that the water flows in the 
direction to the centre, the turbine being termed centripetal or turbine with 
external inlet (Fig. 3c), or the guide wheel is placed inside of the runner (Fig. 
3a), and in this case we speak of a centrifugal turbine or a turbine with internal 
inlet. 
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The water may also flow through guide wheel and runner in a direction inclined 
to the shaft (Fig. 5), then the turbine is known as a conical; here also the inlet can 
be internal or external. 

Fig. 6 indicates a tangential flow turbine, where the water impinges on the runner 
blades as a free jet in the direction of the tangent to the runner. 

As far as the position of the shaft is concerned, all types of turbines mentioned 
may be fitted with a horizontal or a vertical shaft. 

“When the water flows into the runner along the entire periphery, we speak of 
a turbine with complete admission, and when the water is fed to only a part of the 
periphery, the machine is termed turbine with partial admission or partial turbine 
(Figs. 6, 36). Partial admission is used only for impulse turbines; the efficiency of 
pressure turbines with partial admission would be rather unsatisfactory. 
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For a small head the turbine is placed in an open or concrete pit. Fig. 7 shows 
such a turbine with a horizontal shaft. The water is led away through an elbow 
which in this case is located in the pit. Fig. 8 presents a similar design with the 
elbow on dry ground — the discharge elbow is directed to the engine room and the 
shaft passes through it. Fig. 9 shows a vertical turbine in a half-open pit, and in 
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| Fig. 12a 


Fig. 10 the concrete pit has the shape of a spiral (see plan) and supplies the water 

to the turbine uniformly along the entire periphery. 
For a large head (over 20 m) the water is supplied through a pipe, and the 
turbine is located in a shell connected to the piping. In this case we speak of 
i a shell turbine. In Fig. 11 the shell houses a double turbine with two guide wheels 
and two runners on a common shaft. Nowadays preference is given to turbines in 
a plate-type or cast spiral casing which provides a better efficiency (Figs. 12a, 

12b, 4a). 

Among turbines which now belong to history, we must mention the Girard 
turbine (1851), which was of the axial impulse type (Fig. 2b); the Schwamkrug 
turbine (1858), a radial impulse turbine with internal partial influx (Fig. 3b); the 


Jonval turbine (1837), an axial pressure turbine (Fig. 2a); and the Fourneyron 
turbine (1827), a radial pressure turbine with internal admission (Fig. 3a). 

The types mostly constructed at present are: 

The Francis turbine (1849) a centripetal, radial pressure turbine (Figs. 4a, b, 3c), 

the Pelton turbine (1880), a tangential, partial impulse turbine (Fig. 6), 

the propeller turbine and the Kaplan turbine (1919), an axial pressure turbine 
with radial guide wheel (Figs. 2c, d), and the less common turbines of Bánki and 
Reiffenstein. 


Fig. 12b 
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II. RELATIONS BETWEEN HEAD, FLOW RATE AND OUTPUT; 
EFFICIENCY 


1. Output and Efficiency 


When a quantity of water weighing 1 kg falls H metres in such a way that it 
reaches its lower position at zero velocity, the work done by this quantity of water 
in its fall is 1 kg - Hm = 1 - H kgm. When during every second the quantity of 
water O travels along the height difference H in the sense of gravitation, it does 
every second the work — or delivers the output (i. e. work per second) — of Ni» in 


kgm per second: 
Nin =y: QH, (1) 


where y is the specific gravity of water (in general of the passing liquid) in kg, 
related to that unit of volume in which Q is given; hence this specific gravity of 
water is 1000 kg/m? for O given in m*/sec., and 1 kg/litre for Q given in litres/sec. 
Q is the quantity of water (or the liquid) passing per second, briefly termed flow 
rate, and H is the height difference in m, which we call head. 

This output N;, represents the theoretical value, and is the output which can 
be delivered by the flow rate Q and the head H if there are no losses. A hydraulic 
motor, however, cannot give this output as the conversion of hydraulic energy into 
mechanical energy is subject to losses. The output which we obtain at the coupling 
of the motor we term the effective output, and is expressed by the symbol Np; it 
will be smaller than Npn, so it applies 


Ne = 7° Nin 
where 7 is coefficient less than unity, termed efficiency. 
Hence, the effective output will be 
Nez = y OH» kgm/sec., 
in metric horsepower (1 h. p. = 75 kgm/sec.) 


(2) 


in kilowatts 


The efficiency y is the total efficiency of the hydraulic motor; for turbines it 
amounts to approximately from 0.75 to 0.9, depending on the type of turbine 
(larger turbines have a higher efficiency) and varies with the load on the motor. 

The losses which arise in the conversion of energy in the hydraulic motors, are 
included in the total efficiency 7 and are of three kinds: 


a) The total flow rate O, supplied to the turbine, does not actually pass through 
the runner. Part of the water by-passes the runner through the gaps between the 
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runner and the guide wheel, another part of the water escapes through the stuffing 
box around the shaft, and both of these proportions of the total flow rate produce 
no work. The quantity of water flowing through the runner is therefore smaller; in 
order to obtain the actual flow rate through the runner, Qef, the only work- 
producing part, we must multiply the flow rate Q by a number less than unity 
which we term the volu- 
metric efficiency of the 
turbine, v. 


Qef = MQ. 


b) Of the head H, at 
disposal for the turbine, 
a certain partis consumed 
for overcoming the flow 
resistances within the 
turbine; these are resist- 
ances caused by the fric- 
tion of the water on the 
walls of the turbine ducts, 
by the change of the 
direction of the water 
flow, and by the whirling 
of the water. The util- 
izable head will also be 
smaller by the velocity 


head s corresponding 


to the velocity C, at which 
the water discharges from 
the runner. The coeffi- 
cient, less than unity by 
which we must multiply 
the head H in order to Fig. 13 
obtain this smaller, so- 
called hydraulic head Hp, we term the hydraulic efficiency ny. 

The hydraulic output Np, i. e. the power transmitted to the blades of the runner, 
will therefore be in kgm/sec. 


Ni = Y Qes Hr = Viv Onn Ef: 


c) But a further part of this output is consumed for overcoming mechanical 
ses; these are losses in the bearings of the turbine, in the stuffing boxes of the 
tu. ne shaft, and losses caused by the friction between the outer surfaces of the rotat- 
ing run.er wheel and thesurrounding water. The effective output N,, at the coupling 
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will hence be smaller than the hydraulic output Nn, and we must multiply the latter 
by the mechanical efficiency 7m to obtain the effective output: 

N, ef = Nm N, ho 
so that 


Nes =y Q H qe mm = Q H. 


It is therefore evident that the total efficiency 7 is the product of the three 
enumerated efficiencies 


N = Ne Nh Nm- (3) 


ANRA 


Fig. 14 
2. Total or Gross and Effective or Net Head 


The term head still requires further explanation. In every hydraulic power station 
the operator is permitted to utilize the head between the points A and B stipulated 
by the pertinent legal provisions (Fig. 13). This is the so-called total") or gross 
head Hy. However, the turbine cannot fully utilize this head as part of it is 
consumed to overcome the flow resistances in the head race or pipe and in 
the tail race. It is clear that we are not allowed to include these losses into the 


1) According to Czechoslovak Standard ČSN 085010-1951. 
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efficiency of the turbine because one and the same turbine would have different 
efficiencies depending on the losses arising in the head and tail races. We must 
therefore deduct these losses from the total (gross) head and thus define the effec- 
tive?) or net head at the disposal of the motor. 

This effective or net head is not only the difference of the levels after deducting 
the mentioned losses, but it is defined as the difference between the total energy 


J 


= 
= 


Fig. 15 


of the water flowing into the turbine system and the total energy of the water 
discharging from it. 
The effective head is hence given by the expression 
Ci 


S 
H= (#4, +m +$t)- (He + ha + Z) (4) 


whe:à H with the pertinent subscript is positional energy, % pressure energy, and 
C?/2 g inetic energy. The subscript 1 relates to the input into the turbine system, 
the subs: vt 2 to the discharge from the turbine. Only in this way it is possible to 
arrive at a correct definition of the net head if we consider that a hydraulic motor 


2) According to Czechoslovak Standard CSN 085010-1951. 


has to convert the total energy of the water into mechanical energy at the shaft. 

Smaller variations introduced in practical operation (see Czechoslovak Standard 
CSN 085010-1951 and the following paragraphs here) are substantiated by practical 
requirements. Let us now see how in three most important cases we ascertain this 
net head: 


a) For a turbine in an open pit (Fig. 14): From the gross head Hp we first deduct 
the head loss H,, at the inlet to the head race; this loss is caused by the bend in the 
flow to the head race, by contraction in the inlet to the head race, and by the passage 
through the coarse grid. We must further deduct the head loss Hz» at the end 
of the head race caused by the losses in the head race (friction of the water on the 
walls, whirling). After the passage of the water through the 
second grid we deduct the head loss H;3 caused by the ve- 
locity increase of the water passing between the rods of 
the grid and by the subsequent velocity drop behind them. 
In the direction leading back from point B we must deduct 
the head loss Hz, pertaining to the loss in the tail race. In 
this way we obtain the difference h between the level in the 
pit and the level close behind the turbine. This difference 
is sometimes termed the geodetic net head and corresponds 
to the difference in the potential energy of the water ahead 
of the turbine and behind the turbine. This we can ascer- 
tain by measuring the difference in height of both men- 
tioned levels. As the water flows into the pit at velocity C,, 
which we determine for the inflow into the pit, if we consider the pit itself as 

2 


part of the turbine system, we must add the kinetic energy = » belonging to 


each kg of water flowing into the pit. From the outlet tube of the turbine the water 


a 


discharges at velocity C}, and we must therefore deduct’) the kinetic energy 2 : 
The net head for a turbine in an open pit will therefore be i 


5 te O E 
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b) Turbine in spiral casing (Fig. 15): In this case also, we must from the gross 
head Hp deduct the losses, which are: loss in the flow into the head race H,,, loss 
within the head race Hz, loss in the grid Hz3, and loss Hz» caused by friction of the 
water on the walls of theinlet tube, by whirling, by the curvature of the tube, variations 
in diameter, etc. At a lower water level we must again deduct the loss in the tail 
race Hz4. For these turbines we usually measure the pressure energy of the water 


1) The discharge loss is involved in the hydraulic efficiency and should be calculated with 
the velocity in the tail race. Since this velocity does not markedly differ from the discharge 
velocity, the Standard introduces the discharge velocity from the outlet tube, and the devia- 
tion from the original definition is hence only small. 
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by means of a manometer m located in the inlet into the spiral casing. In order to 
obtain the net head, we must add to the metre reading of water column A” = 10-p, 
p being given in atm. gauge pressure, the difference in the positional energies h' 
(the tube of the manometer is filled with water), and the difference between the 
GE ng 
2g 2g 
section in which the manometer measurement is taken, and we obtain this value 
as the quotient of the flow rate O by the area F of this flow cross section y — y, so 


kinetic energy - C, is the mean velocity of the water in the cross 


that C, = E - C, is again the velocity at which the water leaves the turbine 


system through the last cross 
section of the discharge tube, 
and we determine it similarly. 
The net head in this case will be 
Haw +n Ge G 
es Dei “2 
Note: The manometer must 
only measure pressure energy 
without any components of ve- 
locity energy. The axis of the 
orifice where the manometer 
tube is inserted into the wail 
of the inlet tube must be abso- 
lutely perpendicular to the axis 
of the inlet tube, and the inter- 
nal diameter of the connecting 
orifice should be 3 mm. The 
mouth of the orifice in the wall Fig. 17 
of the inlet tubes hould not have 
a rounded edge at all, or rounded with only a small radius r = 1 mm (Fig. 16). 
Details are contained in the Czechoslovak Standard CSN 085010-1951. 


c) For tangential-flow Pelton turbines (Fig. 17): The same holds good for these 


turbines as in case b), with a modification that the term = is omitted and that 


the height to the centre of the manometer dial is measured from the point at which 
the centre of the water jet contacts the pitch circle of the wheel. Hence applies 
2 
H=h' +h" + oe : 
2g 


Here we ssa deviation from the originally stipulated definition. We do not take 
into considerat} the distance of the contact point of the jet from the lower level 
and, furthermore, we neglect the kinetic energy of the discharge. This is certainly 
not quite correct, because if we should use a Francis turbine in a spiral casing, 
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we would reckon according to b) with these values. On the other hand, an argument 
in favour of the simplified form is the fact that the distance of the contact point 
of the jet from the lower level is also influenced by factors which are beyond the 
designer's control, such as variations of the lower level (the wheel must never run 
in water!). Details are to be found in the Czechoslovak Standard CSN 085010-1951. 


Ill, ACTION OF THE FLOW ON THE DUCT 


1. Flow in the Stationary Duct, Moment of the Duct 


The turbines extract energy from the water by changing the direction of the 
flow of the water in the runner. To deflect the water from its original direction it 
must be subjected to the action of 
forces ; this is, the forces with which 
the runner blades act upon the 
streaming water. According to the 
principle of action and reaction, 
the water, in turn, acts with the 
same force on the runner blades. 
The latter give way under the 
pressure of the water, turn the 
wheel, and thus the water produ- 
ces work. 

The effect of the water will be 
proportional to the quantity of wa- 
ter passing through the ducts of 
the runner. This flow rate is deter- 
mined by the flow cross section 
of the duct, i. e. by the dimensions, 

Fig. 18 and the velocity of the flow. There- 

fore we must know this velocity in 

order to determine the necessary dimensions of the ducts. The corresponding 

calculation is termed voluminal calculation. The effect of the water upon the 

blades depends on the way in which the blades deflect the flow and change the 
velocity. 

The determination of the most advantageous deflection of the flow is the task 
of the energy calculation, from which we ascertain how the blades must be curved. 

First we shall deal with the effect of streaming water on the walls of a stationary, 
immovable duct. This case is simpler but we must be familiar with it as a turbine 
also contains stationary ducts and we must know how to ascertain the forces with 
which the water acts upon these stationary ducts. 

a) Voluminal calculation. Let us assume that the vessel (Fig. 18) in which we 
maintain a constant level is connected to a curved duct in such a way that the latter 
adheres impermeably to the vessel but is otherwise freely movable. Its outlet cross 
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section F, is smaller than the inlet cross section F}, so that the water flowing 
through the duct will fill it up entirely and hence p, > p, will apply. , 

To the inlet and outlet cross sections we apply Bernoulli's theorem, taking as 
reference level the plane 0—0, passing through the centre of the cross section F,; 
the head loss due to the flow through the duct being hz: 


$ 2 wi 
ELEN = SE R A (5) 
Y 2g y 2g 


We express this head loss h; in dependence on the higher velocity in the smaller 
(outlet) cross section 
W p 


h =€ 2g . 


(For well-designed turbine ducts we can assume the value ¢ to be within the 
range € = 0.06 — 0.1.) 


Thus we can transform Equation (5) to the expression 
wè Wi , — P: 

1 +85 =H, + =— tM. (6) 

(+45 = 2g 7 
This equation is termed the flow rate equation. Since the velocities are inversely 
proportional to the areas of the cross-sections, we can determine them if we know 
the difference p, — p». In the present case, for p, (the small velocity within the 

vessel not being taken into account), will apply 


Pa i = bya. We Wi 
a +H, +0= A T 2g +4 oe 
Pi Pa a a D a wi 
P iF © ga” ize 


where the last term expresses the losses only to the outlet from the vessel. These 
will be mainly caused by contraction of the flow. 


(Rounding the edge of the inlet by a greater radius, we obtain & = 0.01 — 0.06.) 
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Substitutin; \this expression into (6), we obtain 
yi Wy P Wi Wi pa 
—- — = TALER- 3 H. So oome aee £ — 
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Now according to the continuity equation 


F; 
isk E T 
we obtain 
2 2 
eB ote BSS pee pre PO Pe 
(1 e+ Ze) 2g Bt er T (7) 


When water discharges into a space of atmospheric pressure and when the same 
pressure acts upon the level in the vessel, pe = pa, as the pressures on the outlet 
and on the water surface in the vessel cancel each other. If we further define 
H, + H; = H as the total head, we obtain 


(1+e+673) TEH. (8) 


We see from Equation (8) that with a given shape of the duct, we can determine 
the discharge velocity W,; and from this value for a given flow rate O the necessary 


cross section F, = 


= > and from the continuity equation the other cross 


sections, too. 


b) Energy calculation. The forces acting upon the duct we calculate by Newton's 
equation. By this equation the elementary force dP is given, which acts upon the 
mass element (particle of the water flow) dm and is required for the velocity varia- 
tion dW during the time dr: 


dP = dm 


dw 
ar 
so that 


dP dt = dm dW. 
also applies 


This equation holds good for a straight motion. For a motion along a curved path 
we must only take into account the variation of the component of the velocity W 
in the direction of the force P, and this component we denominate Wp. Thus we 
obtain 

dm 


dP =~ dW. (9) 


dm . ; 
But he is the mass of water passing through the duct per second, because 


OY do =? EW dt. 
g g 
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W -dt is, as we see from Fig. 19, a part of the length of the duct, and hence 


OY g Pl Paten, 
& & 
Consequently applies 
dm Qy 
At oe 


and we can transcribe Equation (9) 


ap = £2 . aw, 


and after integration from the duct 
cross section / to cross section 2 
(Fig. 19) we obtain 


P= 22 Wp— Wn). 


Wp: denotes the velocity compo- 
nent in cross section / in the direc- 
tion in which we seek the force, 
and similarly Wz denotes the cor- 
responding velocity component in 
cross section 2. 

The formula determines the 
force necessary for changing the 
flow of the liquid, i. e. the force 
with which the duct acts upon the 
water flow. The force with which 
the water flow acts upon the duct 
is of the opposite sense 


f= 2Y (Wy — Wp). (10) 


Since no asst 'nptions, whatever, 
have been asi to the direc- cal Fig. 20 

tion of the force Y, Equation (10) 1s BEN 

holds good for any arbitrarily selected direction of the force P, and, therefore, 
also for the determination of the forces in the directions of the axes of coor- 
dinates X and Y (Fig. 20). Giving to the force, by which the water acts upon 
the ducts in the direction of the axis X, the symbol Pz and to*the forc2 in the 
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direction Z the symbol Pz, we clearly see that 


Ae er (Wai — Wes) a1) 


Pa er (Wa — Wa). 


These forces are created, as is evident from the derivation, only from the change 
of magnitude and direction of the velocity of water. The expressions (10) and (11) 
do not, therefore, involve the weight of the water contained in the duct, which 
consequently should still be added to the force Pz, nor the static pressure on the 
inlet and outlet cross sections; these pressures must be determined separately and 
their components in the directions of the axes X and Z added to the forces Pz and 
P., respectively. On the other hand, no special regard to the friction of the water 
is required, as this factor is already expressed in the velocities W, and W,, or in the 
difference between the pressures on the extreme cross sections of the duct. 

Combining in Equation (11) the components placed above each other into the 
resultants, and considering that Res (Wz Wa) = W, and Res (Wro, Wz2) = Was 
we obtain the following expression for the force with which the water acts on 
the duct: 


R = Res (22 w, 2” m,) i (12) 
E E 
The force acting upon the duct, therefore, equals the resultant of the forces 
R= oe Wp P = 2 Wes 


which act in the extreme cross sections of the duct in the direction of the tangent 
to the central stream line, as indicated in Fig. 21. This theorem holds good also 
for a spacially curved duct. 

The theorem expressed by Equations (10), (11) and (12) is termed the momentum 
theorem, and the product of the mass of the through-flow and the corresponding 


velocity (2 w) is called the momentum of the through-flowing liquid. The 


momentum theorem, therefore, states that the force of the dynamic effect of the 
flow acting upon the duct equals the resultant of the momentum of the liquid in the 
extreme cross sections, the momenta in both cross sections being taken as acting 
towards the centre of the duct. 

We are also interested in the question as to what moment in relation to a point 
selected outside the duct belongs to the force with which the passing liquid acts 
upon the duct. This question is of interest because the resultant solution can be 
applied to a duct revolving around an axis to which the moment has been deter- 
mined. This will be shown later. 
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Oop m, 


It is clear that we can determine this moment in such a way that according to 
the theorem of the momentum we determine the force acting upon the duct, i. e. 
its magnitude, direction and position; its magnitude we multiply by the perpendic- 
ular distance from the point to which the 
moment is sought. More conveniently, how- 
ever, we determine this moment by means 
of the theorem of the moment of momen- 
tum, which we shall derive in the following 
paragraphs. 

In Fig. 22 a duct is shown through which 
a liquid flows at an inlet velocity W, at 
point 1 and an outlet velocity W, at point 
2. The total force acting upon the duct is 


the result of the forces P, = er W, and 


P, = Er Wa, which are also indicated in 
the figure. Since the moment to point O 
equals the sum of the moments of the components, we can express it as (subscripts 
1, 2 denote that the moment arises between points 1 and 2 of the duct) 


Fig. 21 


M,, a = P, r, cos f, — Pa r, cos fa = 2y (W, 7, cos fı — W, r, cos fa). 


& 
Since, however, W, cos 8, = Wy, and W, cos 8. = Wuz, where the index u de- 
notes the components of the 
velocity perpendicular to the 
line of action of the moment, 
it follows that 


Misz Te 


=o (ri Wu Ag] Wrz). 
(13) 


The expressions oe rWy 


are named the moments of 
momentum and the theorem 
expressed in Equation (13) 
is termed the theorem of 
the moment of momentum. 
This theorem states that the 
moment of the force by 
which the liquid acts upon 
Fig. 22 the duct is equal to the dif- 
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ference of the moments of momentum in the extreme cross sections of the 
duct. 

The moment for the unit weight of flow rate (i. e. for each kg of weight of the 
liquid flowing through the duct per one second), i. e. for Q y = 1, will be 


1 
Mi: = z (rı Wur — ra Wue) . (13a) 


Reaction 


Fig. 23 


2. Moment with which the Flow acts upon a Revolving Duct - Energy Equation 


So far we have considered stationary ducts which do no work; the relative velo- 
city within the duct conforms with the absolute one, and the effect, therefore, is 
conformable, too. 

Now we shall deal with a moving duct. Here appear various kinds of velocity. 
There is, for instance, a relative velocity at which the flow moves in relation to the 
duct, and, also an absolute velocity at which the flow moyes in relation to the station- 
ary space outside the duct — and finally, there is displacement velocity at which 
the duct moves in the stationary space. 

First of all, we must have a clear idea of the mutual relations between these 
velocities; they are shown in Fig. 23. Fig 23a presents a circumferential section of 
a duct of the guide wheel and a duct of the runner of an axial-flow turbine, as 
diagrammatically indicated in Fig. 2a. 
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The water leaves the guide duct at velocity C’ .In the bladeless space between the 
guide wheel and the runner the velocity will somewhat differ; its magnitude 
immediately ahead of the runner is denoted by Co- In this space there are no blades, 
so the through-flow area will be larger by the sum of the thickness of all guide 
blades, and velocity C, will be somewhat smaller than the velocity C'. The incli- 
nation of velocity C’ to the direction of rotation (to the peripheral velocity U) is 
denoted by «', whilst the inclination of velocity C, will be termed %». The water 
enters the duct of the runner at absolute velocity C,, which again will be somewhat 
greater than velocity Cy, because the through-flow area is contracted by the runner 
blades; approximately we can say C, = C’. The runner duct, however, revolves, 
i. e. in relation to the guide duct it moves at peripheral velocity U. The inlet 
cross section of the runner we denote again by subscript 1 and the outlet cross 
section by subscript 2 (in an axial-flow turbine the value of the peripheral velocity 
is the same in both these cross sections). We must, therefore, combine velocity C} 
with the negative velocity U, in order to obtain the relative velocity W, at which 
the water enters the runner duct under angle f, to the peripheral velocity. 


The water leaves the runner duct at the velocity W, under angle f, to the peri- 
pheral velocity. The duct itself moves at the peripheral velocity U. For this reason 
we must combine the relative velocity W, with the displacement velocity U, in 
order to obtain the absolute inlet velocity C,, which is inclined to the peripheral 
velocity under the angle vz. 


This resolving and eventually combining of velocities is illustrated by complete 
diagrams in Fig. 23. In practical application we do not draw these diagrams in full, 
but only sections of them, the so-called inlet and outlet velocity triangles, as 
indicated in Figs. 23b, c, d. Fig. 23b shows the velocity triangle for the bladeless 
space immediately ahead of the runner, where the water flows at absolute velo- 
city Cy, which by combining with the (negative) displacement velocity U, gives 
the relative velocity W, at which the water approaches the runner. Fig. 23c illu- 
strates the conditions for the inlet cross section of the runner, and Fig. 23d for the 
outlet profile. 

The symbols C, W and U with the appropriate subscripts denote the absolute, 
relative and peripheral velocities, and are used internationally. Similarly, the 
inclination of absolute velocity is marked with the letter ~ and that of relative 
velocity with the letter £. 

In Fig. 23a the absolute path of a water element is also indicated (by a dashed 
line) as it appears to an observer standing outside the runner. It is evident that the 
path of the water deviates from the original direction of velocity C, to the direction 
of the velocity C, at an angle yọ. This deflection of the absolute flow, which results 
in a pressure on the blade, is brought about by the deflection of the relative flow 
by the angle t į} which is given by the deflection of the relative outlet velocity W, 
from the relat. te inlet velocity W,, i. e. by the angle enclosed by the directions of 
the inlet and o tlet ends of the blade. This angle is known as the efficient angle of 
the blade or the ingle of deviation of the blade. 

Note: We assume that the water flow absolutely follows the path determined by 
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the shape of the blade. This assumption only holds good for a great number of 
blades; with a small number of blades the path of the flow does not coincide with 
the shape of the blade, and this must be taken into account when designing the 
blade. 


After this survey of velocities connected with a moving duct we can now start 


Fig. 24 


to determine the moment of the force with which the flow of the water acts upon 
the duct. 


We refer now to Fig. 24. Here we found that when this duct is at rest and a liquid 
flows through it, it is subjected to the action of the moment to point O; the magni- 
tude of this moment is according to Equation (13): 


M = er (ri Wu = Wus) . (13) 


So far we have considered that one direction of the moment (or force in the 
momentum equation) to be positive which coincides with the direction of the 
velocity Wyı. Since in the ducts of turbine runners velocity W either increases in 
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the direction of the flow (reaction turbines), or at least remains constant (impulse 
turbine), but never decreases, we can transcribe (Fig. 24) as 


fa Wuz > rı Wu 


and the sense of the moment, according to the given definition, will be negative 
against the direction of the component W,,,. (I. e., if we allow the duct to revolve 
around point O, it will do so in an anti-clockwise direction.) 

The work done by the moment in revolving the duct, we shall consider as posi- 
tive, and, therefore, with a revolving duct we must consider the positive moment 
to be that which acts in the direction of the rotary motion. For this reason the signs 
on the right side of Equation (13) are changed and the duct is then subjected to the 
action of a positive moment in the direction of the revolution of the duct 


M = er (ra Wus = Wri) . (14) 


In a rotary motion of the duct, however, inertia forces are also manifested: 
centrifugal force and Coriolis force. So we must determine their moments to point 
O and then add them to the moment by which the water flow acts upon the duct. 

The direction of the centrifugal force passes through the axis of the revolution 
and, therefore, creates no moment to axis O; hence it need not be taken into ac- 
count. 

The Coriolis force, denoted by J, arises from the fact that the mass in changing 
its position in the revolving space must change its peripheral velocity, too; this 
force is generally defined by the expression 


dI = 2 dm oW, (15) 


where dm is the mass element of the flowing medium, œ the angular velocity of the 
displacement motion, and W is the relative flow velocity in the duct. The Coriolis 
force is perpendicular to the relative velocity W, i. e. its deviation from the direction 
of the radius pertaining to the considered point in Fig. 24 is equal to the angle f. 
Its moment to the point O is 


dM; =dlo = 2 dmw Wo, 


where o is the perpendicular distance of the direction of the force J from the axis 
of rotation: ọ = r sin f, so that 


dM; =2 dmo Wr sin $. (16) 


Generally, “he relative velocity W is dependent on radius r, so for the following 
integration we must find the relation between W and r. We obtain it by considering 


ds 
Bose > pr 
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where s is the path of the particle in the direction of velocity W. However, it further 
applies 


dr 
ds - sin 8 = dr, =; 
sin f r me ' 
so that 
ay aa 
~ dt snf ? 
and, substituting this expression into Equation (16), we obtain 
dm 
dM; = “at wr dr > 


and since = = e (see Eq. 9 and further) and r dr = = d(r?) 


am; = 2? o ag), 


and because w is constant, we can include it into the differential and apply the re- 
lation U = r w, whereby we obtain 


ao! ty ay St 
dM, = =? do r) = EX aur) 


For the effect along the entire path of the duct between points 1 and 2, it there- 
fore holds good that 


2 


Mr = £r. [acon = er (U: ra — Uin) - (17) 


As the liquid during its passage through the duct acquires a higher peripheral 
velocity (it must be accelerated by the duct in the direction of the displacement 
motion), the Coriolis force acts on the duct against the sense of rotation; for this 
reason we substitute it in the following operation with the negative sign. Hence, 
the total moment with which the liquid flowing through acts upon the duct, 
will be: 


Mi. = er (ra Wuz — ry Wuri — U, Ts aa Ui rı) = 


0 “ 
= =F fr, (U, — Wan) —ra (Ua — Wed]: 
From the inlet and outlet triangles, however, it is evident that holds good (Figs. 
23 and 24): 
U, — War = Gii and U, — Wao = Gig: 
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As the region of action of the moment is evident from the subscripts of the velo- 
cities, we further dispense with marking the moment with subscripts 1, 2, and 
hence we write 


M= er he Cait Can) | (18) 

This is the resultant moment which acts upon the revolving duct with the flow 
rate Q. 

If we consider such a flow rate where the weight of the liquid passing in one 

second equals 1, then Q y = 1, and the pertinent moment M, will have the value 


1 
M, = ra (ri Cut — rz Cuz) . (19) 


By multiplying this moment by the angular velocity of the rotary motion of the 
duct we obtain the work done by the duct during its rotation: 


1 1 
M,o = = w (ry Cui — r Cuz) = ET (U, Cur — U; Cuz) . 


This work, however, equals the energy lost by each kg of the through-flowing 
water multiplied by the efficiency of conversion (losses within the duct) 1)», so that 
we can write 


1 
ra (Ui Cur — U, Cuz) = HA, . (20) 


This equation, which was published in a somewhat modified form in 1734 
by Leonhard Euler, we call Euler’s energy equation. 

Static overpressure on the inlet cross section does not appear in this equation. 
To make a rotary motion possible, the inlet 
cross section must lie in the direction of velocity 
U. The resultant of the pressure acts perpen- 
dicularly to this cross section, i. e., in the 
direction of the radius, and therefore creates no 
moment to the axis of rotation. This equation 
holds good (similarly as the momentum the- 
orem) also for a through-flow connected with 
losses, for the losses appear in the values of 
the velocities. 

The equation was derived for a duct lying 
in a plane perpendicular to the axis of rotation. 
It is also v lid for any position of the duct. This 
follows fro ù Fig. 25. Velocity C which passes 
through pont / may take any direction what- 
soever. We \roject it into the plane perpendic- 
ular to the axis of rotation. To this projection 
of velocity, C’, we can apply the Euler equa- 


4] 


tion. As, however, the peripheral component Cy of this projection of velocity 
coincides with the peripheral component of the original general velocity C, it is 
evident that we can calculate directly with the peripheral components of velocities 
of a general direction. 


We can, therefore, apply Equation (20) also to a duct with a space curve as axis, 
e. g., as illustrated in Fig. 26. Both velocity triangles (inlet and outlet) are drawn 
here in perspective in order to show the peripheral components Cy, and Cys. 

The equation holds good for any liquid if it fulfils the condition of incompres- 
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sibility which we have assumed; therefore even for gases, provided that the pressure 
variation is small enough to neglect the variations of volumes caused by them. 

The equation only contains values at the beginning and the end of the duct. 
The progress of the flow between these two points is, therefore, of no account; 
we must only take care to keep the losses connected with the passage through the 
duct as small as possible. 

The equation connects the inlet triangle with the outlet triangle and thus defines 
the relation between the blade angles f, and f>. Here we must introduce for na 
a reliably attainable (according to experience) value of hydraulic efficiency. We must 
avoid to introduce a value higher than actually attainable (with regard to the higher 
actual losses arising during the passage through the duct); in such a case Equation 
(20) would not be satisfactory and a further lowering of efficiency would occur, If 
we introduce a lower value than the actually efficiency attainable, the latter will 
also drop, but at the most to the value which we have selected for Equation (20) 
and for which this equation applies. 

In order to attain a high output, the negative term must have the smallest 
possible value. We shall therefore endeavour to have Cus = 0, i. e. that the water 
leaves the duct at an absolute velocity in a direction in which there are no peri- 
pheral velocity components. Cuı must be positive, that means that we must supply 
the water to the runner in the direction of its rotation. 


3. Hydraulic Efficiency 


Hydraulic efficiency has already been mentioned. It now appears in the principal 
energy equation and so it must be dealt with in more detail. As already said, 
hydraulic efficiency must take into account the losses in the water flow during pass- 
age through the turbine. In general, hydraulic efficiency can be expressed: 

H— XH: 
ss a 


where H; represents the individual losses arising along the path of the water flow, 

Hydraulic efficiency varies according to losses in the turbine, and, therefore, 
depends on the size, type and arrangement of the turbine. 

The losses coming into consideration are: 

1. Losses caused by friction, curvature of the flow, and variations of the flow 
cross sections; to overcome this requires a certain part H-; of the total head and 
can be expressed as: 

Hx 
H ` 


Ha =ọH; 9= 
2. Hz \these are losses caused by the fact that the water discharges from the 


runner a’ velocity C, (Fig. 27), which for a given discharge from the runner must 
have a certain magnitude. Together with the water, unutilized energy to the value 
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C3 
Cae (for each kg of the flow rate through the turbine) escapes from the runner 


and can be expressed as relative value by 


2 


C3 
aS, =e H, x 


kÂ, Hz 
a 
æ is the coefficient of the discharge loss. That the outlet velocity need not be 


completely lost for energy conversion will be shown later when discussing the 
draft tube. 


When only these two types of losses occur in the turbine, hydraulic efficiency 
will be given by the expression 


= EEE oe. (21) 


3. When the water flow approaches the runner in an incorrect way connected 
with impacts, losses will occur due to shocks, the separation of the flow from the 
surface of the blade at the inlet, and by the resulting turbulence. These losses will 
arise when the direction of the incoming flow is not in accordance with the inlet 
end of the blade. Such a flow is illustrated in Fig. 28. Here we see that the relative 
velocity W, of the incoming water flow does not coincide with the direction of 
velocity W, which is determined by the inlet end of the blade. The component W, 
of both velocities is termed meridional velocity because it lies in the meridional 
plane of the turbine; the component Wm must be the same for both velocities (W, 
and W,). This is calculated from the continuity equation by dividing the flow rate Q 
by the flow cross section perpendicular to it, i. e. for velocity Wmo at the flow 
through the area immediately ahead of the inlet into the runner, and for the velocity 
Wm. at the flow through the area immediately behind this inlet; these velocities are 
approximately the same. We may therefore convert the velocity W, into W, by the 
vectorial addition of the velocity Wz, which is parallel to the horizontal velocity U. 
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The turbulence caused by the shock will be more intense, the greater W, is, and 
so the loss arising will be proportional to the velocity head of Wz: 
w: 
2p 

According to measurements carried out by several authors, mainly Oesterlen?), 
we can put & = 1 and thus write: 


Hz =k 


w2 
Hs = 5> =% 


2g 


In an abnormal operation, where the flow conditions do not agree with those 
assumed in the design of the turbine, hydraulic efficiency will be: 


Hn = l — 9 — a — Ñ. (22) 
In this case the energy equation (20), will undergo a change. The expression 
> (U, Cu: — U, Cy2) on the left should indicate the work which the wheel assumes 


when the velocity component C,1 at the radius r, is changed into the component 
Cy2 at radius rą. When water contacts the blade in a direction deviating from the 
direction of the inlet blade end and enters the runner at velocity C, with the 
peripheral component Cuo, this must first be converted by shock into C, with the 
component Cy, and the work performed must also be included in the work trans- 
mitted to the runner; in this case, however, according to the momentum equation, 
it is of no account in which way the velocity change has been brought about, as it 
only influences efficiency. In this case we must transcribe the energy equation: 


1 
z (Ui Cuo — Us Cuz) = H yn = H (1 — o —a — $). (20a) 


Hydraulic efficiency changes when a so-called draft tube is employed as will be 
explained in the pertinent chapter. 


4. Flow Rate Equation; Overpressure of the Runner 


From the inlet and the outlet triangles (Fig. 23c, d), applying the cosine rule, we 
can derive the relations : 


W? = C? + U? — 2 U, C, cos o; 
W? = C} + U3 — 2 U, Ca cos do. 
Subtracting the first equation from the second and dividing by two, we obtain 


U; C, cos q — U, C, 008 a = 5 (Wi — C} — U} — WE + C} + UD. 


1) See, Thomann R.: Die Wasserturbinen und Turbinenpumpen, Part 1, Stuttgart, 
K. Wittwer 1924, p. 64. 
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Since C, cos o) = Cy; and C, cos % = Cu2, we can by the right side of this equa- 
tion replace the expression in brackets (U, Cui — U> Cy2) in energy equation (20), 
whereby we obtain 
Ci—Ci wi— Wi Uj — U3 

2g + 28 F 2 -=H h. (23) 
This is the so-called flow rate equation. It is a mere modification of the energy 
equation, but shows us another side of conditions in the runner. We now substitute 
for na according to Equation (21): 


Ci—C; Wi— Wi Uj— U} Cz 
n m ess Ld = H— — 2 
2g k 2g NET our OE aad 
the terms =: cancel each other, and so there remains 
Gi Wi— Wi U}— U? 
Ze + Zg er E H— o H = H (1 — 9). (24) 


From the flow rate equation in this form we see that the head, reduced by the 
losses due to friction and curvature of the flow within the turbine, H — ọ H = 
= H — Haz, is divided into three parts. The first is consumed to create the inlet 
velocity C, into the runner and is defined by the first expression; the second is 
consumed to increase the relative velocity of the water in the duct from the value 
W, to W, and is expressed by the second term which presents the difference 
between the pertinent velocity heads and finally, the third part is consumed to 
overcome the centrifugal force if we consider that the water approaches the runner 
at the outer diameter and discharges at the inner diameter, as it usually is the case. 

Note: The centrifugal force encountered here, is inherent, to the water which 
rotates with the runner. This will be clear if we realize that water rotating in a vessel 

3 


assumes the shape of a paraboloid of revolution, the height of which equals 
(Fig. 29). 2g 
Ifin Equation (24) we shift the first term to the other side, we obtain 
w— Wi , Ui—Ui | CF ne lig Sen Pel : 
ae Zg - = H— Ha rips am a (25) 


The expression H — Hz, — = = hp represents the head after subtracting 
2 


the loss head Hz; and the velocity head Zg 5 i. e. it expresses the pressure head 


of the water on entering the runner. On the discharge side we have so far assumed 
atmospheric pressure (discharge into the atmosphere), and the sum of the 2nd and 
3rd terms of the flow rate equation is therefore the pressure difference — expressed 
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as water column — between the inlet and the outlet of the runner and is termed the 
overpressure of the runner. 

These conditions are generally valid, even when the pressure at the outlet 
from the runner differs from the atmospheric pressure, as illustrated in Fig. 30. 
This figure presents a diagrammatic picture of a turbine with a runner, immersed 
down to the depth H, below the lower water level. If we neglect the height of the 
runner H, the pressure on the outlet from the runner, expressed as water column, 


Fig. 29 Fig. 30 


will be £2 = H,. The pressure on the inlet into the runner (likewise expressed 


as water column) will be 


p Ci 
; =Ħ—Ha— 57> 
and hence the overpressure 


Pi — Pe Ci Ci Cì 
—-—— = H,— Ha — — — H, = H— Ha —— = —o)-=—. 
> 1 t= 2 ET H (1 —¢) 2g 

It is evident that we have thus obtained the same expression as before. The sum 
of the 2nd and 3rd terms of the flow rate equation therefore actually expresses 
overpressure of the runner (in terms of water column). 

Should the water enter the runner with shock, we must start again from triangles 
Co Wo U, and C, W, Up, and after substitution into Equation (20a) we obtain the 
corresponding flow rate equation for a flow approach subject to shocks 

Ci—Ci | Wi—Wi , Ui—uv! 
2g 2g 2g 


=H mh; (23a) 


where 
na =1—e—a—l. 


In this case, all other considerations and deductions also apply to the same extent. 
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IV. REACTION (PRESSURE) AND IMPULSE 
(CONSTANT-PRESSURE) TURBINES 


In the foregoing chapter we defined overpressure of the runner as the difference 
between the pressure immediately in front of the inlet cross section and immedi- 
ately at the back of the outlet cross section of the runner. This overpressure, as 
stated before, need not occur in all turbines. As it is evident from Equation (25) 
it will e. g. equal zero for an axial-flow turbine, where U, = U>, provided that the 
inlet cross sections of the runner ducts are the same as the outlet cross sections. In 
this case, from the requirement of continuity, W, = W, and the overpressure of the 
runner equals zero. 

Turbines, where overpressure equals zero are termed constant-pressure or 
impulse turbines. This name is derived from the fact that the pressure of the liquid 
at the front and at the back of the runner is the same. In this case we take care to 
prevent variations of the pressure of the liquid even during passage through the 
runner duct. This can be done by allowing the liquid to flow through the runner 
duct in such way that the level is always maintained free, i. e., the liquid does not 
completely fill up the duct. 

As an example we mention the Girard turbine, which now belongs to the past, 
but offers a distinct picture of the conditions described. It is diagrammatically 
shown in Fig. 3la. Fig. 31b is a diagram of a peripheral section through the guide 
duct and the runner duct. Fig. 31c illustrates the design of the duct, and Fig. 3ld 
shows a meridional section of the guide wheel and the runner. In this figure we 
can see that the rim of the runner is broader in the direction of the outlet to enable 
the water to spread freely across the blade (see Fig. 31c). The space between the 
trailing edge of the runner blade and the free water surface is filled with air through 
orifices in the rims of the runner. In consequence of this feature, the turbine had 
a good efficiency only when the tail race level was lower than the runner; when (at 
periods of high water) the tail race level rose to such an extent that the wheel was 
running in water, efficiency was lowered; i. e. the runner ducts were completely 
filled with water and therefore the progress of relative velocities W did not satisfy 
the requirements. This phenomenon is also encountered in all impulse turbine 
installations. 

The Pelton turbine is 2 modern example (Fig. 6), in which a free jet impinges on 
the ladle-shaped blades, or buckets, and flows through them at a free level. 

Turbines where /y is larger than zero, i. e. where the pressure of the fluid at the 
beginning of the runner duct is higher than at the end, are termed pressure (or 
reaction) turbines. Here the liquid completely fills up the duct and the flow cross 
section decreases in the direction of the outlet, so that relative velocity W, at which 
the liquid flows through the duct, increases. The runner ducts are completely 
filled with water; therefore, it does not matter if the runner is located below the 
tail race level. Modern types of pressure (or reaction) turbines are e. g. the Francis 
turbine and the Kaplan turbine. 

In summarizing, we can enumerate the following features of constant-pressure 
(or impulse) and pressure (or reaction) turbines: 
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1. In impulse turbines the total effective head is converted in the guide wheel 
itself into velocity of the water flow which emerges from the guide wheel. This 
flow then only changes direction in the runner, the magnitude of relative velocity 
remaining constant. The magnitude of absolute velocity C and in particular that 
of its peripheral component C, decrease (see Fig. 3le). The overpressure of the 
runner equals zero. This must be ensured by such an arrangement so that a free 
surface of the water is maintained during passage through the runner. 

2. In reaction turbines only part of the effective head is converted in the guide 
wheel into velocity at which the liquid discharges from the guide wheel; part of the 
head acts as pressure upon the liquid under which the liquid enters the runner. 
This residual pressure is only converted into velocity in the runner itself, so that 
the relative velocity, at which the water flows through the duct, increases towards 
the outlet. There is an overpressure in the runner ducts and consequently they are 
completely filled with water. 

It is important to note, here, that impulse turbines with the same head and the 
same diameter of the runner have a lower speed than the reaction turbines. This 
follows from the energy equation: 


i 
peT (U, Cur — U, Cuz) = Hn . 
& 


As already pointed out, we must endeavour to have Cu = 0. Hence, in the 
equation the first term in brackets will be most important. In impulse turbines 
the total head is converted into velocity in the guide wheel; for this reason, C, and 
also Cy, will be larger. U, must, therefore, be smaller than in a reaction turbine, 
where only part of the head is converted into velocity C, in the guide wheel. Since 
in pressure turbines velocity C,, and consequently its component C,,1, will be 
smaller than in impulse turbines, the value U, must be larger in order to obtain 
the same value of the product U, Cy. Impulse turbines will, therefore, have 
a smaller peripheral velocity and consequently with the same runner diameter 
a lower speed. U, will here be smaller than Cu1, so that the inlet and outlet triangles 
will have approximately the shape indicated in Fig. 31f. A characteristic feature is 
given by the relation between Cuı > U, and W, = W,. The triangles of a reaction 
turbine are indicated in Figs. 23s—d. Here applies C,; < U; and W, > W, 


V. DRAFT TUBE, CAVITATION 
1. Draft Tube 


We have just seen that the runner of an impulse turbine must be placed above 
the tail race level, and this at such a height, that even at more frequently occurring 
higher tail race levels, the wheel does not run in water. These turbines, therefore, 
require the arrangement indicated in Fig. 2b. But in this design we lose part of the 
head, and this loss corresponds to height of the outlet cross section above the tail 
race level, since along this part of its path the water falls freely without doing any 
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useful work. For this reason it is more advantageous to employ reaction turbines 
particularly, in those cases, where the head is small and the part lost in the described 
way comparatively large in relation to the total head. 

These latter turbines can be placed below the tail race level (as approximately 
indicated in Fig. 3a), and then no loss of head will be encountered. Such a turbine, 
however, is always immersed in water and not easily accessible. In order to elimi- 
nate this drawback, the so-called draft tube has been introduced; its use is dia- 
grammatically indicated in Fig. 2a. The turbine with runner is located above the 
tail race level, but the runner is surrounded by a tube which is hermetically con- 
nected with the guide wheel and extends down below the tail race level. The 
turbine is now easily accessible and yet no head loss is encountered, as the tube 
during operation is filled with water, the weight of which reduces the pressure in 
the outlet cross section of the runner. 

The modern draft tube, however, fulfils an even more important task. It reduces 

2 


2 = v. H. Here the water leaves the runner 


the discharge loss from the runner, z 

at the absolute velocity C,. That is to say that each kilogram of the through-flow 
2 

of the liquid per second takes with it an energy of S = « H. This energy could 


ò 
not be utilized by the runner, but it can be made use of, at least partially, in the 
draft tube by a gradual reduction of the velocity to a smaller value. 

In the example just described, according to Fig. 2a, this will not be the case, for 
the water discharging from the runner here suddenly enters the large crosssection 
of the draft tube, so that velocity C, is destroyed by whirling. 

When, however, the mouth of the draft tube has approximately the same cross 
section as the outlet from the runner, as e. g. in Figs. 3c, 4a and 2d, velocity C, 
at the beginning of the draft tube will be approximately the same as velocity C, at 
which the water leaves the runner (a certain difference will only occur due to the 
fact that the cross section of the outlet from the runner is restricted by the blades). 
When the draft tube diverges only gradually, thus enabling the water to fill the 
cross section up to the walls, the velocity of the water C, in the discharge end of 

2 


the draft tube will be smaller than velocity C}. Hence the discharge loss Bi wili 


2g 
be smaller and the difference in comparison with the original loss represents the 
theoretical regain of the draft tube: © == ©’ As the flow in the draft tube and 


the velocity drop are connected with losses owing to the friction of the water on the 
walls of the tube, whirling, an i the escape of air (because there is a vacuum at the 
beginning of the draft tube), Ae actual gain will be smaller. We must multiply the 
theoretical gain by the effic’ mcy of the draft tube 5 < 1, whereby we obtain the 
actual regain, which we ca’ express as part of the total head 


‘G—c 


Zg =pH. 


s 
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The best efficiency is offered by straight, conical draft tubes, i. e. approximately 
0.9 — 0.85 — 0.7; efficiency of draft tubes having an elbow is less and amounts 
to about 0.6 — 0.85.1) 

The regain is caused by the fact that the draft tube converts velocity into pressure 
and so causes a pressure drop at the entrance. 
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When defining hydraulic efficiency, we have, apart from other factors, also taken 
into account the discharge loss from the runner, and so we write: 


ea e oe 
When a turbine is equipped with a draft tube, the discharge loss is no longer 
CÌ pd. Oo ee 
Qe , but smaller by the value which is gained in the draft tube; hence: 
Cy C3— Ci 
2g eS g 
1) Thomann: Wasserturbinen u. Turbinenpumpen, Part2, p. 160, K. Wittwer, Stuttgart 1931. 


=H(«—»). 
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Hydraulic efficiency of a turbine with a draft tube will, therefore, be: 
nri = 1— o — a+», 


and this value must be taken into account in the energy and the flow rate equations, 
so that e. g. the flow rate equation for a turbine with draft tube reads as follows: 


Ci zi wi— Wi , Ui— U} 

ag Be’ ee 
The magnitude of the vacuum at the beginning of the draft tube can be deter- 
mined by applying the Bernouilli equation to the cross sections a and 6 in Fig. 32. 


When we select the plane b— b as the base for position energy, the following 
relation will hold good: 


=H (1—ọo +v). (25a) 


Ps, Cs _ Pe Ci 


Met a eg 


Here, Hz3,, represents the sum of the losses along the path 3 — 4, which are due 
to friction, shocks, and whirling in the draft tube and to the conversion of kinetic 
energy into pressure; p, and C, are pressure and velocity respectively in the plane 
a— a, and hence in the point 3, too; the subscripts 4 relate to the cross section 
b—b. 
From this it follows that: 
Ps cC5— Ci 


ap 
é 


=A + Hz, — Hs — < 


The value of the last fraction is the theoretical regain, no regard being paid to 
the loss of pressure head due to flaring of the draft tube. As already pointed out, 


Ag 
this theoretical regain will be reduced by losses arising to 77s Sze , so that the 
losses will be 

C;— C$ 
Has=—n) 7 — - 


If we include in this loss the loss due to the velocity change from C, to C,, we arrive 
at the relation 


; C3— Ci C—C} 
ee te = ee 
and hence 
Pa Pe ge C} ci 
y Hs Ns Zg 


We assume that velocities C,, C, and C, have a meridional direction, or we take 
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into account only their meridional components, because the peripheral component 
of velocity C, is not decreased by the draft tube and not utilized. 

Pressure p, in the cross section b — b equals barometric pressure, and we can, 

: È ; ; 

therefore, substitute oF = Hg, where Hz is the barometric pressure expressed 
as water column, so it applies 
P. C;— C? 
— = Hy — H; — h L, 


(26) 


Hence it is evident that the pressure at the back of the runner equals barometric 
pressure minus the static suction head Hs and the pressure gain of the draft tube 
C3—Ci 
—_— = 7H, 

2g 


Ns 


2. Cavitation 


Pressure ps is not the lowest pressure which occurs along the passage of the 
liquid through the turbine. It is the pressure directly at the ends of the blades at 
the beginning of the draft tube. In some places within the ducts of the runner, 
pressure will be still lower. Since the water acts upon the blades in a peripheral 
direction, the pressure on the blade from one side (the so-called pressure side) 
must be higher (the so-called driving pressure on the blade), and the pressure 
from the other side (suction side) must be lower (the so-called driving underpres- 
sure on the blade). At the end of the blade, both pressures have the same value p,, 
and so within the duct, on the suction side of the blade, the pressure must be lower. 
The maximum difference from pressure p, is denominated Ah’. 

Hence the lowest pressure on the blade will be 


P2min Ps C—C? 
Ee E A e a N a rae 
y y B 8 js 2g 


This pressure can have various magnitudes according to the values on the right 
side of the equation. When it is lower than the tension of the vapours corresponding 
to the temperature of the liquid flowing through the turbine (the tension of water 
vapour at 15°C is 0.174 m, at 20 °C, 0.238 m of water column), the liquid be- 
gins to evaporate at these points in the form of bubbles. These vapour bubbles, 
forming on the suction side of the blade in the place of the lowest pressure, are 
entrained by the flow of the liquid along the suction side of the blade, i. e. they are 
carried to places where the pressure is higher than pomin. In places where pressure 
is higher than the vapour tension, the vapour condenses and the bubbles collapse. 
This collapsing of the bubbles proceeds very rapidly, so that the surrounding liquid, 
filling up the empty spaces thus created, impinges very violently on the blade, 
thereby producing audible shocks and even vibrations of the machine. 


An. (27) 
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This phenomenon is called cavitation. By the impacts of the liquid the surface 
of the blade is subjected to heavy strain; when the blade is not made of particularly 
resistant material, its surface will be corroded within a short period of a few 
weeks, or even the blade will get holes. The cause of this rapid deterioration of 
the material will be explained later (in the second part of this book). 

If cavitation is to be avoided, the pressure pomin must be higher than the vapour 
tension. We express this condition, denominating the vapour tension H;, by: 


Gi— 6} 
28 


from which follows that the static suction head H; must not exceed the value: 


ee = Ha— Him —Ah' > B, 


C2 Ss g 
Hs = Hg — Hi— ns r tAk. (27a) 
Barometric pressure minus the vapour tension is Hy = Hg — H;. The expression 
2. m 
Ns fae — Ák will have a higher magnitude, the greater the flow rate 


through the turbine; for a certain flow rate, however, this expression is proportional 
to the head, so that, giving the coefficient of proportionality the sign o, we can 
write 


H, = Hy —o H. (28) 


The coefficient g we call the Thoma cavitation parameter. For a given turbine 
its value will be the higher, and hence the permissible suction head will be the 
lower, the greater the flow rate through the turbine. It will assume the highest 
value for the maximum flow rate, and the suction head must be adjusted to these 
conditions. 

The suction head is according to Equation (28) also dependent on barometric 
pressure and thus on the altitude above sea level in which the turbine has to be 
installed, for barometric pressure is dependent on the altitude above sea level # (m) 
and can be expressed with sufficient accuracy by the relation: 

h 
E 

With various types of turbines the coefficients ø differ, and according to Prof. 
Thoma the value of o for the maximum flow rate may be approximately expressed 
on the base of the specific speed 7s (see further) by means of the following table: 


ns 50 100 200 300 400 500 600 700 800 
g 0.02 0.05 -OTi 02 0.35 O57 O38! 145 215 


Example: We have to ascertain the suction head for a turbine determined for 
ahead H = 5 m, at ns = 430, ~ will be about 0.406. The turbine has to be installed 
in an altitude of 900 m abo sea level. 


oe) 


First we determine 
900 
Ay = 10 — 00 = 9m, 


so that: 
Hs Z Hy —o H = 9 — 5 + 0.406 = 6.97 m. 


Hence the runner must be placed up to 6.97 m above the tail water level. 

Now let us solve the 
i ___Tattwaterfevel —çČ same problem for a head 
A =a zen e H = 25 m. In this case 
= -p z3 — —  weobtain 


H; Z 9— 25 + 0.406 = 
= — l.l m. 


The suction head is 
negative; that means the 
runner must be placed in 
such a way that the hig- 
hest point of its discharge 
Tail water level cross section, i. e. from 

Soa , ť here ‘the suction head 

is measured (see Fig. 33), 

Fig. 33 is 1.1 m below the tail 
water level. 

If we would employ, in the same case, a turbine with a specific speed 7; = 550 
(propeller turbine), ø would be 0.735, and therefore 


H, = 9 — 25 - 0.735 = — 9.4 m, 
from which is evident that the demands of cavitation restrict the selection of the 
specific speed and also the type of turbine. 
Note: In our investigations carried out so far we have seen that the energy and 
flow rate equations, too, under different conditions assume different forms. 
Generaly, we may write the energy equation as follows: 
U, Cuo — Us Cus =g Hna =g H(1—e—a—l +»), 
which is the energy equation in general, where the flow approach subject to shock 
is encountered and the turbine is fitted with a draft tube. 
For shockless entrance of the water, there will hold good Cy» = Cu1 and ¢ = 0, 
and the equation will read: 
(U Cu — U, Cuz) = 8 H Na =g H(1 —o—a+ v); 
and for a turbine without a draft tube we further reckon 
» =Q; 


56 


In a similar way we write the flow vate equation in this form: 

C—C} , Wi—Wi Ui — U} 

ag a "la RTTE = Hm, = H(l1—o—a—f+47), 
which is the flow rate equation in general, where the flow approach with shock is 
encountered and the turbine is equipped with a draft tube. 

For a shockless entrance of the water, Co = Cis, Wọ = W,, and ¢ = 0, and hence 
the equation will assume the form 


Ci—Ci | Wi—Wi 
i, (so 


Ui— U} = ! 
“gp HO eo +h 


and for a turbine without a draft tube we must reckon with » = 0. 


VI. EXAMPLES OF TURBINE DESIGNS AND OUTPUT 
CONTROL METHODS 


In the foregoing chapters we have learnt about the various arrangements of 
hydraulic turbines, such as turbines placed in pits, in boiler-type shells, and spiral 
casings. Now we shall learn about the internal arrangement of turbines, their 
design, by a few typical examples. 

Fig. 34 presents a section through a pit-type turbine.") This is suitable for a small 
output. We have here a Francis reaction turbine, i. e. with a runner of the mixed- 
flow type, for a head of H = 2.5 m, a flow rate of Q = 0.5 m?/sec., a speed of 
n = 230 rpm and an output of N = 13 metric horse-power (75 kgm/sec.). 

The runner consists of an outer rim and a hub extending into a disc. Between 
them are the runner blades. 

The runner is only keyed-on to the shaft. For such a small turbine keying is quite 
sufficient for transmitting both the torque and the arising axial force (directed into 
the elbow of the discharge tube) due to the overpressure of the runner. Since this 
is a pressure turbine, the water has a higher pressure in the front of the runner than 
in the draft elbow. In order to reduce the quantity of water which unutilized 
by-passes the runner between the rim and the rear cover (volume efficiency), the 
clearance between the rim and the cover is only small. The same is the case be- 
tween the front cover and the disc of the runner. As, in spite of this arrangement 
some water penetrates through this gap into the space between the disc of the 
runner and the front cover, an additional axial load of the runner would be created 
by the fact that in this space the water pressure would be higher than at the other 
side of the disc, at the beginning of the draft elbow, just by the overpressure of the 
runner. For this reason the disc near the hub is provided with relief orifices by 

1) From Hýbl J.: Vodní motory (Hydreulic Motors, Part 3, Tables), Prague; Česká matice 
technická, 1928. 
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which the pressure from both sides is partly equalized. These orifices — as we shall 
see later — should be as far away as possible from the shaft of the turbine, but not 
mouth into the runner ducts, because the water emerging from these relief orifices 
would disturb the flow in the ducts. The front cover is fastened by means of a flange 
to the wall ring, which in turn is concreted to the wall between the pit and the engine 
room. The rear cover is held by both the elbow and the bolts of the guide blades, 
which are for this purpose stepped on both ends. 


Fig. 34 


Between both covers are the blades of the guide wheel. Their task is to supply 
the water to the runner in the correct direction and at the correct velocity, as we 
have already seen. At the same time, they regulate the quantity of water which must 
flow through the turbine and thus they also regulate the output of the turbine. For 
this reason they are pivoted on the already mentioned bolts, which at the same time 
firmly connect both covers. The blades are mounted by means of bronze sleeves, 
so that they can be adjusted from the open position to the fully closed position (the 
so-called Fink regulation). When they are put into a position other than assumed in 
designing the runner — on the base of the inlet velocity triangle — the water will enter 
the ducts of the runner at an incorrect angle, giving rise to the previously mentioned 
shock. The adjustment of the blades is performed by means of regulating pins and 
pull rods from the shifting ring, as indicated in Fig. 34. The shifting ring is 
shifted by means of regulating pull rods and a regulating frog actuated by a reg- 
ulating shaft which proceeds through a bearing and a stuffing box in the wall 
ring into the engine room. The regulating shaft is shifted by means of a governor 
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or manually by a gear. The control mechanism in this case is in water and we speak 
of a so-called inside regulation. 

The shaft is mounted on two bearings. One is located in the elbow of the draft 
tube and connected to the pin bearing to counteract the axial force. It is lubricated 
with lubricating grease supplied 
from the Stauffer lubricator in 
the engine room through a tube 
which is not indicated in the 
figure. This means that the 
shaft extends through the draft 
elbow and disturbs the flow in 
it; for this reason, the bearing 
is often omitted, and the runner 
is mounted on the shaft in an 
overhung arrangement, as will 
be shown in the following ex- 
amples. The other bearing is 
abracket-type, fitted with ring 
lubrication, and fastened to the 
outer cover of the turbine. 

The shaft is led through the 
cover by means of a soft stuff- 
ing box fitted with hemp cords. 
The stuffing box prevents the 
water from penetrating to the 
outside when the turbine is fully 
opened and there is a moderate 
overpressure under the cover; 
on the other hand, it prevents \ 
the air from penetrating into N 


the turbine through the small A 

openings, when the vacuum X N 
prevailing in the draft tube aa NL SSR 
advances through the relief or- . 
ifices into the space under the Fig. 35 

cover. In order to improve this 

effect, the stuffing box is usually subdivided by a ring which is filled with water 
from the pit. 

Fig. 35 shows a vertical Francis turbine in a spiral concrete pit, with a gear box 
for transmitting the output to a horizontal-shaft generator; the turbine is designed 
for a head H = 2.17 m, a flow rate Q = 22 m*/sec., a speed range n = 38.7/215 r. 
p. m. and an output of 532 h. p.) It is important to note that this turbine differs 


A 
KKC À 


1) From Hýbl J.: Vodní motory (Hydraulic Motors, Part 3, Tables), Prague; Česká matice 
technická, 1928, 
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from the installation described in the foregoing example particularly by the fol- 
lowing features; The runner is placed on the shaft with sliding tolerance, whilst it 
is secured against rotary shift by a key and against axial forces by a split ring which 
fits into a groove; this ring is held together by the runner hub which is put over it. 

Here the upper cover is not kept at a constant distance from the lower blade ring 
by means of the bolts of the guide blades but by special bolts which are covered 
by the freely revolving blades slid over them; these guide blades are automatically 
set in the direction of the water flow, thus offering the least resistance. The guide 
blades are fitted with cast-on pins, the upper row of which extends through the 
bearings and stuffing boxes to the dry space, so that the control levers, pull rods 
and the regulating ring are outside the water and can be well lubricated; in this 
case we speak of an outside regulation. The shaft extends again through a soft 
stuffing box fitted with a ring for the water seal and is mounted in the guide 
bearing of the turbine. This bearing is lubricated with oil from a vessel placed 
underneath and rotating with the shaft. The bearing is fitted with a tube the free 
end of which is bent against the sense of rotation and immersed into the vessel, 
and draws the oil into the bearing. The axial load due to hydraulic forces and the 
weight of the rotating parts is supported on the gear box by a segment bearing 
which rotates in an oil bath. Connected with it there is another guide bearing which 
is lubricated in the same way as the turbine bearing. 

Fig. 36 presents a cross section of a turbine with an output of 5180 h. p. at a speed 
ofn = 1000r. p. m., for Q = 1.9 m*/sec. at a head H = 220 m. This is a horizontal 
Francis turbine with a spiral casing reinforced by stay blades. With regard to the 
large head, the sealing of the runner gaps is carried out more efficiently, i. e. by 
means of labyrinth seals the rings of which interlace in a comb-like arrange- 
ment with a small clearance. The stuffing box of the shaft is also of the labyrinth 
type, with a supply of sealing water as required for the high speed. The shifting 
ring is mounted on the draft elbow, where it is more accessible, and at the same 
time allows a reduction in the overhang of the runner. The thrust bearing is placed 
in a common pedestal with the guide bearing, and both are equipped with circu- 
lating lubrication by means of an oil pump, the oil passing through a cooler. The 
runner is relieved by a by-pass pipe, as there is no place in the hub for relief ori- 
fices. 

Francis turbines are built for large heads, up to about 400 m, and for the largest 
output, up to 150,000 kw per unit. With small heads they are only employed for 
small output because of their comparative simplicity. 

For small heads, up to about 60 m, and also the largest output, up to about 
150,000 kw), Kaplan Turbines are usually employed, which compared with 
Francis turbines have the advantage that the curve of their efficiency plotted as 
function of their filling (and of the head, too, should the latter be variable) has 
a flatter shape. That means that their efficiency does not decrease so much when 
the turbine is operated with a flow rate (or head) other than that for which the 


"ay The Kaplan turbines in the Kuibyshey power station on the Volga river have the 
largest output in the world, i. e. 126.000 kw. 
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Fig. 36 


runner was designed, as the shock loss at fillings differing from the rated value is a 
smaller. This is carried out by a special feature so that at the variation of the filling Ch 
not only the position of the guide blades is adjusted (by means of the usual Fink cH o; 
regulation as in Francis turbines), but also that of the runner blades. This allows to 
adjust their position to the changed angle of the approaching flow. 


Appendix I gives a cross section of a Kaplan turbine for a maximum head of 
20 m, a maximum flow rate of 75 m/sec. and an output of 12,800 kw at a speed 
of n = 166.7 r. p. m., which is directly connected to an electric generator. The 
spiral steel casing of the turbine is mounted in concrete. The steel part of the casing 
is riveted to the cast ring, the upper part of which is held in position by the cast-on 
blades at a fixed distance from the lower part. To this ring the upper and lower 
blade rings are connected, in which the guide blades are arranged, in this case 
(a large installation) with outside regulation. The inner (upper) and bottom covers 
lead the flow of the water to the axial intake of the runner which is in the shape of 
a propeller. The turbine described has 6 pivoted runner blades mounted in the 
runner hub. The blades are set according to requirements by means of cranks, 
seated on their pins, between the bearings, and by means of pull rods and a regu- 
lating head which is fastened to the piston-rod extending through the hollow shaft 
of the turbine. The runner hub, in which the mechanism described is housed, is J 
filled with oil. The piston-rod is actuated by the piston of the servomotor which is YH 
driven by pressure oil; the cylinder of the servomotor forms half of the shaft 7 
coupling. The pressure oil is supplied to the servomotor by pipes located in the 
hollow shaft of the alternator, either on the upper side of piston — through the 
outer pipe — or on the lower side — through the inner pipe and the perforated end | 
! of the piston-rod. Either pipe leads at the top into one chamber each, in the so- oe 
| called distributing head. To each chamber another fixed pipe is connected. } 
The guide bearing of the turbine is lubricated by oil. The gear pump is driven by 
| a toothed gearing from the main shaft; it pumps the oil into the bearing from 
ji a tank located in the inner cover. The oil which passes through the bearing is 
returned to the tank by means of a spray-off ring. 


The axial load exerted by the water pressure on the runner, as well as the load 
due to the weight of the rotors, is supported on the segment thrust bearing com- 
bined with a segment radial bearing and built-in into the eight-spoked spider on 
the stator of the generator. Lubrication is of the circulation type, actuated by 


electrically driven pumps, which supply the oil to the bearing through a cooler and Bey Mi 
a filter. Underneath the generator there is another radial bearing, lubricated in the N TJ 


same way, and its supporting spider houses the oil brakes to stop the slowing-down G- |} — | 

| turboset when to be put out of operation. ad = nagas ag Nij ie J | 
Mention must also be made of the air supply valves of the turbine, located in the x = (| | H = Sil 

cover. If the guide blades are rapidly shut the water in the draft tube will have > aie bal TEOR —= 

a tendency to continue to flow due to inertia. This could lead to a disruption of the 7 LA (IN et ____ $000 < Terai g 

water column under the runner and cause a back shock. In such an event the air i © ©) ae, 

supply valves open — actuated by the shifting ring — and admit air into the turbine. ll pate. AR 

After this, the valves gradually automatically close. oo 

] 1g. 
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Turbines with propeller-shaped runners, such as Kaplan turbines, but with 
non-adjustable runner blades are termed propeller turbines. 

Pelton turbines are employed for the largest heads (the maximum head so far 
utilized by a Pelton turbine is 1747 m). The Pelton turbines are impulse turbines, 
j. e. with a free water flow along the blade. The total head is converted into velocity 
in the guide apparatus consisting of one or more nozzles (in horizontal installations 
maximally 2 nozzles per wheel, and in vertical arrangements 4 to 6 nozzles per 
wheel). The free water jet emerges from the nozzle on the blades of a double-ladle 
shape (Fig. 297). The jet is divided into two by the central edge of the blade (or 
bucket) along which it flows freely. Fig. 37 shows plan and cross section of a hori- 
zontal Pelton turbine with two nozzles, for a head of H = 553 m and an output of 
N = 33,000 kw at a speed of 420 to 500 r. p. m. In the cross section the nozzles 
can be seen; they must not enclose too small an angle, otherwise the jet from the 
second nozzle will encounter on the blade the still water from the first nozzle. The 
flow rate is controlled by means of a needle which is shifted in the socket of the 
supply pipe by a regulator. This also permits the nozzle to be shut completely. The 
control shaft shifts both needles (or spears) simultaneously. In order to achieve 
this with small force, the forces created by the water flow are counterbalanced by 
springs and the appropriate selection of diameter for the rod in the stuffing box. 
As regards to these turbines, the water is always supplied by a long piping, and the 
needles must only gradually shut off the incoming flow in order to avoid water 
shocks. On the other hand, to prevent an excessive overshoot of the machine speed 
when the load has been cut off, the output of the turbine must be rapidly decreased. 
This is achieved by means of a so-called deflector or deviator of the jet, which is 
quickly inserted into the direction of the latter and deflects it in such a way so that 
it no longer impinges on the blades. As soon as the needle — also actuated by the 
regulator — gradually opens the nozzle, the deflector is shifted out of the jet. 

Asmall nozzle, indicated in the top figure, acts against the rotation of the turbine; 
it stops the slowing-down at the turboset when it is put out of operation. 

The runner, which is placed on the shaft mounted in one turbine bearing and 
the bearings of the electric alternator, rotates in a casing which must be of ample 
dimensions so as not to impair a perfect discharge of the water from the buckets. 


Vil. HYDRAULIC SIMILARITY 


We say that turbines are geometrically similar when the ratio of their dimensions 
in all directions is the same, or when the corresponding characteristic angles are 
the same. Turbines which are geometrically similar also have hydraulic similarity, 
Which is given by the relations between the values H, Q, n, N, D 

Now we shall study these relations in two groups: 


1. In one and the same turbine, with a variation of the head H the flow velocities 
and hence the flow Q will vary. Since the velocity of the water flow has changed, 
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the turbine speed, too, must change if the same inlet and outlet conditions on the 
blades (the same angles) are to be maintained. Since H has changed and with it Q, 
there must also be a change in) N. The diameter D of the turbine remaining con- 
stant, we have thus given the relationship between the values HAG: n, N. The 
appropriate relationship will, therefore, be valid for two individual turbines of the 
same size and shape, working under different heads, 

2. For turbines of the same geometric shape and different diameters D, working 
under the same head H, we obtain the relationship between D, Q, n, and N, when 
H = const. 

The relation mentioned fulfils the requirement that the Froude number must 
be the same. If we change the head and thus also the flow velocity in the turbine, 
or if we change the dimensions of the turbine, the Reynolds number of the through- 
flow, will also change. Thereby hydraulic losses in the turbine are also changed, 
and consequently the efficiency. In the first step of our investigation we shall 
disregard this point but special attention will be given to this in Chapters IX and 
XI1/2. 


1. Influence of Head Variations 


When geometrically similar turbines of the same dimensions (i. e. the same tur- 
bines) work with the same filling (opening) under different heads H and H’, the 
through-flow velocities will be different, but the inlet and outlet angles of the 
blades and hence also the 
angles of the relative 
velocities will be the same, 
and the velocity triangles 
(inlet and outlet) may be 
similar. Both turbines may 
therefore, work under the 
same conditions (Fig. 38) 


=t, 2 =. (29) 


In order to achieve this 
and to obtain similar flow 
conditions, we must appro- 
priately adjust the periph- 
eral velocities U, and U,, 
i. e. the speeds of the 
machines, 
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œ. Speed Variation with Head Variation 


For these turbines the energy equation (20) applies: 
l 
z (U, Cur n= U, Cu2) = H n ` 


Using Equations (29), which determine the similarity of flow conditions, we can 
write 
Uit — Uzés =g Hm. 


Velocity U», however, is always at a fixed ratio to velocity U, (in the ratio of the 
radii), so that U, = k- Uj, so we can write 


Ui (i — # &,) =g Hm. 


However, the expression in brackets is for a given turbine and a given flow rate 
a constant, so that we obtain 
UK =g Hmn. 

If we denote for one of the compared turbines the peripheral velocity by U,, 
the proportional speed to this velocity by n, and the head by H, and for the cor- 
responding characteristics of the second turbine the symbols U;, n’ and H’, we 
can write 

U? K =g Hy, and U$ K =g H' ùn. 

Dividing the second equation by the first one and assuming that the efficiency 
for both turbines is the same (for the present we disregard the variation caused by 
the change of the Reynolds number), we obtain 


U'; n' H 
ti a ae \4 (30) 
From Equation (30) it is evident that if the flow condition in the machines 
compared is to be the same, the ratio of their speed must equal the square root of 


the ratio of the corresponding heads. 
If the head of the turbine compared is H’ = 1 m, there will be 


n= >. (31) 


This speed which the turbine should have under a head of 1 m, we denote by m, 
and it is called the speed for the head of 1 m. 


8. Flow Rate Variation in Dependence on Head Variation 
Since the cross sections of the turbine remain unchanged, flow rate Q according 


to the relation FW = Q will change proportionally with the through-flow velo- 
cities and hence also proportionally with the angular velocities (with regard to the 
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already previously mentioned similarity of the triangles), and consequently with 
the speed, too, 


If the head of the compared turbine is H’ = 1 m, there will be 


Q 
Q, = —= 

Vy VH ` (32) 
The flow rate which the turbine would have under a head of 1 m, we denote by 
Q, and it is termed the flow rate under a head of 1 m. 


y. Output Variation with Head Variation 


The output of the turbine is determined by Equation (2): 


_ 10000Hy 
i Famer 
for a head of H metres and a flow rate of O m/sec. For a flow rate of O’ and a head 
of H’ the output will similarly be given by 


fg, SOE SAE 2h 
75 
Under the assumption of identical efficiencies, hence will apply 
N on 
NOH” 
1/8 
and as according to previous considerations ees | T’ there will be 


Niha Aua C ey 


N BRE H 
If the head of the turbine discussed is 1 m, we obtain 
-N 
en VE S (33) 


i. e. the output for the head of 1 m. 

Example: If a turbine working under a head of H = 9 m, having a maximum 
flow rate of O = 2 m*/sec. and a speed ofn = 600 r. p. m., is transferred to another 
plant, where it works under a head of H’ = 3 m, at what speed must the turbine 
run in order to attain approximately the same efficiency as in the original place, 
and what will be the maximum flow rate? 
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We apply the relation 


a JE 
ce 
from which we obtain the new speed 


i! =n |5 = 600] = 347 r. p.m. 


H 
To determine the flow rate we use the relation 
O' hs H 
o an ag 
from which it follows 
Ses 
OQ’ = 2| -y = 116 mijsec . 


2. Influence of Size 


Geometrically similar turbines of different sizes (different diameters D), working 
under the same head, will have the same peripheral and flow velocities, as can 
be easily deduced from the following energy equation: 


U, Cui — U, Cuz =g Hm, 


as head H is the same, and the peripheral velocities U, to velocity U, must be in 
the same relation as components Cy; to Cy if the flow has to be hydraulically simi- 
lar, as already previously explained. The velocity triangles are not only similar but 
congruent. Only owing to the fact that the dimensions are different, will the Rey- 
nolds numbers also be different, and so, therefore, the efficiencies will be somewhat 
different. This last difference, however, will not be taken into account at present, 
so we may assume the efficiencies to be the same. 

Both turbines will have the same peripheral velocities, e. g. at the leading edges 
of the blades, and the corresponding diameters will be denoted by D, and D’. 
This velocity will be 


D= BO Di 
so it applies that 
n D; 
ae CDE 


The flow rate O at the same flow velocity will vary with the through-flow area 
and hence it holds good: 


O= 


a D? 
4 


It 


D? 
: Cm and Oe Cms 


4 


» 


where Cm denotes the meridional component of the velocity. Therefore applies : 


pobre | leat 
a VE x 


In order to obtain the relation for the output, and assuming the head to be the 
same for both turbines we write: 
Di WOH _ # 
Di OH a 
Finally, subscript 1, can be omitted in all these relations, because for the geo- 
metrical similarity of both machines we can select an arbitrary diameter D as 
characteristic. Hence, we can write e. g.: 


D =|% f 


n 
=., (34) 


3. Unit Values 


If we recalculate step by step the characteristic values of the turbine for a head 
of 1 m and a diameter of 1 m, we obtain the so-called unit values. These unit values 
are to a Certain degree characteristic for a given type of turbine and, therefore, are 
suitable for a graphical representation of the properties of the various kinds of 
turbines, as will be seen in Chapter XI. 

Speed n, flow rate Q, and the torque M of the turbine with a characteristic 
diameter D, working under the head H, we convert to unit values in the following 
way. 

To convert the speed to the characteristic diameter of 1 m we use the expression 
(34) 


Dp TA 
DEA 
and when D' = 1 m, we obtain 
n" =n D. 
Furthermore, we reduce the speed to the head of 1 m, by applying the relation (31) 
- n 
= TA > 
into which we substitute 7 = n' and obtain 
i, n' 
n = JE : 
n, = 7 , (35) 


which is the expression for unit speed. 


In a similar way we calculate the flow rate of the turbine first for a diameter of 


1 m according to the previously derived relation a = jee » where we again 
substitute D' = 1, and obtain QO’ = = » and then by means of Equation (32), 
we calculate the unit flow rate: 
A Q 
= ———. 36 
T (36) 
By the same method we obtain the unit output 
N 
Ni = -——.. 37 
= D? |H? ( ) 
The expression for the moment we derive from the relation 
t IH IH 
Mi = 71620 Ni = 71620 Wg l = 71620 x = 3 
n D? VH? nD n DVF? 
and thus the result is 
; l 
Mi =M DE` (38) 


Here we must again emphasize our assumption that the efficiency of a turbine 
with a diameter of 1 m, working under a head of 1 m, is the same as the effi- 
ciency of the original machine. 


VIII. SPECIFIC SPEED OF THE TURBINE AND SPECIFIC 
VELOCITIES 


1. Specific Speed from Reference Values 


We have seen that the values (n, Q, etc.) of geometrically similar turbines are 
linked together by exact relations. Geometrically similar turbines must therefore 
have a common characteristic, which we obtain if we recalculate the turbines for 
the same conditions. 

Such a generally adopted characteristic is given by the so-called specific speed, 
which we obtain if we reduce the dimensions of the turbine in such a way so that 
its output under the head of 1 m is 1 metric horse-power (0.987 h. p.), The specific 

speed ns of any turbine hence equals the speed of a geometrically similar turbine 
working: under the head of 1 m, when the latter turbine has such dimensions that 
it delivers under the head of 1 m an output of 1 metric horse-power. 
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We have denoted the speed for the head of 1 m by m, and the output for this 
head by N,. Between the speed 7, and the specific speed relation (34) holds good, 
the output at the specific speed being 1 metric h. p., so that we can write 


m |% 
ny i 


and hence a8 
ng = m \/N,. (39) 
When we further substitute for 2, and N, Equations (31) and (33) respectively, 
there will be 
n N n N 
n; = == Ie oat 40 
j a VH” =J= (ao) 


Note: Equation (40) is not dimensionally homogeneous. The reason for this is 
that in our derivation we have substituted number one, for the output at specific 
am has disappeared. The physical dimension 


of ns is l/sec., for this is an actually possible speed. 


speed, and thereby the dimension 


It is evident from expression (40), that the specific speed (i. e. the speed of a tur- 
bine of a given shape and a diameter that under the head of 1 m output equals 
1 metric horsepower) characterizes the ability of the machine to deliver at the 
highest possible speed the largest possible output. 

According to Equation (40), the specific speed results from the values n, M, N, 
and the equation thus indicates which specific speed is required under given 
conditions. In order to determine the shape of the turbine (the type which meets 
this requirement), we must derive the expression for the specific speed from the 
design data of the turbine. 

For this purpose, however, we must have an idea of specific velocities and, 
therefore, we now insert a chapter dealing with this subject. 


2. Specific Velocities 


As previously shown, we may encounter various through-flow and peripheral 
velocities according to the head under which the turbine works. 
The energy equation 


| 
ra (U, Cur — U, Cu2) = H hn 
or the flow rate equation 
Ci—C3 Wi— Wt Ui — U} : 
a Fag Fie ac 
will again be satisfied if we multiply the head by a certain number a and at the same 
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time all velocities by the number |'a. We have just used this property of the energy 
equation to derive the laws of hydraulic similarity. The actual velocities (through- 
flow and peripheral velocities) are, therefore, by no means characteristic for a given 
turbine, unless the head is also given. On the other hand, if we want to compare 
the velocities of different turbines we can only do so by recalculating their data and 
relating them all to the same head. Similarly, as we have already selected the refer- 
ence head of | m for defining specific speed, we can now also take the same refer- 
ence head. The velocities thus defined, however, would have the physical dimension 


C 
lèr? (r) , and hence they would still be dependent on the acceleration of 


gravity. Therefore, in order to obtain dimensionless values and to attain the 


advantages dealt with in the following paragraphs, we select the reference head = : 
ò 
The specific speed will then be given by the following expressions and either de- 


noted by small letters, to distinguish them from the actual velocities denoted by 
capital letters (as it is general), or marked with the subscript o. 


Co 

c = 9 = Co Co 

|2gH 0 0 Og 

ee = Wa = Woo» 

|2gH 
U. 
= =u, = Uj, = Uy, 

|2gH 

Note: The previously introduced value v = Be is, therefore, the square of 


2g H 
the specific velocity c3; % = c3. 
These specific velocities are dimensionless expressions but indicate at the same 


1 
time the values of the actual velocities, provided that the head H = Fg ; because 


— / l 
C = c27 H , and when numerically H = 31- »then € =e |/28 z+ = 67 


Another advantage of specific velocities defined in this way is the fact that their 

squares indicate the proportion of the total head consumed to create these velocities ; 
: G ‘ ; 

to create velocity C a head equalling the velocity head Te’ is required and its 


ratio to the total head is given by 


When e. g. the discharge velocity from the runner cs = 0.65 (as would be the 
case with a high-speed Kaplan turbine), it means that this velocity represents in 
p. c. cÈ = 0.42 = 42 % of the total head and must, therefore, be unconditionally 
utilized and converted into pressure in the draft tube. 

The specific velocities are not dependent on the head, nor on the dimensions of 
the turbine, but are characteristic for a certain type of turbine. 

For all their advantages, the specific velocities are very often employed for design 
calculations of hydraulic turbines, and, therefore, we are going to express the energy 
and flow rate equations by means of these velocities. For this purpose we divide 
the original energy equation by the value 2 H and obtain 


U; Cur U, Cuz _ Ah 


2gH gH 2” 


and hence 

U Cul — Ug Cy2 = a 5 (41) 
it also applies for a flow approach with shock 

Uy Cuo — Ua Cu2 = ka ; (4la) 


In a similar way, by dividing the original flow rate equation by the head H and 
calculate 


Ri=Gs 
2gH 


Wr yw? 
+ ai 1 


ut— Uv} 
2g H 


+ 2g H te 


or 
aé—t+ai—a + 8—v =m =1—o—e«+r7=1—9—G +, 
c+ ws—wi+v—u=l—o+». 
The expression H (1—o + v) is also called the indicated head Hj, and the 
Hil TL + v) = 
H 


the same as the specific velocities; c is called the indicated specific velocity. 
For this value we finally obtain 


2 2 2 ag 
cf + w — wi + uj —uy=c;. (42) 


-1—o9 +» = c, is likewise a dimensionless value 


expression 


Entry with shock similarly applies 


2 


9 
co — ci +w — uht ut — us = mn = loat HI 


=l]—0o—ġ— w +v; (42') 


here we have substituted ¢ = w?, where by w: we can denote the specific shock 
velocity, for there has been 


wW: W? 
Zg = ¢ H, hence ¢ E: =u 
and therefore 
e +w w Hue He. (42a) 


3. Specific Speed Determined by Design Data 


Now we are going to express the specific speed by design data in order to obtain 
the relationship between the dimensions of the machine and the specific velocities. 
The point in question is the relation- 
ship between the inlet diameter D,, 
the diameter at the beginning of the 
draft tube Ds, the specific peripheral 
velocity x, at the diameter D,, and 
the specific velocity cs at which the 
water enters the draft tube (see Fig. 
39). 

We shall assume that the inlet 
diameter D,, to which the specific 
peripheral velocity u, corresponds, 
is valid (in this case of specific speed) 
for the central stream line; the total 
flow rate we can replace by the quan- 
tity of water flowing per second along 
the central stream line, and thus we can 
calculate the mean peripheral specific 
velocity valid for the total through- 
flow. 

Fig. 39 We return to cw (39): 
n =m VN, : 
in which we replace the values 7, and N, according to the following relations 


a Dim 
60 


and since H = 1, there will be U, = u |/2g , so that 


U = and U, =u |/2g H 


"y \2g -60 
a Die i 
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Further 


O leyan zD? 
N, $ = and Q,= er )2¢, 
and hence 
yn 2D, | ays 
N, = pa e 2g 


By substituting the values n, and N,, expressed in this way, into Equation (39) 


u 2g 60 Ds / I y 
= = nm nM ——- /2 
i a DV a es 
and by numerical expression of the constants we finally obtain 
Daf 
ns = 576 u, z Cs). (43) 
Dı ý 


Should the outlet cross section be restricted by the hub of the runner (as in 
propeller and Kaplan turbines, see Fig. 4le), the quantity of the through-flowing 
water will be smaller and hence the output, too. Therefore the following holds 
good: 


ns = 576 u4 a Veng» (43a) 
1 


; DA ; 7 1 . 
where g is the restriction of the cross section (r, ahem D? , F; is the through- 


fiow cross section at the beginning of the draft tube). 

These formulas relate to Francis, propeller and Kaplan turbines. They are not 
applicable to Pelton turbines, for which we must derive a separate formula. 

But before doing so we must investigate the principles to achieve the required 
specific speed of these turbines from the formula (43, 432). 

It is evident that the specific speed increases with a rising peripheral velocity , 
u, With an increasing ratio os and to a smaller degree with the inlet specific velo- 

1 

city (since the value of this specific velocity is under the radical sign) at which the 
water enters the draft tube, i. €. cs. 

What influence do these individual values exert on the shape of runner and 
blades ? 


1. With increasing specific speed x, increases according to Equation (43); at the 
same time the blade angles f} and f, decrease, and, thereby, the deviation angle of 
the blades. E. g., when for certain specific speeds the velocity triangles are repre- 
sented by Fig. 402, then with increasing u, also x, increases because these velo- 
cities are linked together by the shape of the runner. Hence, at the same flow rate 
and thus at the same value c, the angle f, decreases (see Fig. 40b). The inlet 
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angle f, decreases at the same time still more intensely, because in both cases the 
energy equation holds good, which, expressed in terms of specific velocities, 
reads: 


n;=65+100 ; p,=90° 


De s4; B 


4 
Nh Ds D, 5 


tti Cul — Uy Cu2 = -F~ 3 


2 


and for cy2 = 0 it assumes a simpler form 


Nh 
Ui Cu = 2 å 
If we increase u,, we must appropriately decrease cy; in order to satisfy the 
equation. The angle f,, therefore, decreases very intensely when 24 increases. The 
deviation angle also decreases and the blades assume a flatter shape. 


uz 
Cz 
W, 
| u; 
| FA 
i| C 
W, 


| Fig. 40 


p 

] D : 

i 2. With increasing specific speed the ratio F must increase. At a low 
i | 

J 


1 

specific speed this ratio will be less than unity, the an runner will have a prevail- 
ingly radial shape; at higher specific speeds the value of this ratio will approach 
unity, and the runner will assume a radiaxial shape. At still higher speeds this ratio 
will exceed unity, and the runner will assume an axial shape; the highest value of 
this ratio, i. e. equaling approximately two, is encountered in propeller turbines 
| which are operated at the highest specific speed. The effect of both these influ- 
ences on the shape of the runner is indicated in Fig. 41.*) 


|ng=-400+4000 
ee 


D, g E Aa E © 
p tip 


A A : 
) According to Kieswetter. Fig. 41 
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3. With increasing specific speed the inlet velocity into the draft tube also 
increases. This means that more non-converted energy steadily enters the draft 
tube, where it must be utilized. For this reason, the function of the draft tube of 
high-speed turbines must be as perfect as possible. 


As previously pointed out, the formula (43) cannot be employed for Pelton 
turbines. We therefore derive a separate formula for these turbines; we start with 


Equation (40): 
n N 
=F VE 


For Q in m?/sec. and y — 1000 kg/m? holds N = Ọ H - 1000 a. 


The diameter of the jet is denoted by d,, its velocity by C,, and the corresponding 
specific speed by cy, so the quantity of water emerging from the nozzle will be 


ad? a dz — 
Q= 7 a= q 0 |28H, 
and hence 
ad? m 1000 H7 
N= g &V28H = 


The peripheral velocity of the runner along the circle contacting the axis of the 
water jet, the diameter of this circle being D, will be 


azDn —- 
oe 60 4 V2gH. 


so that 
60 


——, 
T 


n =m [2g H 
and hence 
_ m \/2gĦ60} xd? co \2gH 1000H% 
— aDH \4 75 |H i 


This formula resembles formula (43), so that by numerical expression of the 
constants we obtain quite a similar formula: 


ns = 576 t = Voom (44) 


It is evident that the ratio of the diameter of the jet to diameter of the runner, 


. . dy . . 
i. e. the ratio pis here of major importance. 
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In all types of turbine installations we can increase the specific speed still 
further by employing several paralell flows; this can be carried out either by 
equipping the turbine with a runner with a double-sided discharge (Fig. 42), or by 
arranging several single-flow runners on a common shaft (Fig. 11), or, as far as 
Pelton turbines are concerned, by employing several nozzles (injections). 


sien 


re 
N 


\ 


+ 
i 


Fig. 42 


If one runner or a Pelton wheel with one nozzle has at the output N’ the specific 


speed n, = = | / a , then a machine with z runners or a Pelton wheel with z 


IF 
nozzles will deliver the output z N’ and develop the specific speed 
n= a =ni Vz. (45) 
HY VEH 
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The specific speed, therefore, increases with the square root of the number of 
flows. 

In practical operation we encounter a maximum of 2 runners on one shaft or 
one runner with a double-sided discharge, and with Pelton turbines at the most 
two injections for one wheel on a horizontal shaft or 4 (up to 6) nozzles for a wheel 
on a vertical shaft. If 4 injections are to be employed in a Pelton turbine with 
a horizontal shaft, two wheels, each with two nozzles, are selected. 

We have seen that specific speed is a measure of the speed of turbine under 
certain conditions (H, O) and determines the design of the turbine, and conse- 
quently its shape (above all the shape of the runner). In this way, turbines are 
classified into certain types, according to the following table: 


Turbine type 


4to 35 Pelton wheel with 1 nozzle 
17 to 50 Pelton wheel with 2 nozzles 
24to 70 Pelton wheel with 4 nozzles 
80to 120 Francis turbine, low-speed 
120 to 220 Francis turbine, normal 
220 to 350 Francis turbine, high-speed 
350 to 430 Francis turbine, express 
300 to 1000 Propeller and Kaplan turbines 


For certain heads, with regard to strength and cavitation, certain specific speeds 
are suitable, as indicated by the diagrams in Fig. 43.*) 
The dependence of the specific speed on the head*) has been expressed in an 


2200 2420 
Ho and by Zhapov: ms < ar — 80. 


Example: We have to construct a turbine for H = 240 m, Q = 2 m'/sec., and 
= a = 5600 metric horse power, the 
assumed efficiency being 0.88. With regard to a direct connection with the alter- 
nator we can select a specific speed of #7 = 750 r. p. m., or # = 1000r. p. m. 

For 2 = 750 r. p. m. there will be 


analytical form by Morozov: ns = 


hence for the output N = 


750 ] / 5600 
my = 2E = 60 p-m. 
240 ¥ 1240 
1) Armanet: Quelques applications des lois de similitudes... Informations techniques 


Charmilles, No. 3, p. 51. 
*) Sokolov: Gidravlicheskiye turbiny dlya malych GES, Moscow 1951. 
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For z = 1000 r. p. m. there will be similarly 


m= | BSS = Shee wi 


240 ¥ 1240 


It is evident that in the first case a Pelton turbine with 4 nozzles will be satis- 
factory and in the second case a low-speed Francis turbine. 
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bn) Æ Reaction turbine 
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IX. EFFICIENCY VARIATIONS IN DEPENDENCE ON THE 
DIMENSIONS OF THE MACHINE 


So far we have assumed in our calculations that the efficiency will not vary with 
a variation of the head and the dimensions of the turbine. At the same time, how- 
ever, we have pointed out that this assumption will not be completely accurate. 
We can employ the derived formulas of hydraulic similarity with sufficient 
accuracy, as the efficiency variations are of a minor degree and can only in extra- 
ordinary cases assume higher values, nevertheless we shall subject these variations 
to a closer investigation, in order to determine the change in the efficiency under 
changed conditions. 
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We can express the hydraulic efficiency of a turbine on the basis of the work done 
by one kilogram of water, denoting the utilized head by H and the losses by Hz: 


mH =H—H;,, hence m=1——., (46) 


Between two turbines, the data of one we mark with subscripts m, and the other 
which is similar to the first, with the subscripts s, but working under another head 
and having other dimensions, the following relationships must hold good to pre- 
serve the shape of the velocity triangles: 

Cm = Um — (Rw) m =, (D n)m 1/ Hm 


G Up. Ray One N 
If the turbine is well designed, i. e. if it has good efficiency, the losses H; (during 
a shock-free operation with an efficiency approximately the optimum value) will be 
mainly caused by the friction of water on the wetted surfaces. We, therefore, can 
express these losses, indicating the Reynolds number by the symbol Re: 


H, = f (Re) C. 
E. g., in the pipe line holds good in the formula for the loss 
Ct 
a F 


(where C is the mean velocity of the flow in the pipe line, / the length along which 
we determine the loss, and d the diameter of the pipe) for the coefficient À within 
a certain range the Blasius expression (accurately up to Re = 10°) 


4 


; es 
A = 0.316 Vz > 


4 


h: = 0.316 a a |x Cik E A. 


so that 


2 Re a. 
a | Re 
We see that the loss is actually a function of the number Re. 
Hence, the following relation between the losses will apply in both cases: 


Hen # F (Re)m + Ch _ Í (Re)m' (n Dyn 


Hi f(Re)s:C?  f(Ròs- (nD 


and, therefore, we can write 


ig Tne E R aE l 
Nis = H; z= zm f (Re)m a (n D) H (n D} > 
™ (n Dy; 


because 
_ 5 GED); 

He Bee DE 
Since 

Hem ay, [eee 

za. = Thm > 
there is 

f (Re)s 
Nas = 1 — (1 — Nam) FR 


In the expression for the Reynolds number we may select any characteristic 
dimension, provided that it is in fixed dependence on the dimension of the duct. 
For turbines one usually selects 


Re = DVH > (47) 


where D is the largest inlet diameter of the runner, |/H indicates the velocity 
of the flow, and » is the kinematic viscosity of the flowing medium. For simplicity 
we select for the function f (Re) the Blasius expression, and since in both turbines 
the same liquid flows at approximately the same temperature, so that vs = vm, 
we obtain 


Nhs = 1am) \/5 —— = 1—(1 — hhm) \ 


| Dm l Hm 
D; \ 


|==- (48) 


Thus we have determined the relation according to which the hydraulic efficiency 
of the turbine varies with a variation in size and with a variation of the head. Since 
in practical operation we usually do not know the hydraulic efficiency but only 
the total efficiency, we replace 7, by the total efficiency 7 and instead of the eighth 
root of the head ratio we substitute the tenth, whereby we obtain somewhat safer 
results in recalculations from a smaller to a larger head. The correspondingly 
modified formula, which is ascribed to Moody,’) then reads: 

4 10 
/ Dm |/ Hm (49) 

Ds | Hs 

It is evident that this formula is derived on the basis of the fact that the hydraulic 
losses are in exact proportion to the square of velocity only when the same Reynolds 
number of the flow is also encountered. As this number is expressed in dependence 
on the size of the machine, the other dimensions, too, and hence also the roughness 
of the blades must be increased or decreased in the same proportion as the dia- 


ns = 1 — (1 — Nm) 


1) See e. g. Mühlemann E.: Zur Aufwertung des Wirkungsgrades. Schweizerische Bau- 
zeitung (1948), p. 331. 
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meters of the machines (runners). This formula, therefore, involves the assumption 
that the roughness of the wetted surfaces of a smaller turbine is proportionally 
smaller than that of a larger machine. 

In this country, frequent use is made of the Camerer formula which disregards 
the head variations and only takes into account the variations in the size of the 
machine. For expressing the losses, Camerer has applied the Mises formula or 
eventually Biel’s for the losses in the pipe line: 

G A 
He = 1 00 
where Rp is the hydraulic radius, in our case that of the blade duct, i. e. Ra = ra 5 


where f is the cross section area and u the circumference of the duct. Provided 
that: 


weg a ET. 
WRi Y Ra? 


where s represents the unevenness of the surface. The value y is given 
by Mises as: 


y = 0.12 + ue + WLLL r 
] Rp | C Rh 
and by Biel as: 
y = 0.12 + = + 0:0009 — 


VR, (F +0.02) C|/Rr 


Therefore, we now express the loss ratio 


Aes 
Hem X ™ Ram ' 
H:s CF 
© ah 
Since in the case of geometrical similarity it holds good that tn = s ; 
Rim Rhs 


we can replace the ratio of the squares of the velocities by the ratio of the heads, 
it follows 


Hem = Hm Ym 
H:s Hs Ys 
and hence 
Hes Hem Ys Ys 
Me = 1 — = = | — = 1-— I —, 
Nns Hy l Hm Wm ( hm) Ym 


Camerer, too, replaces the hydraulic efficiency by the total efficiency and puts 
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| for y the above-mentioned function, in which he disregards the third term — thus 
neglecting the influence of the head — and in this way he obtains 
0.12 + i 5 
Us 
Ns = 1 — (1 — hm) — : 
0.12 +——= 
\'fm|tm 
The hydraulic radius can with regard to geometrical similarity be replaced as 
follows: 
Ís Ds = Jm 
rs = Ru = Ram Din = um Dm 5 
so that 
F, 
0.12 + = E 
| Sm D 
f | um Dm 
ie= 1 — (1—7m) z= F 
0.12 + ——=— = 
m 
um Dm 


| If we now, according to Camerer, assume that the value F which characterizes 
the roughness of the wetted surfaces is in both cases the same and equal to 


F; == Fe = 0.015, 
and hence 


|/s = 0.015, i.e. s = 0.00025 m = 0.25 mm, 
and if further we take for a smaller machine 


Ím 


Um Dm 


= 0.0275, 
we obtain the approximate numerical expression 


l 
1.35 - 
Ñ F VDs 
Hs = 1— (1 — Nm) ——— iy ii 
1.35 + —— 
| Dm 


In literature, this formula is usually quoted with the coefficients rounded off: 


1.4 + VD. 

’ s = 1—(1—7m) T (50) 
1.4 +- [Da 
m 


In this formula we do not take into account the influence of the head and we 
assume that both turbines compared have the same roughness. 

There are still other conversion formulas but we shall not quote them as, in 
general, they resemble the both above-mentioned formulas. 

Both conversion formulas have been derived for shock-free approach of the 
water flow to the blade. As far as reaction (or pressure) turbines are concerned, 
when recalculating the efficiency for fillings accompanied by shocks we must use 
these formulas with a certain reservation.’) 

The efficiency of Pelton turbines increases more slowly with increasing dimen- 
sions. The reason for this is that with an increasing size of the machine the path 
along which the jet passes through the air before it reaches the bucket also extends; 
this also increases the rippling of the jet surface by the air and the losses which 
result of this phenomenon.’) 


X. TURBINE PERFORMANCE AT OPERATION VARIATIONS 


1, Turbine Performance at Constant Head and Speed and Varying Flow Rate 


So far we have investigated cases of hydraulic similarity; we have determined 
how the speed of the turbine and the maximum flow rate, and thus the output also 
will vary with a varying head or size of the machine in order to maintain similar 
flow conditions. For these results we have compared two machines at the same 
relative filling. 

Now let us consider how the operating conditions of the machine vary when the 
speed of the turbine has to be constant under a constant head which is most im- 
portant in practical operation. In this case, the operation of the turbine must be 
adjusted to the required output (or to the available through-flow). This can be 
achieved, as has already been explained by turning the guide blades of Francis 
and propeller turbines, i. e. by varying their through-flow cross section, with Kap- 
lan turbines by turning both the guide and the runner blades, and with Pelton tur- 
bines by varying the opening of the nozzle. Therefore the flow through the tur- 
bine also varies (we also say that the filling varies), which exercises an influence 
on the output, and, at the same time, on the efficiency. 


1) In a treatise by S. P. Hutton, which deals with Kaplan turbines, it is pointed out that 
even during an operation corresponding to optimum efficiency only 7/10 of the losses are 
caused by friction. The remaining 3/10 are kinetic losses which do not vary with the size of 
the machine and with the head. The author has therefore derived formula which corres- 
ponds most correctly to actual conditions: 


Rem 
Ne = 1 —(1 — hm) os + 0.7 | Re, 


(S. P. Hutton: Component losses in Kaplan turbines and the prediction of efficiency from 
model tests. Proceedings of the Inst. of Mech. Eng. 168 — 1954 — p. 743.) 

23) Oguey, Mamin: Etude théoretique et experimentale de la dispersion du jet... Lausanne 
1944. 
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x. Progress of Efficiency with regard to the Filliħg 
of the Turbine 


Efficiency is not the same at various fillings, but varies considerably. For a certain 
filling, as well as for a certain load, it is high and for all other fillings — larger or 
smaller — it is lower. 

The flow rate belonging to the best efficiency max we shall term O,. The effi- 
ciency value as a function of the flow rate plotted on the axis of abscissas diminishes 
towards both sides from Q, and pro- 
ceeds approximately as indicated in 7,0 
Fig. 44. The shape of the curve can 
be explained about in such a way that 2 
we consider the losses which here = 
arise and are in principle of three 4, 

7 


kinds: losses due to friction and 
curvature of the flow, shock losses, 
and losses at the discharge from the 
runner. 

We can express these losses for 
each kilogram of water as relative 
losses = related to the head, and 
they are indicated in Fig. 44 by curves 
I and TI. 

1. Losses due to friction and cur- Fig. 44 
vature of the flow are proportional to 
the square of the through-flow velocity and thus also to the square of the flow rate 
according to the equation for losses due to the flow through the duct: 


ifd = af it means, it is four times the value of the hydraulic radius £ : 


This equation represents a parabola with its vertex in the origin. In Fig. 44 these 
Hz 
H 
be seen later, are also dependent on Q — illustrated by the parabola J. 
2. Losses due to shock are dependent on the magnitude of the shock (see p. 44), 


losses are shown at a relative value together with the losses 3 — which, as will 


which is given by the expression ors > as previously determined. Losses are de- 


pendent on the deviation of the flow from the direction of the regular stream, 
where Wz = 0. This deviation is exclusively determined (see Fig. 45) by the re- 
duction of the meridional velocity Cmo (component of the inlet velocity, lying in the 
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plane of thé meridional section and perpendicular to the inlet surface of the runner, 
given e. g. for a radial-flow runner by the cylinder created by turning the leading 
edge of the blade around the axis of rotation of the runner; its magnitude, there- 
fore, is directly proportional to the flow rate) to Cmox at the reduced flow rate Or. 
When the flow rate is reduced, the opening of the guide blades diminishes from 
the angle «’ to æ; in this way both flow rate and meridional velocity decrease. At the 
same time, however, the discharge velocity from the guide wheel increases and 
thereby also the velocity immediately in front of the runner Cy rises to the value Coz, 
because in front of the runner which is now not entirelly filled (but whose flow 
cross sections have not changed) pressure decreases. The water from the guide ap- 
paratus will now flow into a space with a lower pressure, and hence Cos > Co In 


Fig. 45 


figure 44 the line is indicated along which the vertex of the triangle will travel at 
a variation of the filling. It is to be seen that different fillings result in different 
magnitudes of shock velocity Wz. Plotting the relative losses 


Hz2 bys: W? 2 2 

u 2a ~? 
in our diagram, we obtain the parabola II with zero ordinate at the optimum 
filling O,, when the water enters without shock. 

3. Losses at the discharge are directly proportional to the square of the discharge 
velocity at which the water leaves the runner (or, when a draft tube is employed, 
they are proportional to the square of the velocity at which the water leaves the 
draft tube), and this velocity is proportional to the flow rate Q. These losses, there- 
fore, are of the same character as those according to point 1 and can be represented 
together with them by parabola J. 

By deducting the relative losses 3 a from unity we obtain the progress of 

knd 
hydraulic efficiency %n, which at a certain flow rate Q, assumes a value equalling 
zero. From this we see that the progress of the curve of hydraulic efficiency is 
materially influenced by shock losses and that the flow rate Q, also depends on 
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shock losses. If we further deduct mechanical losses, we obtain the progress of total 
efficiency 7, which is also indicated in Fig. 44. In turbines with a higher specific 
speed the relative velocities are comparatively higher (see Fig. 40 and the respec- 
tive text), and, therefore, shock losses are also more noticeable, which is mani- 
fested by a higher value of Q, in relation to Q, (see Fig. 46). High-speed turbines, 
therefore, have a steeper progress of 
efficiency. 

If we put Q, into the value of the 
maximum through-flow (or flow rate) of 
turbine, i. e. Omax, efficiencies at partial 
loads are lower than when we select 
O,, = k © Omax, where k is less than unity 
(compare in Fig. 46 the line A with the 
lines drawn in full). 

Therefore, we usually select & in the 
range between 0.75 and 0.9, according to 
the steepness of the efficiency curves, as 
follows: 

he = 80, R = 07 
and m,;= 450, k= 0.9, 
for Francis and propeller turbines, whilst 
for Pelton and Kaplan turbines we 
select k = 0.75 as here the efficiency 
curves have a flatter shape. 

The flat efficiency curve of the Pelton 
turbine is due to a feature common to all 
impulse turbines, i. e. that at filling varia- 
tions the angle of the entering water flow 
to the leading edge of the blade does 
not change (see the description of the 
Pelton turbine) and for this reason no 
shock losses are encountered. 0 

In Kaplan turbines, this can be achiev- 
ed by turning the runner blades. If we 
consider that the runner blades of the 
Kaplan turbine are fixed, then this turbine represents propeller turbine with a 
very steep (high 75) progress of its efficiency, indicated as a function of the flow 
rate in dependence of the setting of the guide blades. Various setting of the 
runner blades results in various efficiency curves with various values of the 
optimum flow rate O,, such as indicated by the dashed lines in Fig. 47. When 
both the guide and runmer blades are simultaneously turned, and when the setting 
of the runner blades in relation to that of the guide blades is correct, we obtain 
an efficiency curve as envelope of the mentioned dashed lines, and its shape is 
indeed very flat. 
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Fig. 47 
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ß. Relation between Efficiency Curve and Output 


If we know the efficiency curve of a turbine, represented as a function of the 
flow rate (e. g. determined by measurements), then for each flow rate O the output 
N of the turbine is given in metric horse power (or in kw if we divide by 102 in- 
stead of by 75) 


5 5 er GN 


This relation can also be used for a graphical determination of the progress of the 
output in dependence on the flow rate.*) 


1 ; 4 A 
If we put eS ara Equation (51) goes over into the relation N = = z 
which for graphical solution we transform into 
k n g 
© = N ° (52) 


If we plot the output curve from the efficiency curve, k may be selected in an 
arbitrary scale. When selecting the scale for k it is advantageous to take the inter- 
section of the lines 7 and N. For this point S (see Fig. 48) holds 7; = Ns, and 
hence k = Qs. 

The points A’ of the output curve we then determine in the following way: 
Through point A of the efficiency curve we draw a horizontal line until it intersects 
the vertical put through point S in point B. The connection between point B and 
the origin defines on the ordinate of point A point A’, from the similarity of the 
triangles OBQ; and OA'Q, follows that = Na , and since at the same time 


Qs Qa 
OQ; = k, point A’ satisfies Equation (52). 


From Fig. 48 we can derive two particularly important relations. First, we find 
that the tangent Ty to the output curve, drawn through the origin of the coordinate 
system, defines the optimum filling (or flow rate) Q, because for Nmax the condition 


SF. = 0 holds good; from Equation (52), however, it is seen that 


dQ 
7 = Sk, 
and hence J 
dN 
die.) e 
dQ O° p 


1) Schauta: Der geometrische Zusammenhang der Betriebskurven, Wasserkraft und 
Wasserwirtschaft (1935), p. 222, 
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so that for the maximum efficiency the following holds good: 
| Secondly, we can find — without having plotted curve N—the point on the effi- 


100 | N=f(Q) 


Fig. 48 


ciency curve which corresponds to the maximum output. We write the condition 
for the maximum output as: 


dO = 0 . 
From Equation (52) in the form of N = a Q » results 
aN mL dy ) hes 
ao k (058 +1 =0, 
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and hence 


This condition is fulfilled at that point of the efficiency curve where abscissa Q 
equals the negative subtangent of the curve, i. e. the point in which the angle @ 
from the vertical is the same as for the straight line drawn from the origin of the 
coordinates and for the tangent to the curve. 

The determination of this point is important in practical designing as it would 
be of no use to increase the filling of the turbine beyond the value O found in this 
way, because the output of the machine would not rise any further but, on the 
contrary, decrease. 


2. Behavior of the Turbine at Speed Variations 
g. Flow Rate Variation in Dependence on Speed 


The flow rate of the turbine may be expressed as follows: 
Q=f'c /2gH =f 28H =fıw\28H , 


where c’ is the specific speed in the outlet cross section of the guide wheel, f’ is 
the area of this cross section measured perpendicularly to the velocity c’; the sub- 
scripts 1 indicate the inlet into and the subscripts 2 the outlet from the runner. 
In our further consideration we use the flow rate equation according to (42) 
Ê +w — w tuse. 


For a shock-free entry (for reasons of simplification we disregard the influence of 


shocks) approximately applies c, = c’ = FI h If we express similarly also 
2g 
w, and w, and substitute then into Equation (42), we obtain 
0s 2S 2 ae 
ri L T =(ğ aai +u) 2g H, 


it therefore applies 
D 7 D, \* 
Us = Uy D , hence n 3 —1? = — u? |: (3) ] ' 
and we obtain 
1 1 1 D; 
METETE (a Be) ape 
f 2 R fi é 1 D? E£ 


However, the expression in brackets on the left side of the equation is a function 
of the through-flow areas of the turbine, i. e. a constant, which we denote by k. 
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It then holds good 


D, \? 
œr =2gm— 0; |i (3) |, 
D, 


and since U, = R œ = R, a , where indicates the angular velocity and R, 


the inlet radius of the runner, there is 
Ri D; )i] 
EE a 3 2 1 2 
O? k = 2 g Hi —n J55 fı — (3 h (53) 


Since the value of k is always positive, it is evident that the dependence of the 
flow rate on the speed will vary accord- 


ing to the ratio ci In low-speed 
1 e => ane 


turbines the ratio = is less than g 
D, 

unity, and hence the end term on the 
right side of the equation is negative. 
The flow rate therefore decreases with 
a rising speed approximately according 
to the ellipse quadrant illustrated in 
Fig. 49 (in this diagram the correction 
has already been written in full with r 
regard to the fact that so far we have Fig. 49 
neglected the entry shock, which will ; 
have its highest value at n = 0). 

In axial-flow turbines holds good = = 1, hence the last term in Equation 

1 

(53) falls off and the flow-rate will be approximately constant. 

2 
dD; 
outer layers of the flow, and the flow-rate then will moderately increase with rising 
speed. 


In high-speed Francis turbines may be greater than unity at least for the 


2 


7 D 
In centrifugal turbines, which are no longer built,") D would be greater than 


1 
unity, and the flow-rate would be increased by the speed of the machine, 
In our analysis we have not taken into account the influence of shocks. It can 
be shown?) that the influence of shocks is not manifested when the inlet blade angle 
equals 90°; on the other hand, when the inlet angle f; is less than 90°, the shock 


1) An example is the well-known Segner wheel. 
*) Thomann: Wasserturbinen und Turbinenpumpen, Part I, p. 93. Stuttgart, K. Witt- 
wer 1924. 
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increases the flow-rate with a rising speed of the machine. This is, therefore, en- 
countered in high-speed Francis and in Kaplan turbines. 

The indicated head H; = H (1 —o + v) is not constant, as with an increasing 
flow-rate the through-flow losses H o increase as well. With rising speed the shock 
losses, too, increase (see the following chapter). For this reason a fully relieved but 
open turbine will increase its speed only to the value at which the entire head is 
consumed for overcoming these losses, This speed is termed runaway or racing 
speed. If, by means of an external drive, we increase the speed beyond the runaway 


: i. ae sign KOL . 
speed, then in a turbine in which D is greater than unity the flow-rate would 


1 
further increase, and the turbine would act as a pump in the direction of the head. 


Yn Un 


Fig. 50 


On the other hand, in turbines in which a is less then unity the flow-rate would 


1 
diminish and finally completely cease at a speed of 


which follows from Equation (53) by substituting O = 0; ata further increase of the 
speed the turbine would work as a centrifugal pump acting against the head. 
Finally it must be emphasized that all these considerations only hold good for 
pressure (reaction) turbines. In impulse (action) turbines, e. g. in a Pelton turbine, 
the discharge from the nozzle is constant and independent of the speed of the wheel. 


B. Dependence of Efficiency and Torque on Speed 


In order to obtain a conception of this relationship, let us consider an axial-flow 
turbine in which the flow-rate does not change with the speed. Further let us 
assume an inlet triangle with angle f, = 90°, and a perpendicular discharge from 
the runner, i. e. %. = 90°, as indicated in Fig. 50. 
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We again employ the flow-rate equation in the form given in Equation (42a): 
+ wi—w,+ui—uzpt+w=c. 


Since the flow-rate does not vary with the speed, the shock component wz must be 
parallel to the peripheral velocity, and since the blade angle f; does not change, 
there must be w; = Au, where Au denotes the change (increment) of the peripheral 
velocity. 

Since the outlet angle ĝ, is invariable as well, with increasing speed the vertex of 
the outlet triangle, too, must shift by the same value, so that for the outlet velocity 
cĉ holds good 

c3 = Con + (Au), 


where subscript n marks the value of the specific outlet velocity under normal con- 
eon pice efficiency we have previously defined Equation (42') 
Mh =1—o9 +r— c — w, 
from which it follows after substitution for c, and wz 
Na = 1 — o +v — ch, — 2 (Au). 
However, 1 — 9 -+ v» — cå, is the maximum efficiency nmax With a shock-free flow 
approach, so that 
in = Nhmax — 2 (Au)?. 
For the assumed turbine in which 8, = 90° and «) = 90° (in normal operation), 


the energy equation holds good since Cu;,n = Ui,n and Cy2,n = 0 (we have again 
used subscript » to indicate normal operating conditions with shock-free entrance) 


2 _ Mhmax 


2 
“1 x 2 Or 7hmax = 2° Uns 


so that 
Mn = 2 [t a —(du)]. 


Since further Au = u — up, there is 
(Au? = (u — un)? = u? — 2 un su + ui, 
and hence 
Nn = 2 (un — Un +2 un u — t), 
so that 
Na = 2 u (2 un — u). (54) 


Hydraulic efficiency depending on speed is, therefore, given by the parabola 
(Fig. 51) and has the value 7} = 0 for u = 0, and for u = 2 un, i. e. for zero velocity 
and for a velocity equalling twice the normal velocity. 

The considered turbine, therefore, cannot run faster than twice the normal 
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speet, This highest speed which a turbine can attain is termed runaway or racing 
speed. 
Through the influence of mechanical losses the total efficiency 7 shifts to a lower 
value and the runaway speed still decreases. Here it must be taken into account that 
with decreasing speed the mechanical losses, which appear as the difference 
between hydraulic and total efficiency, also diminish. 

If we denote the hydraulic output, 
i. e. the output transmitted to the 
blades, by Nz, the torque of the runner 
is defined by the relation: 


M=Mo= ANR _ 
r 


=yQHm, 
M= Y Q Hm r 
u |/2 g H 
and after substitution % from Equa- 
tion (54) 


— en ia. 


whence 


Fig. 51 M = oe Or(2U,—U). (55) 


The progress of the moment is therefore linear (Fig. 51), and the moment 
assumes zero value at runaway speed; at zero speed this so-called starting moment 
has double the value of the normal. 


The output of the turbine is defined by the expression N = = Bs 1 5 
when given in metric horse-powers. So far we have considered Q and H invariable, 
therefore the progress of the output is defined by the progress of the total efficiency 
and is likewise approximately parabolical, the vertex of the parabola being situated 
at the normal speed. 

These considerations apply to a turbine the flow-rate of which does not vary with 
speed. With regard to the fact that in low-speed turbines the flow-rate diminishes 
with a rising speed, and inversely, the runaway speed in this case will be somewhat 
lower than double the normal speed, and inversely, the starting moment will be 
somewhat higher than double the normal moment. In high-speed turbines, where 
the flow-rate rises with the speed of the machine, the contrary occurs, and the 
runaway speed will be somewhat higher and the starting moment somewhat lower 
than double the respective normal values. 
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These values, which may be of importance when the strength calculation of the 
turbine can (according to the specific speed) be arranged approximately as per the 
following table: 


Mmax = k Mn: k 2.2 2.05 | 1.88 
"max = Kirtan: K 1.6 | 1.8 


XI. CHARACTERISTIC OF A TURBINE 
1. Normal Characteristic 


In order to ensure that a turbine to be constructed will be satisfactory as to 
maximum flow-rate and efficiency, the turbine-manufacturing works determine 
beforehand the properties of the turbine in question by means of a model test, 
utilizing the laws of hydraulic similarity. 

Therefore, they construct a geometrically entirely similar turbine of smaller 
dimensions (diameter of the runner 200 to 400 mm), a so-called model turbine, 
which is then investigated in the testing station. In the testing station a pump trans- 
ports the water to a higher tank from where piping leads to the model turbine. The 
station is equipped with instruments which permit exact measurements of the head, 
flow-rate and speed of the turbine. Breaking is used to determine flow-rates, 
efficiencies, runaway speeds and starting moments at various speeds and fillings, 
and by means of the previously derived formulas the values obtained are recalcu- 
lated for the actual diameter and head of the ordered turbine. 

The results achieved in this way may be also used for many other turbines 
ordered; they may be applied in all cases concerning turbines of the same geometri- 
cal shape, or as we say of the same type, i. e. in all cases where approximately the 
same specific speed is encountered, ' 

For this reason the results of these tests are plotted into a clearly arranged 
diagram, the so-called characteristic of the turbine. 

Therefore, the measured speed, flow-rates, and sometimes the efficiencies, too, 
are recalculated to unit values, i. e. corresponding to a runner diameter of 1 m 
and a head of 1 m. When the efficiency has also to be recalculated, one of the pre- 
viously derived formulas is used. 


The unit values have been derived in the forms 


i atP QO} = Q 
1 |E ’ 1 D: VH ° 


As diameter we may select an arbitrary characteristic diameter of the runner. 
Manufacturing in this respect is not uniform. Most frequently, the largest diameter 
of the leading or inlet edge of the blade is selected in the case of Francis turbines, 
and the largest diameter of the runner for propeller and Kaplan turbines (see 
Fig. 54b), In the diagram we then draw these values in such a way to indicate on 
one axis n’, in a convenient scale, and on the other axis the value QO}, whereupon 
we draw the curves of the same efficiencies 7 or of the same unit efficiencies 7}. 


apy 
aN; 


AL AY 


Fig. 52 


Thus we obtain approximately the characteristic as indicated in Fig. 52. Into this 
we still draw the curves of the same opening of the guide apparatus (in the case 
of Kaplan turbines the curves of the same angles of the blades of the runner and 
of the opening of the guide apparatus). Since we measure stepwise at the same 
opening and stepwise varied speed, we obtain in our measurement directly these 
points. The opening of the guide apparatus is e. g. dimensioned according to the 
inner diameter at the trailing or outlet edge (see Fig. 53), which we denote by a’, 
recalculated for the diameter of 1 m. Usually we draw the curve indicating the 
dependence of the starting moments on the flow-rate, and the curves showing the 
dependence of the same cavitation coefficients ø on n; and Q; according to the 
results obtained in the cavitation test room (see Part II). 

By the characteristic thus obtained the properties of the runner are therefore 
fully defined. The runner may then be used for a certain range of specific speeds. 
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For an easy determination of the specific speed from the unit values we further 
transform the ranean formula as follows: 


TIa A zmen. roy oe a 
VH H 715⁄H VE V DVH -735° 


so that = 
is = mi |/ 1000-2." 


For instance, from the characteristic given in Fig. 52 we would more or less get 
this range of specific speeds for the runner in question. If we do not want for the 
maximum filling the efficiency 7; to be lower than 79 %, we may take into account 


Fig. 53 


a maximum opening aha, = 119 mm. The value of n we can select within the 
range of about 80 to 65 r. p. m. if we do not want the optimum unit efficiency %1, max 
to be lower than 80 %4. We, therefore, can use the runner within the range of spe- 
cific speeds from 


= 6s |/10 1000 pee 19 _ 995 = 300 to 
“= so |/ 1000+ F: 79 _ 358 = 350, 


From these characteristics it is evident how sensitive the turbine is to head vari- 
ations, and, therefore, we must take into account this circumstance if the runner 
has to be employed i in a hydraulic power station where the head varies to a greater 


extent. 
The unit speed, according to which the characteristic has been plotted, is given 


by the relation 7n; = z and varies, and the operating point in the character- 


istic shifts (at a constant opening and at the same time varying flow-rate Q;) wher. 
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axis, i. e. as the first power of the turbine diameter D. The force itself increases 
proportionally to the area on which the water pressure acts, i. e. proportionally 
to D?. The moment therefore increases proportionally to D®. The modul of the ~ 
cross section (resistance moment) of the part increases proportionally to the same 
power of D. The stress is therefore the same. For the same reason it holds good 
that with different heads the stress varies linearly with the head. 

Figs. 54a and 54b illustrate the diagrams of the values mj, Qimax (relative flow- 
rate), O},,, (corresponding to the best efficiency), max» and the dependence of the 


Pinal i 
a ete 
a — 


2.0 


the speed varies under a constant head — which is the case of measurements in the 
testing station. The same variations, however, are encountered when the speed 
remains constant and the head varies — the case of the hydraulic power station. It 
is thus possible to predeterminate from the characteristic how the flow-rate and 
efficiency of the turbine will vary at certain head fluctuations. 

In general it can be stated that Pelton turbines are very sensitive to head varia- 
tions; since they are only employed for large heads, i. e. where the relative head 
variations are not considerable, this point is of no account. Low-speed and normal 
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Fig. 54b 


cavitation coefficient g on the specific speed. The diagram is further supplemented 


by an indication of the ratio = (the ratio of the face of the guide-wheel to the 


Francis turbines are less sensitive to head variations. Very sensitive to head 
variations are high-speed Francis turbines and propeller turbines. The least sensi- 
tive are Kaplan turbines. 

To conclude our investigations on the similarity of turbines let us discuss similar 
problems with regards to stress, The parts of two turbines of different size, working bine f MER, 
under the same head, are subjected to the same stress when also the dimensions of | "The p p riera and the speed of the turbine are to be determined for 


the parts (e. g. wall thickness} are proportionally increased, for the bending moment j 3 
| (e. g. the load on the blade) as well as the torque (stress on the shaft) augment | the following conditions: H = 40 to 35 m, Omax = 13 mijsec.; the head most 


proportionally to the increase of the perpendicular distance of the force from the 


a 


diameter of the runner). These are mean directive values as approximately em- 
ployed for various specific speeds. 
Example of applying the characteristic to determine the design details of a tur- 
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frequently encountered during the year amounts to 38 m, and, therefore, we term 
it the rated or design head and construct the turbine so as to attain the best 
efficiency under this head. 
We assume the total efficiency at maximum flow-rate to be 7 = 0.8, and hence 
: 38 - 13,000 - 0. 

the output will be Ny = <i = 5300 metric horsepowers. We 

select the synchronous speed n = 375 r. p. m., so that 
375 | / 5300 = 
= ——— 7 ———_ Ss / -z= 
Ns 38 | TE 9.9 1/860 — 300. 
We see that the specific speed corresponds to the type shown in Fig. 52. 


In order to safeguard ourselves against inaccuracies, we calculate the flow-rate 
10 % higher than required, i. e. Qmax = 14.5 m3/sec. The diameter of the runner 


is calculated from the expression for the unit flow-rate Q; = —— : 
D? H 
Re ote hie, 
Q VH 2-616 
and hence 
D=1.08==1.1m. 
With this diameter there will be 
14.5 
= —— —— = 3 
Qimx = 75.616 ~ 199 
and 
1 375-11 
n = =e = 66.5 l/min . 
2 F 35- LI 
For the highest head n; = ae 65, and for the lowest head n; = 70. 


In order to locate the operating point for the rated head in a more favourable 
position of ni, we slightly increase the diameter of the runner, namely to 
D = 1150 mm. 


Thus we obtain for a head of 38 m, ni = 70, Qj = 1.81, 
a head of 40 m, ni = 68.5, Qi = 1.76, 
a head of 35 m ni = 73, 0j =1.9. 


The operating point is now very conveniently located in the characteristic, and 
the opening of the turbine is restricted to a’ = 122 mm for a diameter of 1 m, and 
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to the value 2’ = 140 on the actual turbine. From the characteristic we can now 
exactly determine the efficiencies for various fillings and heads and recalculate 
them for the given diameter of the actual turbine D = 1150 mm. 


2. Influence of Efficiency Variations upon the Unit Values 


As already mentioned, we work out our recalculations from the model turbine 
to the ordered machine, or inversely, with unit values of the forms 


g-—2_, geaey ope ee. he a on 
D? VH VH D? |H DHYH 38) 
These conversions would be quite correct if the efficiencies of both compared 
turbines — 1m total efficiency of the smaller (model) turbine and 1, total efficiency 
of the large (actual) turbine), ⁄a,m hydraulic efficiency of the smaller turbine and 
na, s hydraulic efficiency of the larger turbine — were the same. 

We have, however, shown that the efficiency of hydraulic turbines depends upon 
the size of the machine and upon the head under which it works, and that the 
efficiency improves with increasing size. The recalculation according to formulas 
(35 to 38) is, therefore, not quite correct and the deviations will be the greater, 
the greater the differences in size. 

For this reason, in designing very large aachie, the unit values of the actual 
turbine (subscripts s} and the unit values of the model (subscripts m) are not in 
accordance and (as given by Smirnov’), linked by the relation 


Qis = Mis =V Nh,s 

f EAr A TETTA) 
Qim Nim Nh, m 

Since the ratio of hydraulic efficiency roughly equals the ratio of the total 
efficiencies, we can write with sufficient accuracy : 


t 4 ee Y 
FA Ns = / Ns 
Tr R 7 = =~ =e 
1m Mam Nm 
so that for the unit values which correspond on the model turbine to the operation 
of the large machine, we have to write 


fom Ales (36a) 
D? | H | hs 
i nD ]/ Nm 
TREA | Beat | 35a 
jn =e |2 (35a) 


1) Smirnov: Zakon podobiya i modelirovanie gidroturbin, Kotloturbostroyenie (1947), 
No. 3. 
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In deriving these expressions, Smirnov commences with the relations for the 
inlet angular velocities of both compared turbines :?) 


Ui,m = const. Vin.m Hm = Zistia 
U.s = const . Vin, == = id z 


Substituting into both these expressions D = 1 and H = 1, we obtain the unit 
speeds for the model and the full-size turbine 


) 60 - const hnm  _, 60 - const hn, s 
TS gh ea e a a a 
TT A 


hence one of the relations mentioned immediately follows 


The other relation 


follows from the hydraulic similarity which requires for both compared turbines 
the same ratio of the meridional velocity to the angular velocity. 

The actual turbine always has a certain prescribed flow-rate Q. Therefore, we 
shall have to restrict it (deviating from the conversion formulas 35 to 38) to the 
model value Qı,m according to Equation (36a). Similarly, the speed of the actual 
turbine is also prescribed; in order to fulfil this requirement, we must select the 
model value 7; ,, according to Equation (35a). 

The efficiency of large machines may vary considerably, up to e. g. by 10 °%. For 
this reason we must calculate with another point in the model characteristic of the 
turbine, which will correspond to lower values of Q, and n; than would be the 
case if we disregarded this influence. According to the point shifted in this way we 
must also determine the opening of the guide wheel (a’) and that of the runner (£). 

To this new point in the characteristic also corresponds a certain cavitation 
coefficient ø. For the actual turbine, however, we must multiply this value by the 


: +. 1s 
efficiency ratio ae a) 
Nm 


1) We have derived this relation in Chapter VII/1. 

2) Nechleba: K zákonu hydraulickej podobnosti vodných turbin (On the Law of Hydraulic 
Similarity of Hydraulic Turbines). Technický sborník pre odbor strojno-elektrotechnický, 
Slov. akademie véd a umění (Technical Review of Mechanical and Electrical Engineering, 
Slovak Academy of Sciences and Arts). Bratislava (1953), No. 3, p. 33. 
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For the derivation we shall need such an equation for the torque in which the 
efficiency variations are taken into account. This equation is derived as follows: 
If there were no efficiency variations, the output of the actual machine would be 


5= Qs Hrm r Qi,m D? VH X Him 


oe t 2 TE 
N; mF 75 = Ni, DA VH (37) 
and, similarly, the moment would be according to Equation (38) 
Ms; = Mim DH. (38) 


Since, however, efficiency varies, we obtain at the same opening of both turbines 


Ns Fz 
j — D? /H-H s 
n, — QE "e | pig 
A 75 75 


and the moment 


i s 21/7 
s S - D? ‘H -Hn 2 
A TO tie AE | Tm Min D-H, (38a) 
; 75 ni | ne VH Nm s dii 


It is evident that not only the flow-rate and speed have increased but also the 
driving moment; the moment has increased in direct proportion to the efficiency 
ratio. For this reason, the Thoma cavitation parameter o will assume a higher value 
than that corresponding to the point Qj msi, m in the model characteristic. If the 
efficiency of the large machine were the same as that of the model (we could attain 
this condition by roughening the blades), the moment according to Equation (38) 
would be increased in comparison with the unit moment as D? — which means 
increasing the area of the blade and the arm of the moment — and further as the 
rise of the pressure on the blade, i. e. as H. The influence of the head, however, has 
already been taken into account in the cavitation formula (28): Hs = Hy —o H. 
For this reason the same cavitation coefficient would apply. Let us imagine that 
efficiency improves, then the moment would increase according to Equation (38) 
as the ratio of the efficiencies; i. e. the forces acting upon the blade will rise, and 
thus also the specific pressures and underpressures will increase as the ratio of the 
efficiencies. 

These underpressures are involved in the product g H in Equation (28). It also 
includes the regain of the draft tube, because according to Chapter V the following 
holds good: 

C3—Ci 
2g 


But we have found out that 4h’ varies proportionally to the efficiency. In the 


oH =nùs + Ah’, 
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same ratio the squares of the velocities C, and C,, also vary. The total value of g 
therefore varies in the ratio of the efficiencies. 
We, therefore, can determine the correct permissible suction head if we multiply 
| the value g, which otherwise we would introduce as corresponding to the point 
. eed! 
Qi ms i,m by the efficiency ratio SLAR 
Nmn 
The recalculations given in this section are suitable in those cases concerning 
great differences in efficiencies, i. e. a great difference between the sizes of the model 
and the actual machine. In other cases we disregard the influence of efficiency 
variations upon the unit values and the cavitation coefficient. 


XII. BRAUN’S DIAGRAMS 


1. Derivation of the Diagram 


We have already previously shown that the inlet and outlet triangles of the tur- 
bine are linked together by the energy equation or by the flow-rate equation. When 
we e. g. freely select the outlet triangle, we can no longer entirely freely select the 
inlet triangle, but we must e. g. determine cu1, from the energy equation (41) 


Nh 
Uy Cui — Us Cy2 = -7 


2 


and this value must be maintained in the inlet triangle. 


In runner designing this calculating procedure is often replaced by a graphical 
method which is clearer and more suited for following the variations of the triangles 
under various operating conditions. 

There are several graphical designing methods (Prášil, Camerer, Thomann)'), 
the most universal, however, is the method given by Braun,”) which we will now 
explain. 

Hydraulic efficiency when a draft tube is employed is generally given by the 
expression 


m =1—o—C—a-+. (56) 


If we use the notion of indicated speed according to Chapter VIII, it will hold 
good: 


c& =1—o+» (57) 


mn = E —a—C =c?} —c§ —w?. (58) 


1) See e. g. Thomann: Wasserturbinen und Turbinenpumpen, Part I, Stuttgart, K. Witt- 
wer 1921. 

*) E. Braun: Uber Turbinendiagramme, Zeitschrift fiir d. ges. Turbinenwesen 1909, and 
also Thomann, as cited above. 
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With these symbols the energy equation now generally reads (Chapter VIII): 
Cy — ca + we — w + uy — uz =m=1—e—a—C+y (59) 
or 
È + w3— w +u — up Hw =e. (60) 
Following this repetition of fundamental relations we shall first, in Part «, give 
the derivation for the case of a shock-free entry, when w: = £ = 0, and then in 
Part f the derivation for a general case. 


Fig. 55 


a. Shock-Free Entry 
In this case, the energy equation (60) assumes a simpler form 
oF =w — w + co Huu. 
We introduce the auxiliary value w, according to the relation 
w's = w3 — U3 + uy (61) 


and obtain 


c — w3 = — Hy (62) 


which can be expressed graphically as indicated in Fig. 55. 
According to this figure it applies that 


2+x=ch and 27+? =o7, 
and hence 
S ee PR | 
65 w = x? — y*. 


Fig. 56 


It similarly holds good that 


f+xe=c and Z?+y=w's, 
and hence 
2 ee j 
G5 —We =#—y*, 


Combining the equations now derived, we obtain 
c—wt=ca—uwi, 
which is in accordance with Equation (62), and so we see that this construction 
satisfies the flow-rate equation. 

The construction is as follows (Fig. 55): The circle of the radius w,, drawn from 
the end point of the velocity u, as centre, we intersect by the perpendicular from 
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the origin O of the diagram. Through this intersection we then draw a circle with 
its centre in the end-point of the velocity #,. Its intersection with the circle of the 
radius c; and its centre in the origin O of the diagram then determine the position 
of the vertical on which the vertex of the inlet triangle must be located. 
When w, < ws, we rewrite Equation (61) as follows: 
g's + us = w; + uj = AP, 


whereupon the length w, by which the circle c; in Fig. 55 must be intersected from 
the end point of the velocity 14, in order to find the position of the inlet vertical. 
is obtained by means of the construction shown in Fig. 56. 


f. Entry with Shock 
From the general energy equation (41a) 


Uy Cuo — Ug Cus = -F 


Fig. 57 


P = 
Cuo = FE =e + Co = 
2u, | 2u Ts, 
° 2 
G — C3 Uy i 
= — Cua— 
2 uy 14 2 u 
or 
ot 

Cuo = Cuo (n — 63 

u WS (63) 


where Cy, 9 (n) is the peripheral component of the velocity cuo in the case ofa shockless 
entry, when wz = O, as follows from the foregoing construction. 
In the case of entry with shock, the position of the inlet vertical therefore remains 
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unchanged, but the end point of the velocity cy is shifted from it in a direction 
2 
opposite to the velocity x, by the value ASA 


2u 


Fig. 58 
This value we construct according to Fig. 57 on the base of the relation (w, is 
the mean geometric proportional of A and 2 u,) 
A Wz 


== > 
Wz 2 u 


so that the entire diagram for the case of entry with shock then appears as indicated 
in Fig. 58. 

These diagrams are suitable for runner design, and in particular, for investigating 
a turbine which works under variable operating conditions. The use of the dia- 
grams will now be explained by several examples. 
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2. Influence of Filling Variations in the Francis Turbine 


We have already mentioned the influence of filling variations in the operation 
of turbines. We have assumed that the turbine is equipped with a Fink regulation 
which is at present exclusively used. By means of the Braun diagram we can deter- 
mine the magnitude of the velocity cy at various fillings and also the shock compo- 
nent wz progress of which has previously only been indicated. 


In our design work we start from the flow-rate variation, i. e. we shall investigate 
what form the diagram will assume for various flow-rates, when the solution is 
simple. The areas perpendicular to the meridional velocities, the inlet area 
F, =z D, B, as well as the outlet area F, == D, B, (where D, denotes the dia- 
meter and B, the width of the runner at the inlet, D, and B, the mean diameter and 
the width of the runner at the outlet) do not vary with the flow-rate, so that the 
meridional velocities cm, and cm, will be directly proportional to the flow-rate. 


We therefore can immediately determine the corresponding variations in the 
outlet triangles since the direction of velocity w, is given by the outlet blade angle, 
and hence is invariable, whilst the meridional velocity will be proportional to the 
flow-rate; e. g. for fillings up to 0.75 and 0.5 of the flow-rate the meridional velo- 
cities will be 0.75 and 0.5 respectively, of the original velocity (see Fig. 59). 


In the inlet triangle we know the horizontal lines on which the peaks of the velo- 
cities cy and w, must be located. These horizontal lines are again given by the 
corresponding meridional velocities, which for the flow-rates of our example will 
again have the magnitues 0.75 and 0.5 respectively, of the original meridional velo- 
city. Since the direction of the relative velocity w, is given by the inlet blade angle, 
velocity w, is perfectly defined for all fillings. 

In order to determine the absolute velocity cy, we first ascertain by the previously 
described construction the positions of the inlet verticals corresponding to the 
individual fillings. Their intersections with the previously mentioned horizontal 
lines define, with the exception of the value 4, the position of the peaks of the velo- 
cities c and the magnitude of the shock velocities wz. Now we determine experi- 
mentally the value 4 by which the peak of the velocities cy is shifted from the inlet 
verticals against the direction of the rotation of the runner, carry out this correction, 
and the problem is solved. 

Now we can read from the diagram the values c, and wz for various flow-rates, 
so substitute them into Equation (58) and hence define more accurately the pro- 
gress of efficiency, provided that c; remains constant, i. e. that 9 and » remain 
constant. This assumption approximates the actual conditions with the exception 
of the smallest fillings, when 9 increases, cy is then smaller, as indicated by the 
dashed lines in Fig. 60. 

The velocity cy is the velocity at the diameter D, immediately in front of the inlet 
into the runner. At the outlet from the guide apparatus (at the diameter D’ of the 
ends of the guide blades) the velocity will be somewhat different and amount to c’. 


When we resolve these velocities into meridional and peripheral components, 
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then the meridional component must hold good according to the continuity 
equation 
cmon D Bi = cat DIB 


and in so far the width of the wheels are the same, it will apply 


that means that the meridional velocities are in the inverse ratio of the diameters. 
In the space between the guide wheel and the runner there are no blades and, there- 


Fig. 61 


fore, there is no action of any moment. Hence for this space there applies the theo- 
rem of the moment of momentum Equation (13a): 


M = = (D' Ci — D, Cuo) = 03 
In this equation we have replaced the radii by the diameters, which is permissible. 


If we divide the equation by the value |/2 g H , we arrive at the same relationship 
for the specific velocities, so that 


These two relations, however, only show that the angle «’ equals the angle Zos 
where the angles « are the angles enclosed by the absolute velocities and the 
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peripheral velocities. Flowing, therefore, takes place on lines of those tangents 
which have always the same inclination to the directrix drawn from the centre of 
the runner (logarithmic spiral). Composing the velocities c, and c, at diameter D’, 
we determine velocity c’ at which the water leaves the guide blades. It is clear that 


Fig. 62 


The progress of this velocity is also shown in Fig. 60, and we see that this velo- 
city varies much less with filling variations. 

When a turbine with a larger inlet width of the runner is concerned — as is 
the case with most turbines — we cannot solve the diagram only on one stream 
line since the periphera! velocities at the outlet from the wheel are too differ- 
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ent (see Fig. 61). In such a case we divide the flow by flow areas into several 
individual flows — we then speak of so-called partial or elementary turbines — 
through which pass the same parts of the through-flow (for a determination of 
these areas see further). On these flow areas we then solve the inlet and outlet 
triangles (see Fig. 62). 

In so far the inlet edge of the blade is parallel to the axis of rotation, the peripher- 
al velocity of all the elementary turbines is the same on this inlet edge of the blade, 
and in so far as the individual flow areas are subject to the same conditions on the 
inlet edge (e. g. when they proceed under the same angle to the inlet edge), the 
inlet triangle is the same for all elementary turbines. For this reason, all elementary 
turbines also have a common inlet vertical and according to the described construc- 
tion by Braun the magnitudes of the relative outlet velocities w, are therefore always 
defined for a certain filling by a common point on the vertical in the origin of the 
diagram. 

Note: This circumstance can also be derived from the flow-rate equation if we 
write it for the elementary turbine a and the elementary turbine b as follows: 


Pea 2 i 2 2 2 
Cia = Wa ~~ Wia T Coa + Uia — Yaa 


i. 2 2 2 2 2 

Cio = W3, — Wib + Coo + Uio — Yan > 
and if we assume for all flows the same indicated velocity c; and the same over- 
pressure according to Equation (25) 


= ea See 
— = ]—p— 0 =G GQ; 


there also is 
Co,a = Co,b 5 
it further applies 
Uia = uib 5 o,a = %,b> 
and hence also 
Wia = Wb» 
so that 
Wa = Wa,» + U3a — Us». 


which is in accordance with the consideration mentioned above. 


From this the important fact follows, that at filling variations the relative outlet 
velocities do not vary to the same extent. This circumstance is indicated in Fig. 62. 
For instance, if for a shockless entry we construct such an outlet triangle that the 
relative outlet velocity equals in magnitude the peripheral velocity (isoceles 
triangle), we see that at a greater filling the relative outlet velocity w increases for 
the inside elementary turbines relatively more than for the outside turbines (points 
marked by a single circle ©). Similarly, at smaller fillings the relative outlet velo- 
Cities decrease for the inside elementary turbines far more rapidly than for the 
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outside elementary turbines, so that e. g. at a quarter of the maximum filling 
(points marked bya double circle ©) there is already no through-flow on the flowareas 
D and E. On the contrary, here the water flows back, as indicated by the dashed 
lines in Fig. 61, and at the beginning of the draft tube, in the axis of rotation, there 
is an empty space. 

This space is alternately filled with water and emptied again; thereby shocks 
arise in the draft tube (at small fillings, they may, however, occur also at an ex- 
cessive opening, due to a high value of the component cy). This objectionable 
consequence of flow variations, (in principle brought about by the shifting of the 
flow areas, as indicated by the dashed lines in Fig. 61) is eliminated by supplying 
air at small fillings to the centre of the draft tube through valves which at a 
greater filling close again, as will be explained later (Part II). 


3. Influence of Filling Variations in the Kaplan Turbine 


In Chapter X we have shown that the Kaplan turbine has a very flat progress of 
the curve representing the dependence of the efficiency on a variable filling. We 
have demonstrated this by plotting the efficiency curves for certain positions of the 
runner blades. f 


0 Uy=U, 


Fig. 63 


Now we shall investigate how a simultaneous turning of the guide blades and 
the runner blades manifests itself in the Braun diagram. 

In Fig. 63 are (drawn in thick lines) the velocity triangles for a shockless entry. 
As here an axial-flow turbine is concerned, the peripheral velocity at the inlet 
equals the peripheral velocity at the outlet; the meridional component of the velo- 
city is also the same for both triangles. In the outlet triangles we assume a perpen- 
dicular outlet, i. €. Cus = 0, and by means of the construction known we draw the 
inlet vertical on which the vertex of the inlet triangles must be located. As already 
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stated, the meridional velocity in both triangles is the same, and thus the inlet 
triangle, too, is fully defined. ri 
When following the filling variations, we must remember that the meridional 
velocities in both triangles are always the same. When, for instance, the filling 
amounts to half the original magnitude, the meridional velocities, too, are half the 
former value. In the outlet triangle, the angle va = 90° will be maintained (mini- 
mum losses), so that the outlet triangle is defined. We must further remember that 
the angle Af = f, — fz is the angle of deviation of the blade, which remains the 
same. Thus we know for the new flow-rate the direction of the velocity w,, we 
know the meridional velocity, and therefore we also know the magnitude of w,. By 
constructing the inlet vertical we also determine the velocity c, (we must again 


0 U,#U2 


Fig. 64 


find experimentally the value of the correction and also wz). In the figure are indi- 
cated the loci of the peaks of the velocities w, and cp. It is evident that the fayourable 
conditions at the outlet are maintained at any filling, and that the shock velocity wz 
at the outlet assumes higher values only at a very small filling. Thus we have 
explained, in accordance with our previous considerations, the flat progress of the 
efficiency curve. 


4. Axial-Flow Propeller Turbine with Adjustable Runner Blades and Stationary 
Guide Wheel Blades 


This arrangement, although having a less favourable progress of the efficiency 
curve than the Kaplan turbine, has a considerably more advantageous efficiency 
progress than a propeller turbine with fixed runner blades and adjustable guide 
blades. Since such a turbine is cheaper than the Kaplan turbine, this arrangement 
is also sometimes employed. 


117 


ee aa 


In Fig. 64 again, the triangles for a shock-free entry are drawn in thick lines. At 
varying fillings the meridional velocities are again proportional to the through-flow, 
and owing to the fact that the direction of velocity cy is invariable (stationary guide 
blades), we can always immediately know the direction and magnitude of velocity cy. 
Then we must experimentally determine the position of the vertex of the outlet 
triangle in such a way so that, on the one hand, always the same angle of deviation 
Af is maintained and, on the other hand, the Braun construction is satisfied. 

It is evident that the direction of the velocity c, is not invariable, but the change 
of the angle « is only small and also the shock velocity w has within a considerably 
wide range of filling variations only a small magnitude. 


XIII. APPLICATION OF HYDRAULIC SIMILARITY IN TURBINE 
MANUFACTURE 


1. General Requirement of Manufacture 


Hydraulic turbines are constructed in such sizes and for such flow-rates and 
heads that it is impossible to test them prior to delivery at the factories, although 
manufacturers would be interested in making sure beforehand that the turbine 
ordered meets the required conditions as to maximum flow-rate, efficiency, output, 
and cavitation resistance. Apart from this, even if such tests were possible, the 
results would be at disposal too late, because the expensive machine would already 
= oe and necessary alterations would be very costly, if altogether still 
easible. 

On the other hand, the previously described laws of hydraulic similarity provide 
the possibility of checking in advance the properties of the turbine in question on 
a small and inexpensive so-called model turbine in a testing station specially 
installed for this purpose, and of making sure by recalculation that the machine 
will satisfy the prescribed specifications. We have already seen that each turbine 
type with a certain specific speed meets several different specifications (Chapter XI). 
Regarding to hydraulic considerations it is common practice that turbines are not 
designed separately for each individual order, but that a series of in advance 
designed (hydraulically) types with a convenient sequence of specific speeds is 
utilized. These types are subjected to detailed measurements in the testing station 
and, if necessary, further improved upon on the basis of the measuring results 
obtained. When a turbine is ordered a suitable type is selected from this series, and 
by means of recalculation from the characteristic obtained by the mentioned 
measurements, a manufacturer can then guarantee the required hydraulic proper- 
ties of the ordered turbine. 

When a manufacturer is equipped with a series, his further work in the field of 
hydraulic design is concerned with the experimental determination of the influence 
of modifications necessary for certain orders, as well as with the further develop- 
ment of better efficiency, better cavitation resistance of the present runner types, 
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and with an enlargement of the series so as to achieve higher specific speeds and 
the utilization of the highest possible heads by the fastest possible runners. 

The first part of this development work deals mainly with modifications of the 
shape of the draft tube. Such an alteration may be desirable e. g. in order to restrict 
excavation work on an unfavourable site or to provide a better location of the 
power station. For the same reason, changes in the supply section to the turbine 
pit, or on the pit or spiral casing itself, may be desirable. 

In such an event new measurements are taken and a new characteristic is deter- 
mined, on the basis of which the hydraulic properties are guaranteed; it may also 
be found that these changes have no unfavourable influence and that the original 
characteristic may be further applied. If possible, an original model turbine is used 
for this work and corrected according to requirements, care being taken to maintain 
geometrical similarity to the actual turbine. 

The second part of these activities is in principle concerned with the designing 
of new runners, Checking of newly designed runners by measurements does not 
only reveals whether the runner is satisfactory, but, if necessary we can also deter- 
mine where to apply corrections in order to achieve perfect operation. 


2. Selection of the Type Series according to Specific Speeds and the Diameter 
Series according to Flow-Rates 


As we shall see later, the manufacture of runners requires certain implements. 
These are patterns for runner casting and gauges for checking the machining of the 
blades. In order to keep the number of these implements within reasonable limits, 
the type series should contain the least possible number of individual types. On the 
other hand, the series must be sufficiently close to provide for the necessary values 
of Q, H, and n at convenient gradations of diameters. 

For each type with a certain specific speed (the specific speed is that which 
corresponds to the maximum flow-rate of the type at optimum 7;) we must built up 
a suitable series of diameters. 

In determining the diameter series, we have as a guide the circumstance that for 
a turbine with a certain diameter we can reduce the maximum flow-rate by merely 
restricting the opening of the guide apparatus. In this way the flow-rate can be re- 
duced by up to 10 % in comparison to the original value without any danger of 
getting into an unfavourable section of the efficiency curve when the optimum effi- 
ciency would be too near the maximum flow-rate, which is undesirable (Chapter X). 

If we, therefore, select a flow-rate gradation by 10%, we must graduate the 
diameters by 5 % as the flow-rate is proportional to the square of the diameter. 

Whether the selected number of types (specific speeds) and diameters are satis- 
factory and whether they cover the entire range of Q — H — n, can be checked 
in two ways. 

First for each turbine type we can draw a separate diagram, in which on one 
axis we put the head H and on the other the output N, using logarithmic scales. 
For the selected number of runner diameters and for the selected speeds (above 
all the synchronous speeds which are of importance for a direct drive of electric 
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three-phase alternators) we obtain a total of characteristics!) (Fig. 65) which must 
cover the entire range of the diagram corresponding to the specific speeds of the 
type in question in such a way that the efficiencies at the extreme parts of the 
characteristics are still within acceptable limits. 


N 
KW 


These diagrams can then also be used for a rapid determination of the type and 
diameter of the turbine, suitable for the given values O, H and 7, by determining 
the output N as well as its most advantageous location in the diagrams. 

Another arrangement of a suitable diagram is indicated in Fig. 66. This diagram 
is again plotted by means of the double logarithmic scale, the gradation of the head 
being indicated on both axes. The scale on the horizontal axis serves for reading 
on the lines Q = const., and the scale on the vertical axis for reading on the lines 


1) Koyatkovski: Maliye gidroturbiny, Moskva 1950. 
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Fig. 66 


Example: 

For H=10 m, Q=100 m°/sec.. 
n=107.1 r. p. m., we obtain 
a runner diameter D,=4300 
mm, type ns=600, with some- 
what higher values of n,. It is 
possible to round off to D= 
=4500 mm corresponding to 
a maximum flow-rate of Qmax = 
=115 m*/sec., or to D, = 4250 
mm with Qmaz=96 m4/se¢ 


Note: 

The speeds marked C] are syn- 
chronous, i. e. they are suit- 
able for a direct connection, of 
the turbine with a three-phase 
alternator at a frequency of 
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n = const., which on logarithmic paper are straight lines. The lines #s = const. are 
likewise straight lines, as seen in the figure, The points of equal diameters of the 
individual types are connected for clarity, although actually there is no uninter- 
rupted continuity. If we hatch the range where there is still an acceptable efficiency 
(as has been done in Fig. 66 in the region of Kaplan turbines), we can again see 
whether the selected series meets our requirements and whether the entire range 
of the diagram is correctly covered. This diagram, too, may be used for approxi- 
mately a rapid determination of the type and size of the turbine from the given 
values O, H and n. The procedure of this determination is evident from the example 
supplementing the figure, which represents a survey of older turbine types manu- 
factured by the National Corporation CKD-Blansko. 


PART II 


TURBINE DESIGN 


The Francis, Kaplan, and Pelton turbines differ so considerably in design that 
it will be necessary to deal with each individual turbine type separately. 

In the first place, we shall deal with the hydraulic investigation which is of major 
importance and provides the reference data for the construction of the model 
turbine. In the second place, with the directions for the design of the full-size 
machine. 


1.FRANCIS TURBINES 


A) HYDRAULIC INVESTIGATION 


I. RUNNER DESIGN 


1, Elementary Turbines, Meridional Flow Field 


The runner ducts of the turbine, between the inlet and outlet edges of the blades, 
must, as we know, satisfy the energy equation, which in terms of actual velocities 
reads: 

U, Cur — Uz Cuz = g H Mm 


or in terms of specific velocities 


Uy Cui — Ua Cuz = MA F 
ii 2 
The peripheral velocities, and hence also the specific velocities along the 
outlet edge (in high-speed turbines along the inlet edge, too) are not equal, 
and therefore the outlet — and in some cases also the inlet — velocity triangles 
must differ from each other. This, of course, results in the need for runner blades 
to be of different shape along the outlet and inlet edges. From this circumstance 
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it follows that the shape of the runner blade must:be investigated stepwise, in 
section, according to the inlet and outlet conditions in the appropriate places of the 
inlet and outlet edges. 

This is done by subdividing the space of the turbine by a system of rotating 
flow surfaces into a system of elementary (partial) flows, as indicated in Fig. 67. 

We assume that the water particles in each spot of the through-flow cross 
section passes through the runner along a stream line which helically extends on 
the flow surface and does not change its position. For this reason we also assume 
that the water particles of a certain elementary flow stream steadily flow and do not 
deviate into the adjacent elementary flows. If we divide the space of the turbine 
into a sufficiently large number of elementary flows, the through-flow conditions 
of the individual elementary flows will only. slightly differ from one another so 
that the passage of any elementary 
flow can be determined according 
to the mean values corresponding to 
its cross sections. In this way we can 
build up the shape of a blade that 
will meet the conditions of the in- 
dividual flows; by constructing them 
with appropriate transitions we ob- 
tain the shape of the complete blade. 

The designing of the blade thus 
consists of designing the blade sur- 
faces of the so-called eiementary 
(partial) turbines. 

The flow surfaces which divide 
the space of the turbine into elementary flows may be according to various 
assumptions. In principle there are two assumptions. 

æ. In low-speed turbines, where the transition of the flow from the radial into 
the axial direction takes place at large radii (from Chapter VIII/3 we know that 
this is the case in specifically low-speed turbines), we assume that the centrifuga! 
force O created by this deflection of the flow (Fig. 67) is so small that it has no 
influence on the distribution of the pressure in the streaming liquid. On this 
assumption we apply to the flows the continuity equation. 

If we draw the progress of the flow surfaces (actually the intersecting lines of 
these rotating surfaces and the picture plane) and the trajectories orthogonal to 
them, there must apply at any place 


em 
aT =F Can, 


where x is the number of flows with equal flow-rates, into which we have divided 
the space of the turbine, Cm the meridional velocity (i. e. the component of the 
actual velocity of the flow in the meridional plane, that is to say the plane extending 
through the axis of the rotating turbine surfaces; a meridional plane is e. g. also 
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the picture plane), and F is the through-flow area perpendicular to the direction 
of velocity Cm. Since this area, according to Fig. 67, equals 


F=xDa4, 
this must hold good for all places in the space of the turbine 


= =x DACm, (64) 


and here, according to the previous assumption, also the value~ of Cmon one and 
the same orthogonal trajectory must be the same, because along ¿^e trajectory the 
Bernoulli equation 
2 pea -q 2 = const. , 
AE 
must hold. If we disregard 
the height dimension of the 
space of the turbine, which 
is small in relation to the 
head, i. e. if we neglect the 
differences in the value of z 
for the individual places, ve- 
locity Cm must be the same 
along the entire orthogonal 
trajectory, for we also assume 
that pressure p is invariable, 
that it is not subjected to 
centrifugal force at the de- 
flection of the flow in the 
meridional plane. 
In our investigation of the Fig. 68 
flow field in low-speed tur- 
bines we go still further and select a contour of the turbine space so as to obtain 
the same meridional velocity Cm in the entire space. For two arbitrarily selected 
places of the turbine space it evidently holds good according to Equation (64) 


2 =n DA Cmn =x DA" Cm = nst; 


and since Cm is invariable, applies 
DA = const., 
or if we replace the diameter by the radius 
oA = const. (65) 


Actually we, therefore, build up the flow field on the assumptions described 
in the following paragraphs. 
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_ We start with a suitably selected value of the meridional velocity Cm and the 
given flow-rate O and determine the diameter D; at the beginning of the draft 
tube (Fig. 68) from the continuity equation 

ze D? 
4 


CaO. 


Then we draw by a continuous line the inner contour L of the turbine space 
from the axis of this area up to a suitably selected external diameter D,. There, in 
turn, we determine from the continuity equation the axial height of the turbine 
space, 

B = Áp x D, B Cm SO 


_We now draw the outer contour L’ by a continuous line in such a way that the 
dimensions B and D, are observed. In doing this, we take care from the very 
beginning to obtain within the 
turbine space the same velocities Cm 
and hence also the same through- 
flow areas, which we check by 
inscribing circles, whereupon we 
appropriately adjust the progress 
of the contour L’. There must be 

a4, = 0:4 = 
= Og 9 = s B. © vo) « ie = Os A, . 


Then we divide the height B of 
the turbine space into the selected 


number of equal parts Bi. the 
x 


circular area of the diameter D; we 
divide similarly into annuli of equal 
areas. Then we draw in full lines 
the flow surfaces. If we inscribe circles between them, in such a way that they 


always contact two adjacent flow surfaces (Fig. 69), it holds good according to 
Equation (65): 


Fig. 69 


feed =p p 4 Gul “SRE = const. 


Should this condition not be satisfied, we must suitably adjust the progress of the 
flow surfaces so as to fulfil this condition rather exactly. Thus the meridional flow 
field is defined. 

In this approach to the problem we have assumed that there is an equal velocity 
on the trajectories normal to the traces of the flow surfaces. We here admit the 
possibility of a velocity change only along the traces of the flow surfaces, i. e. only 
in one direction. For this reason is the theory of blade design based on these con- 
ditions termed the one-dimensional theory. 

8. In turbines of higher speed, where the curvature of the flow in the meridional 
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plane is greater ~i. e. the radii of curvature are smaller — the assumption stipulated 
in the foregoing paragraph no longer holds good. 

Here we must admit that the water particles streaming on the meridionally 
curved paths generate centrifugal forces with which they act upon adjacent par- 
ticles, so that the flow along the inner contour (L in Fig. 68) proceeds under 
a higher pressure than the flow along the outer contour (L' in Fig. 68). The Ber- 
noulli equation, in which we again disregard the changes of position energy as it is 
negligible in relation to the total energy, 
will therefore read 


2 + ae const. , 

y 2g ee, 
it then follows that the meridional veloc- 
ity in flows nearer to the inner contour ay. 
must be lower and in flows nearer to the E> KA 
outer contour higher. For this reason the A 


flow surfaces are closer spaced towards s 
the outer contour, as indicated in Fig. 70. | 


AZ 


In order to derive a satisfactory meth- 
od of determining the flow field under 
these circumstances, we must bear in 
mind that the water always passes through 
the turbine under turbulent flow condi- 
tions. This turbulent flow, however, gen- 
erally proceeds as if the liquid had no in- 
ternal friction, i. e. if it were non-viscous. 

This fact can be easily realized by 
comparing laminar and turbulent flow in 
a pipe (Fig. 71). In laminar flow (Fig. 71a) 
the influence of the viscosity of the liquid Fig. 70 
manifests itself by tangential forces be- 
tween the individual concentric layers of the flow, which tend to reduce the veloc- 
ity of the liquid within the considered cylindrical layer and, inversely, to accelerate 
the liquid which is outside this layer. The result of this action appears in the veloc- 
ity profile (in the velocity distribution across the cross section), which has the shape 
of parabola (Poiseuille flow). On the other hand, in turbulent flow the velocity of 
the individual layers is equalized by a secondary transverse flow — turbulent mix- 
ing, and the velocity is, therefore, equal over the entire cross section (Fig. 710). 
with the exception of a very thin so-called boundary layer, in which the influence 
of viscosity becomes manifest and the velocity rapidly drops to zero on the wall 
of the pipe. If we disregard this boundary layer the thickness of which is negli- 
gible, of the order of 107 mm, in comparison with the dimension of the total 
diameter, we see that the velocity is equal over the entire cross section. But such 
a shape of the velocity profile is, as is well-known, characteristic for a liquid without 
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internal friction. For this reason we may (in so far as we consider the entire 
flow) neglect the internal friction of the liquid passing through the turbine. 

If, however, we neglect the internal friction of the liquid, then we can apply to 
the flow the laws of potential flow. 

Potential flow exists in a non-viscous liquid when streaming is brought about 
from the rest position by the action of gravitation — which is our case — and is 
characterized by the fact 
that it involves the so- 
called velocity potential. 
This is a function whose 
derivative by an arbitrary 
direction denotes with the 
opposite sign the velocity 
of the flow in this direc- 
tion (the change of the 
sign is due to the fact 
that the velocity arises 
in the sense of the falling 
potential). When we have 
selected a co-ordinate sys- 


Fig. 71 Fig. 72 


tem in the space passed by the liquid and want to determine e. g. the velocity in 
the direction of the X-axis, it will suffice to differentiate the velocity potenital 
by x to obtain, apart from the sign, the value sought. 

s We make use of this now and derive the distribution of the meridional velocities 
in the investigated case. For this purpose let us first assume that we already know 
the correct progress of the flow surfaces si, Sa. .. . in the rotating space of 
the turbine (see Fig. 72). Normally we erect surfaces of equal potential (equi- 
potential surfaces); these must be perpendicular to the flow surfaces, because only 
perpendicularly to the flow surfaces does velocity equals zero, so that in this 
direction there cannot exist any difference of potential. We locate these equi- 
potential surfaces so as to establish between two subsequent surfaces the same 
potential difference. 
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Since each elementary flow carries the same quantity = > We Can write on the 


surface n — n according to the continuity equation 
=22 9 ACn 5 


but the magnitude of velocity Cm is given by the derivative of the velocity potential Ø 
by the direction of the trace of the flow surface 


Cn = ay? 


and when, for the purpose of a graphical solution, we pass over from the diffe- 
rentials to values, though small but of a finite magnitude, we can write 


Ga = ae 3 
As 
and hence 
Q =2zoA A® = const. 
of As 


A® is here the potential difference appertaining to two subsequent equipotential 
surfaces, As being their interval in the considered place, as indicated in Fig. 72. 
For the purpose of a better discrimitation let us further replace As by the letter /: 
As = 2; the potential difference A® between two subsequent potential surfaces 
is always the same, so that we can take AØ for a constant. Combining therefore this 
value with the factor 2 into the constant on the right side of the equation, we 
obtain the dependence sought 


n A const. const 
‘i, 2040 
A 
g -z = const. (66) 


The flow surfaces are correctly drawn when in the entire flow field the condition 
of Equation (66) is satisfied. The value of the meridional velocity Cm is then readily 
determined in any place of the field by dividing the flow-rate of the elementary 
flow by the through-flow area. 


tO 


x 
2204 ` 


In determining the meridional flow field in this case we proceed as follows 
(see Fig. 73): We design in a suitable way (according to directions given later) the 


Cn = (66a) 
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inner and outer contours of the space of the turbine. At a sufficient distance 
behind the bend, in the plane A — A normal to the axis of rotation, we divide 
the cross section into annuli of equal areas; thus we obtain points through which 
the traces of the flow surfaces must pass. At a sufficient distance in front of the 
bend of the flow, in the cylindrical section B — B, we divide the height of the 
space B into the same number of equal parts; in this way we determine the position 
of the traces of the flow surfaces in this place. 

By connecting the corresponding points in the sections B — B and A — A, we 
draw, the traces of the flow surfaces. In the place where they begin to bend we 
then draw perpendicularly to these traces (which are also termed meridional stream 

lines) two trajectories, which are the 
traces of two subsequent equipotential 
surfaces, and in this place we adjust 
the progress of the flow surfaces (with 
a simultaneous adjustment of the equi- 
potential surfaces, which must be kept 
perpendicular to the flow surfaces) 
until for this first vertical band the 
condition of Equation (66) is satisfied. 
Then we insert another equipotential 
surface (indicated in the figure by a 
dashed line) at such a distance to 
satisfy some of the following pictures 

a (following in the direction of the flow) 
j of the same elementary flow again the 
condition of Equation (66). Thus we 

Fig. 73 have made sure that the potential 

difference between these surfaces is the 

same as between the first two. Then we check again the fulfilment of the condition 

of Equation (66) for the second vertical column and if necessary likewise suitably 

correct the progress of the traces, In this way we proceed further, until the entire 
flow field is set up. 

It is clear that this method is more laborious than that which neglects the centri- 
fugal forces due to the meridional curvature, but, having acquired sufficient 
practice, we can obtain the progress of the flow surfaces rather quickly. Here we notice 
that the influence of the curvature manifests itself considerably at a distance from 
the beginning and the end of the curvature, which we must bear in mind already 
at the first draft of the flow surfaces. 

In this procedure we have taken into consideration changes of the meridional 
velocity in two direction, i. e. on the one hand, along the traces of the flow 
surfaces and, on the other hand, in the direction perpendicular to it. For this is 
the theory of blade design based on the method just described termed the two- 
dimensional theory. 

In the designing of blades we may further investigate the influence of the velo- 
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cities in the peripheral direction as well as changes of these velocities. These con- 
siderations are dealt with by the three-dimensional theory ʻe. g. that of Bauersfeld) ; 
but it leads to blade shapes which materially differ from these generally manu- 
factured, and is usually not employed.') 

The three-dimensional theory is also involved in designing blades of propeller 
and Kaplan turbines on the basis of using aircraft wing profiles, as will be explained 
later. 

Note: The meridional flow field may be determined to a certain extent by the 
shape of the blade. If we establish the flow field one-dimensionally in spite of the 
fact that there is a considerable meridional curvature of the flow, we obtain a blade 
shape (blade angles) with which it is no longer possible to develop a flow field, 
satisfying the two-dimensional theory during the operation of the machine. 


2. Shape of the Turbine Space 


The shape of the turbine space at a certain specific speed is to some extent 
already given by the expression (43) 


ns = 576 wy 5 Ves. (43) 
1 


For the maintenance of the required specific speed the product on the right side 
of the equation must, therefore, have a certain magnitude. This expression, how- 
ever, gives us no information as to the mutual relation between these values, and, 
therefore, let us once again consider their influence. 

It is clear that we shall not influence the specific speed by altering the value 
of the efficiency. Certainly, we shall not forcibly decrease the efficiency of the ma- 
chine just for the sake of achieving a low specific speed. On the contrary, we shall 
endeavour to attain the maximum efficiency feasible at the given specific speed. 
The efficiency decreases somewhat with rising speed (this relates only to Francis 
turbines), the differences, however, are not considerable; certain directions are 
shown in Fig. 54a. 

The specific inlet speed into the draft tube changes far more perceptibly, its 
influence, however, is restricted by the fact that cs appears in Equation (43) under 
the radical sign. Although in high-speed propeller turbines cs may attain a value 
of up to 0.65, in Francis turbines we do not surpass a value of 0.35 to 0.4. We must 
again emphasize that the selection of higher values of cs requires an efficient draft 
tube in order not to lose the great outlet energy of the runner. 

The tapering coefficient of the inlet cross section of the draft tube, p, equals 1 in 
Francis turbines (see Equation 43a) ; even in case that shaft the of the turbine extends 
through the draft tube (see e. g. Fig. 8), the value of g is so near unity that we can 
always employ Equation (43). Only in propeller turbines due to the hub of the 
runner does ¢ vary in the range from 0.9 to 0.7. 


zi For details, see Hýbl J.: Vodní motory, 3. díl (Hydraulic Motors, Part 3), Prague, Česká 
matice technická, 1928. 
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i WD ; ES 5 7 
The ratio _ may be varied within a very wide range and exerts a great in- 
1 


fluence upon the specific speed. Its magnitude may be varied approximately from 
0.5 (in low-speed turbines) up to 1.5 (in high-speed turbines). The principal in- 
fiuence of this ratio upon the shape of the turbine space has already been explained 
in Part I, Chapter VIII. 

Similarly, the specific peripheral velocity u, may be selected within a wide range. 
Its influence upon the angle of the deviation of the blade we have already explained 
in the above-mentioned chapter. This influence results from the fact that — if, 
for the sake of simplification, we consider a perpendicular discharge from the 
runner (Cys = 0) — the energy equation t cy, = 2 must be satisfied. Therefore, 
if we increase u, we must at the same time select a lower value of cu1, so that the inlet 
blade angle f, rapidly decreases with rising value of z. Figure 74 illustrates this 
circumstance. Each of the sketches represents the diagram and shape of the blade, 
and this for a gradually increasing value of u. It can be seen that at a low peri- 
pheral velocity u, not only the component cy is large, but also the absolute velocity 
€ at which the water approaches the blade. 

According to Equation (25) the overpressure of the runner for a shock-free entry 
and a turbine without draft tube is 

Gt 
hyp = H(1 lh se 
For the general case of a turbine with a draft tube and an operation with inlet shock 
follows from the general flow-rate Equation (42a)—since also for the creation of the 
shock velocity wz a certain part of the overpressure is consumed — 


ho af 67) 


As we see from Fig. 74; cy increases in particular, when there is 8, > 90°. The 
overpressure of the runner then approaches zero and thus also the pressure in front 
of the runner approaches the pressure at the beginning of the draft tube. 

At the same time also the blades become very strongly curved, whereby, on the 
one hand, the losses due to the curvature of the duct increase and, on the other 
hand, separating of the current from the suction side of the blade is enhanced, 
which together with a low pressure across the entire blade supports the formation 
of cavitation. 


For this reason, nowadays the value of the specific peripheral velocity #, is not 
selected lower than 0.65, and Francis turbines are not manufactured with a lower 
specific speed than 80 r. p. m. 

In selecting these values according to the required number of specific speeds, we 
do not alter the values one after the other, but simultaneously and take care to keep 
their mutual relationship as favourable as possible for obtaining a high efficiency. 

For this selection we may use Fig. 75, in which the characteristic values are 
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given in terms of the specific values according to Thomann’). Fig. 76 presents these 
values according to Prof. Kieswetter); Prof. Hybl*) has published directions for the 
selection of these values. 


1) Thomann R.: Die Wasserturbinen und Turbinenpumpen, Znd Part, Stuttgart, 
K. Wittwer 1931, pp. 20, 21. 

2) Kieswetter J.: Vodní stroje lopatkové, přednášky (Hydraulic Turbomachinery, Lectur- 
es), Ist Part, Brno, Donátův fond 1939. 


2) Hýbl J.: Vodní motory (Hydraulic Motors), 3rd Part, Prague, Ceska matice technická 
1928, 
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The values recommended by various authors show rather great differences, and of the outer contour should not be smaller than about 1/10 of the diameter (D,), on 


we can see that the given diagrams are actually only approximate directions from 
which the designer may depart should he consider it necessary. 

The values relating to the meridional shape of the turbine space are to be found 
e. g. in Fig. 75a. Fig. 75b presents the values required for determining the position 
of the inlet and outlet edges of the blade; we shall revert to this in the respective 
chapter. 


l 
which the outer inlet point of the blade is located: r > To Dye.) For the same 


A 
NN 


Fig. 75a 


In Figs. 75a and 76, cs denotes the specific inlet velocity into the draft tube, 
| ĉ,,„ the same velocity at the flow-rate corresponding to the best efficiency, c} is the 
. specific meridional velocity at the outlet from the guide blades; by means of this Fig. 75b 
| velocity we can check the height B of the guide apparatus. In addition to that, this 


ight i i oe reason, also the outlet meridional velocity from the guide apparatus should not be 

sis il poe bon oars eer ne Die ` too high; according to the specific speed one selects Cc = 02 — 0.25 — 0.35. Here 

| From the foregoing chapter we know that in turbines of higher speed, which have it is advantageous to build up the greater part of the curvature in front of the space 
| a greater meridional curvature, the flow surfaces condense towards the outer ir 

\- contour and that the meridional velocities increase at the outer contour. In order to 1) E. g. Dahl: Die Strémungs- und Druckverhiiltnisse in schnellaufenden Wasserturbinen, 


keep this increase within acceptable limits, the radius of the meridional curvature Wasserkraft u. Wasserwirtschaft 1940, p. 1. 
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of the runner blades so that even in this space it is as moderate as possible. The 
reason for these rules is to restrict the danger of cavitation at the rim and at the 
blades near the rim because here is the greatest danger of cavitation, as in this 
region the highest relative velocities are encountered. 

The space of high-speed runner usually widens towards the draft tube. This 
reduces the velocity at which the water enters the draft tube. Otherwise, we should 
be compelled to reduce the velocity in the draft tube itself, which would result in 
greater losses there. This enlargement of the runner space is performed under 
an angle (of the generatrix to the axis of rotation) of 10 to 20°. Such an intense 
enlargement is restricted to the space of the blades only, where the water is pressed 
by the action of the runner blades to the outer rim and not separated from it. In 
back of the runner blades, we immediately pass over to the shape of the draft tube 
by curved contours. 

An enlargement in the region of the runner blades towards the draft tube has 
also the advantage that it also reduces outer inlet diameter (D3) of the runner, 
whereby the peripheral velocity is decreased and consequently the component cw 
is increased, and this results also in an increase of the inlet blade angle f}, which 
usually is advantageous for high-speed turbines with a small angle of deviation. 

In general practice we design the contour of the turbine space as follows: 

According to the given specific speed we select the specific inlet velocity into the 
draft tube. Multiplying it by the value |/2 g H we determine the actual velocity Cs, 


and by means of this and the flow-rate O we determine the inlet cross section of 
the draft tube. 


= OQ: _ Be ; 

F; == Oe = 4 . 
Similarly, we select the peripheral specific velocity at the inlet into the runner, 
ure, and determine the actual velocity Ure = the 2g H . Dividing it by the angu- 


lar velocity w, defined by the given service speed 2 | w = a5 5 we determine 


the inlet radius of the runner 


a) For low-speed turbines we determine the height B of the space at this radius 
Dye = Dy = Dy; 


For this purpose we have selected the specific velocity c, and from it the actual 
velocity Ch. Thus the space of the turbine is determined. 
b) For high-speed turbines, the diameter Die approximately defines the mini- 


‘ ; ; 1 
mum cross section of the respective space. By the radius R — 70 Die we pass 
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to the lower contour of the guide blade space and to the transition to the draft 
tube; here we take care to keep the inclination of the generatrix below 10 to 20°. 
The height of the space in the guide apparatus is determined at the diameter of the 
outlet edges of the fully opened guide blades, D’, which usually is D’ = D,, (Fig. 
75b). Therefore we determine again Ch = Cm \2 g H , whereupon 
= 22 
iS CDG = 
Thus the space of the turbine is defined. 


Note: So that we are not compelled to determine the actual velocities from the 
specific velocities, we may calculate directly from the specific velocity if we ascertain 


the flow-rate in terms of the specific value O, = aa and the operating speed 
in terms of the specific value n, = TRE (not to be confused with the specific 
Zg 


speed!), whereupon e. g. for the inlet cross section of the draft tube and for the 


Die 


given radius Rye = 


the following holds good 


g | F,=& 
RY i ars Cm 
X SAUME = Ue 
yee i and Rye = —— 
g Y ng 
9.55 


In concluding this 
chapter we must call the 
reader’s attention to the 
shapes of high-speed tur- 

Fig. 77 bines of Soviet manufac- 

ture. In Fig. 77 we see 

that the continuous shape of the inner contour is replaced by two straight lines, 
which results in an advantageous shape from the point of view of manufacture.) 


3. Flow without Extraction of Energy 


In the space of the turbine there are parts without blades, in which therefore no 
energy is extracted from the water. This relates mainly to the space between the 
guide wheel and the runner. 

We shall now derive the law governing such a circular flow in which no energy 
is extracted. For this purpose we consider the flow to proceed as approximately 


1) Morozov: Ispolzovaniye vodnoy energii, Leningrad—~Moskva 1948. 
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indicated in Fig. 78. We have here the case of a plane flow which we can imagine 
as taking place between two paralell plates, flowing from all directions from the 
infinite into an opening — a discharge — in one of the plates, the progress of the flow 
being not rectilinear but in spirals the shape of which is unknown to us. 

The space between the walls is entirely free for the flow; there are no blades 
which could be acted upon by a moment under the influence of the flow. Therefore, 
this moment must equal zero; applying Equation (13), we can for a certain partial 
flow between points J and 2 write 


Mı = ee (ri Cur — ra Cus) = 05 


Fig. 78 


since the first factor is not equal to zero, there must be 
rı Cui — f2 Cu =Q, 
or 
Ti Cui = fo Cus . 


As we have selected points 1 and 2 quite arbitrarily, this relationship must hold 
good between any points in any partial flows, and consequently for the entire flow 
field the so-called law of constant circulation must hold good 

r Cy, = const. (68) 

This law relates to the peripheral component Cu of the velocity C of the flow 
(Fig. 78). The meridional (here radial) velocity Cm must satisfy the continuity 
equation, €. g. for cylindrical surfaces passing through points 7 and 2. If we denote 
the height of the flow by 6, there must apply 

227, b Cui = 2a rzb Cms 5 


i. e. ři Cmi = f2 Cina: 
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Thus, we arrive by the same consideration at the conclusion that for the entire 
flow field it must hold good that 


r Cm = const. (69) 
Dividing Equation (68) by Equation (69) results in 

me const 7 

Cn a (70) 


which evidently also holds good for the specific velocities. 

This ratio, however, represents the tangential function of the angle which is 
enclosed by the tangent to the spiral — 
to the stream line — and the direction 
~ of the radius. 


Cn = const | 
ae: ie tan ~ = const 
Cm ae ae 
and therefore it also applies 
g. = const. 
Fig. 79 Thus we see that the line which the 


liquid particles follow in its flow — the 
stream line — must have the shape of a spiral whose tangent at any point encloses 
the same angle with the directrix drawn from the centre of the discharge opening; 
such a spiral we call logarithmic spiral. à 

Now let us deal with a similar case, but with the difference that the liquid flows 
through the gap — Fig. 79 — in such a shape that the meridional velocity Cy, is the 
same in the entire flow. 

In this case, Equation (68) still holds good for the peripheral component Cu, but 
for the meridional velocity, however, applies Cm = const., so that by division we 
obtain 

Cu 


r—— =const., 
Cn (71) 


; C 
and hence, since ——~ = tana, 
Cm 


r. tang = const. , 
which condition characterizes the Archimedean spiral. 


å, Position of the Inlet and Outlet Edges of the Blade; Increase in Meridional 
Velocities due to the Thickness of the Blade 


When the shape of the turbine space is established, we must determine the 
position of the inlet edge of the blade in the elevation and in the plan. 
In the elevation we draw the inlet edge of the blade and also the meridional 
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sections of the blade created in a pencil of planes 1, 2, — see Fig. 80 — which 
pass through the axis of rotation, employing the so-called circular projection. By 
this method we represent all points of the blade on the picture plane — as indicated 
in Fig. 80 for the points of the inlet and outlet edges — by rotating these points into 
the picture plane along circular arcs with their 
centres in the axis of rotation. When the inlet or 
outlet edge lies in the meridional plane (Fig. 80a), 
it apperars in the projection in its actual shape 
and size, similarly as the mentioned sections in the 
meridional planes 1, 2, 
The outlet edge usually lies in the meridional 
plane, so that it appears in the plan as a radial 
straight line (Fig. 802). It may also lie in a plane 
parallel to the turbine axis (Fig. 805) or have 
a spatial shape. These two last methods, however, 
are not so frequently used, because in both cases 
it is not so easy to achieve the same discharge 
conditions along the entire outlet edge as it is the 
case when this outlet edge lies in the meridional 
plane. 
The outlet edge should not be at too great distant 
from the axis of the turbine or, on the other hand, 
at too small a radius. If it is too far from the axis 
(Fig. 81-I), the blade is too short, has a small 
surface, and is, therefore, subject to the danger of 
cavitation. In addition to this, it leads to another 
drawback at an operation where the discharge 
from the runner is not exactly perpendicular. In 
this case, the peripheral component of the outlet 
velocity Cy: enters the space at the back of the 
runner at a large radius and, proceeding into the 
draft tube, arrives at smaller radii, and according 
to Equation (68), ‘r Cy = const., increases its 
magnitude. The consequence is that the peripheral 
component entering the draft tube is too large Fig. 80 
and cannot be converted there into pressure and 
utilized (in the draft tube only the meridional component is efficiently converted 
into pressure — Chapter IV.) For this reason, another discharge from the runner, 
other than perpendicular results in losses, which rapidly augment when the 
deviation of the outlet direction from the perpendicular increases. Then the 
efficiency curve of the turbine drops very rapidly towards both sides from the 
optimum point. 
If, on the other hand, the outlet edge is too near the turbine axis (Fig. 81-111), 
and if we want to maintain at the outlet a sufficiently wide spacing of the blades, 
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in order to prevent their clogging, their spacing at the inlet diameter would have 
to be unsuitably wide. : 


„For these reasons we select a mean distance (Fig. 81-II), as also follows from 
diagrams (Figs. 75b, 76) given previously. The position of the outlet edge is here 
given by the peripheral velocities at the outer and inner contours, For checking we 
can also use the meridional length of the blade at the outer contour (at the rim) 
Lm which should be about 


lin =A VD 


where we express the diameter Dj, in mm, and å should have a magnitude frorn 
6.5 to 8 at ns = 80 down to 4.5 to 5 at zę = 400. 


| 
| 
| 
| 
| 
| 
| 
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Fig. 81 Fig. 82 


The projection of the outlet edge from the outer contour (rim of the wheel) to 
the inner contour (hub) is drawn in such a way that it proceeds as far as possible 
perpendicularly to the traces of the flow surfaces. This principle can readily be 
maintained with low-speed runners. With high-speed runners we endeavour to 
maintain it at least at the rim; towards the hub we must (the farther the more) 
depart from it (Fig. 82) as otherwise at the hub the blade would become meridio- 
nally too long. 

The inlet edge in low-speed turbines is usually either parallel to the turbine 
axis or proceeds on the surface of the cylinder of the diameter D, obliquely in the 
direction of rotation. In high-speed turbines with an inclined inlet edge (D.e > Dy:) 
it may lie in the meridional plane (Fig. 80a), as a rule, however, it proceeds oblique- 
ly along the circumference, and its projection into the plan then appears either as 
a straight line (Fig. 80b) or as an arc (Fig. 80c). 

By inclining the inlet edge we attain a reduction of the peripheral length of the 
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blade at the rim, where otherwise the blade would be too long in the peripheral 
direction. Since the relative velocities, which in high-speed turbines are already 
inherently high, are highest at the rim, great losses arise here by friction of the water 
on the blade; we must endeavour to keep these losses within acceptable limits ; 
therefore, we shorten the 
blade. Apart from this, by 
inclining the inlet edge 
in the peripheral direc- 
tion we establish a better 
transition of the inlet 
surface into the further 
surface of the blade at the 
rim. 

The inlet edge (in high- 
speed turbines), too, 
should proceed at the rim 
as far as possible perpen- 
dicuarly to the meridional 
stream lines and then be 
more or less parallel to the 
outlet edge (see Fig. 83 — 
runner with ns = 400). 

In the space of the 
blades the velocities in- 
crease in comparison with 
the other space of the tur- 
bine, because the space 
is here partly occupied by 
the blades. Behind the 
blades — both guide and 
runner blades — the veloc- 
ity decreases again, and 
this is connected with a 
small loss (Carnot~Bord 
loss). This velocity in- 
crease we take into account in the velocity triangles mainly at the outlet edges 
(of both the guide and the runner blades). We must namely determine the outlet 
angle for the velocities at which the water leaves the end of the blade, i. e. for the 
velocities which are encountered at the blade end, but still within the space of 
the blades. At the inlet into the runner we disregard as a rule the velocity increase, 
because the inlet blade angle has to determine the direction in which the water 
approaches the runner blade and is therefore given by the velocities prevailing 
immediately in front of the space of the blades. 

All that has been said of velocity increase holds good also for the meridional 
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velocities Cm. The magnitude of the meridional velocities at the blade edges, 
without regard to the influence of the blade thickness (which increases the velocity), 
we can readily determine when we have already established the meridional flow 
field. The velocity is then given as the ratio of the flow-rate of the elementary 


; Q ; z 
turbine, ra , to the through-flow area of the elementary turbine on the respective 


edge — see Fig, 82 — and thus we obtain 


Q 
Cua = nR AR 
Q 
Cmo = AR? 
ni =— pie ee > 
x+-2aR,AB, 2g¢H 
Q 


Cn, = 


x+22R,4B,|2gH 


Due to the influence of the blade thickness the meridional outlet velocity will 
be higher, as indicated in Fig. 84. If the blades had no thickness at all, the water 
would discharge from the 
runner duct at the relative 
velocity W, whose meridio- 
nal component is Cmo. Since, 
however, the blades have a 
thickness s, the outlet cross 
section perpendicular to the 
velocity Cm, of a width 
equalling the spacing z, is re- 
stricted for each duct by the. 
blade thickness measured in 
the direction of this width, 
i. e. by the peripheral blade 
thickness sọ. Consequently, 
d in each duct the width of 

Fig. 84 the outlet cross-section — 

measured perpendicularly to 

the velocity Cm2— is reduced from the value z to the value t — sọ. Hence, accord- 

ing to the continuity equation, for one duct must hold good, when the total num- 
ber of the ducts is 20: 


2 = Cm2 t AB, = m2 (t — so) AB2. 


Za x 
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The augmented velocity C%,, will thus be given by the expression 


T s P ee a 
= a ee 
$ t — So p2 


(73) 


Similarly, also for the meridional outlet velocity from the guide blades the 
following will apply 

oe ot Se (73a) 
e= So Q 


5. Representation of the Blade Cross Sections on the Flow Surfaces and Repre- 
sentation of the Blade 


After having stepwise designed the contour of the turbine space, inyestigated 
the meridional flow field and drawn the inlet and outlet edges of the blade, we can 
on each flow surface determine the velocity triangles. From them we know the 
peripheral velocity on the inlet edge as well as on the outlet edge and the respective 
meridional velocities. If we further select the shape of the outlet triangle — e. g. we 
select a perpendicular discharge, i. e. « = 90° — the outlet triangle is completely 
defined, and then we also determine the inlet triangle, e. g. by means of the Braun 
construction. Thus the inlet (8,) and the outlet (f2) angles of the blade are deter- 
mined on each flow surface, and our further task now consists in drawing the 
progress of the section of the blade surface with the flow surface so as to maintain 
these angles. 

The flow surface, however, is generally a surface of revolution which cannot be 
developed into the picture plane, as would be necessary for drawing the progress 
of its intersection by the blade. Therefore, we must replace the flow surface by 
another surface which can be developed, or employ the so-called conformal re- 
presentation in which we effect the development in subsequent parts. 

In the first case we use as a substitute surface the conical surface K, which lends 
itself to development. This is co-axial with the flow surface P and contacts it in 
circle k, as perspectively shown in Fig. 85. 

The meridional planes, which pass through the axis common to the cone and 
the flow surface, intersect the latter in the meridians M,, Mo, ..... , and the conical 
surface in the co-ordinate rectilinear sections Mj, M3, ...... The individual points 
on the flow surface, e. g. A,, we transfer to the conical surface in such a way that 
we mark them in the meridional section on the cone so as to obtain the same 
distance from the circle of contact on both surfaces (indicated by thick lines in 
Fig. 85). When in this way we have marked out all necessary points, we obtain 
a picture on the cone, which we can develop into a plane. 

The angles enclosed by the line drawn on the flow surface and by the peripheral 
circles of the flow surface will here equal the angles enclosed by the line drawn on 
the cone and by the circles of the cone only in the proximity of the circle of contact 
k. The farther we depart from this circle, the greater will be the difference between 
the angles mentioned. Only the right angle appears undistorted, because the meri- 
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dians on both surfaces are perpendicular to the peripheral circles. From this it 
follows that the deviation mentioned will be the greater, the more the respective 
angle differs from the right angle. Since the inlet angle approaches the right angle 
closer than the outlet angle does, the distortion of the former will be smaller, and, 
therefore, we select the substitute cone so that it contacts the flow surface on the 
outlet edge of the blade —- see Fig. 86. 


In this case we obtain a true representation of the outlet end of the blade on the 
substitute surface. But the closer we approach the inlet, the greater is the deviation 
of the flow surface from the conical surface; therefore, also the angles drawn on 
the cone differ from the angles on the flow surface. 

The magnitude of their difference can be determined. In Fig. 86 arbitrary line C 
is represented lying on the flow surface P. Its representation on the cone K, ob- 
tained by the previously described method, is C*. Through point a of this line and 
its picture a* we draw the peripheral circle. Now we want to find the relationship 
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between the angle f, enclosed by the original line C and the peripheral circle on the 
surface P, and the angle f7 which corresponds to it on the conical surface. 

For this purpose we lay a meridional plane through point b and its picture b” 
on the cone. This plane inter- 
sects the mentioned periph- 
eral circle at points ¢ and c*. 
Now we can write 


m 
t = — 
an f T 


and tan f” = = . (74) 


The points a and a”, too, 
lie in a common meridional 
plane - according to the 
principle of the representa- 
tion — so that the angle ¢ is 
the same for the original and 
for the picture on the cone. 
Similarly, the meridional 
lengths are likewise the same 
m =m”. The radii of the 
peripheral circles, however, 
differ from each other: r +r”. 
Consequently we can derive 
from the expressions (74) 


m=rg tan fp =r" g tan f”, 
whence follows 


tan p” = = tan. (75) 


Since only the mainte- 
nance of the inlet and outlet 
blade angles is ofimportance, 

Fig. 86 whilst the other progress of 

the blade may be arbitrary — 

in so far it is not accompanied by excessive losses (Part I, Chapter III/2) — it will 

suffice to correct only the inlet blade angle. On the developed conical plane we 

design the blade for the inlet angle ff, and when we then transfer the section 
back to flow surface (see further), the blade will have the correct angle f}. 

At the same time we see that only on circle k, which passes through the discharge 
ends of the blades, will a true picture of the spacing of the blades appear on the 
conical surface. On the inlet side the spacing of the blades will be smaller than the 
actual distance. 
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Thus we see that we can design the shape of the blades not on the flow surfaces 
but on the conical surfaces which lend themselves to development; here we must 
take care to design the sections on the individual cones — which replace the indi- 
vidual flow surfaces — in their correct mutual relationship, in order to obtain (on 
transferring the sections from the cones back to the flow surfaces), a continuous 
blade surface, without irregularities and breaks. 


Fig. 87 


The procedure is explained in Fig. 87. As flow surfaces, on which the blade 
sections are to be designed, we have here selected directly the contour surfaces 
which are replaced by the conical surfaces J and IJ; these contact the flow surfaces 
in the circles on which the outlet edges of the blades are located, 

We develop the cone J; the circle on which the outlet edges lie we draw as a circle 
with the radius R;,,and the circle on which the inlet edges are located we obtain 
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on extending this radius by the rectified meridional length of the blade on the flow 
surface lm. Between these two circles we design the shape of the blade in such a way 
that the inlet and outlet angles are in agreement with the velocity diagram (see 
further). Similarly, we develop the cone JJ. On this cone, however, we can no 
longer design the blade independently, but must pay attention to the connection 
with the section on cone J. For this reason we divide the section on cone Z by a pen- 
cil of rays, e. g. 0 to 7. On the cone these rays represent sections by meridional 
planes, which we also indicate in the plan of the runner. Therefore, we draw on the 
plan a circle of the radius R,,. This is the circle in which the cone contacts the 
flow surface, and hence the lengths on the latter are the same in the plan and in the 
conical section. Therefore, we transfer the distances between the rays 0 — 1, 
1 — 2, 2— 3, etc. from the circle R},, to the circle R, , in the plan and obtain in 
this way a pencil of rays which represents the traces of the selected meridional 
planes. 

Now we draw in the plan a circle with the radius R zz, which is the circle of 
contact between the outer contour (of the flow surface) and cone JI. The division of 
this circle by the traces of the meridional planes therefore coincides with the di- 
vision on the circle of the developed cone and so we transfer it to this circle, Thus we 
have obtained rays on cone J/ which are the sections of the same meridional planes 
as on cone J, When the outlet edge itself lies in the meridional plane, the outlet 
end of the blade must line on both cones on the same ray. This also applies to the 
inlet edge when it is parallel with the axis of the turbine. 

We therefore draw the shape of the blade on cone JJ into the obtained pencil of 
rays as indicated in the figure. The dot and dash line represents here the alternative 
progress of the blade contour for a peripherally oblique inlet edge and shows how 
this obliquity shortens the peripheral length of the blade and leads to a more 
advantageous shape. 

We are further concerned with transferring the shape of the blade, designed on 
the conical surfaces, back into the circular projection. For this purpose we advan- 
tageously employ the already selected pencil of meridional planes 9 — 7. Since 
here we have to deal with a circular projection (see also Fig. 80), our procedure 
consists in transferring the distance of the sought point on the meridional plane in 
the conical section (e. g. x on cone JJ) to the corresponding flow surface. When 
we effect this for one and the same meridional plane on all cones and flow surfaces, 
the connecting line of the points so obtained will appear in the circular projection 
as the intersection of the blade with this meridional plane. We number the section 
in accordance with the meridional planes and draw the sections of the pressure side 
of the blade in full lines, whilst those of the suction side are indicated by dashed 
lines and their numbers are marked with dashes. These meridional sections are 
continuous lines when the blade has the required smooth shape. 

By these meridional sections the blade is already fully defined, but this method 
of representation is not suitable for manufacturing purposes. Here we need the 
so-called contour line sections. These are sections of the blade surface with 
a system of parallel planes perpendicular to the axis of the runner. For production 
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it is more advantageous to select these planes at equal distances to each other. The 
contour line sections, or also briefly contours lines, appear in the plan, where we 
derive them from the meridional sections, as illustrated in Fig. 88. For instance, 
plane / intersects meridional section 7 at the radius denoted by r}; we intersect in 
the plan the trace of the me- 
ridional plane 7 by this radius 
and thus obtain one point of 
contour line J. Similarly, by 
the radius at which the plane J 
intersects meridional section 2 
we intersect the trace of me- 
ridional plane 2, etc.; by con- 
necting all these points lying 
in plane J, we obtain the com- 
plete contour line J. We pro- 
ceed in the same way with the 
other planes and also with the 
meridional sections of the suc- 
tion side. Finally, we draw in 
the plan the penetration of 
the blade with the contour 
surfaces of the turbine space. 
The construction is analogous 
and indicated in Fig. 88 for 
the inner contour and for me- 
ridional section 5’, 

The contour line must again 
show continuous progress, and 
this condition provides further 
control as to whether the blade 
surface is smooth and without 
irregularities. 

In Figs. 87 and 88 the inlet 
blade angle was 90°, so that 

Fig. 88 no correction was required. 

When the inlet angle differs 

materially from the right angle and when at the inlet the substitute cone surface 

considerably deviates from the flow surface, we must draw on the cone the correct- 

ed fý — according to Equation (75) — in order to obtain in the transformation to 
the flow surface the section of the blade with the correct angle. 

This correction can be avoided if we replace the flow surface by two cones, one 
of which contacts the flow surface in the circle of the outlet edges and the other one 
in the circle of the inlet edges — see Fig. 89. About half the meridional stream line 
from the outlet we rectify on the first cone and half from the inlet on the second 
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cone; then we put the developed cones together so as to obtain a continuous 
progress of the blade section. In this case the inlet as well as the outlet angle is 
represented correctly, but no continuous picture of the duct is obtained. . 
We obtain a true picture of the intersection of the blade with the flow surface if 
we use the so-called conformal representation. In this procedure we develop the 
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line on the flow surface stepwise. Fig. 90 shows a half of the flow surface with the 
line O—1—..... — 5, which has to be represented conformally. On the flow 
surface we draw a system of peripheral circles at equal meridional distances a. 
These circles intersect the line to be investigated at points 0— Í — 2 — 3 —4—5. 
Through these points we lay meridional lines. The triangles — the hatched areas 
in the figure — are rectangular, and in our representation we put them together in 
such a way (Fig. 90, on the right) that the bases of the triangles, formed by parts of 
the peripheral circles, are parallel to one another, as they were on the flow surface, 
and the vertices are again connected in the appropriate sequence. 

In this way we have an exact picture of the line in its entire progress, because the 
triangles in the original as well as in the picture are congruent, and consequently 
also the inclination of the line to the peripheral circles has been exactly reproduced 
in all points. The figure also indicates the connection with the plan, from which it 
is evident how we proceed with the layout in the conformal picture. We divide the 
meridian of the flow surface into the same number of parts of meridional length a. 
Then we draw the corresponding system of parallels, likewise at intervals of the 
magnitude a. Into this system we design the progress of the blade section, and the 
perpendiculars from its intersections with the parallels define the hatched triangles. 
In the plan we draw circles corresponding to the division of the meridian of the 
flow surface; then we transfer the hatched triangles into the plan by marking off 
the distances 1 — 1’, 2— 2', etc, in their correct sequence on the circles. By 
connecting the vertices 0 — 1 — ... — 5 we obtain a plan of the line in agreement 
with the layout. 

From these we must again construct the meridional sections, and from these, 
in turn, the contour lines. 

In the conformal representation we have no possibility either of establishing the 
shape of the duct. 


6. Shape of the Blade Duct 


The function of the blade consists in conveying the water from the inlet cross 
section of the runner into the outlet cross section in such a way that the change 
of the water velocity corresponds to the velocity diagram. The water has to deliver 
as much of its energy as possible to the runner; therefore, the losses must be as 
small as possible and, moreover, all water particles must be subjected to this 
velocity change. 

The losses due to the bending of the flow and whirling will be ata minimum when 
the shape of the blade is continuous and its curvature gradual. The losses due to the 
friction of the water on the blade will be the smaller, the smaller the wetted sur- 
faces are, i. e. the shorter the blades are and the smaller their number. 

The other demand that all water particles are subjected to the required change 
of the flow, is identical with the condition to establish at the inlet into and the 
outlet from the runner on the peripheral circle along the flow surface at all points 
the same velocities as to direction and magnitude; this condition can only be 


152 


: 
| 


3 


satisfied with a very great number of blades (an infinite number of infinitely thin 
blades). 

These facts we must bear in mind when selecting the number of blades. As 
a rule, we already have an idea of the appropriate number of blades when drawing 
the blade duct on the developed conical surface. From this it follows that we shali 
select a smaller number of blades for specifically high-speed turbines, where the 
specific relative velocities are higher; the losses due to the friction of the water 
on the blades increase proportionally to the squares of the velocity, and we must 
counteract this circumstance by a smaller wetted blade surface, i. e. by fewer and 
shorter blades.*) 

Some manufacturers vary the number of the blades of the runner according to 
the diameter. This, however, is not quite correct; the runner for the ordered turbine 
should be geometrically similar to the model runner on which tests were carried 
out and the outputs determined by braking; consequently a full-size runner should 
also have the same number of blades, regardless of diameter. Only for runners of 
yery small diameters, sometimes manufactured to special order, are the number of 
blades reduced in order to avoid too narrow outlet cross sections of the ducts, 
which are subject to clogging, or to eliminate the necessity of an excessively dense 
grid as protection against clogging of the runner. 

Therefore, we can only select the number of blades according to speed, using as 
a guide the following formula: 

aoe 10 to 12 i (16) 
uy 
where z4 is specific peripheral velocity of the inlet edge. 

Note: Increasing the number of blades with the diameter of the runner results in 
a somewhat improved cavitation resistance of the runner owing to the reduced 
specific underpressure on the blade; the flow-rate, too, is somewhat reduced as 
the cross section is restricted by more blades. The runner, however, does not 
remain exactly geometrically similar, and consequently the test results cannot be 
in perfect agreement with the actual conditions. 

It is a matter of course that in propeller turbines the same number of blades is 
used even for various diameters; on the contrary, — as we shall see — with a change 
in the number of blades their speed also changes. 

In order to obtain a runner duct of an appropriate length at the inner and outer 
contour, it is usually necessary to provide turbines showing a greater height B of 
the inlet cross section — i. e. turbines of higher speed — with a peripherally inclined 
edge. Thereby the blade length at the outer rim is reduced, as e. g. indicated by the 
dashed line in Fig. 87 (the effect here is not so marked as the runner in question is 
comparatively narrow); moreover, it is advantageous to increase the radius of the 
curvature of the blade. 

The curvature of the blade may also be reduced, if necessary, by changing the 


1) See also Kaplan-Lechner: Theorie und Bau von Turbinen-Schnellaufern, München 
u. Berlin, Oldenburg, 1931, p. 145. 
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inclination of the inlet edge in the meridional plane. This is evident from Fig. 91. 
The fully drawn shape of the runner duct at the outer contour agrees with the 
progress of the inlet edge according to a and with the fully drawn inlet triangle. In 
order to eliminate too intense a curvature of the blades, it will suffice to correct the 
progress of the circular projection of the inlet edge according to k. Thereby the 
peripheral velocity increases from tia to tix, to which, according to the energy 
equation, corresponds a reduction of the component cy. The inlet angle, therefore, 
rapidly decreases, and we obtain a materially more suitable shape of the duct, as 
indicated by dashed lines. 


Fig, 91 


The inlet end of the blade must show an inclination which agrees with the incli- 
nation of the relative velocity at which the water at a shockless entry —i. e. ata filling 
and speed corresponding to the optimum efficiency — approaches the runner. 

The outlet end of the blade must be so inclined that the water discharges from 
the runner ducts at a relative velocity and under an angle as required by the velocity 
diagram. This angle under which the water discharges from the runner ducts must 
here not always agree with the outlet angle of the blade. To explain this circum- 
stance, we have indicated the blade ducts in Fig. 92, and for the sake of simplication 
we assume that the turbine in question is of the axial-flow type and that the blades 
are drawn in their developed cylindrical section. We see that the duct is delimited 
by the blades only up to the profile passing through the point A; in this part of the 
duct the water is perfectly guided. Further on, the duct has only one side of the 
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blade — the suction side — and is therefore incomplete. When this suction side of the 
blade deviates from the direction of the discharging water, it may happen that the 
flow separates from the suction side of the blade; this case is expressively indicated 
in the right half of Fig. 92; the discharging water is then less deflected from the 
original direction than we have assumed. But even if the flow does not separate 
from the suction side of the blade, the particles streaming in the centre of the duct 
are still less deflected than those streaming along the surfaces of the blades (see the 
left half of the figure), so that the average discharge angle will not agree with the 
angle of the blade. 

This disagreement can be avoided by effecting the complete required deflection 
of the flow still within the enclosed duct and by directing the further part of the 
blade so that it exerts no longer influence upon the water flow, i. e. that behind 


Fig. 92 Fig. 93 


point A the blade extracts no longer energy from the water. In the case of the men- 
tioned axial-flow runner this requirement is fulfilled by a straight continuing blade 
according to Fig. 93. For a runner with a fully radial through-flow a suitable 
shape, according to Chapter I/3, is given by the logarithmic spiral, provided that 
the contours of the turbine are paralell (Fig. 78), or by the Archimedean spiral 
when the chamber of the turbine is of such a shape that meridional velocity is con- 
stant. 

Both these curves may, within the range applied for turbine blades, be replaced 
with sufficient accuracy by a circle. Deviations from the correct shape are of minor 
importance as they appear in the substitutive conical sections, where a certain 
inaccuracy is already involved in the replacement of the flow surface by the cone. 
The centre of the circle which with sufficient accuracy defines the shape of the 
ineffective end of the blade, is the intersection of the perpendiculars to the sides 
of the outlet angles of two adjacent blades, as indicated in Fig. 94. 

Until quite recently, this method of determining the blade ends was exclusively 
used for the reasons mentioned. For low-speed and even for normal turbines an 
inlet angle f, = 90° and in the outlet triangle the angle of the absolute velocity 
% = 90° were selected. It is understandable that the inlet and outlet triangles 
could not be selected arbitrarily, without regard to the energy equation. For the 
selection mentioned a certain specific peripheral speed at the inlet had to be 
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assumed, and we obtain it by substituting the values ¢y2 = 0 and cy; = t1, which 
result from the selected triangles, into the energy equation 


Nh 
Uy Cui — Ue Cuz = -F - 


2 
Thus we obtain 


2 Nh 

=F: 
and if we further substitute 7, == 90 9%, we see that the following must hold good 
u = |0.45 = 0.67. 


The section on the developed cone had 
then approximately the shape indicated 
in Fig. 94. The blade in this case was 
curved in two places. The curvature, in 
particular when doubled, of course, in- 
creases the through-flow losses of the 
duct in comparison with the losses in a 
straight duct. Apart from this, by design- 
ing such an outlet blade end, we have 
indeed knowingly lengthened the blade 
in a way ineffective for energy transfer; 
this lengthening, however, results in an 
increase of the wetted blade surface and, 
therefore, of losses also. 

For that reason, this method of design- 
ing the blade end is no longer employ- 
ed. The blade is designed as effective 
up to the outlet end, and the disagree- 
ment between the mean discharge angle 
of the water and the blade angle is can- 

Fig. 94 celled out by making the outlet angle of 

the blade f, (of the centre line of the 

blade) smaller by about 2 to 5° (more for a wider spacing of the blades), which 

is called exaggeration of the outlet angle. Here it is also advantageous to select 

a higher peripheral velocity at the inlet diameter (in other words, a somewhat 

larger inlet diameter is selected); this results in a smaller inlet angle (see Fig. 91), 

so that the blade is nearly straight, with smaller losses. Such blade designs will be 
described later and illustrated by examples. 

The end of the suction side of the blade, where the duct is no longer enclosed on 
both sides, is subjected to underpressure. When the blade end is designed as 
effective, the driving underpressure also becomes manifest, enhancing the condi- 
tions for cavitation. An ineffective blade end will naturally be more resistant against 
cavitation. On the other hand, an effective blade end lengthens the effective part 
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of the blade and so reduces the driving underpressures, which in turn is advan- 
tageous and cancels the afore-mentioned drawback. 

The thickness of the blade itself is either varying or constant. Blades of a variable 
thickness are manufactured when they are cast as one unit with the hub and the 
rim. In this case we give them the cross section of a body of minimum hydraulic 


resistance (drop-shaped). When the blades are pressed from sheet metal and then 
cast into hub and rim (Chapter B, IT), they are of constant thickness and only 
sharpened at the inlet and outlet (Fig. 94). This design is not much used at present 
and only employed for turbines of smaller diameters and for lower heads. 


7. Interrelation of the Velocity Diagrams on the Flow Surfaces; Oblique Dis- 
charge from the Guide Apparatus 


Already in Part I, Chapter XII/2, we saw how the outlet triangles on the various 
flow surfaces of the same turbine are linked together, when the peripheral as well 
as the inlet velocities at the inlet edge are the same on all flow surfaces, and when 
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all these surfaces are perpendicular to the outlet edges of the guide blades. All me- 
ridional stream lines have then a common inlet triangle, so that the auxiliary veloc- 
ity w in the Braun diagram is the same in all outlet triangles. 

We first draw the velocity diagram for the conditions at which the efficiency has 
to be the best. For these conditions we then select a shock-free entry and the most 
advantageous shape of the outlet triangle. 

As most advantageous, we consider an isoceles or a rectangular triangle (see 
Fig. 95). 

If we select on one flow surface a rectangular triangle, then on the other flow 
surfaces the outlet triangles must also be rectangular. The discharge velocity c, in 
all elementary flows will be of the same magnitude and of the same direction, 
without any rotational component. These conditions are very advantageous for the 
function of the draft tube into which the water enters from the runner, because 
there is no component cy (which would not be utilized in the draft tube), and there 
are no differences in the meridional velocities, which would increase the internal 
friction and whirling of the liquid. 

At the inner, smaller diameter there is a smaller spacing of the blades, and con- 
sequently also a smaller width of the outlet ducts than the outlet spacing at the 
outer, larger diameter of the runner. If we want to reduce this difference in the 
width of the outlet cross section, we select an isoceles outlet triangle, so that 
W = Uy, as indicated by the dashed lines in Fig. 95. If we select this condition on 
one flow surface, we must observe it also on the other surfaces, as follows from the 
construction of the diagram. In this case we select the vertices of the triangles in 
such a way so that they lie on a circle with its centre in the origin of the diagram 
and its radius equalling the outlet velocity c», as follows from the required meridio- 
nal velocity on the stream line near the outer contour, or so that all relative velo- 
cities pass through the end point of the relative velocity valid for the central flow 
surface. In this case the meridional components of all outlet velocities cm,2 are not 
equal — as assumed in the determination of the flow field by the one-dimensional 
method — but the difference is not great, and the higher meridional velocities appear 
at larger diameters, so that this procedure means in principle an approximation 
to the actual conditions (two-dimensional approach). We see that here the outlet 
angles increase on all flow surfaces, so that the width of the outlet cross section of 
the duct advantageously increases, but it increases more at smaller diameters, 
whereby at the same time the widths are partly equalized. 

We now introduce into the draft tube the peripheral component of the outlet 
velocity, ĉu,» Which is not utilized in the draft tube and consequently represents 
a loss; but these components are small and also the relative velocities w, are 
smaller; and losses due to the friction of the water on the runner blades have de- 
creased proportionally to their squares. In particular at a higher specific speed, 
when the specific relative velocities assume higher values, this gain prevails and the 
isoceles outlet triangle is advantageous also as far as efficiency is concerned. 
A rectangular outlet triangle is therefore only used for low-speed turbines. 

The mentioned interconnections of the outlet triangles are no longer valid if we 
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must resort to a two-dimensional determination of the flow field. In this case the 
meridional velocities ĉm,ı along the inlet edge of the blade differ, and for this reason 
the inlet triangles on the various flow surfaces cannot be congruent. In addition 
to this, the contraction of the stream lines towards the outer contour reaches far 
in front of the runner, even into the space of the guide blades, and the outlet edge 
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of the guide blades is no longer intersected by the meridional stream lines under 
a right angle, but under the oblique angle p (Fig. 96), which is not the same on all 
flow surfaces. 

Consequently, however, the angle enclosed by the discharge velocity from the 
guide apparatus and the tangent to the peripheral circle is no longer identical with 
the angle «’ of the blade end, measured in the plane normal to the axis of rotation 
(as appears in the section of the guide blade normal to the axis of rotation). 

Since the angle of inclination ø (Fig. 96) of the meridional stream line to the 
outlet edge is different for each flow surface, the angle of discharge velocity to the 
tangent of the peripheral circle will also vary, and we must determine it separately 
on each flow surface, for this angle is the starting point for the construction of the 
inlet triangles, as will be seen later. 
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The determination of this actual angle «'* (enclosed by the direction of the 
discharge velocity from the guide apparatus and the tangent to the peripheral 
circle) from the angle of the guide blade «' (measured in the plane normal to the 
turbine axis) is carried out by means of the construction indicated in the lower part 
of Fig. 96 -In the right side of the figure we have endeavoured to provide a simpler 
ral pag of the construction by illustrating the discharge conditions perspec- 
tively. 

The outlet edge of the blade passing through point A and the turbine axis O — O 
define the meridional plane. On this plane the meridional streamline passing through 
point A is indicated by a dashed line. The tangent in point A to this stream line 
is inclined to the radius of point 
A under the angle p and repre- 
sents the direction of the merid- 
ional discharge velocity cms 
which is marked off on this 
tangent by the distance AC. 
The actual discharge velocity 
c', however, does not lie in this 
meridional plane but in the 
plane of the extension of the 
blade. The both mentioned 
planes form together a wedge 
with a common line of inter- 
section, which is the outlet 
edge of the guide blade. This 
wedge is intersected on the one 
hand by the plane normal to 
the axis O — O, which contains 

Fig. 97 the tangent to the peripheral 

circle @—a, on which blade 

angle «’ appears, and on the other hand by the plane which likewise contains the 

tangent a —a, but is inclined to the first plane under the angle g; this inclined 

plane contains the actual velocity c’ and here also the actual angle «' appears 
which this velocity encloses with the tangent a — a. 

In order to determine this angle in the plane normal to the axis of rotation — 
which as a rule is the picture plane of the plan — it will suffice to rotate the triangle 
ACD about the tangent a — a into this plane (normal to the axis), as indicated by 
the arrows. Thus we obtain the triangle AC*D*. The distance AD*, which repre- 
cuts the actual rotated velocity, encloses with the tangent a — a the actual angle 
a”. 

In the left part of the figure this construction is drawn in the plan, into which 
the meridional plane with the angle o and the meridional velocity c’, has also been 
rotated. The notation by letters corresponds to the perspective picture and no 
further explanation is required, 
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In this construction the inlet triangles on the various flow surfaces are linked 
together by the fact that for all surfaces the blade angle «’' is the same in the plane 
normal to the turbine axis. (This was also formerly the case, and since throughout 
gy = 0, all inlet triangles were equal.) 

We utilize this construction in the following way: On one of the flow surfaces 
we select a suitable outlet triangle at optimum efficiency conditions and determine 
the corresponding inlet triangle (from the picture of the flow field we already know 
the meridional velocities in both triangles). This flow surface is selected near the 
outer contour, where the flow is not yet acted upon by friction against the contour, 
but where there are already high velocities, so that it is of primary importance to 
satisfy the conditions of good 
efficiency; this surface is Use Uzb ie Ur, 
indicated in Fig. 97 by the : 
dashed line b’ — b, — b» 
Now we proceed along the 
stream line against the flow 
up to the outlet edge of the 
guide blade (see the arrows 
in Fig. 97) and determine 
the components of the veloc- 
ity at point b'. We already < 
know the meridional com- 


ponent or we determine it Re ns i 
from the meridional flow Rg E l 
field; the peripheral compo- a S A 
nent we recalculate accord- Le hig EP 
ing to the law (68) rı cur = S ~ 
=p a a 

Thus we know both com- a 
ponents, and in the construc- Fig. 98 


tion in Fig. 96 the triangle 

AC*D* is defined in this way. (AC* = ch, C?D* = cj.) As we also know the in- 
clination of the meridional stream line p, we can by the described construction 
define the triangle AC,D,, whereby we determine the blade angle «’, equal for all 
flow surfaces. 

Now we proceed along the outlet edge of the guide blade to the further individual 
meridional stream lines. At the intersections of each stream line with the outlet 
edge, a’, c', d', e', we know: the angle of inclination p, the meridional velocity Cms 
and the blade angle «’, which is the same at all points of the outlet edge. Hence, we 
have for each point the triangle AC,D, and can determine the peripheral compo- 
nent ci, (eventually we can also determine the triangle AC*D* and from this the 
angle «'*, however, it will suffice to determine the component ¢c,). We now proceed 
along the stream line to the inlet edge of the runner blade. Here there is no need to 
recalculate the meridional velocity as we already know it from the flow field; the 
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peripheral component we recalculate again according to (68), r'c, = f; Cu1- Thus 
we know both components at the inlet edge, and since we also know the peripheral 
velocity, the inlet triangle is defined. Then we determine the corresponding outlet 
triangle, e. g. by means of the Braun construction. 

We now see that, when starting from the main stream line and selecting on it 
a suitable outlet triangle, we do not obtain equally suitable outlet triangles on the 
other stream lines. Hence conditions for entry into the draft tube will not be equally 
advantageous on all stream lines. This procedure is nevertheless indispensable for 
obtaining on all stream lines simultaneously a shockless entry into the runner, 
which is a necessary condition for attaining good efficiency with regard to the com- 
paratively narrow bladeless space between the guide wheel and the runner. 

An oblique discharge from the.guide wheel reduces this disadvantage. This is 
evident from the velocity diagram in Fig. 98. The diagram for the initial stream 
line, as e. g. bin Fig. 97, is here drawn in full lines. On the stream line c the merid- 
ional velocity is smaller. If the outlet angle from the guide wheel, and hence also 
the angle of approach to the runner blade a, were the same as on the stream line b, 
we should obtain the diagram as indicated by the dashed lines, with a discharge 
velocity c, considerably diverted from the same velocity on the initial stream 
line b. 

The fact that the angle of approach decreases (because on the stream line ¢ the 
discharge is less oblique) leads to a favourable result, i. e. the vertex of the inlet 
triangle (drawn in thin, fuil lines) shifts in such a direction as to diminish the de- 
viation of the discharge velocity c», as can be seen in the diagram. 

An oblique discharge is, therefore, amply utilized in high-speed turbines by 
arranging the outlet edges of the guide blades at the least possible diameter. At the 
same time, it is cheaper as the guide apparatus and also the spiral is of smaller 
diameter. In this respect we have even constructed the guide wheel with approxi- 
mately the same outlet diameter as the outside inlet diameter Die of the runner. 


8. Measurable Widths at the Outlet Edge 


The through-flow of the turbine and the flow-rate are given by the relative 
discharge velocity W, and the discharge area of the duct, perpendicular to this 
velocity. The through-flow and the flow-rate for any elementary turbine are hence 
given by the width of the blade duct at the outlet. It is therefore necessary to con- 
trol these internal diameters during manufacture. If the internal diameters as well 
as the spacing of the blades are observed, the outlet angle f», important for satisfy- 
ing the energy equation, is maintained. 

The width of the duct, which appears in the developed conical sections, is ident- 
ical with the so-called measurable width, i, e. with the least distance between the 
outlet of one blade and the following blade (which we can measure by means of 
calipers), when the flow surfaces are perpendicular to the outlet edge. 

In cases where the outlet does not enclose a right angle with the flow surfaces, 
the net width a, appears as identical with the width on the cone surface in the 
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tangential plane to the substitutive cone. In fig. 99, the line B — B represents the 
part of the outlet edge which is not perpendicular to the trace of the flow surface 
b— b, replaced by the cone k— k. The net width appears here in the plane 
defined by the generatrix of the cone K — K and perpendicular to the picture plane. 

By rotating this plane into the picture plane, which is represented by the rotated 
picture of the tangent to the cone in point JJ, drawn by the straight line n — n, and 
by marking off the spacing t, and the angle f», we obtain the triangle J/xy, whose 
hypotenuse is the rotated 
section of the blade end. 
In it the width a, appears. 
The measurable width a} 
we obtain by projecting 
the triangle //xy from the 
plane K — K into the 
plane N — N perpendic- 
ular to the outlet edge. 
This is done by projecting 
the length Jy into Zy’, 
whereby we obtain the 
triangle IJxy’. This pic- 
ture also presents the 
actual blade thickness sz, 
whilst sj is the distorted 
thickness. For this rea- 
son we better determine 
the correct coefficient of 
restriction @, in our final 
control from the relation 


Po = = 
> an, 

a + sa Fig. 99 
The measurable widths 


are marked off on the drawing of the runner above the rectified length of the 
outlet edge for the purpose of checking in the workshop. 


9. General Hydraulic Design of the Runner of the Francis Turbine 


Now, that we understand the individual partial problems arising in the hydraulic 
design of the runner, we can collate them into a general procedure in order to reach 
the desired result — the blade lay out. This procedure will be explained for low 
-speed turbines, where the establishment of the flow fields is effected by the one 
-dimensional method, for normal turbines, where it is possible to adjust the flow 
field by mere intuition, and for high-speed turbines, where a two-dimensional 
approach is necessary. Each procedure will be illustrated by examples. 


q 


æ. Low-Speed Turbines 


Following to the considerations dealt with in Part I, Chapter XIII, let us start 
investigating the runner of a low-speed Francis turbine with a certain required 
specific speed 7s (at its maximum flow-rate). 


For the specific speed we employ the relation 
Pua 
— a Oy Q 
S u a2 Ne 


We estimate the efficiency and select n; and Qj so as to obtain with these values 
the required specific speed. As a guide for the selection of the unit speed and the 
unit flow-rate we can use Fig. 54b; as efficiency for the maximum flow-rate let us 
select about 0.85. 


Note: If we had to design the runner for a certain turbine on order, the following 
values would be given: the flow-rate Omax, the head H, and the speed n. From these 
values we determine the specific speed ns; further we select e. g. the unit 
flow-rate QO}, from which we determine the inlet diameter of the runner 
p=- and then the unit speed 7; Bee) 

Qi H (H 

Now we select the head; either we select H = 1 m or the maximum head for 
which a runner of this type will still be used (directions are given in Fig. 43); 
thus we obtain a group of values which will be applicable in the subsequent 
strength test of the runner blades. Further we select a suitable diameter (inlet dia- 
meter) of the runner; we do not select this diameter according to the model runner 
as it would be too small for the accuracy requirements of the design, but we take 
such a diameter as to accomodate the complete construction. 


Now we proceed as follows: 


1. We design the shape of the turbine space. 

2. We establish the meridional flow field. We employ the one-dimensional 
method, here it will suffice to select two elementary flows. Hence we obtain three 
flow surfaces, two of which will be border surfaces of the turbine space. 

3. We design the meridional shape of the inlet and outlet edges. The inlet is in 
the circular projection parallel to the axis of the runner. 

4. We draw the velocity diagrams. As the scale for specific velocities we usually 
select 1 = 1 dm. 

5. We trace the substitutive conical surfaces, develop them and design on them 
the blade sections. 

6. We select the pencil of meridional planes and draw the corresponding meridio- 
nal sections in circular projection. 
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7. In the circular projection we select a system of planes perpendicular to the 
axis of the runner and draw the layout plan of the blade. 

8. We mark off the widths of the ducts at the outlet above the rectified outlet 
edge. 


Example: We have to design a runner with a specific speed of about ns = 80 r. 
i 3 on 
p.m. We select the values (see Fig. 54): n; = 62; Qin = 0.125 m/sec, = a nas 


so that Qi = 0.167 m*/sec. + 0.160 m/sec. With these values we check the specific 
speed 


/1000-7 ~, 1000 - 0.85 
ns =m | hes Q = ae 0.160 = 62: 1.34 = 83 r. p. m. 


and find it satisfactory. 


For construction we take into account a head H = 300 m and an inlet diameter 
of the runner D, = 600 mm. The face of the runner at the inlet let us select with 
B, = 45 mm, hence a ratio sn = 0.075, which roughiy agrees with Fig. 54a. 

1 

For this diameter and head we determine the actual speed, the angular velocity 

and the flow-rate at optimum efficiency 


300 n 
D, ee = 1790 r. p. m., @ = === = 187 l/sec. 


9.55 
OQ, = Qi, D? H = 0.125 - 0.36 - 17.3 = 0.779 m/sec = 780 litres/sec. 


The layout of the contour of the turbine space further requires that the inlet 
diameter of the draft tube, D, is determined. For this reason let us determine the 
meridional velocity at the inlet into the runner 

Q, 0.78 
= —— _ = — -r = 9.2 m/sec. 
Cmn = =D, B ~ x-0.6 + 0,045 haa 

If we want to obtain the same meridional velocity in the inlet cross section of 
the draft tube, we must determine the diameter of this cross section from the 
equation 

a D? 


a Cm,s,n = Qn Cm,s,n = Cm,1,0 > 


a Da 
D,=2| ARR . 


so that 


In our case we obtain 


(Cm,s,n == Cin = 9 m/sec.). 


With these dimensions (D,, Bı, Ds) we start to design the contour of the runner 
space. Here it appears that the end of the, runner hub protrudes into the inlet 
cross section of the draft tube (see Appendix II), and consequently we must 
increase the diameter Dy. In the final arrangement the contour of the rim is formed 
by a part of one circle and the contour of the hub as well as by a part of one circle to 
which the top of the hub is connected in the direction of the tangent. 

On checking the velocity of the entry into the draft tube we find that 


ns I eS, 
220;4, 2x%-0.127-0.115 


The meridional component of the inlet velocity into the draft tube is, therefore, 
only slightly smaller than the meridional velocity at the inlet into the runner, which 
is satisfactory. 

Now we divide the runner space into two flows, which is quite sufficient for the 
design of such a narrow wheel. We lay the dividing flow surface at the inlet through 
the centre of the height of the runner duct, and within the duct we determine its 
progress on the orthogonal trajectory by means of circles inscribed between the 
trace of the dividing surface and the contour, as indicated in the figure by dot and 
dash lines. The product of the diameter of these circles and the distance of their 
centres from the turbine axis must be approximately the same in all cases. In our 
case this amounts to 14.1 -5.1 = 71.8 cm? for the circle at the hub and to 
17.9 «3.95 = 70.8 cm? for the circle at the rim, which is satisfactory. 

We design the inlet and outlet edges of the blade in circular projection. The 
projection of the inlet edge for low-speed turbines is always parallel with the axis 
of the runner, whereby the inlet is defined, because we have previously selected the 
inlet diameter D,. For the outlet edge we use as a rough guide the specific peri- 
pheral velocities at the hub, w,;, and at the rim, us, e, according to Fig. 75 or 76. 

For the shape designed we obtain 


Cm,s,n = = 8.5 m/sec . 


tiny = Ryp— 10,1196 
V23 H 76.6 

big =< Rig Dist ee 
(2g A 76.6 


which roughly agrees with the values given in Figs. 75 or 76. 


Now we draw the velocity diagram. For this purpose we determine the following 
specific velocities: the peripheral velocities at the inlet and at the outlet edge on all 
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three flow surfaces, and for the same points also the meridional velocities. We 


then obtain 
Rœ _ 03-187 _9 732 


“= iH 766 
ul = u; = 0.292 
a _ 0154-187. 9376 
© 76.6 
u$ = Ua, = 0.466 
D Cate _ §? 2612. 
Emin = 22H 76.6 


idi iti dge are concerned, we have to 

As far as the meridional velocities at the outlet e 
take into account the restriction of the through-flow areas by the sort ae ys ms 
‘blades, which we will estimate by giving = arti ee (wie safle Ail 

ation of subsequent verification. Thus we obtain 

iksccibed between the flow surfaces, with their centres on the outlet edge (drawn 
in full lines): 

For the flow between A, — A, and B, — B, 


Q/2 0.39 = 0.146 


Cnt” = 2 Ap |2gH Za- 0.171 0.0407 -0.8 16.6 
and for the flow between B, — B, and C, — Ce 
Bo, = ies = 0.144. 


Cm2 = 3z 0.135 -0.052 -0.8 -76.6 


Along the entire outlet edge we shall use the same specific meridional velocity 
ith daaa we now draw the velocity diagram (Appendix II). We T 
with the outlet triangles, for which we know the peripheral velocities pct the meri : 
ional velocity. If we decide e. g. on isoceles triangles and draw the a et triangle 
for the central flow surface with the values uj = 0.376, Cm,2 = 0. 14 > we = Us. 
We draw on the scale 1 = 1 dm. In the triangles on the two remaining nk 
faces (the border surfaces) the peripheral velocities are again defined, and for ie 
direction of the relative velocities let us select the end point of the velocity wz. 
The triangles will again be isoceles. The meridional velocities ves here, a = 
true, differ from the values previously determined, however, as aa piee ne 
difference is only slight; we ae oases the condition of mutual relations 

i different flow surfaces. : 
ae Beane construction we draw the inlet triangle, which will >x 
common to all three flow surfaces. In it we know the peripheral velocity u = 0.732, 
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and the magnitude of the meridional velocity cm,, = 0.12. For determining the 
inlet vertical, on which the vertex will be located, we must still find the magnitude 
of the indicated velocity. For this purpose we can employ e. g. Equation (58): 
Mn = c? — c3 — w, so that we can write c? = Nha., + c3, as for the optimum hy- 
draulic efficiency 7n,„ we have the shock component w> = 0. 

If we select for the optimum hydraulic efficiency the rather high value 0.96, as- 
suming perfect manufacture (shaped blades, ground and polished), and if we 
substitute for co = 0.15, as we read in the diagram, c? = 0.96 + 0.02 = 0.98, and 
hence c; = 0.99. = 

With this value as radius we draw a circle with the centre in the origin of the 
diagram and intersect it with another circle of the radius equalling the value of the 
velocity %4 and its centre in the end point of this velocity 14. In this way we obtain 
the position of the inlet vertical, and the inlet triangle is defined. The diagram 
defines the blade angles on the three selected flow surfaces: the inlet angle f, (which 
is the same for all surfaces) and the outlet angles ff, 67 and BS. 

Whether the inlet angle meets the requirement of the suitable shape will only 
be shown by the construction of the blade sections on the flow surfaces. In the 
case of an unsuitable curvature of the blade we should have to alter the inlet dia- 
meter of the runner, D,, and also the peripheral velocity u,, in order to obtain 
another, more suitable inlet angle f}. In the velocity diagram in Appendix Ii 


conditions are also indicated for the flow-rate Omax = = Q,,. 


Now we can begin to draw the blade sections on the developed substitutive flow 
surfaces. The flow surface C, — C, we replace by a cone which contacts it in the 
peripheral circle passing through the outlet edge and which is co-axial with the 
runner, and by a plane normal to the runner axis and contacting the flow surface 
in the peripheral circle passing through the inlet edge, with its centre O; in the 
axis of the runner. On the appropriate generatrices in the circular projection we 
rectify the contour of the flow surface so as to obtain approximately one half of it 
on the cone with its centre in O, and the other half on the trace of the plane passing 
through point O}, as indicated by arrows in Appendix II. The truncated cone, 
delimited in this way, we develop (the vertex of the developed conical surface in 
Appendix II is identical with the original vertex of the cone O,) and add to it the 
annulus of the plane (the transferred vertex of the peripheral circles of Oj). Into 
the developed surface, created in this way, we now design the shape of the blade 
sections so that it passes through the place of contact of both developed substitutive 
surfaces, and that the extension of the pressure side of the blade encloses with 
the tangent to the peripheral circle at the inlet the angle ĝ,, and that the extension 
of the pressure side at the outlet encloses with the tangent to the circle of the de- 
veloped cone the angle ĝ,, as is to be seen in Appendix II. Here we emphasize once 
again that if the resulting blade was unsuitably curved, we should have to alter the 
inlet diameter of the runner. 

Since the runner has to be employed for large heads, the blades will have to be 
cast with hub and rims as one unit. For this reason we design a cross section in the 
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form of a body of small hydraulic resistance, similar to the cross section of an 
airfoil. We select a sufficient thickness of the cross section, not only with regard to 
strength considerations (strength control see later), but also to foundry require- 
ments. The fact that we relate the angles f; and fs to the pressure side of the 
blade and not to the centre line results in a suitable exaggeration of the outlet 
angle. 

For a better judging of the shape of the duct we add to our drawing the cross 
section of the adjacent blade. The number of blades according to Formula (76) is 


approximately _ 10t0 12 _ l0to12 
Si e EA 


In the case in point 15, blades were selected. By dividing the periphery of the 
contact circles of the flow surface by the number of blades we obtain the spacing 
on the outlet and on the inlet circles, which appears in the plan in the true dimen- 
sion. Therefore, we mark it off and, maintaining the inlet and the outlet angle, we 
draw the parts of the cross section, shifted by the spacing, on the first and on the 
second substitutive surface. Here we see that the parts of the cross section pass no 
more from one into the other, nevertheless, we can still form a sufficiently distinct 
picture of the shape of the runner duct. i 

The central angle of the cross section we divide by a pencil of rays drawn from 
the centres O, and O} into a convenient number of parts. These rays represent the 
sections of a pencil of meridional planes with the substitutive flow surfaces. The 
pencil of meridional planes is thus already defined and must also be transferred 
into the pictures of the cross sections on the other flow surfaces. For this reason, 
we first determine the traces of these planes in the plan of the runner. We take into 
account that the circles of contact of the substitutive surfaces and the actual flow 
surface (circles passing through the outlet edge) are common to the substitutive 
and the actual surface, and that consequently the parts cut out on them by the 
meridional planes are in the development as well as in the plan of the same magni- 
tude. We, therefore, draw into the plan the circles appertaining to the intersections 
of the inlet and outlet edges with the flow surface C, — C, and transfer to them the 
division from the developed cone, e. g. 0— 1— 2... on the circle belonging to 
the outlet edge of the blade. In this way we obtain in the plan a pencil of the traces 
of these meridional surfaces. 

Now we shall design the shape of the blade on the other border surface A, — A. 
The layout is represented conformally, with regard to the considerable curvature 
of this surface. For this purpose we rectify the meridional length of the blade, in 
order to obtain the height of the band into which we must draw the cross section. 
First we estimate the peripheral length as equalling the arc enclosed in the plan 
between the meridional planes 0 to 6 at the mean diameter. Observing the already 
known directions we design the cross section and transfer it into the circular pro- 
jection and into the plan. Therefore, we transfer the part between the rays 0 and 1 
on the plan of the circle of the outlet edge into the conformal picture (see the indi- 
cation in the Appendix), and the distance of the cross section, measured on the 


= 13—I7. 
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perpendicular drawn through this point, we transfer into the circular projection 
(see the notation 0 — 1). The radius of point J thus obtained we transfer into the 
plan of ray 1, whereby we obtain the plan of this point; and at the same time we 
transfer the part created on the circle in the plan between the rays 7 and 2 into 
the conformal picture, and in this way proceed further until the complete cross 
section is represented. We may find that the selected peripheral length of the cross 
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Fig. 100 


section is not satisfactory and we shall have to correct it. In our case, the cross 
section is selected peripherally somewhat shorter than the cross section on the 
surface C, — C, in order to avoid a too intense curvature at the inlet. The inlet 
edge will therefore be peripherally inclined by the distance which appears in the 
conformal representation between the inlet end of the cross section and the merid- 
ional plane 6. 

According to this procedure we design the progress of the inclination of the inlet 
edge (in Appendix II the progress of the inlet edge is indicated by the dash and dot 
line on the left side of the inlet of the circular projection), whereby we already 
determine the shift of the inlet end of the cross section on the flow surface B, — B,, 
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which we develop in the same way as the flow surface A, — A,, and on which we 
design in the same way the cross section of the blade. 

Then we draw the meridional sections by the planes 0 — 6 in the circular pro- 
jection by winding up the meridional distances of the points of the cross section 
from the outlet circle onto the flow surfaces, and by connecting the corresponding 
points. The section of the pressure side of the blade are drawn in full, the sections 
of the suction side by dash lines. The machining allowance, too, — indicated in the 
developed section of the cone O, by the cross-hatched area — we transfer into the 
circular projection. 

Now we verify the value of the coefficient of restriction g, and find that it varies 
in the range from 0.8 to 0.83, so that the original estimate is satisfactory. If a greater 
disagreement would become manifest, we must correct the meridional velocity and 
the velocity diagram, whereby we obtain the corrected angles ĝ, and f}, and 
according to them we also correct the shapes of the individual sections. 

We select a convenient number of planes normal to the runner axis, 0 — 6, and 
draw in the plan the contour lines (for greater clarity only the contour lines 1, 3, 5 
are indicated) and the penetration of the blades with the hub and the rim. 

The widths of the ducts, which here are identical with the measurable widths (as 
the circular projection of the outlet proceeds approximately perpendicularly to the 
meridional stream lines), we mark off above the rectified length of the outlet edge 
in order to make sure that there is not too great a difference, and to obtain at the 
same time reference data for the control of the manufactured runner. 

Thus the blade layout is finished. 

Fig. 100 shows (in a somewhat simplified form) the characteristic of this runner, 
recalculated for the diameter D = 1 m (the drawing of the runner has been taken 
from the archives of the engineering works CKD-Blansko). As we see, the values 
ni and Q; for the optimum efficiency agree very well with the values employed 
in the calculation. 


B. Normal Turbines 


1. The procedure is exactly the same until including the design of the turbine 
space. Then follows: 

2. Establishment of the meridional flow field. We must select more flows; we 
determine the progress of the meridional stream lines either by the one-dimensional 
method, but in the bend of the flow we contract the stream lines, according to what 
we assume, more towards the outer rim, or we employ the two-dimensional 
method. 

3. We design the shape of the inlet and outlet edges in circular projection. Only 
in units of lower specific speed will the inlet edge be in circular projection parallel 
with the runner axis. The outlet edge will no longer be perpendicular to the merid- 
ional stream lines. 

4. We draw the velocity diagrams; at higher speeds we must here pay attention 
to an oblique discharge from the guide blades. 
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5. We lay the substitutive surfaces, on whose develo t desi 
sections of the blade. ; see eo oe 

6. We select the pencil of meridional planes, and in the circular projection we 
draw the appropriate meridional sections. 

i 7. We select a system of planes normal to the axis and draw the plan of the blade 

ayout, 

ý . We determine the measurable widths and mark them off on the drawing of the 
ade. 

Example: We have to design a runner with a specific speed of about 180 r. p. m. 
The procedure of the design is illustrated in Appendices III, IV and V, (The draw- 
ing of the runner is from the archives of the engineering works CKD-Blansko. The 
author of the original design is Ing. J. Karásek, but the author of this book has 
altered the method of calculation and of constructing the velocity diagrams. The 
Appendices also contain the constructions necessary for the subsequent strength 
calculation.) 

We select the values n; = 65.5 r. p. m.; Q! , = 0.6 m/sec. O! max — 0.7 m? 

(see Fig. 546), 1 Qin | Qimax = 0.7 m/sec. 

With these values we obtain 


, 1/10007 _, ]/ 1000 -0.85 —~ 
is =n, |/0" Q; = 65.5 = 25 Oa ladr, p. m. 


A runner with this specific speed is, according to Fig. 43, suited for a maximum 
head H = 100 m. With regard to the subsequent calculation we select this head 
for the design of the runner. As diameter of the runner let us select D, = 1250 mm. 
Under these conditions the speed is 


mVH _ 655-10 


E  e = 524 r. p. m., 
whence follows the angular velocity 
524 
O 54.8 l/sec. ; 


and further, the flow-rate at optimum efficiency will be 
Qn = Qin H D? = 0,6 - 10 - 1.56 = 9.4 m/sec. 


From this flow-rate we determine the diameter at the entrance into the draft 
tube according to 
z D? 
4 Cs, = Qy . 


From this relation it follows 


ee 
% Cs 28 H 
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If we roughly select, according to Fig. 75a, cs,, = 0.15, there will be D; = 
= 1300 mm. 

We divide the turbine space into four elementary flows, each with an elementary 
flow-rate of 0/4 = 2.35 m§/sec. (In comparison with the one-dimensional approach, 
the meridional stream lines have been contracted in the bend closer to the outer 
contour, but by far not so much as it would be the case in a two-dimensional ap- 
proach), 

For the layout of the inlet and outlet edges in circular projection (compare the 
values marked* in the following table with Figs. 75 and 76) we can determine the 
peripheral velocities on the individual flow surfaces, which we arrange with regard 
to the greater number of elementary flows in the following table: 


Stream line 


In a similar way, we also determine the meridional velocities; here we estimate 
the coefficient of restriction of the through-flow cross section at about gy, = 
= 0.80—0.85 for the runner blades, and g’ = 0.85—0.9 for the guide blades, again 
with a reservation of subsequent verification. The following table contains these 
coefficients together with other necessary values, already corrected, as determined 
from the individual sections 


Inlet into the runner Outlet from the runner | Outlet from the guide wheel 


| A | R Pa Cn,2 g' 
mm|mm| m? | — | m/s — 
i : j 
64.5 | 601 |o.243 9.67 81 |604 |0.307| 0.865| 8.85 | 64 | 650 | 0.26 | 0.915) 9.84 
70.8 | 582 | 0.258) 9.1 98.5) 514 | 0.317 0.84 | 8.83 | 69.5 | 650 | 0.28 | 0.915) 9.05 
| 77.8 | 570 | 0.279 8.44 | 126 |410 |0.324|0.8 | 9.06 | 70.6 | 650) 0.29 | 0.915) 8.9 


Í 


| 81.6 | 557 | 0.286) 8.32 |133 365 Ei 0.85 | 9.1 | 73 650 | 0.298 0.915) 8.61 


The meridional velocities determined in this way hold good for the central part 
of each elementary flow, however, we must also know them on the flow surfaces. 
We determine them by graphical interpolation. For this purpose we rectify the 
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inlet and outlet edges of the runner, and perpendicular to them, as well as to the 
outlet edge of the guide blade, we mark off the found velocities in the appropriate 
places. We connect the points obtained by continuous lines and on them, in the 
places appertaining to the intersections of the flow surfaces with the inlet and with 
the outlet edges, we determine the meridional velocities on the flow surfaces. 

The meridional velocities on the flow surfaces we further convert into specific 
values and arrange them together with the previously determined peripheral velo- 
cities into a table, the last two columns of which (c),", cu,1) we supplement subse- 
quently from the velocity diagrams. i 


0.221 | 0.199 


0.212 0.199 

| 0.196 0.201 

| 0.1875 | 0.205 
0.1855 | 0.2055 | 


The indicated velocity we have determined after assessing the hydraulic effi- 
ciency at the value of 0.93 from the relation c? = yp,, -+ ci for the flow surface 
B, — B», where we select c, = 0.2, c? = 0.93 + 0.04 = 0.97, whence c; = 0.98; 
with this value we shall calculate on all flow surfaces. 

Note: For the border surfaces often a somewhat lower value of the indicated 
velocity is taken; this is done with regard to the losses due to friction on the wall 
of the turbine space in these extreme elementary flows.) 

First we establish the velocity diagram (see Appendix V) on the flow surface 
B,— B», which is of major importance; we select a perpendicular discharge, and 
to the outlet triangle we determine the inlet triangle. In it we read cu,ı = 0.615, 
which is the component of the velocity at the inlet into the runner; we recalculate 
this value according to the law of constant circulation, Reu = const., for the outlet 
edge of the guide blade. We obtain 


Cut ae 5. ĉu = = 0.615 = 0.557 
(we enter both values into the table). 

By means of the previously described construction we determine the blade 
angle «’ = 19° for an oblique discharge under the angle g. With this angle x’ = 19° 
we then calculate in all further diagrams, and we proceed inversely; to the blade 
angle we determine the component c,7, recalculate it for the inlet into the runner, 


1) E. g., Ténot A.: Turbines hydrauliques et régulateurs de vitesse, Part III, Paris, 
Eyrolles, 1935. 
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and, knowing u as well as ¢m,1, we draw the inlet triangle, and only to this, do we 
establish the outlet triangle. The construction is evident from the enclosure. 

Further procedure is the same as in the foregoing example and will therefore not 
be repeated. Appendix IV shows only the reproductions of two developed sections, 
i. e. the section on the border 
surface E, — E» which has 
been designed on the devel- 850 
oped substitutive cone, and the 
section on the flow surface 
A, — As, on the substitutive 600 
cylindrical surface, which passes Q, 
through point Ay. No correction jitres/sec 
of the inlet angle has been per- 
formed as the difference in the 
radii of the inlet edge on the 709 
original surface and on the sub- 
stitutive surface is small. In 
contradistinction to the first ex- 
ample, the outlet end of the 
blade is here designed as inef- 600 
fective. 

Appendix ITI further contains 
the meridional sections and the 
layout of the blade in the plan. 

The only thing which still 
remains to be done, is to deter- 
mine the measurable widthsand 
mark them off above the rec- 
tified outlet edge for control of 
the manufactured runner. 


Figure 101 presents a repro- 40 0 -60 70 80 1 90 
duction of the simplified char- i me 
acteristic of this runner ob- Fig. 101 


tained by measurements on the , 

model runner. It is evident that although speeds 7; at optimum efficiency agree 
rather well, the flow-rate at optimum efficiency is greater. Hence the specific 
speed of the runner will actually be higher, about 2; = 200. 

Note. The author had the opportunity to design a runner with the specific speed 
ns = 300 r. p. m. for the following values at optimum efficiency: 7, = 71.7; 
Q}., = 1.05 m/sec.; the meridional field was established two-dimensionally. 
Further procedure while solving this problem was the same as just described. 
Measurements resulted in the following values at optimum efficiency: 2, = 16—19 

i n = 1—1.025, N, = 88.5 % (at the diameter of 1 m); the agreement in general 
is satisfactory. 
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y. High-Speed Turbines 


For these turbines it is always recommendable to establish the flow field two- 
dimensionally. Further procedure is the same as for a normal turbine. The wheel 
described in the foregoing note belongs to this group. 


6. Express Turbines 


These fast Francis turbines have aconsiderable bladeless space between the 
guide wheel and the runner. For this reason it is more advantageous when linking 
the velocity triangles on the various flow surfaces to employ the rule, which will 
be explained and proved later, in the part dealing with Kaplan turbines — the rule 
of constant circulation in the back of the runner. Apart from this, the solution of 
the problem is the same as for the turbines already mentioned. 


10. Control of the Cavitation Coefficient 


The cavitation coefficient is determined by measurements on the model turbine 
in the cavitation testing station (see Section B, of this part). The designer wants to 
ensure even during the layout of the runner, i. e., prior to the manufacture of the 


Fig. 102 


model turbine, whether the runner will have approximately the required cavitation 
properties. This relates mainly to high-speed and normal runners, where for the 
sake of a higher specific speed we select a smaller number of short blades. For this 
type of runner we have at our disposal a convenient, simple and sufficiently exact 
method of predetermining the cavitation coefficient"), which we are now going to 
explain. 


') Dahl: Die Strémungs- und Druckverhiltnisse in schnellaufenden Wasserturbinen, 
Wasserkraft u. Wasserwirtschaft 1940, p. 1. 


176 


As already pointed out, the greatest danger of cavitation arises in the flow sur- 
faces near the rim, where the highest peripheral velocities are encountered, and 
consequently also the highest relative velocities of the water flow along the blade. 
We restrict, therefore, our control to these sections, in which the water flows 
approximately axially (see e. g. Appendix III). 

Such a developed section is shown in Fig. 102. If we assume a flow between two 
cylindrical surfaces very close to each other, we may after developing the cylindrical 
section consider the fiow to be plane; the water streams through a curved duct, and 
to this flow we can apply the law of constant circulation. The velocity on the central 
stream line of the duct in its outlet cross section is W,, which also appears in the 
velocity diagram. The maximum velocity W2,max will be on the suction side of the 
blade, which is curved at the radius 0,, and between these velocities the following 
relation will hold good: 


a 
Wo, max Cs = Wa (cc + a > (110) 


Further the Bernoulli equation will apply 


W3, max us Pmin _ Wi n Pmean 
2g ji 2g 7 


> 


whence we can determine the pressure reduction Ap on the suction side of the blade 
as compared with the mean pressure pmean in the outlet cross section of the blade, 
i. e. the so-called maximum driving underpressure of the blade. 


Ap _ Pmean—Pmin _ Wimax —W? 


Ah' = = a 

7 ? 2g 

Substituting the appropriate value for W, max - from Equation (110), we further 
obtain 
; ‘ 7 
ov +5 
2 v => 

ns sigh tall 2 (ees) Zi (111) 

Y £ Qv d 


and if we consider half the width of the duct -F to be small in relation to the 
radius of the curvature of the suction side of the blade, gy, and, therefore, neglect 


the square of > , we obtain 


a ag Re (112) 

y 2g Ov 
Since in the cylindrical section we can readily determine the width of the outlet 
cross section of the duct and also the radius of curvature 0, of the suction side of 


12 Lid 


f 
|} 


a 


the blade, we can, according to Equation (112), establish by which value the lowest 
pressure on the blade is lower than the mean pressure at the beginning of the draft 
tube. This is exactly the value 4h’ in Equation (27a) in Chapter V/2 of Part I. It 
is consequently the permissible suction head 


C—C? WÈ a 


— ee — = 4 — —— 
aa in ai am 28 o’ 
and the cavitation coefficient is 
Hpg — H, — H, 2 2 4 
= = ns (6 — cf) + w = 


vv 


We are now interested in the highest value of the cavitation coefficient, i. e. as 
encountered at the maximum flow-rate. We must then calculate with the velocities 
ĉo, Cy and Wwa, which correspond to this maximum flow-rate. 


Example: We have to determine the cavitation coefficient for the runner of 
normal speed which was designed in the last example. We solve the problem on the 
developed section A, — As, on which the highest velocities are encountered as 
well as an approximate axial discharge. 

In this section we measure the width of the duct at the outlet, a = 55 mm, and 
the radius of curvature of the suction side of the blade in the same place, 
Qy»—= 1000 mm. For the conditions of optimum efficiency c, = 0.22, w, = 0.74, 
and if we select the velocity at the end of the draft tube, C, = 1.5 m/sec., its 


specific value will be cy = us a =0.034, and if we further assess the efficiency of 
the draft tube at the value 7; = 0.88, we find: 
ø = 0.88 (0.0485 — 0.0009) + 0.55 aa = 0.072. 


For the maximum flow-rate Qi max = 0.7 m3/sec. we may assume the velocities 
to be approximately higher in the ratio 
the ratio 1.17? = 1.36. Thus we obtain 

c3 = 1.36 - 0.0485 = 0,066, ci = 1.36 - 0.0009 = 0.0012. 
wa = 1.36 - 0.55 = 0.75, 


== 1.17, and their squares higher in 


and hence 


= 
Fig. 101 also shows the cavitation coefficients obtained by measurement (critica 
value — see further); it can be seen that they satisfactorily agree with the calculated 
values. 


178 


11. Strength Control of the Runner Blades 


. As a guide for the selection of the blade thickness when designing the runner 
the following expression’) may serve: 


H 
Za 


= 20B|/2, 


where sz (mm) is the blade thickness, B (m) is the face of the guide wheel, z, the 
number of the runner blades and H the utilized head (m). 

Camerer?) gives the expressions 

Sp = 0.005 D | ad -+ 0.002 m for low-speed turbines, 


2 
s=00] Ð |/ cs + 0.002 m for high-speed turbines. 


The expressions by Camerer resulted from tests carried out on the finished 
runner by a torque acting on the hub and the rim up to permanent distortion. In 
his recalculation of the conditions of the torque acting upon the rim to the condi- 
tions under which the torque rose by the pressure of the water on the blades, he 
assumed that the load on the blade per unit area, was uniform. The test was carried 
out with a runner equipped with blades of a certain shape and this shape is not 
in the giv en expressions. For this reason even these formulas can only serve as an 
approximate guide. 

For the final construction of the runner, however, we often need a more exact 
determination of the stress to which the blades are subjected. 

The following method of strength calculation?) is from the hydraulic point of 
view based upon the assumption that the blade guides the water perfectly. This 
assumption is correct with Francis turbines; if in the layout the angles are exag- 
gerated, this fact must be taken into consideration. 

The moment when the water, passing through the rotating runner duct, acts 
between points / and 2 upon the blade is on the assumption mentioned and given 
according to Equation (18) by the expression 


M; = A E aa RG (113) 


1) Kieswetter: Přednášky o vodních strojích lopatkových (Lectures on Hydraulic Turbo- 
machinery), 1939. 

2) Camerer: Vorlesungen über Wasserkraftmaschinen, Leipzig, 1924, p. 375. 

3) Thomann (Die Wasserturbinen und Turbinenpumpen, Part 2, Stuttgart 1931, p. 123) 
presents a calculation method based upon the assumption that the specific load is uniform 
across the entire blade, which is not in agreement with the actual conditions; moreover, he 
divides the fix-end moment into equal parts for the rim and the hub, which likewise is not 
in agreement with the actual conditions. For this reason, the author presents his own method 
which complies far more with the actual conditions. See also Nechleba: Výpočet pevnosti 
oběžného kola Francisovy turbiny, Strojirenstvi (Strength Calculation of the Francis Tur- 
bine Runner, Mechanical Engineering) 2, 1952, No. 7, p. 292. 
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where q is the volume of water flowing through a runner duct per second, y is the 
specific gravity of the liquid, and g is the gravitational acceleration; R is the radius 
of the point in question in relation to the axis of rotation, Cy the peripheral compo- 
nent of the absolute velocity expressed by its actual value. 

In designing the blade we have divided the turbine space into a series of elemen- 
tary flows. Regardless of the method of establishing the flow field, the distribution 
is such that the flow rate is equal for each elementary flow. Expressed by the pre- 


viously used symbols, the flow-rate for each flow amounts to — (see Fig. 103). 
x 


Fig. 103 Fig. 104 


Fig. 104 indicates a section on the developed cone, containing one blade duct. 
When z, is the number of blades, the duct of each elementary flow has the flow-rate 


Q 


Since the blade sections belong to a certain flow surface, e. g. D — D (Fig. 103), 
we shall consider as the appropriate elementary flow that one which has the central 
flow surface D — D, i. e. the lightly hatched flow in Fig. 103. In this flow, too, one 
blade duct is passed by given quantity g, which applies also to the other flow 
surfaces (C — C, B— B), with the exception of the border surfaces (A — A, 


E — E) where we must take half the quantity passing per second, i. e. 4 i 


To such a runner duct of one elementary flow we shall apply the relation (113). 
Therefore, we determine the central stream line (e. g. by inscribing the circles of 
contact, Fig. 104), and the relation holds good not only between the initial point 
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and the end point of this stream line of the duct, but for any arbitrary pair of points 
within the duct. Therefore, we divide the length of the stream line into a certain 
number of parts, 0 — 1, 1 — 2, etc., whose density will depend on the required 
accuracy. Then we shall apply the above-mentioned relation to all pairs of sub- 
sequent points, which we denote generally by x— y. Since in the layout of the 
biade we calculate as a rule with the specific velocities, we transform the expression 
as follows: 


Mz-y = oe \2¢ H (Rz cux — Ry Cuy) . (114) 


Thus, we can determine the moment when the water passing through the part 
x — y develops, because for each point of the stream line we can readily determine 
the peripheral as well as the meridional velocity; knowing the inclination of the 
relative velocity, given by the inclination of the tangent to the stream line in the 
respective point, we can for each point of the stream line draw the complete velo- 
city triangle and thus determine the component cu. 

On the assumption of sufficiently small parts x — y — .. we may divide the 
value thus obtained by the mean radius of the part 


Re+ Ri 
2 


and obtain the peripheral force Pu, which the water in this part — with the point of 
application at the radius Rz., — develops 


Mz-y Q Y yr Re eux —Ry Cu,y 
= 2 — + |2g 2 — 
Rey X2 g l 4 Rz + Ry 


This peripheral force is a component of the force with which in the part x — y 
the pressure of the water acts upon the blade. Since the pressure of the liquid (if 
we neglect the friction in streaming) acts perpendicularly to the wall, the total 
force Pz-y must be perpendicular to the blade, and consequently also to the stream 
line in the part x — y. Based on this circumstance, we determine this force graphi- 
cally, see Fig. 104. 

In this way we proceed in all parts and by graphical composition of these forces 
we obtain the magnitude, direction and position of the resultant force P on the 
entire blade in the investigated elementary flow, and then we also know its point 
of application on the stream line. 

In this procedure the velocity triangles in the initial and end points of the duct 
will be congruent with the triangles of the velocity diagrams of the corresponding 
elementary turbine. If, however, we have employed an exaggeration of the angles 
for the layout of the blades, we can now eliminate exaggeration and adjust the 
triangles to the theoretical diagram without angle exaggeration, which in fact holds 
good for the motion of the water as a whole. 

The obtained resultant P we now resolve again into the peripheral direction—the 
component Pa, and into the radial direction — the component Pp, which is the 
component in the meridional! plane. 


Rz-y = 


(115) 


Pu z-y = 
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The components determined in this way on the individual flow surfaces we 
draw into the circular projection of the blade. The components Py will act perpen- 
dicularly to the picture plane, whilst the components Pp wilblie in the picture plane 
and act in the direction of the tangents to the traces of the flow surfaces (see Fig. 
103), Thus we have obtained rather a true picture of the load acting upon the blade. 

Now we can set about calculeting actual strength conditions. We must take into 
account that the blade is fixed into the hub as well as into the rim. But the blade is 
not generally supported in the rim, for under the influence of the peripheral forces 
the rim may be shifted in the peripheral direction, under the influence of the forces 
in the meridional planes it may be 
shifted axially (low-speed runners, 
where this is not the case, will be 
mentioned later), the angle of fixing, 
however, does not change. Conse- 
quently we have acase of stress condi- 
tions as diagramatically indicated in 
Fig. 105. 

For the solution of this case we use 
the relation for the angle of the deflec- 
tion line’) 

Fig. 105 = AEE 

g dp = dx EF’ 
from which results by integrating, on the assumption that the moment of inertia F 
is constant across the entire length of the beam, 


[mM dx _ moment area 
C= -EF = <r > (116) 


because the integral represents the area of the moment when we draw the progress 
of the moment above the length of the beam (see Fig. 106). This area is here re- 
presented by a cantilever, acted upon by individual loads. 

Since in the case of the rim the angle does not change, for x = /, there must be 
y = 0, and consequently the sum of the moment areas, above the entire length of 
the beam, must equal zero. 

The procedure will therefore be as follows: We determine the moment curve of 
the considered beam without regard to the fixing on its outer end, i. e. as if it were 
a cantilever. Then we divide the moment area by a line parallel to the axis of the 
beam so as to obtain the hatched areas of equal size in Fig. 107. The ordinates in 
the hatched areas then define the moments in the individual points of the beam for 
fixing on both ends; the extreme values My and My are the fix-end moments in 
the rim and in the hub respectively, because the sum of the moment areas for 
x = 0 and x =/ equals zero, and consequently the condition is satisfied that the 


1) Technický průvodce — pružnost (Technical Guide — Strength of Materials, Prague 
CMT 1944, p. 46. 
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deflection line does not change its inclination at these points subsequent to distor- 
ie these considerations we have assumed a straight beam. In our case, however, 
concerning the runner blade, the centre line of the beam ~ given as the locus of the 
centres of gravity of the blade cross sections in the individual flow sections — is 
curved, The curvature is spatial; in the peripheral direction it is on the whole 
small, because the outlet edge of the blade is usually in the meridional plane, and, 
therefore, also the locus of the centres of gravity and of the points of application 
of the forces will not depart too much from the meridional plane. The curvature 


Fig. 106 Fig. 107 


in the meridional plane, however, must be taken into account when determining 
the bending moments of the individual forces. We must establish their progress 
along the line of the centres of gravity of the beam. 

For this purpose — see Fig. 108 — we determine the progress of the locus of the 
centres of gravity T— T, and the length of this curve we divide into a convenient 
number of parts, 0 — 1, 1 — 2, etc., according to the accuracy required. To each 
individual point we determine the moments of all forces which must be taken into 
account for the respective point, the arm pp of the force Pp being measured nor- 
mally to the direction of this force, and the arm pu of the force Py normally to the 
axis of the cross section passing through the given point. Then we rectify the curve 
T — T, and by tracing out the moments obtained in this way from the correspond- 
ing points of the rectified line, separately for the forces Pu and separately for the 
forces Pp, we arrive at moment pictures resembling those in Fig. 106, in which in 
the same way as in Fig. 107, we determine the fix-end moments in the hub and in 
the rim. (This procedure involves a certain inaccuracy as the moment of inertia is 
not constant across the entire length of the blade.) 
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If we know the fix-end moments, we thus also know the moments in any arbitrary 
point of the blade and consequently we can determine for any point the stress in 
the blade 3 our greatest interest will be directed to the extteme values, i. e., those 
appertaining to the places of the fixing of the blade into the hub and into the rim. 
Since the procedure is the same for the cross section at the hub as for the cross 
section at the rim, we shall in our further considerations deal only with the cross 
section at the hub. 


Fig. 108 Fig. 109 


The bending moments of the forces Pp act in the meridional plane, so that the 
fix-end moment, too, resulting from these forces, will be in the meridional plane. 
The vector by which we represent it in the developed conical section of the blade 
ici nt be perpendicular to the radius (to the trace of the meridional 
plane). 

The bending moments of the forces Py act in the plane normal to the meridional 
plane (the forces act in the peripheral direction), and the vector expressing the 
fix-end moment of these forces will be in the direction of the radius. By geometrical 
addition of these vectors we obtain the resultant vector My. We project it into the 
neutral axis N — N of the minimum resistance moment of the blade and obtain 
the vector My (see Fig. 109) of the moment by which the blade is deflected in the 
plane normal to the axis of the minimum resistance moment Wmin. Bending stress, 
therefore, is 

gy =M (117 
. Wmi n s ) 
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The bending stress resulting from the deflection in the plane normal to the axis 
of the maximum resistance moment need not be determined as it will obviously be 
negligible. 

It will be, however, more useful, to determine the tensile stress from the total 
of the components of the forces Pp normal to the plane of intersection of the blade 
with the hub; this stress is added to the stress og. Similarly, we may also determine 
the shearing stress from the total of the forces Py and the total of the components 
of the forces Pp parallel to the plane of 
intersection of the blade with the hub. 
These two shearing stresses are normal 
to each other and added geometrically. 

These three mentioned stresses, i. e. the 
tensile stress and both shearing stresses, 
do not come into consideration in the 
cross section of fixing into the rim, as in 
the rim no reactions are encountered. In 
this cross section there will only be the 
bending stress, which we determine by 
the same procedure as for the cross sec- 
tion of the fixing into the hub. 

Here it must be noted that in narrow 
radial-flow runners, as employed at low 
specific speeds (see Fig. 110), the rim will 
be able to take up the reactions upon the 
forces Pp, which here act for the greater 
part in the radial direction, so that by Fig. 110 
acting upon the rim they counterbalance 
one another. For the determination of the fix-end moment resulting from these 
forces the diagram in Fig. 110 will apply, the solution of which is not difficult’). 
The determination of the fix-end moment from the forces Py will be the same as 
before. 

Example: We are going to demostrate the procedure on a runner of normal 
speed, as designed previously. Appendix III shows the drawing of the runner. 
Appendix V contains the corresponding velocity diagrams for the optimum design 
efficiencies (i. e. those considered in the layout), i. e. for 7; = 65.5 r. p. m. and for 
Qi = 0.6 m/sec. 

The procedure, which, of course, must be carried out on all flow surfaces, will 
be described on two of them which are shown in Appendix IV. Into the ducts 
which appear here the central stream lines are drawn. Their lengths are divided by 
a few points, to which, according to the previously given principles, the velocity 
triangles are drawn (the value cm and the direction of the velocity w are known); 


7 ; 1 
1) The fix-end moment (for 1 load Py in the centre) is ...My = = 


průvodce ~ pružnost (Technical Guide — Strength of Materials), Prague, CMT 1944, p. 87. 


Ppl ..., see: Techn, 
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here we assume that the meridional velocity changes linearly from the inlet value 
to the outlet value, i. e. we neglect the influence of the yi nee thickness of the 
blades. 

From the velocity triangles we then determine the peripheral components of the 
forces; e. g. between the inlet and the adjacent dividing point it holds good (we 
substitute 0/8 as a border surface is concerned) 


vV2¢H 
M = E aA (R; Cue — R cy) = 
1175 - 44.3 
=F gps j} (0-551 0.619 — 0.451 - 0.35) = 57.2 kgm , 
and since 
Sires Sic, 
2 
there is 
57.2 
“= peor e 


This force is marked oui in the central point of the part, and the magnitude of the 
total force normal to the central stream line is determined graphically. Similarly 
we proceed in the following parts, and the forces are then graphically composed 
into the resultant, as shown in Appendix IV. 

The resultant Py = 430 kg is again resolved into the peripheral component 
Py,» = 280 kg and the component in the flow surface Pp,» = 320 kg. In this way 
we have proceeded in all flow sections and the components of the resultant forces 
have then been transferred into the circular projection (see Appendix III.) The 
points of application of the forces can be connected by a continuous line P. In this 
projection also the centre of gravity line T is drawn as the connecting line of the 
centres of gravity of the blade cross sections in the developed sections of the indi- 
vidual flow surfaces. 

The centre of gravity curve is further divided by a number of points a, b, c, d, 
to which the moments are determined according to the following table. 

The moments of the peripheral components of the forces were then separately 
marked out above the rectified centre of gravity curve T. Similarly, also the moments 
of the meridional components and the fix-end moments in the hub and in the rim 
were then determined by the previously decribed method, as evident in Appendix 
III. 

We compose the fix-end moments and project the resultant moment into the 
neutral axis of the smaller moment of inertia, as indicated in Fig. 11la for the 
fix-end moment in the hub, and in Fig. 1116 for the fix-end moment in the rim. 
The component of the fix-end moment in the hub which deflects the blade is 
Mo = 26,750 kgcm for the smaller moment of inertia. 
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Moments | Moments ofthe forces | Moments of the forces 
p in the hub P,, at the points Pp to the points 


em | Myu | M; 
| kg cm ketm 


b 


43.2|325.—| 16.1} 7440 | 5240 | 5160} 3970/2890/1340 5400 


40.7|710.—| 12.2}15850 | 8660 |11500) 4760) 546 
| E 


315 Pe] 7.8|15120 | 4920 |10800 


12.4/600.—| 9.5| 6450 | 5700 | 1660 


| 0.-(320.— 0. of o| — 


2M,, = 44860 — |29120/18290|8322|1886| — 


2X My = 24520 20010) 15590 8850/2080 


The appropriate moment of the resistance of the blade cross section in the place 
of the fixing into the hub was graphically determined as equalling the value 
W = 11.22 cm, and the area of the cross section as being f = 51 cm?. 

The bending stress in the blade in the place of its fixing into the hub, acting in 
26,750 f. . 
n2 2190 kg/cm*. 

We further can determine the shearing stress from the forces Py, all of which 
act parallel to the plane of shearing 


the fibre subjected to tension, therefore is og = 


Tu = —— = —— = 360 kg/cm? . 


Similarly we can also find the shearing stress from the forces Pp parallel to the 
plane of shearing 


which evidently may be neglected, and further the tensile stress in the blade from 
the forces Py acting perpendicularly to the stressed cross section 
1665 


Og = c Ty = S20 kg/cm? . 


The maximum total of the tensile stresses therefore is 
2 o; = 2190 + 32.6 = 2222.6 kg/cm?. 
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At the place of its fixing into the rim, the blade is only subjected to bending 
stress. As follows from Fig. 111b, the appropriate bending moment is My = 
= 18,000 kgcm, and the resistance moment has again beer! graphically determined 
as W = 15.3 cm’, The maximum bending stress therefore is 


18 000 
Oo = ESA Sre 1176 kg/cm? . 


\ 


1 
pend 


pil 
Oe 


Fig. 111 


These values have been determined for a head H = 100 m and for a unit flow- 
rate O; = 0.6 m/sec. For the maximum flow-rate we may calculate with a stress 
increased proportionally to the augmentation of the flow-rate (the driving moment 
varies proportionally to the flow-rate variation). Consequently, at the maximum 
unit flow-rate QO} max = 0,7 m/sec. will hold good: 


Sa = it 2616 = 2930 kg/cm?. 
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Permissible stress may be selected up to 3000 kg/cm? for stainless steel,') as 
employed with regard to cavitation (static tensile strength 7000 to 8000 kg/cm*), and 
between 1600 and 1800 kg/cm? for ordinary cast steel. These are the approximate 
values of permanent strength under alternating stress; this does not mean that the 
blade is actually subjected to alternating forces, but, nevertheless, we must reckon 
with certain variations of the stresses (turbulence of the flow, cavitation, irregular- 
ities in the supply line), and we must also bear in mind that on stopping the open 
turbine, or on suddenly opening the guide apparatus on the resting runner, the 
moment and, thus, also the stress acting upon the blade would rise to about double 
the normal value. 


12. Hydraulic Load of the Runner 


By the hydraulic load or hydraulic tension of the runner we mean the axial force 
with which the water pressure acts upon the runner, i. e. upon the runner blades 
and the hub and rim of the runner. 

This hydraulic load represents the main part of the axial force on the shaft of the 
set, which the thrust bearing must hold up (see Part 3, B, where also the other com- 
ponents of the axial force are enumerated). This load must therefore be determined 
in the design. 

If we know from the strength calculation of the runner the meridional compo- 
nents of the forces Pp on the individual flow surfaces (see Fig. 103), the total of 
their axial components multiplied by the number of blades immediately gives the 
axial force S, which the water develops upon the blades. 

To this force we must add the further forces with which the water acts upon the 
hub and rim of the runner. The hub is acted upon, on one hand, by the water 
pressure from the side of the space of the blades on the annulus (see Fig, 103) 


+ (D2, — D};) — in the direction against the axial components of the forces 
Pp- and, on the other hand, by the water pressure between the hub and the lid 
on the annulus ... = (D? , — d*), where d = 2 Ra is the shaft diameter in the 


stuffing box. The rim is similarly acted upon by the water pressure from the side 
M1 4 
4 


in the space between the rim and the bottom lid on the annulus > D? .— Di,). 


Apart from this, there is an action against the axial components of the forces Pp, 
developed by the force resulting from the meridional deflection of the water (from 
the radial to the axial direction, according to the equation defining the variation of 


of the space of the blades on the annulus 


(D? ,— DÌ .) and by the water pressure 


1) The calculation relates to the machine in Appendix X. The relative high stress is per- 
mitted, because the centrifugal forces acting against the radical components of the forces Pp 
and partially relieving the blades, have not been considered in the calculation. 
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the momentum), and the surface of the shaft in the stuffing box is acted upon by 
the overpressure of the atmosphere above the pressure in the draft tube. 

The water pressure in the spaces mentioned, i. e., in front of the inlet into the 
runner (between the guide apparatus and the runner), between the hub and the 
top lid, and between the rim of the runner and the bottom lid, is not the same (this 
pressure is a function of the distance from the axis of rotation), and therefore we 
first determine the distribution of the pressure across the individual spaces. 

In the spaces in front of the runner, the water flows between parallel walls 
without releasing any energy, and, therefore, Equations (68) and (69) apply here 

r Cy = const. r Cm = const. 


By squaring and adding both equations we obtain 
r° (Cù + C2) = r? C? = const., 
and after extracting the square root the following holds good: 
r C = const. (118) 


Immediately in front of the inlet edge of the runner, at the radius R,, the 
absolute velocity of the water has the value Cp; the velocity in the space in front of 
the runner in a point at an arbitrary radius R > R, will be 


= Rı 
C=C p: (119) 


If we use for this space the Bernoulli equation and if we designate the pressure 
closely in front of the inlet into the runner by Hp, pressure Hy p at the radius R 


Ubay E RAD 
Hp,R T 2g pT g 3 
and hence 
l ik R, \’ 
Hon = Hy + z> (C—C?) = Hp + s[i- () |. ao 


We know the difference between the pressure Hp immediately in front of the 
runner and the pressure Po at the back of the runner blades, at the beginning of 


the draft tube; this is the so-called overpressure of the runner, which according 
to Equation (67), equals 
2 eee (121) 
y 2g 


The pressure at the beginning of the draft tube, Pa we take as the reference 
zero pressure. Then the following holds good: 
Co 
2¢ * 
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and by substitution into Equation (120), we consequently obtain the pressure in the 
space in front of the runner, at an arbitrary radius R 
2 
pS ROE 
Hye 1G — Zg Zg 


R 


Hya =H E — (ayy. (122) 


Equation (122) is the equation of a paraboloid of revolution with its axis in the 
axis of the runner. The pressure in the space in front of the runner, resolved 


m 
according to the law just derived, acts on the annulus - at (D?, — Dj,), maybe on 
the annulus = (D? ,— D?,,). With regard to the small difference between diameters 


D; and Dia as well as between Ds,e and D,,- respectively, as employed in the 


practical design, we make no serious error if we assume the pressure to be constant 


di Rs, + Ris 
on the entire annulus and equal to the pressure at the mean radius — ans 


R R 
or maybe e Ens + sE 

The corresponding mean pressures we designate by Hp and Hp,e respectively, 
and obtain 


2 4 Ri. | ‘ 
jan wat E ii Rt Ra 
and 

4 Ri. 
(Rs,e F Ry,e) i 
By multiplying the pressures we thus get the force acting upon the annulus of 
the disc (hub) 
4R, | 


(Rs,e+ Ria? 


Hye =H [2 — Coe 


Spt = + (Di. — Dia) 7 H [a = Cot 
and upon the annulus of the rim (123) 
T 2 2 2 2 4 Ri. 
Spe = Dra — Did p H 14 — Cos TR eR, FL 


In the space between the hub of the runner and the top lid, or between the rim 
of the runner and the bottom lid, the water is in rotary motion. Firstly, the water 
entering these spaces through the sealing gap has a certain rotational component 


191 


from the guide apparatus, but the main rotation results from the friction against 
the rotating disc or rim. However, its motion is retarded by the friction against 
the lid. For this reason, the water rotates, as has also been shown by experiments’), 
at half the angular velocity of the runner. Since the radial velocity is insignificant 
in comparison with the peripheral velocity, we may neglect it and consider only the 
purely rotatory motion. The pressure difference (in metres of water column) 
between two places at radii R, and R, or the peripheral velocities U, and U,, is then 
defined by the expression (see Fig. 29): 
UÎ— U} Or oo. i 
h —hy = = == Bp eRe 

Hence the pressure difference between the places at the diameter D;;, where the 
water enters the space under the top lid, and the places at the diameter Dy (radius 
Ro), where the water discharges from it through the relief openings o into the draft 


tube (w’ of the water = + w of the runner), equals 
BY 
hy —h = ee (Ris — Re 


From the side of the space of the blades, there is a pressure difference equal- 
ling the overpressure of the runner between the same places, increased by the 
pressure difference MAp that exists between the gap and the inlet edge of the blade 
(whilst as to the openings o we assume that they are close to the back of the 
outlet edge), according to Equation (122): 


2 Rı : 
hy + Ahy = H Ci = Ge R = . 
8, 


These differences on both sides of the disc cannot be the same, because between 
them there must be a pressure difference for pressing the water through the gap 
at the diameter D;,; and the openings o, and here the continuity equation must be 
satisfied for the quantity Qs flowing through these cross sections: 


Q; = ts fs 2g hs = mfo 2g ho» (124) 


where xs and #o denote the discharge coefficients of the gap and of the relief 
openings respectively, and these can be taken according to Oesterlen*) as us = 0.5 
to 0.6 for the gap, and “4 = 0.45 for the circular openings; fs denotes the through- 
flow cross section of the gap, fs = æ Ds s (where s is the width of the gap), and fọ 
is the through-flow cross section of all relief openings, hs the head in the gap, 


1) Oesterlen in Dubbel’s Handbook: Taschenbuch fiir den Maschinenbau, Part II, Berlin 
1943, p. 253. 

i) See the foregoing reference and also Hýbl: Vodni motory (Hydraulic Motors), Part 2, 
Prague, CMT, 1924, p. 141; when using labyrinths, see p. 241. 


192 


and hp the head in the openings o required for forcing the quantity (flow-rate) Os 
through them. Further it holds good that: 


hy +A hy = hi — h, + hs + hy = 
R, ï] (125) 
TEU YP 


From Equations (124) and (125) we eliminate hs; from Equation (124) results 
that 


2 2 
= e (Ris— Ro) + hs + ho = H E — Coat ( 


which, when substituted into Equation (125), leads to p 
o rD +h [ia (24) |- [e-a J 
whence i 
nje- (R) -E e 
DELER 


w? R?, wo R ; : of. 
= aoe TN cific peripheral velocities, we can 
Zg H and 2gH e spe perip 


RN u, — us 
[6-4 & la P 
s,i 
- Ho fo ; 
1+ (8) 
al Us fs 
The pressure in any place (at any radius) in the space above the runner disc is, 
therefore, 


If we substitute for 


write 


h= 


w? e PR 
hr =h + — (R — RÌ) = —, 
R 0 az 0 y 


and hence the differential of the axial force acting upon the disc of the runner on 
the annulus of the very small width dR with the general radius R, may be expressed 
as 

dS; = 27 R -dR -p =27 R- dR -hry =2ayRdR [r = = (x*—rs) |. 
Hence we obtain for the force S; acting upon the entire disc with the outer radius 
Ry and the inner radius Rg, where Rg is the radius of the shaft in the stuffing box, 
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up to which the pressure acts upon the disc and which in general differs from the 
radius of the relief openings Ry: 


pr a Bet aa PH 
S=2a7 | hR- += f R'-dR— £- Rè f RaR}, 
li a noa 


which after integration and a small adjustment leads to 
w? R? p : w? 
Si=ay (w — SE) (Ru — Ri) +27 (Ruri), 


and hence 


w? Ri 


2 2 w? 2 
i =Y (r: = r) [n — 8g -}- Teg (r, + r) | (126) 


If we introduce again the specific velocities and substitute them for h,, we finally 


obtain 
a dees ) ur, — ua i 
Ci — Co, (ut == ee Ot eee 
Sj = y Ax (Ri, rome R) Rss. í 4 + tsi 2 Mo: pak, Ua 
1s pa) : 
= us fs i 


(126a) 

The same expression also applies for the force acting upon the rim. Since, 

however, instead of the relief openings there is a second gap, so that the pitch 

diameter Rọ of the relief openings is identical with inner diameter of the loaded 
surface, we may put 


Ry = Ra = SM = Rys 


(Fig. 103), so that 


Ss =y Ha (Rt, — Rt) ane oe 
‘ 14 (Hha) 8 


Hs Í. 8 = 
(127) 
This force may act in a direction from the draft tube (when R;.-> Rs,s) or in 
a direction to the draft tube (when the relation is inverse). 

A further component of hydraulic load is — as has been mentioned — the force 
from the meridional change of the flow direction, Sm, which we readily determine 
from the theorem of momentum by means of Equation (11), which in our notation 
reads 


Sm 37 2y (0 = Cs) > 
ò 


(128) 


where C; is the axial component of the velocity at the inlet into the draft tube and O 
the flow-rate of the turbine. As it is evident from the sign, this force is always 
directed from the draft tube and relieves the runner. It is not effective in its full 
magnitude when the meridional deflection of the water flow is partly enforced by 
the fixed parts of the turbine (e. g. the top lid, see Fig. 103). 


The last component, which, however may be neglected, results from overpres- 
sure of the atmosphere against the pressure in the draft tube Ps and acts upon the 


cross section of the shaft in the stuffing box. Since according to Equation (26) it 
holds good that 


Paer: 


Ci— CÌ 
a E ame Gs 


~ = Hp —H;—vH, 
2g 


j A aar; 
the overpressure acting upon the cross section of the shaft S is 


MA U brs 
A 


and hence the force acts upon the shaft in the direction into the draft tube and 
equals 


x= a d?y (Hs +» H). (129) 


The total hydraulic tension, if we retain the validity of the signs in the formular 
of the components, is then: 


SSO 26,5 Set GSS, SoS (130) 


In this case we have made use of reference data from the hydraulic layout of the 
runner (the velocity in front of the inlet to the blade Cp, or cy) and from the strength 
calculation (determination of the axial force acting upon the blades) for the deter- 
mination of the axial force acting upon the runner blades. These data are not always 
at the designer’s disposal. 

In such a case, the designer determines velocity cy, or maybe Cp, from the dis- 
charge velocity from the guide apparatus, C’. This velocity C’ we determine most 
conveniently by projecting the meridional velocities at the outlet edge of the guide 


apparatus into the direction of the outlet edge of the guide blade, C’ = oe å 
whereupon from velocity C’ we can determine velocity C, with sufficient accuracy 
by applying the relation (118), C, Rọ = C’ R’. 
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The axial component of the force acting upon the blades, we may then approxi- 
mately replace by the force with which the overpressure of the water acts on the 
annulus defined by the projection of the inlet edge, because this overpressure 
(directed against the pressure in the draft tube) is brought about by the components 
of the hydraulic forces Pp which act upon the blades, as is clearly evident from the 
calculation of the forces acting upon the blade ofa propeller turbine (2/A, Chap. I/1). 
Hence we may approximately write 


T T 
Ss; = Ai (Die — Dia) y hp = g Pie —Di 9y H (i — o). 
We see that we may also write with sufficient accuracy 


Sy — Spt +HSp,e = D? — D?,) y H (ce? — e), (131) 


= ¢ 
and determine the other components the same way as before. 

The result will not be entirely the same as that of the first method, as may be 
readily shown by means of the example of the low-speed runner in Fig. 110. If this 
runner has the sealing gaps at the same diameters Ds, = Ds,s, as indicated, the 
load resulting from the forces acting upon the blade will equal zero, when calculated 
by the second method; and hydraulic load will show only the components Si 
Sm, Sn, because Ss is in this case counterbalanced. The first method, however, 
leads to a certain, though small, force from the pressures upon the blades. 

Since all components of hydraulic load are proportional to the head H (with 
the exception of the force with which the atmospheric pressure acts upon the shaft 
and to the squares of the diameters, we can write 


S=kH DE, (132) 


which consequently is the law of model similarity of geometrically similar machines. 
This, however, assumes an exact geometrical similarity also of the labyrinths and 
the relief openings, because their arrangement exerts a great influence upon the 
hydraulic load. 

For an approximate determination of hydraulic tension (provisionally), the ex- 
pression (132) may be employed, & having the approximate value!) k = ns. H as 
well as D are expressed in metres, D being the maximum diameter of the inlet 
edge. 

Soviet literature”) in expression (132) gives the following values: 


ns 100 130 160 200 300 400 
k 60 85 115 150 300 500 


To determine the runner weight, a guide is given for ns = 150 to 400 by the ex- 
pression G = 110° D, (kg). 


1) According to Braun in Hütte II, 1936, p. 605. 
2} Mashinostroyeniye, tom 12, Gosudarstvennoye nautchnotekhnicheskoye izdatelstvo, 
Moskva 1948, p. 299 = 
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According to other sources") it applies 


D; 


S=K = H, (133) 


where 
: K =m + 50, 


H and Ds are again expressed in metres, but Ds is the outlet diameter of the 
runner. This information is based on measurements carried out up to ms = 400. 

The last fraction in brackets in Equation (126a) and (127) expresses the influence 
of the rotation of the water in the space outside the runner. From its positive value 
in the expression (126a) it can be seen that the rotation of the water increases the 
hydraulic load. If this rotation were prevented, these terms would disappear 
(the peripheral velocities denote, it is true, the velocities of the runner, but they 
are in the expr ession due to our assumption that the angular velocity of the rotation 
of the water is half the angular velocity of the runner; if the water did not rotate, 
the numerator would assume an infinite value). 

For this reason, the top lid in the past was equipped with ribs to prevent the 
rotation of the water. In order to actually achieve this purpose, the ribs had to be 
extended until very near the disc of the runner, which was rather difficult from the 
constructional point of view. In addition, the water whirls behind the ribs represent 
losses. These ribs are therefore no longer used. 

In order to increase the last term in the fraction mentioned — 2 tto, the relief 
openings must be made at the largest possible radius, i. e. closely behind the runner 
blades. They should be in the axial direction because if they were inclined to the 
axis of rotation, they would act as a pump (the water in them has the full velocity 
of the disc!) and thus increase the pressure between the runner and the lid. For 
this reason, particularly in low-speed runners, the relief openings in the runner are 
replaced by a by-pass relief piping into the draft tube (see Fig. 36) and the mouth 
in the space under the lid is then arranged at the largest possible radius. 


Example: We want to determine the hydraulic load of the runner in Appen- 
dix III for the values as will be given in the course of calculation. 


1. S,: The axial load of one blade equals the total of the axial components of the 
forces Ps and Pp, which amounts to 


X P; = 115 + 420 + 625 + 710 + 315 = 2185 kg 
and hence for the blade number z, = 17, there is 
S, = 17-2185 = 37,100 kg. 
4Ri. | 


7T a 2 2 2 A 
pA Spi = En (Di: — Didy H [e — Chi (Rei + Ria? 


1) Casacci & Jarriaud: Mesure des poussées hydrauliques des turbines Francis à axe 
vertical, La Houille Blanche 1950, p. 326. 
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here is 
Dsi = 960 mm, Dii = 940 mm, Rs = 480 mm, Ry — 470 mm; 


ci = 0.98, c = 0.96, co = 0.65 (according to Enclosure V); 65.4. = 0.42, 
so that l 


H [e—a Ronit | = 100 fo 96 +0,42 4 02 
" (Rsi + Ria) i i 0.9 = 35m 
and 
T 
Spi = ZE (0.92 — 0.89) - 1000 - 55 = 1300 kg. 
3. Sr = (D= Di) y H E =a eri 
4 ji z L (Rse + Rie’ 
Ds,e = 1330 mm, Dy. = 1250 mm, Rs,¢ = 665 mm, Ri. = 625 mm; 
c = 0.96, coe = 0.7, Coe = 0.49, 
H-[...] = 100- (0.96 — 0.49 <=) Sa 
and hence 


7 
Spe = | (1.77 — 1.57) - 1000 - 47 = 7380 kg. 


r R 2 TiS 
G — a, ( a ) E ur ug 
si 
a (22) E 

i Hs fs 


4 S:=y Ha (R?,— R) 


2 2 2 
Usi — 2 Up + Uy 


3 8 


The disc of the runner is sealed with an axial gap of a radius Rpg = 
A 480 
a width s = 0,5 mm. Hence there is e mm ayd 


fs =27 Rsi s =2 m- 48 -0.05 = 15.1 cm, us = 0.5. 


ai are 6 relief openings of 60 mm diameter at a pitch radius of 225 mm. There- 
re, 


fy = 6 : 28.4 = 170 cm’, Hg = 0.45, 
and hence 


Bi 
1+ (4) = 1+ 10.2? = 141. 


We further determine usi = 0.594; ug = 0.278 
a, RG V u — us ( 0.47 i 0.35 — 0.078 
Ci CO. (a = ga = 0.96 -j 0.42 048 — = = 
= 0.49, 
0.49 


= 0.00347. 


The second fraction in the brackets has the value (the diameter of the shaft in the 
stuffing box is d = 300 mm, hence ug = 0.186) 


Ba 2G +e _ O95 —2-0.08 +0034 _ 9 pas 
8 3 P 


The total expression in the brackets therefore equals 0.0035 + 0.028 = 0.032. 
The expression in front of the brackets is 


z (R?, — RẸ) y H = x (0.48? — 0.15°) - 1000 - 100 = 60,000 kg, 
and hence 


and hence the first term in the brackets has the value of 


S; = 60 000 - 0.032 = 1920 kg. 
5. Ss = (127) 


The first sealing slot is at the radius Rse = 665 mm, its width 1 mm; the second 
is at the radius R;,—= 685 mm, its width 1.5 mm. There will be 


fss = 2% Rss = 277 - 68.5 + 0.15 = 64.6 cm®, #ss = Hs = 0.5. 
fs = 2:76 Res =22z:665:°0,1 = 41.7 cm?. 
The denominator in brackets in Equation (127) has therefore the value 


2 
1+ (45) a3 


Again we find 
Use = 0,823: uss = 0.847 
and the numerator of the first fraction in brackets is 


0.625\* 0.68 — 0.72 
0.96 — 0.49 (a) — 7 ee 0.96 — 0.434 + 0.01 = 0.54 
and hence the first fraction in brackets has the value 
0.54 
30 7 0.158. 


The second fraction is 


0.68 — 0.72 _ 
8 


= — 0.005, 


and hence the total expression in brackets 0.158 — 0 005 i 
r -158 — 0.005 = 0.153. Th 
in front of the brackets is = (0.6652 — 0.685?) - 1000 - 100 = — 8800 es and heie 


Ss = — 8800 - 0.153 = — 1350 kg. 


A Spe E E E 
E g Cı 58] 0.72 = — 690 kg, 
because 
9.4 
C; = = ion = 0.72 m/sec. 
So that 


S = 37,100 — 1300 + 7380 + 1920 + 1350 — 690 — 45,760 kg. 
For comparison with the second calculating method let us replace 


Si — Spt + Spe = -F (Di. — D3) H (e — a), 


and substitute here 
ave Cot + Coe 0.65 ob 0.7 
 Bieetic - = — 
2 2 
so that the previously given expression equals 


= 0.675, 


T pA 
FE (1.33? — 0.96°) - 1000 - 100 - (0.96 — 0.46) = 33,400 kg, 
hence 
S = 33,400 -+- 1920 + 1350 — 690 = 36,000 kg. 


This agreement is apparently not quite satisfactory. 

The load has been calculated for the flow-rate of optimum efficiency, for 
which the velocity diagrams and the forces acting upon the blades were known “For 
the full flow-rate we may calculate with a load increased proportionally to the 
augmentation of the unit through-flow. (See also example p, 245.) 


II. DESIGN OF THE GUIDE WHEEL 


1. Hydraulic Design of the Guide Wheel 


As already pointed out in the first chapter, adjustable guide blades i 
type are almost exclusively used at present for the ehd of the eta 

The purpose of the guide blades is to supply the water to the runner at a certain 
velocity and in a certain direction in such a way that these values are the same for 
the entire circumference, It follows from this that only the discharge part of the 
guide blade is of importance, whilst from its other parts only the prevention of 
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superfluous losses is required. For this reason it is not necessary in turbines O: 
different sizes to have the same number of blades as in the model. On the contrary, 
it is advantageous to select for larger turbines a greater number of guide blades, 
which are then shorter (their length is given by the requirement of mutual over- 
lapping and thus cutting off the through-flow in their closed position), and also 
the pitch diameter of the pivots and hence the outer diameter of the turbine will be 
smaller. For selecting the number of the guide blades, the following approximate 
formula may be used 


Pap + (D +406, (134) 


where D’ is the diameter of the outlet edges of the guide blades at full opening 
in mm. 

The magnitude of this diameter has already been dealt with before. For low- 
speed turbines it is somewhat larger, by 40 to 100 mm, than the inlet diameter of 
the runner; in turbines of normal speed, the outlet edge is laid (measured radially) 
about into the places where the meridional curvature of the outer contour begins; 
for high-speed turbines we select the diameter D’ as approximately equal to the 
outer diameter of the inlet edge of the runner, and in this case we locate the pivots 
of the blades at the beginning of the meridional curvature of the outer contour of 
the turbine space. The number of guide blades is always selected so as to differ 
from the number of the runner blades in order to prevent periodical flow-rate 
variations when the runner blades pass over the guide blades. 

When we change the number of guide blades with the turbine diameter changes, 
we observe the rule, that at the opening corresponding to the optimum efficiency 
the diameter of the outlet edges of the guide wheel should agree with the geometric 
enlargement of the model turbine, and at the same time the outlet angle of the guide 
blades should also be maintained. In this case, the discharge conditions of the 
guide apparatus at this opening will be in full agreement with those of the model 
turbine, and hence also the efficiencies will be in agreement. At other openings 
this agreement will not be encountered, but the efficiency differences will not be 
considerable. 

We have shown that, as far as the guide blades are concerned, the main import- 
ance is the correct design of the outlet blade angle, which must correspond to the 
velocity diagram. We design this angle for the flow-rate appertaining to the opti- 
mum efficiency, and for practical reasons for the maximum flow-rate, too. The 
angle of the outlet part — of the centre line of the blade — in the one-dimensional 
solution is given by the meridional velocity at the outlet edge of the guide blade 


= erate ese - 
z D' B' |/2 g H 
and by the peripheral component 
c! = Cu,o Lal 
u Ri DE > 


so that 


As to the meridional velocity, we must here take into account the restriction of the 
outlet cross section due to the thickness of the blade ends by introducing the re- 
striction coefficient 

t t — So 


p = =- 


t > 


so that 
ae ee 
axD'By'\2gH ` 
This correction, by the way, is of minor importance since the blades are turnable 
in any case, and by a slight adjustment the error is adjusted. 

In turbines in which we have taken into account an oblique discharge from the 
guide apparatus, the angle of the outlet end of the guide blade is already deter- 
mined by the runner design. 

In both cases, however, we must bear in mind that the blades must be capable 
of being opened to a greater angle, «/,..., corresponding to the full flow-rate. We 
determine this maximum angle either by laying out the velocity diagram for the 
main flow surface and for the maximum flow-rate (see e. g. Appendix I), or by 
taking dmax = 1.25-«’ „ where a’ , is the angle for the maximum efficiency. 

As far as the remaining part of the blade is concerned, we endeavour to design 
it in such a way that no excessive losses are involved. 

The main rule is to have a constant contraction of the guide duct from the inlet 
to the outlet, and consequently a steady rise of the water velocity, and this at any 
opening. Further, we select a cross section of the guide blade so as to have the least 
possible losses in the water flow. Here, we may advantageously employ air-foil 
profiles.) 

These profiles, in fact, are linked to the assumption of the approach and discharge 
with parallel stream lines, while our case relates to an axially symmetrical flow. We 
can, however, easily alter the shape of the air-foil profile for this flow by conformal 
representation by means of a rectangular network, which in the original picture is 
parallel, whilst in the new picture it is axially symmetrical, as indicated in Fig. 112. 
The axially symmetrical network must have the same ratio of height to width of the 
small “rectangles” formed by the circles and radii as in the original network: 

As illustrated in Fig. 112, the blades may have various curvatures according to 
the way in which the water approaches the guide apparatus. 

If a turbine is in an ordinary pit, the water approaches approximately radially; 
the guide blades will then have the shape as in Fig. 112a; through the influence of 


1) See e. g. Letecký průvodce (Aeronautical Guide), Part 2, Prague, CMT, 1939. 
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this shape of blade the peripheral component of velocity is created, or even 
increased. The inlet end of the blade lies, in this case, as a rule under an angle of 


. from 60° to 70° to the tangent of the circle. If, however, we are dealing with a tur- 


bine to which the water is supplied in a spiral, this in itself creates a peripheral com- 
ponent of velocity, so it may occur that the guide blades must decrease this com- 
ponent, and in this case they are curved in the opposite direction, as indicated in 
Fig. 112b. In spiral turbines the inlet end of the blade is arranged in such a direction 
so as to correspond (at the opening appertaining to the maximum efficiency) to the 
direction of the water approach from the spiral, regardless of the fact whether it 
flows freely from the spiral or the direction has been adjusted by the stay blades 
of the spiral (see Chapter IIT). 

The outlet ends of the blades are always sharpened, either symmetrically, 
towards the centre line under an angle 
of 12° to 20°, or unsymmetrically, 
in such a way that the sharpening 
is made approximately according to 
the circle which passes through the 
outlet edge at the opening for optimum 
efficiency (see Fig. 113). 

The cross section of the blade 
must be of sufficient thickness around 
the pivot, and this thickness must be 
greater when the pivot passes through 
the blade, as it is the case for inter- 
nal regulation. This cross section 
must also be checked with regerd to strength. 

The guide blades are designed individually for each turbine diameter, at least 
as to number of blades, and also their dimensions; that is to say that new strength 
controls are always required. Strength calculation will be presented in Part b. The 
determination of the forces acting upon the blades, however, is based upon the 
principles of hydraulics and, therefore, will be dealt with here. 


Fig. 113 


2. Forces Acting upon the Guide Blade 


It is easier to determine the force acting upon the blades when the blades are in 
a closed position (see Fig. 114). The connecting line of the contact (sealing) points 
of the blade separates from each other spaces, in one of which — outside the guide 
blades — there is a pressure corresponding to the head of the water above the guide 
blades, Hn (Fig. 115), whilst in the other space — inside the blades — there is the 
pressure in front of the runner. 

This pressure in front of the runner may be different under different operating 
conditions; let us investigate three important cases. 

a) We shall assume that the guide blades were closed with the turbine running; 
in this case, the turbine slowing down is still in motion and the draft tube is filled 
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with water. The water in the draft tube devel 


Fig. 114 


ops on the inner side of the guide 


blades a sucking effect by an underpressure which equalls the water column Ha 


(Fig. 115) minus the overpressure of the runner. The relative velocities equal zero, 


and, therefore, this overpressure, according to 


The pressure difference between both considered spaces is therefore given by 
Ui—U; 


U3— U} 
yHn—y (— Hu +H) =e 4 
This overpressure acts upon the connect- 
ing line of the contact points of the blade, 
the length of this line equals the spacing of 
the blades, 1; the resultant force passes 
through the bisecting point of this connect- 
ing line and is perpendicular to the latter. 
The effective surface, acted upon by the 
overpressure, equals + - B, B being the face 
of the guide wheel; consequently, the total 
force R; (Fig. 114) acting upon the blade is 
in this case 


oi Us ) tBy 
28 (135) 
(when all values are expressed in metres, 
m/sec., m/sec., and y = 1000 kg/m*, the 
value of R; will be given in kg). 
The resultant Rz in general will not pass 


through the pivot of the blade. Its perpen- 
dicular distance from it will be xz. In this 


R; = (Ha + Ha— 


Equation (25) is 


(Hn + He— = 


Fig. 115 


E 
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case, the force R; endeavours to rotate the blade with the moment 


Ui— U3 
M, = Reis = Ha E ae t By xz. (136) 


b) When the turbine has stopped, but the draft tube has remained until then 
filled up with water, the overpressure of the runner disappears, and consequently 
the corresponding term in the expression (135), or, as the case may be, in (136), 
falls off. The force acting upon the blade will then be 


R: = (Hn + Ha) tBy =HtBy (137) 
and act with the moment 
M: = (Hn + Ha) t By xz =H t By xz. (138) 


c) When, after the turbine has been stopped, air penetrates into the draft tube 
through leaks, the underpressure created by the draft tube and given by the water 
column Ha disappears, and the force acting upon the blade will be 


R: = H, t By, (139) 


and the moment will equal 
M: = Hr t By xz. (140) 


It is evident that the greatest force and moment will act upon the blade in case 
b), and we must reckon with these values from Equations (137) and (138) as maxi- 
mum magnitudes in our strength calculation. 

The determination of the force acting upon the blade in an open position is more 
complicated because the pressure of the water varies continuously along the cir- 
cumference of the blade, and we must find its value in certain points of the circum- 
ference. 

For this purpose, we draw at least 3 guide blades in their appropriate positions, 
and into the blade ducts we draw the stream lines and the trajectories orthogonal to 
them. Thus, we find the through-flow areas of the duct, and as we know the quan- 
tity of water passing, we can determine the through-flow velocities in various 
cross sections of the duct and according to them, by means of the Bernoulli 
equation, we can also determine the pressure upon the blade surface. 

At velocity C in an arbitrary cross section of the guide duct the following relation 
holds good c 

ne i (141) 
where A is the column of the liquid, expressing the pressure upon the blade in the 
place of the considered cross section; the pressure upon 1 cm? will be 


h l C? 
P= ip = 10 (He a = 


Hn is again the height of the water level above the centre of the guide wheel as it 
was in Fig, 115. 
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; 5 orks : EE, 
Velocity C is determined from the continuity equation for the known ] 
Mii ot to the setting of the guide blades (which we know from the velocity 
diagram, or rather from the characteristic): 


CA E: (143) 


= E > 
aaB mF 


F =a’ B is the through-flow area of the duct in the appropriate place. 


Fig. 116 


We then proceed in such a way that we divide the entire circumference of the 
blade into a number of parts, most conveniently of the same length 2, so that to 
each part then corresponds the total pressure 


tig, ——— 
= at oe (144) 
in which we express 2 and B in cm, Hp in m, and C in m/sec., in order to obtain P 
in kg. 
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Thus we obtain the individual forces acting in the bisecting points of the lengths å 
perpendicularly upon the surface of the blade. These forces we compose graph- 
ically into the resultant R, and thus we determine its magnitude, direction and 
location (see Fig. 116). 

The resultant R will not generally pass through the axis of rotation of the blade. 
Its perpendicular distance from this axis will be x. Therefore, it will act upon the 
blade with the moment about the axis of rotation 


G? 
A, er; 


(when x is given in cm, M will be expressed in kgcm). 

The moments of the pressures of the water upon the blades differ according to 
the blade opening, and to solve the problem completely, we must determine 
the moments for a number 
of openings of the blades. 
These determinations are 
usually carried out for the 
openings corresponding to 
the flow-rates 0, Qmax/4, 
Omax/2, 3/4 Omax and Omax- 
The moments found in this 
way are then plotted as ordi- 
nates above the co-ordinate 
axis, on which we indicate 
the corresponding flow-rates 
or openings of the guide 
blades. Thus we obtain the 
complete progress of the mo- 
ments (see Fig. 117). 

Fig. 117 Then we endeavour to 

locate the pivot of the blade 

so as to have the extreme moments, i. e. the moments in the closed as well as in 
the opened position, of approximately equal magnitudes. 


Note: The moments created by the water pressure upon the guide blades may 
also be measured on the model turbine and recalculated for the actual turbine 
according to Equation (38). This recalculation, however, holds good only when the 
number of guide blades on the model and the actual turbine is the same (the as- 
sumption of geometrical similarity of the blades, including the pitch circles, too, 
we already consider as being understood). 
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Ifl. HYDRAULIC DESIGN OF THE SPIRAL 


At small heads (maximum 10 m) and small dimensions of the machine, the 
turbines are placed into a concrete pit, the shaft being either horizontal or vertical. 
The approach of the water is disadvantageous, particularly in that part of the 
pit into which the water flows at a 
velocity directed against the rotation 
of the turbine (Fig. 118), and where 
for this reason the velocity violently 
changes its direction; we must there- 
fore select only a low velocity of the 
water. We select a velocity of 0.8 to 
1 m/sec. and specific velocity within 
the range of 0.05 up to 0.1. Here we 
select the width B of the pit as B = 
= D, + 1.3 to 1.5m, D, being the 
inlet diameter of the runner. 
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Fig. 118 Fig. 119 


In order to obtain a more advantageous approach of the water to the guide 
wheel, it is preferable to place the turbine eccentrically in the pit, as shown in 
Fig. 118b. 

Turbines of larger sizes are placed into a spiral-shaped pit (according to Fig. 119), 
where approximately 2/3 of the through-flow are supplied by the spiral with cross 
sections selected so as to attain always the same mean velocities in them (e. g. the 
profiles “a” and “b”). The velocity of the inflow is selected somewhat higher 
than given for the pit, in the specific value of about 0.1 to 0.12. 

For heads of about 20 m upwards the spirals are made of sheet metal or cast 
iron; such spirals then form a constructional part of the turbine. In this case, the 
spiral completely surrounds the guide wheel and its function is to supply it with 
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water uniformly along the circumference (Fig. 120). In order to prevent excessive 
stress of the spiral due to the water pressure which tends to open it up (the forces S 
in Fig. 1205), we strengthen it around the inner opening by stay blades. Their 
strength calculation will be presented in Part b, whilst their hydraulic design will be 
given in this chapter. 

Since the water in its flow through such a spiral moves along curved paths, it 
seems that the peripheral velocity of the particles nearer the spiral axis will be 
greater and that of the more distant particles smaller according to the law of con- 
stant circulation (Chapter I/3), as also indicated for the profile in Fig. 120a: 
RC, = const. 

If we denote by Ci" the peripheral component of the flow velocity at the radius 
R?” of the circle circumscribed about the reinforcing blades, which from the inner 
side delimit the through-flow profiles of the spiral, the peripheral component of 
the velocity Cy at the arbitrary radius R is defined by the relation 


Riv 
R 


CG = C l (146) 

According to Fig. 120b, the elementary quantity dQ, passing through the strip 
of the width b and the radial dimension dR at the radius R in the cross section de- 
flected from the end of the spiral, (1') by the angle y, is then given by the expres- 
sion 


Riv 
dO, =b- dR- Cu = Cyr +b = dR, 


and the through-flow for the entire cross section equals 


Rmax 
à P R” 
g= eE 


dR. (147) 


iv 
R! 


If we determine the so-called reduced width brea according to the proportion 
brea : RU” =b: R 


by means of the geometrical construction indicated in Fig. 120d (similarity of the 
triangles under the hypotenuses P/" O and P O), the integral 


Rmax Rmax 
. RY > 
| b TRS dR = | brea dR 
RY Pas 


is represented by the hatched area in the figure mentioned, and the through-flow 
is obtained by multiplying the found area Frea by the velocity C1” 


Oy = Ci! Fredy- (148) 
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The place where we must locate this cross section is defined by the angle y, 
measured from the extreme cross section J’ of the spiral, which is no longer passed 
by the water. Since the total flow-rate of the turbine Q, discharges from the spiral 
along its inner circumference at an angle of 360° (or an angle of 360° — 2° if we 
take into account the “tongue” of the spiral — the “splitter” — which occupies a part 
of the circumference with the central A), the proportion is 

Yo Qy 


s 


e o 
so that 


y’ Æl Gy * Frea,y sT Fredy 
60 GF Rens Fa va 
Fyea,1 is here the reduced through-flow area of the cross section 7, which is the 
last through which passes the full flow-rate O of the turbine. Velocity C1” is again 
linked by the law of constant circulation to the velocity Cy,; on the fibre farthest 

from the axis of the spiral in this cross section, so it applies 


R, 
RY - 

We select velocity Cy, as equalling the inlet velocity into the throat of the spiral, 
Ce, which is linked to the flow-rate by the relation | 


ea 


CY = Cy. (150) 


Ce = Q. 


One reason for this selection is that i water particles passing from the throat into 
the spiral itself are accelerated, which is means smaller losses than there would 
arise if some of the particles had to reduce their velocity. 

Velocity Ce, which defines the internal diameter of the throat, is selected so as 
to have its specific value within the range 


= (0.12) to 0.15 to 0.20 to (0.25). (151) 


To avoid erosion due to sand entrained by the water, the actual velocity should, 
however, not exceed 10 m/sec. 

Fig. 121 presents the values of the specific inlet velocities ce of some machines 
actually manufactured!) and indicates the approximate dependence of this value 
on the head; the higher specific inlet velocities ce at lower heads result mainly from 
economic considerations, in order to keep the size of the spiral within certain di- 
mensions. 

The procedure of the design is as follows: 

According to the head we select (using Fig. 121 as a guide) the specific inlet 


1) Kohn, Fr.: Uzaviraci orgány vodních turbin (The Closing Organs of Hydraulic Tur- 
bines), Strojirenstvi (Mechanical Engineering) 1952. 
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velocity into the spiral, ce, and determine its actual value Ce = ce y 2g H. We 
select the inner radius R” of the stay blades so as to obtain a small clearance 
between the end of the stay blade and the beginning of the guide blade at the 
radius R”. We assess the radial width of the stay blades, whereby we find the 
radius R”. 
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Fig. 121 
Erected in Czechoslovakia @ 10 ee do Bode, Schweizerische Bauzeitung 


951. 
Pelton turbines g* 13 Natia Wasserkraft und Wasserwirt- 


schaft 1930. 
3 Sonna n, Wassérkraft und Wasserwirtschaft 14 Sy yea iene und Wasserwirtschaft 
k 1941 
6 Sungari, Wasserkraft und Wasserwirtschaft 16 Herdecke, Wasserkraft und Wasserwirtschaft 
1942. 0. 


8 Génissiat, Schweizerische Bauzeitung 1948 Hs yal ee kanyon wick 


9 Grand Coullee Dam, Wasserkraft und Wasser- 23 Andecr, Wasserkraft und Wasserwirtschaft 
wirtschaft 1943. 943, 
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Now we determine the peripheral component of the flow velocity C’" at this 


radius, putting Cu,ı = Ce; according to Equation (150) therefore C7” = Ce oe 
We substitute this value into the expression (148) and apply the relation to the 
first cross section of the spiral which is still passed by the full flow-rate: hence 
Q= GF Frea,1- 

By a trial and error procedure we find the shape and size of the first cross section 
1 (Fig. 120c) in such a way that its reduced area Fyeq,; satisfies the just mentioned 


condition Fred,ı = s . Then we lay out the further cross sections (2, 3, 4, 5, in 


Fig. 120c) and according to relation (149) we determine their locations on the cir- 
cumference of the outer contour circle of the stay blades, and in agreement with 
this we mark the location of the profiles. The points of these cross sections, 
corresponding to the greatest distances from the axis of the spiral, we connect by 
a continuous line, which we compose trom circular parts (Fig. 120a). Then we 
open the first cross section in such a way that a convenient construction of the 


inlet throat with the diameter De = | 40 
x Ge 

In the last section of the spiral (arround the cross section 5 in Fig. 120a) we 
somewhat enlarge the cross sections (approximately by 10 % of their areas); in 
this way we endeavour to compensate for the pressure loss caused by the through- 
flow in the preceding part of the spiral. 

Very often a more simple construction) is employed, in which the calculation is 
not performed according to the law of constant circulation, but the assumption 
is made that the velocity is constant and equal to the inlet velocity Ce in the spiral 
at all places in the space of the spiral. Thus we select e. g. a cross section at 90 ° 
from the first cross section which has an area allowing the through-flow per second 
to equal 3/4 O at the same velocity Ce, and similarly, a cross section at 180° with 
a through-flow of 1/2 Q, etc. 


An approach based upon the assumption of constant circulation seems to be 
more correct from the theoretical point of view. This method leads to a higher 
velocity at smaller radii within the spiral and consequently to a smaller size of the 
spiral. Therefore, this procedure is often employed, mainly with lower specific 
inlet velocities ce, as encountered in turbines of lower specific speeds. At higher 
values of ce (appertaining to turbines with higher unit flow-rates and consequently 
with higher specific speeds) we find that turbines equipped with such a spiral have 
a lower unit flow-rate, and maybe also a lower efficiency, than turbines with a spiral 
designed for constant velocity or even for a velocity decreasing from the inlet to the 
end of the spiral. These values (unit flow-rate, efficiency) also depend upon the 
magnitude of the specific inlet velocity in the spiral. 


is made possible. 


1) Ténot, A.: Turbines hydrauliques et régulateurs automatiques de vitesse, Part I, Paris, 
1935, p. 334. 
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With a decreasing unit flow-rate, the 
dimensions of the runner and of the whole 
turbine increase and also the costs; there- 
fore it is, not advisable to select too high 
a specific inlet velocity ce. For high-speed 
turbines (high-speed Francis and Kaplan 
turbines) it is preferable that the spiral is 
designed so that we calculate with a de- 
creasing’) through-flow velocity from the 
inlet to the end of the spiral (to the 
tongue), according to an ellipse quadrant 
to nearly zero. 

As far as high-speed turbines are con- 
cerned, it is, therefore, also advisable to 
use for the ordered turbine spirals of the 


Fig. 122a. Picture of a stream line at the 
wall of the spiral 


same hydraulic shape as tested on the model turbine or, at least, to preserve the 


same velocity progress. 


The discrepancy can be explained by a secondary flow arising in the spirals. 


Fig. 122b 


Experiments?) have shown that 
no axial symmetry exists even in 
spirals designed according to the 
law of constant circulation, The 
pressure rises from both sides in 
the direction of the tongue and 
here the velocity of the flow is 
lowest. These variations are main- 
ly caused by the transition from 
the straight inlet. Thus a sec- 
ondary flow is set up, which ma- 
terially increases the radial com- 
ponents of the velocities towards 
the side walls of the spiral. If we 
construct the inlet with a flatter 
curvature, and of a more flat 
shape, the axial asymmetry will 
be considerably increased; on the 
other hand, a more intense cur- 
vature of the inlet only results in 
a slight decrease of asymmetry. 

If we eliminate the tongue (split- 


2) See also Ténot A.: Turbines hydrauliques et régulateurs de vitesse, Part I, Paris, 1935, 


p. 338. 


*) Kraus H.: Strömung in Spiralgehausen, Zeitschrift des Vereines deutscher Ingenicure 


(1935). Vol. 79, No. 44, p. 1345. 
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ter) from the spiral, the friction losses will be smaller, but, the deviations due to 
secondary flow will increase. 

The guide blades equalize the flow considerably, and even more so, if they are 
closely spaced and set more in the direction of the wall of the spiral. Fig. 122a (see also 
Fig. 147, p. 236.) shows a photograph of the stream lines at the wall of the spiral; 
Fig. 122b indicates the creation of the secondary flow. It is obvious that a design 
according to constant circulation, although apparently justified from the theoretical 


O 
Fig. 123 


point of view is not justified in fact. On the other hand, it is clear that the stay 
blades of the spiral are advantageous, and also, exert the same influence as the 
guide blades, which improve the flow within the spiral and the efficiency of the 
turbine. Let us now deal with stay blades. 

The cross section area of the stay blades of the spiral is given by strength con- 
siderations. The hydraulic design of these blades is directed to the selection ofsuch 
a shape of their cross section and to such a position in front of the guide blades so 
that they offer the least possible resistance to the flow of the water. For this reason, 
we have selected, the shape of the cross section of the stay blades similar to that 
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ofan airfoil; the deflection must be of such a shape as to secure a shockless approach 
of the water from the spiral. The end must have the same inclination as that at the 
beginning of the guide blades, particularly when in position according to optimum 
efficiency. 

The angle under which the water must approach from the spiral is easily deter- 
mined, because we know the peripheral component C}”, so we can also find the 


Sme 

2a RO p? 
at the radius R’” at the inlet ends of the blades), By composing them we find 
both the magnitude of the total velocity C’” and its direction (see Fig. 123), Since 
both the peripheral component and the meridional component of velocity C” 


meridional component C/* = (where b’" is the width of the spiral 


Fig. 124 


are in proportion to the through-flow, the direction of this velocity does not 
change with changes in the through-flow. It is, therefore, of no account which 
through-flow we take as the basic value. 

If it is compatible with the design of the guide blades, we shall endeavour to 
arrange the stay blades so that they exert no influence upon the flow, i. e. to have 


RY 
I i i A OEN 
Cy Ci R” 
and 
btt = Q 
Cn = 2a RB’ 


Then we draw the initial and final directions with regard to the contour circles 
in such a mutual position that the intersection cuts off on both directions the equal 
segments S (see Fig. 123). Then we inscribe between them a part of a circle along 
which as a centre line we lay out the cross section. 

The profile of the stay blades is very often made inversely, with the narrower end 
directed against the flow, as indicated in Fig. 124. In this case, there is more 
material in the places subjected to the greatest stress (Part B, Chapter V). 
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IV. HYDRAULIC DESIGN OF.A DRAFT TUBE 


The function of the draft tube has already been explained in Chapter V, Part I. 
There, the two purposes of the draft tube have been pointed out: First, a draft tube 
permits to locate the turbine within certain limits (defined by cavitation considera- 
tions) independent of the tail water level, and, second it permits, at least partially, 
to utilize the discharge velocity from the runner. With increasing specific speeds 
this second purpose assumes greater importance, so that for high-speed runners we 
must employ a draft tube even if for cavitation reasons the runner must be located 
below the tail water level. 

The draft tubes only utilize the meridional component of velocity, because they 
reduce this component, and so convert it into pressure. If they had to utilize also 
the peripheral component, they would have to 
reduce this component as well. Considering the 
law of constant circulation r C, = const., we see 
that this could be carried out if the discharge from 
the draft tube passed to a large radius, in such 
way that no sudden reduction of the component 
Cm resulted (which would impair the utilization of 
the component Cm — see further). The simplest 
shape of draft tube which meets this requirement 
is shown in Fig, 125. The meridional section can 
be designed to reduce the meridional component 
of the velocity in the required way’). Draft tubes 
based upon this principle are mainly made in 
America and known under the name of hydrau- 

Fig. 125 cone. Fig. 126 shows the hydraucone of White 

and of Moody. Nevertheless, they did not come up 

to the designers’ expectations and are now not used so much in America. Their 

failure has been obviously caused firstly by the enlargement of the wetted surface 

resulting in greater losses due to the friction of the water, and secondly by the 

circumstance that the circulating component sets up a secondary flow in the form 

of a whirling ring within the draft tube, which cannot be prevented even by these 
designs.*} 

If we divide the regain from the draft tube into a component expressing the 
regain from the meridional velocity and a component expressing the regain from 
the peripheral velocity we get 


v = Ms (Co — ci) = km ` Chg + hu * Cie» (152) 
then the coeficient ky has a small value, which, according to Thomann,?) is about 


1) Kaplan-Lechner: Theorie und Bau von Turbinen-Schnellaufern, Berlin, Oldenbourg, 
1931, p. 226. 

2) For details see Thomann R.: Die Wasserturbinen u. Turbinenpumpen, Part 2, Stutt- 
gart, Wittwer, 1931, p. 158. 

3) Loc. cit., p. 160, 
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ky = 0 to 0.1 to 0.4. The coefficient km, on the other hand, is approximately the 
value: 


km = 0.7 to 0.85 to 0.9 for straight draft tubes, 
km = 0.6 to 0.85 for draft tubes with an elbow, 


according to the perfectness of the construction. 


The most perfect conversion of the component Cn is offered by a draft tube in 
the shape of cone of revolution, the angle of taper, however, must not be too great 
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Fig. 126 


as otherwise the flow from the walls of the draft tube would depart. A properly 
regulated flow is in this case confined to a cone with a vertical angle of about 10°.*) 
Otherwise, whirls would be created, between the cone and the wall of the draft 
tube causing great losses and impairing the efficiency of conversion. If, on the 
other hand, the vertical angle of the tube is too small, the cone would be too long 
for given discharge velocity (discharge area), and losses due to friction on the 
extended wall would again reduce the efficiency of the conversion. Apart from this, 


1) Kaplan-Lechner: Theorie und Bau von Turbinen-Schnelliufern, Berlin, Oldenbourg, 
1931, p. 225. 
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it is also desirable from the constructional point of view that the draft tube is as 
short as possible. For this reason, we select the vertical angle within the range of 
8° to 13°. This is also expressed by the formula 
oe eee 

jee Wie Bgl: (153) 
L 5 8 
where F, is the area of the end cross section of the draft tube, F, the area of the 
inlet cross section, and L the distance (length of the draft tube). This formula is 
suited also for shapes other than that of a cone of revolution, but assumes a uniform 
taper over the entire length, i. e., it must be satisfied for any two subsequent 
profiles of the draft tube. 

The discharge cross section F, is selected so that velocity C, at which the water 
leaves the draft tube, does not drop below 1 m/sec. (in order that no air is retained 
in the draft tube), but the square of its specific value, c} must not exceed 0.04, 
otherwise losses due to unitilized velocity would be too high.) 

This condition would result in an excessive length of straight conical draft tubes 
for high-speed turbines, where the inlet velocity into the draft tube is high. 

i Therefore, for vertical-shaft 
turbines we must also employ 
a bent draft tube, in order to 
have the greater part of it in 
a horizontal position. For 
horizontal-shaft turbines, al- 
ways an elbow must be used. 

The insertion of an elbow 
into the draft tube manifests 
: itself always unfavourably.’”) 

Fig. 127 The harmful effect is greater, 

the higher the velocity is at 

which the water streams through the elbow, i. e. the nearer the bend of the draft to 

the runner. For this reason, it is better to place a part of the conical tube in front 
of the elbow. 

In order to clearly understand the influence of an elbow upon a draft tube and 
of the rules for its design, let us consider Kaplan’s experiments concerned with this 
problem.) On a model turbine Kaplan studied the effect of a combination of 
a straight tube (without taper), a rectangular elbow (a constant cross section), and 
a cone of revolution, and arrived at the following results: 

When using only an elbow at the back of a runner, he found an efficiency of 54 


1) Czechoslovak Standard “Vodní turbiny, předpisy pro zkoušení a záruky hydraulických 
a regulačních vlastností”? (“Hydraulic turbines, directions for testing and guarantee of 
hydraulic and regulating properties”), ČSN 085010-1951, Part 5. 

2) Dubs: Die Bedeutung des Saugrohres, Wasserkraftjahrbuch, 1924, p. 437. 

3) Kaplan-Lechner: Konstruktion und Bau von Turbinen-Schnelläufern, München, 
Berlin, Oldenbourg, 1931, p. 219. 
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to 55 %; with only a straight tube, efficiency was 62 to 63 %; the combination of an 
elbow with a cone immediately behind, resulted in efficiency of 59 to 60 %; the 
arrangement of a straight tube behind the elbow led to efficiency of 61 to 63 wie 
and, finally, the combination elbow — straight tube — cone showed an efficiency 
of 66 to 67 %. 

Thus, it is obvious that with the cone connected directly behind the elbow the 
efficiency was lower than if behind the elbow only a straight tube was used. This is 


Fig. 128 


evident from Fig. 127. In the end part of the elbow, on the side of the greater 
curvature, a space was created, filled with whirls, which restrict the through-flow 
area, and, in addition, the whirls absorb energy. When the cone was directly 
connected behind the elbow, this „dead space“ was extending into the cone, and 
the flow was no longer adhered to the wall of the cone, and the latter could not 
fulfil its function. When a straight tube was connected to the elbow, the flow re- 
turned to the wall — as indicated in the figure — and this improved efficiency. The 
cone connected to the straight tube could develop its full effect. 

These results offer us a rule which must be observed in the design of an elbow- 
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fitted draft tube, as far as higher through-flow velocities, (i. e. draft tubes for high- 
apes turbines), are concerned. We must prevent the departure of the flow from 
e wall in the elbow. We achieve this by reducing the through-flow cross sections 


Fig. 129 


of the elbow in the second half, in the same way as if in Fig. 127, w i 
wall of the elbow along the discontinuous ae Uee is ee te toe 
and the whirls. Only further on we can again increase the through-flow cross 
sections. Formula (153) is applied here only to those parts of the draft tube in 
which the flow is slowing down. The part behind the 
elbow has then a rectangular cross section in order to 
achieve a small height, (illustrated in Fig. 128). This 
figure also indicates the progress of velocity C, surfaces F 

ie 

£ 
Sometimes, a guide wall A (Fig. 129) is inserted into 
the elbow to guide the water in the bend.!) This can 
improve the function only at a through-flow which 
corresponds to a perpendicular discharge from the run- 
ner, At all other throughflows, on the contrary, the 
— function is impaired by the influence of the shockwise 
destruction of the rotational component, and for this 
reason the described partition is no longer employed. If 
the sg of the last cross sections of the draft tube is 

very large, a vertical wall B is inserted to suppor 
Fig. 130 ceiling. This wall somewhat reduces the ET: a 

= won enai we endeavour to eliminate it. ; 

_ the peripheral component of the velocity behind the elbow caus i 
discharge from the draft tube. In that half of the draft tube in which in i ae 
zontal part the component Cy is added to the mean through-flow velocity a higher 
discharge velocity appears, often accompanied by violent discharge. But in spite 


and ratio 


over the length of the draft tube. 


1) Dubs: Die Beeinfi i j 
gins lane AA ussung des Wirkungsgrades durch das Saugrohr, Wasserkraftjahr- 
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of this, better efficiency is obtained by this draft tube than by one where the regular 
discharge has been achieved by forcibly suppressing the peripheral component 
within the draft tube. 

As we have shown, the main source of losses in the elbow of the draft tube is the 
inner wall with the sharper curvature. The curvature of the outer wall is of minor 
importance, which is proved by the Kaplan draft tube where the outer wall changes 
its direction under a right angle. 
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Fig. 130 shows the shape of such a draft tube with one bend, Fig. 131 a design 
witht wo bends. The abrupt bend is filled with a water cushion, which, however, is 
not stationary;.its motion absorbs work, and therefore, the efficiency of this draft 
tube is somewhat lower than that of a properly constructed draft tube with a round- 
ed transition. 

For completeness we must mention that draft tubes were also suggested with 
a shape of a body of revolution, but with the generatrix departing from a straight 
line. Thus, e. g., if in a vertical draft tube we denote the vertical distance from the 
basic plane under the last profile by z and the radius of the profile by r, the gener- 
atrix of the draft tube designed by Prášil?) was defined by the relation zr? = const. ; 
we can derive that, in this shape, the retardation of the flow is proportional to the 
dCm Q 


= Cm. The generatrix of the draft tube 
dt 2 const. 


(meridional) velocity, 


1) Prášil: Uber die Fliissigkeitsstr6mungen in Rotationshohlraumen, Schweiz. Bauzeitung, 
fol. 41 (1903). 
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suggested by Grimm was defined by the relation zr? = const. The improved 
efficiency of these draft tubes, however, did not counterbalance the increased costs 
of manufacturing, and, therefore, they are no longer used. 

From these considerations it follows that the efficiency of the draft tube depends 
to a considerable extent upon the conditions under which the watter enters 
(distribution of the velocities, the component Cu, etc.). A draft which has proved 
satisfactory with one runner may, therefore, be a failure in connection with another 
runner. For this reason when designing high-speed turbines, the model turbine is 
tested with that draft tube which will be used with the actual turbine, and it is not 
advisable to change the shape of the proved draft tube. 


B) ACTUAL DESIGN 


I. DESIGN OF THE MACHINE AND CONSTRUCTION UNITS 


Now we shall deal with the actual design of a full-size machine (in distinction to 
the model), which relates to the turbine ordered. 

We assume that we have already hydraulically designed the necessary number of 
types and tested them on models; measurements in the model rest room are not 
only concerned with efficiency but also with the cavitation coefficients), so that for 
each type of turbine a complete characteristic is at our disposal. Further, for each 
type we have a predetermined series of diameters, and from these data we select, 
the suitable type for the ordered turbine (with the appropriate values of ns) and a 
suitable diameter of the turbine, given by the inlet diameter of the runner (see 
Part I, Chapter XI). 

After having determined these values, we can start designing the machine. First, 
we lay out the complete installation of the machine, whereupon we direct our 
attention to the design of the individual constructional units and their details. In 
this work we shall sometimes be compelled to depart somewhat from the initial 
layout and make certain changes. From the drawings of the details’ we finally com- 
pose the drawing of the definite arrangement of the machine. This drawing is not 
only indispensable for the manufacture and assembly of the machine, but also 
provides a control of the mutual conformity of the individual constructional units. 

For Francis and Kaplan turbines we may count with the following principal 
constructional details, e. g. according to the arrangement shown in Appendix VI: 

1. Runner with labyrinths and connections to the shaft, and the shaft itself. 

2, Guide apparatus, i. e. guide blades with their seat and regulating mechanism 
consisting of the regulating cranks, pull rods and regulating ring. 

3, Extension of the regulation, i. e. regulating pull rods, regulating heart, regulat- 


1) For a description of a cavitation test room see e. g.: V. Foltýn, Kavitaéni zkoušky na 
modelech vodních turbin (Cavitation tests on models of hydraulic turbines), Strojnicky 
obzor (Mechanical Engineering Review) 1950, No. 12. 
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ing shaft and seat, or, for large turbines, 
servomotors to be mounted in the turbine 
shaft, with pull rods. 

4. Spiral casing with a ring of stay 
blades. 

5. Top (front) lid of the turbine with 
labyrinths, stuffing box, and bearing with 
accessories. 

6. Bottom (rear) lid of the turbine with 
extension for connecting the draft tube. 
7. Draft tube with air supply valves. 

8. Gear case with auxiliary drives. 

9. Other accessories, such as operating 
floors, piping, if necessary a supporting 
ring between turbine and generator, etc. 

According to this list we shall now step- 
wise deal with the design of the individual 
details, taking into account the strength 
calculations (in so far they have not been 
dealt with in Part A), as well as manu- 
facturing considerations and the selection 
of the materials for construction. 


II. RUNNER AND SHAFT 


1. Runner 


a) Runners with steel plate blades cast in 
to the disc and rim of the runner. With 
regard to the progress in foundry tech- 
nology no difficulties are encountered 
when casting the runner with the blades 
as one unit, and, therefore, blades pressed 
from steel plate and cast into the disc 
and rim of the runner of gray cast iron or cast steel are nowadays very rarely used. 
It is not advisable to employ them for heads exceeding 30 to 60 m as runner 
manufactured in this way show inferior strength properties.’) i . 

The blades in this case are pressed by means of press dies (see Fig. 132), which 
are made of gray cast iron as will be described later. In these, the blades are hot- 
pressed. Large blades are also pressed in power presses. After pressing, the blades 
are trimmed precisely to the correct shape. 


1) Thomann R.: Die Wasserturbinen und Turbinenpumpen, Part 2, Stuttgart, K. Witt- 
wer, 1931, p. 137. 
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Here, the blades are of a uniform thickness throughout; they cannot be profiled. 
If they are to be profiled, forging dies of special material must be employed and 
the blades must be forged under a forging press. 

The pressed blades are then inserted into a mould if the runner is to be moulded. 
In order to secure the correct position, they are held by a so-called cage which is 


Fig. 135 


only taken asunder after the moulding sand has been stamped into the space between 
the blades. The part of the edge of the blade which is to be cast-in must be care- 
fully cleaned and tin-coated to protect it from rusting in the mould. 

In spite of this procedure, the material of the blades does not combine with the 
cast material, itis not welded to it, even when connected to cast steel. The anchoring 
of the blades in the disc and rim of the runner is brought about only by clamping 
the blade ends in the cast material when the latter has cooled down. For this reason, 
the blades must penetrate rather deeply into the cast material, and disc and rim 
must be of sufficient thickness. In order to achieve more perfect connection, the 
cast-in ends of the blades are fitted with dovetail notches and bores, as indicated in 
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Figs. 133 and 134. For the dimensions of the cast-in parts, the following values may 
be taken as an approximate guide") 


Ôg — 1.5 Sos Ôo = 3.5 Sa) OA == Bs So. 


The thickness (mm) of the disc and rim (Fig. 134) is selected according to the 
following formulas: 


ô = (20 to 25) + 0.01 D, at the circumference 
ô, = (25 to 35) + 0.01 D; at the hub (154) 


a/ 


Fig. 136 
The thickness of the hub itself is made in dependence of the bore: 


Ôn = (10 to 20) + 2 mm. 


The pressing dies for the blades are cast according to a wooden pattern, which is 
made by means of a contour-line plan of the blade. When establishing the dimen- 
sions of this plan, the shrinking of the cast dies must be taken into account. The 
wooden pattern is made according to the pressure side of the blade in such a way 
that the contour lines are transferred (by piercing pins through the original drawing) 
to small wooden boards the thickness of which equals the spacing of the contour 
line planes. According to these contour lines the wooden boards are trimmed and 
glued on one another (see Fig. 135). The edges of the boards are then removed by 
means of a rasp and thus a smooth patterns of the die is obtained (see Fig. 135d). 
According to this pattern the dies are cast from cast iron, one directly according to 
the pattern, whil the other is moulded after fastening to the pattern a lead plate of 
the same thickness as that of the steel plate from which the blades are to be pressed; 
the lead plate is adjusted to the shape of the pattern by hammering. Prior to mould- 
ing, the pattern is, of course, supplemented by a bese plate with risers for bolts and 
guide pins (Fig. 132) or for fastening it in the press. 


2) From the lectures of Prof. Kieswetter: Vodni stroje lopatkové (Hydraulic Turbo- 
machinery), Donátův fond, Brno, 1939. 
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The pressed blades need no 
further machining for hydrau- 
lic reasons; they are only 
cleaned from scale and sharp- 
ened at the inlet and outlet 
edges according to the direc- 
tions given in the part dealing 
with hydraulic design. 

As already pointed out, this 
manufacturing process is fall- 
ing into disuse and only used 
for turbines of small outputs 
and dimensions. The reason 
for this is firstly the imperfect Fig. 137a 
fixing of the blades into the 
cast material, and secondly the considerable cost of manufacture and storage of 
the dies. Another shortcoming is presented by the safety factor in using plates of 
stainless steel (for cavitation reasons — see 
further), because this material is subjected 
to heating when being cast-in, and the 
blades — near the rim and disc — lose their 
cavitation resistance and may even crack 
in operation. 

Runners are already manufactured with 
blades fastened to rim and disc by electric 
welding (Fig. 209.).*) 2 

b) Runners with blades cast as one unit 
with the wheel are exclusively used for high- 
er heads, large machines and large outputs, 

In this case, the runner is cast from cast 
steel into a mould manufactured by means 
of a pattern which is made according to the 
outer contours of the runner and in which 
the necessary spaces of revolution for plac- 
ing the core marks are provided for. Then 
the cores are inserted into the mould to fill 
the spaces of the ducts. 

Fig. 137b These cores are made in a wooden core: 

box in which the blade surfaces are again 

composed by means of wooden boards glued together and trimmed according 
to the contour lines, as described in the manufacture of the dies for pressed blases. 
Fig. 136a shows such a core box, and Fig. 136b the cores made in it; for better 


*) Salto de Castro, Water Power (1953), p. 84. 
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clarity, the core marks are indicated by cross-hatched areas. Fig. 137a shows 
the insertion of the cores in the mould, and Fig. 1376 the mould before closing. 
After moulding and annealing the castings, the blades and the wetted surfaces 


Fig. 138 


of the aisc and rim must be manually ground in order to obtain the necessary 
smoothness to secure the smallest possible losses due to the friction of the water 
along the blade. The inlet edge 
may be milled!) (Fig. 138). 


Fig. 139 


Ne y The other part of the runner 
cE O is machined to a smooth surface j YY G Ys 
SNS in order to reduce friction losses ts ASS 
in the water flow and to facil- BAN ot 
itate balancing, which (after RZ i BY 


complete machining) is advanta- 
geously carried out, as indicat- 
ed in Fig, 139. 

The walls of the rim and disc 
are made somewhat thicker 
than the maximum thickness 
of the blades; the thickness of 


1) Gamze i Goldsher: Technologiya proizvodstva krupnych gidroturbin, Moskva, Lenin- 
grad, Gosudarstvennoye nautchnotechnicheskoye izdatelstvo, 1950, p. 159. 
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Fig. 141 
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the disc being greater than that of the rim. Since rim and disc are spatially 
curved, their strength is high and need not be specially checked. 

c) Further construction rules common to both manufacturing methods. The outer 
edge of the disc for low-speed turbines as well as the rim are reinforced (Fig. 36), 
which, on the one hand, reduces the internal stress in the casting process due to 
the retarded cooling down of the material, and, on the other hand, provides the 
possibility of hollowing out a groove into which the counter-weights are placed 
when balancing the runner after complete machining. 


Tyre joint Rim joint 


SSY- Fig. 142 


The hub itself has a thickness of = -+ (10 to 20) mm and if necessary, is fitted 


with a reinforced circumference, as shown in Fig. 36. With regard to foundary 
requirements, the transition from the thickness of the disc to that of the hub must 
be gradual. 

As far as large-size runners are concerned, difficulties are encountered not only 
in casting but also in transport. The largest runners manufactured as one unit 
are those of the hydro-electric power station Dnieprostroy (USSR), which have 
a diameter of 5450 mm!) and of the power plant Garrison (USA) with diameter 
6 m and weight 85 000 kg.) 

Larger runners are composed of individual parts. If only weight reduction is 
concerned in order to facilitate casting or making it altogether feasible, or of 
savings of stainless steel are to be achieved in case it should be indispensable for 


1) For a description of the machine see: „Turbina LMZ tipa Frensisa moshchnostiu 
102,000 Ks“. Viestnik mechinostroieniya 1947, pp. 25—26. Foundry technology, description 
of the mould and casting procedure for this runner see in ,,Osobennosti technologii otlivki 
rabochego kolesa i statora gidroturbiny Frensisa dlya Dnieprovskoy Ges“, in the same issu 
on pp. 59—63. 

*) Engineering News Record (1955). 
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the wheel itself, the hub is made separately and the wheel is bolted to it (the bolts 
must be well secured, most advantageously by point welding). An example of 
such a construction is presented on Fig. 140. 

Subdividing the entire wheel is difficult. Splits are made between the blades, 
and both halves are joined e. g. by means of hoops. An example of this method 
is illustrated in Fig. 142 which 
shows the runner at the power 
station Conowingo (USA); it has 
a diameter of 4870 mm and is 
fitted with 15 blades. The runner 
consists of three parts connected 
by steel tyres, two of which, on 
the hub, are in one-part, whilst the 
tyre on the rim is split and joined 
by hoops. The joints of the rim 
alternate with those of the tyre and 
are filled with white metal. The 
joints of the rim are reinforced by 
screws “Š”, the heads of which are 
countersunk and welded-in. The 
output of the machine is 54,000 
metric horsepower. 

Avery ingenious method of join- 
ing?) is presented in Fig. 143, where 
the dividing splits in the disc and 
hub proceed between the blades 
along several times rectangularly 
broken lines, so that the taper pins 
placed in these splits join both 
halves firmly in all directions. 
Since the forces in the joints are 
transmitted by pins subjected to Lo 
shearing stress, the connection is o- 
very efficient. 

Connection of the runner to the Fig. 143 
shaft may be performed in various 
ways. The simplest, but also least perfect method, consists in sliding the run- 
ner over the cylindrical stepped part of the shaft. Against the axial force, which 
is composed of the hydraulic pull and in vertical turbines of the weight of 
the runner, the runner is secured either by a nut (Fig. 144), which in turn 
must be held in position by means of a setscrew, or by a split ring secured 
against falling off by a single retaining ring (Fig. 145), which at the same time 
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1) Swiss Patent No. 239271 (Escher-Wyss A. G., Zurich). 
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forms the cap of the runner. The torque is taken up by one or two fitted-in 
feather keys. 

Very firm but also rather expensive is the seating on a cone, which ensures 
a good centering of the runner and is therefore employed for high operating 
speeds. The cone is made in the ratio 1 : 5 and the runner is secured on it by 
a nut (Fig. 36). With regard to the large size of the bolt there are no difficulties 
in taking up the axial forces. A conical extension is slid over the nut as a hydraulic 
prolongation of the runner. The torque is again taken up by one or still better, 
two fitted-in feather keys. 

In large machines the runner is always fastened to the shaft by means of a flange 
with a collar for centering (see Appendix VI). The axial forces are transmitted by 


Fig. 144 Fig. 145 


bolts and the torque by taper pins radial keys formerly used are expensive and 
no longer employed — Fig. 141). If we have no possibility to manufacture the flange 
in a sufficiently large size, we can use fitted-in bolts which then transmit both 
the axial force (tensile stress) and the torque (shearing stress). This type of 
fastening is less advantageous from the manufacturing point of view. 
Dimensioning of the connecting parts. For dimensioning the connecting parts of 
the shaft and runner we always calculate with double the normal torque (for 


details see Part I, Chapter X/2). Mn,kgm = 716 . 20 Ld ; the torque can attain 


approximately this value when the fully opened turbine would stop by braking, 
or when with the turbine at rest the guide wheel would suddenly open. With 
regard to the rarity of such cases we allow here a shearing stress in the keys or 
conical pins of 1400 to 1600 to (1800) kg/cm?, and a wearing pressure stress of 
1600 to 1800 kg/cm®, for steel of a strength of 60 kg/mm*. For bolts carrying only 
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an axial load we calculate as in other cases with a permissible tensile stress of 
about 800 kg/cm®. For fitted-in bolts we must calculate with the reduced stress'), 


Fe | +372 which must not exceed the permissible value of about 1500 kg/cm’. 


2. Cavitation and Material of the Runner 


In Part I, Chapter V/2, we explained how, on the suction side of the blade, 
evaporation takes place in the form of bubbles, when the pressure has dropped 
to the value of the tension of the water vapour. These bubbles burst in places 
where the pressure is again 
higher and cause there 2 7 a 
considerable deterioration 804 13 
of the blade. 

Whether this phenom- 
enon. of cavitation will 
occur or not, depends on 754 12 
the value of the Thoma 
cavitation coefficient o = 


aa Its value #4 4 


varies e. g. with the suction 
head, so that by a gradual 
increase of the latter cavita- esd 4 


; aie SL R Sn On is 
tion can be evoked. The 00 04 02 0.3 04 05 _ 0s 
oe 


transition, from a Cavita- 

tion-free operation to one Fig. 146 
with cavitation, is gradual, 

because as soon as the formation of vapour bubbles starts, heat of vaporization 
is extracted from the water, the water cools down and so the process of cavitation 
is stabilized.) 

In this way we may follow the transition to cavitation in the cavitation testing 
room which is equipped so as to permit a gradual increase in the suction head of 
the model turbine in question. In this test we determine the efficiency, sometimes 
the flow-rate, too, and at the same time we may observe through a glass extension 
of the draft tube what happens on the runner blade which we bring to a fictitious 
standstill by means of stroboscopic illumination. 

If we mark off the officiencies and flow-rates (best in unit values) as function 
of the cavitation coefficient, we obtain approximately the picture shown in Fig. 146. 
At a sufficiently high value of ø (low suction head) we do not observe anything 


1) Technický průvodce - nauka o pružnosti a pevnosti (Technical Guide — Strength of 
Materials), Prague, SNTL, 1955, p. 12. 

*) Kieswetter: Kavitační zjevy na lopatkách vodních turbin (Cavitation Phenomena on the 
Blades of Hydraulic Turbines), Strojnicky obzor (Mechanical Engineering Review), 1937. 
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Fig. 147. From the cavitation testing room in the Research Institute of Hydraulic Machines 
at the Engineering Works CKD, Blansko, Czechoslovakia 


particular on the blades, and the efficiency as well as the flow-rate are in relation 
to o constant and remain so with a decreasing value of o (increasing suction head) 
down to a certain limit. When this limit is passed, as a rule the efficiency and 
sometimes the flow-rate, too, begin to increase slightly; at the same time, within 
a certain area on the suction side of the blade vapour bubbles begin to form and 
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disappear again. Fig. 147 (see plate) presents a picture of the cavitation process 
on the runner of a propeller turbine, where this phenomenon is better suited for 
photographing. 

With a further decrease of o the region of the blade surface affected by cavitation 
increases and later on the bubbles proceed even into the draft tube. After having 
attained the maximum (about 1 to 2 % above the initial value), efficiency and flow- 
rate diminish again, and after passing a certain limit value of ø, a rapid fall sets in. 
This progress may be explained by the circumstance that at the beginning of the 
cavitation process, a thin vapour layer separates the water from the blade, whereby 
the friction of the water on the blade is reduced, resulting in a decrease of the 
losses and an increase of the efficiency and in some cases of the flow-rate, too. But 
later, as soon as the vapour formation becomes intense enough to disturb the flow 
through the blade ducts, and the vapour entrained in the draft tube affects the 
action of the latter, efficiency and flow-rate begin to decrease. This state is termed 
the critical cavitation limit, and the pertinent cavitation coefficient we denote by 
Gerits The beginning of cavitation (beginning of bubble formation) we term lower 
cavitation limit, giving the corresponding coefficient the symbol oy. 

These limits need not always be distinctly marked on the efficiency curve. In 
some cases, no increase of efficiency and flow-rate is observed, but efficiency dimin- 
ishes immediately from the lower limit, gradually at the beginning and more 
rapidly later. This is usually a sign of an unsuitable, too intensely diverging draft 
tube. Then the function of the draft tube begins to be impaired by the influence 
of the vapour entrained from the blades in the initial phase of cavitation, as well as 
by the influence of the liberation of air and vapour in the draft tube before the full 
development of the cavitation on the blades. 

It is clear that when designing and installing the turbine, we must never overstep 
the critical value, because then the turbine would not deliver the required output, 
apart from the vibration accompanying a strongly developed cavitation. It is 
advantageous, to select conditions in which the turbine works below the critical 
limit but still within the range of cavitation as in this way we utilize the increase in 
efficiency and at the same reduce the excavation work for the draft tube. Such an 
operation is only feasible if we select for the runner, which is subjected to strong 
attacks by cavitation, a suitable, cavitation-resistant material. 

In order to explain the resistance of material against cavitation, we must, at least 
briefly, deal with the physical processes encountered in cavitation. 

In experiments carried out in a diverging diffuser, shaped so that during the 
through-flow the pressure dropped and cavitation set in, it was found on speci- 
mens of materials inserted that deterioration arose in places where the vapour 
bubbles were collapsing. These results shook the hypothesis of the chemical action 
of oxygen absorbed in water and liberated under reduced pressure. This possibility 
was entirely eliminated in experiments with water freed from absorbed gases and 
With cavitation attacks upon glass.!) On the contrary, it could be observed that 


1) Féttinger: Untersuchungen über Kavitation und Korrosion bei Turbinen, Turbo- 
pumpen und Propellern. Hydraulische Probleme, VDI, 1925. 


237 


deterioration was mainly brought about by mechanical stress due to impacts of the 
water upon the blade when the vapour was condensing. Theoretical’) and experi- 
mental?) investigations, based upon piezo-electric pressure measurements, Con- 
firmed the possibility of creating such high pressures at the disappearance of the 
cavitation bubbles.*) It is possible to accept this explanation, particularly as here 
fatigue stress is concerned, the limit of which for most materials is lower in the 
presence of water (for iron half the normal value, — see later). This theory is further 
confirmed by microscopically discernible deformations of the crystals in the places 
affected, as well as by the experiments of Pozdunin*), according to which the ma- 
terial is not damaged inso far as no condensation of the vapour bubbles takes place 
on it but only further on (behind the blade). Experiments with a magnetostriction 
instrument, in which the specimen is submerged into a liquid and oscillated by the 
magnetostrictive effect of a nickel rod so as to evoke cavitation on it, have shown 
that in all probability, considerable local heating takes place in the affected areas 
(as a result of the impacts), restricted to a thin surface layer only but attaining 
a temperature of about 300° C.*) Experiments with the magnetostriction instrument 
have further shown that through the action of temperature differences electric 
currents are generated which electrochemically very intensely attack the cavitated 
material.®) 

Finally, we must still mention experiments’) in which specimens of glass and 
fusible quartz were enclosed in a rubber cylinder filled with a liquid. When the 
pressure of the liquid was increased up to 15,000 atm. and immediately reduced, 
the specimens remained intact. When, however, the specimens were left under 
pressure for a longer time (about 30 minutes) and then the pressure suddenly 
reduced, the specimens cracked; when the specimens were submerged into liquids 
of higher viscosity, they had to remain a longer time under pressure to achieve the 
same effect. From these experiments it is obvious that the liquid under pressure 
penetrated into the material and cracked it from inside when the pressure was 
suddenly reduced. In this way we may also explain the reduction of the fatigue 
limit of the material in the presence of water; at alternating stress of the materials 
the water is „sucked“ between the crystals and driven out again, whereby the 
crystals of the material are gradually loosened. 

Considering all the facts mentioned and their interconnection, we arrive at the 


1) Ackeret: Experimentale und theoretische Untersuchungen über Hohlraumbildung 
im Wasser. Technische Mechanik und Thermodynamik, 1930. 

*) De Haller: Untersuchungen tiber die durch Kavitation hervorgerufenen Korrosionen, 
Schweizerische Bauzeitung, 1933, p. 243. 

*) The bubble is not destroyed at once, but appears again several times, obviously when 
the water is thrown back by the material; see Knapp & Hollander: Laboratory Investigations 
of the Mechanism of Cavitation, Treansactions ASME, 1948. 

*) Pozdunin: Fundamentals of the Theory, Construction and Operation of Supercavitating 
Ship Propellers. Izvestiya Akademiy Nauk SSSR, 1945, No, 10—11. 

*) Nowotny: Werkstoffzerstérung durch Kavitation, VDI-Verlag, 1942. 

£) Foltýn: Příspěvek ke katodické ochraně vodních strojů. Disertace na bývalé Vysoké 
škole technické v Brně, 1951. (Contribution to the Cathodic Protection of Cavitating Parts). 

1) Poulter: The Mechanism of Cavitation Erosion. Journal of Applied Mechanics, 1942. 
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following conception of the process of cavitation corrosion of material. For purely 
hydraulic reasons local pressure reduction down to the tension of water vapour 
takes place at a given temperature. In consequence of this vapour bubbles are 
formed, which again condense in places of higher pressure. The collapsing bubbles 
cause considerable impacts of the water upon the material. When the material is 
not sufficiently compact and has not a smooth surface, the liquid penetrates at least 
into the surface layer of the material and at alternation of the pressure loosens the 
individual crystals. When the material is compact and its surface sufficiently smooth 
this effect cannot set in immediately. But owing to local temperature rises, caused 
by the impact of the water, sets in electrochemical corrosion; this corrosion evi- 
dently first attacks the less resistant intercrystalline phases and so prepares the way 
for the action of the liquid as just described. As soon as, by the loosening of the 
surface crystals, deeper and larger cavities are formed, the effect of the impact of 
the water on the penetration of the latter into these cavities intensifies (see Part IIT) 
and in this way accelerates still more the deterioration of the material. 

From these considerations we can establish rules for the selection of the material 
and its adjustement with regard to resistance against cavitation. An indispensable 
condition is that the material exhibits, at least on its surface subjected to the 
effects of cavitation, a fine homogeneous and sufficiently hard and strong structure. 
A further condition is the smoothest possible surface. Among the presently known 
types of steel the best cavitation resistance is offered by an alloy steel containing 
18 % chromium and 8 % nickel. But in order to save nickel, a chrome-nickel cast 
steel is currently employed with only slightly less resistance, containing 15 % 
chromium and 0.5 to 0.8 % nickel. With regard to satisfactory machinability, 
the carbon content of this steel must be kept below 0.2 %. The properties of 
this material are approximately as follows: strength at the yield point about 50 
to 60 kg/mmê, tensile strength 70 to 80 kg/mm’, and elongation (/ = 10 d) about 
10 %. After casting, the runner must be subjected to the correct heat treatment 
and after machining, the blades must be manually ground and polished. 

Sometimes, if we know where the blades are attacked by cavitation, the runner 
is made of normal cast steel, the endangered places are ground to a greater depth 
(about 2 mm) and covered with a layer of stainless steel by electric welding. The 
welded-on surface must again be ground to a smooth surface. 


3. Recalculation of the Cavitation Coefficient 


In the foregoing part we have seen that the magnitude of the coefficient g char- 
acterizes the intensity of cavitation. If we e. g. in the model cavitation test room 
alter the suction head and thus the magnitude of the cavitation coefficient, the 
intensity of cavitation varies from the lower cavitation limit up to the critical limit. 

As a rule, the head Hm at which we perform the measurements in the cavitation 
test room will not be the same as the head Hinst under which the turbine is to be 
installed in the power station. Therefore, we must make sure whether the same 
intensity of cavitation will be characterized by the same value of the cavitation 
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coefficient also under various heads, and if this should not be the case, we must 


establish a suitable conversion formula. 

The Thoma cavitation coefficient was derived on the assumption that the pres- 
sure on the suction side of the blade equals the tention of the vapour (see Part I, 
Chapter V/2). Therefore, this coefficient holds good for the value oer, which 
consequently will be independent of the head. When the value of the installed 
runner, insty equals the critical value of the model, i. e. Ginst = Gerit, mods and 
when both runners are geometrically similar — in particular with regard to the draft 
tube — the pressure on the suction side of the blades will in both cases equal the 
tension of the water vapour, and also the runner installed in the actual turbine will 
operate at the critical limit. 

It is always necessary, however, that the runner of the turbine ordered operates 
at a certain distance from the critical limit. For a runner of stainless steel it will be 
sufficient if the pressure on the suction side of the blades equals about two metres 
of water column; thus we ensure the machine against the consequence of inaccu- 
racies in manufacture. But for a runner of ordinary cast steel it is necessary that the 
conditions in the actual turbine correspond to those in the model at the lower 
cavitation limit. 

If in the cavitation test room we have adjusted the conditions so as to achieve 
for a certain value ø the relation o > Gerits it means that we have reduced the cri- 
tical suction head for the model, Hs crit by a certain value AHs, so that we can 
write with the subscripts m for the model and inst for the actual machine: 


Hp anit Hs crit,m == AH; AH; 
on = es ae = Om,crit + Hn . 


It is evident, that when the runner of the full-size turbine is installed so as to 
exhibit the same value o, i. €. Ginst = Om, the pressure on the suction side of the 
blades, JH; will be different when Hinst + Hm, and consequently the cavitation 
effects will not be the same. 

For the same cavitation effects there must hold good 4H, inst = 4Hs,m; so that 
we can put according to Equation (155): 


(155) 


AHsm = Hm (Om — Om,crit) = AAs inst = Hinst (Ginst — Ginst, crit) > 
and since 


Om,crit = Ginst,crit = Ocrits 
applies 
Oinst— Cerit __ Hm (156) 
Om — Ocrit Hinst 


From this relation it follows how we have to establish the cavitation coefficient 
of a full-size machine to achieve the same cavitation effects (intensity) as on the 
model runner at the value of the cavitation coefficient ¢.1) 


1) Ténot A.: Turbines hydrauliques et régulateurs automatiques de vitesse, Part ITI, Paris, 
Eyrolles, 1935, p. 381. 
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If we also want to take into account the variation in efficiency caused by the 
different sizes of the machines (Part I, Chapter XI/2), we must further recalculate 
the value of the cavitation coefficient ojns¢ thus obtained according to the efficiency 
ratio, as has been explained. 


4. Sealing of the Runner Gaps 


The gaps between the runner and the lids of the turbine must be as small as 
possible as they exert an influence upon the volumetric efficiency. For low heads 
and machines of smaller sizes the gap is directly between the machined surfaces 
of the runner and the lids (see Fig. 34). In this case the clearance must be larger, 


A gi 


Yj ff 


Fig. 148 


N 


l to 2 mm measured at the radius, with regard to the risk of jamming due to rust 
formation. For higher heads and in larger machines rings of bronze or stainless 
steel (which better resists erosion by sand) are inserted into the lids and shrunk on 
the runner; in this case the clearance may be smaller, 0.5 to 1 mm at the radius, 
according to the size of the runner. i 

For large heads — exceeding about 100 m — we employ rings which engage comb- 
like into each other, as shown in Fig. 148 and Appendix VI, and reduce the head 
corresponding to one gap. Sealing rings of this type, in which wider gaps alternate 
with narrower ones, so that the through-flow velocity developed in the narrow gap 
is destroyed in the following wide gap, are termed labyrinths. These rings, which 
are interchangeable, are made of bronze or stainless steel and fastened to the 
runner and lids by screws with countersunk cylindrical heads (screws with conical 
heads can be loosened only with great difficulty after a certain time), which must be 
secured against loosening. It is best to do this by point welds. The labyrinth rings 
are centered on the runner and lids by means of centering rings. Rings of large dia- 
meters consist of several parts ; the centering ring of the runner must be here outside 
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the labyrinth to take up the centrifugal forces of the individual parts of the laby- 
rinth ring. When the labyrinth is machined, as indicated in Fig. 148 in full lines, 
the contraction at the entrance into the narrow gap is only one-sided. Therefore, 
recesses, indicated by dash lines, are made, which bring about two-sided contrac- 
tion, thus reducing the flow through the labyrinth. 

The narrow gaps of large diameter are as a rule arranged so as to permit shifting 
of the runner in the axial direction, these shifts are caused by thermal deformations 
of the shaft and a deflection of the supporting structure of the axial bearing at 
variations of the axial pull. 

As already pointed out, that by the action of the labyrinth the through-flow 
velocity developed in a narrow gap is destroyed in the wider part and so must be 
created anew in the following narrow gap. The total head of the labyrinth is there- 
fore divided into z stages when the number of sealing gaps is n. The through-flow 
through the labyrinth then is — see Equation (124): 


h Hs — 
Qs = mf [20% = eet V28 hs. (157) 
We see that the discharge coefficient varies inversely proportionally to the square 
root of the number of gaps. For calculating axial pull when using labyrinths, we 
therefore proceed entirely in the same way in Chapter 1/12, Section a, but instead 


. 3 4 
of the coefficient xs we substitute aa - 
n 


5. Shaft 


The shaft of the turbine is mainly subjected to torsional stress by the driving 
torque M. The maximum value of this torque with a fully opened guide apparatus 
and blocked runner can attain approximately double the magnitude of the torque 
at normal speed (for details see Part I, Chapter X/2), this must be borne in mind. 
Tensile stress by axial forces is insignificant and need not be taken into account. 
On the other hand, the shaft may be subjected to bending stress resulting from: 
1. centrifugal forces of the imperfectly balanced runner; 2. forces from the spur or 
bevel gearing; 3. in horizontal turbines, the weight of the shaft and the weight of 
the parts seated on it, and maybe also the pull of the belt, should the output be 
transmitted by a belt drive. 

Bending stress is usually small, and, therefore, we only calculate the shaft for 
torsional stress according to the expressions :1) 


for a solid shaft Tmax = 16M j 
z D? 
16 M D (138) 
for a hollow shaft Tmax = Pier ee 


>) Technicky průvodce, dil 3, Pružnost a pevnost (Technical Guide, Part 3, Strength of 
Materials), Prague, SNTL, 1955, p. 175. 
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where M is the maximum torque at the operating speed 


eae 
(m = 71,620 ST me, horsepower ) A 


D the outer and d the inner diameter (the shafts of Francis turbines are bored 
firstly for reason of material control, and secondly, in vertical machines to pass 
a rope through the bore for assembly work in the space of the turbine). 

We select a low permissible stress, within the range of 150 to 400 kg/cm?, with 
regard to the circumstance that the starting torque is approximately double the 
normal torque, and because of the additional bending stress. We calculate with 
lower values at higher operating speeds with regard to the critical speed. 

The following table, containing data from pertinent literature, presents the con- 
ditions of some machines actually manufactured (including Kaplan turbines): 


n |Mmax: 10° 
t/min | kgcm 


Power station 


Ryburg-Schworstadt 38000 800/360 
Dnyeprostroj 102000 1120/300 
Hamersforsen 15450 500/— 
Power station in Czechoslovakia 1500 340/125 
Power station in Czechoslovakia 10700 480/260 
32500 625/— 
Power station in Czechoslovakia 7840 320/50 
Portenstein 12700 375/— 
Yokawa 2400 200/— 


The main demand is that the shafts of hydraulic turbines always rotate at lower 
speeds than the critical one, and this rule applies even to the highest speed which 
may be encountered in a case of failure of the controller. In turbines with a higher 
operating speed we, therefore, control the critical speed, and it should be at least 
20 % higher than the runaway speed. 

Since the turbine shaft is always seated in more than one bearing and carries more 
than one disc — the turbine shaft is as a rule connected by a coupling with the shaft 
of the alternator or the shaft of the gear mechanism — by a semi-graphical method 
we investigate the deflection of the shaft caused by forces equalling the weights of 
the discs"); the sense of the forces must be selected so that each of them augments 
the deflection (they replace the centrifugal forces). 


1) See e. g. Dobrovolný: Pružnost a pevnost (Strength of Materials), Prague, 1944, p. 505 
etc. ; 
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Having found the deflections y under the individual discs of the weight G, we 
determine the critical angular velocity of the shaft according to Morley’) 


LGy 
crit, TIFOJA. 


and from it the critical speed by means of the relation n = 9.55 œw. 

Large shafts are manufactured from basic open-hearth steel with a strength 
of (50 to 60) to (55 to 65) kg/mm? at an elongation of 18 °% and with a yield point 
of at least 28 kg/mm*. Large shafts are always directly connected with the alter- 
nator, which is principally performed by means of flanges forged on the shaft. The 

flange for the runner is likewise forged from the 

$540 shaft (see Enclosure VI and Fig. 36). The connect- 

re ing parts of the coupling are made and dimen- 

tioned in the same way as those of the flange of 
she runner. 

Small shafts are made from round stock and a 
coupling of cast iron or cast steel is then pressed 
on the stepped end of shaft and secured by one or 
two feather keys for the transmission of the torque. 
Small shafts are usually fitted with electrically 
welded-on coupling flanges. 

The transitions of the diameters are made as far 
as possible conical and the stepping with the largest 


R= 860 ` 
eye possible radius in order to reduce the scoring effect 
* upon the strength of the shaft. 


Fig. 149 Example: As an example let us calculate the 

parts of the turbine illustrated in Appendix VI. 

Ii is a specific low-speed Francis turbine in vertical arrangement. The turbine, 

which forms part of a pumping station, is by means of a coupling connected on 

top with an alternator, whilst the bottom end of the shaft, passing through the 
draft tube is connected to a pump.”) 


w? 


(159) 


The turbine operates under a maximum head (net) H = 208 m, at a flow-rate 
of 12.5 m?/se c. and a speed of 375 r. p. m.; the diameter of the runner is 2400 mm. 
The maximum output of the turbine at 77 = 87 % is: 

N= yQHy _ 1000° 12.5 - 208 - 0.87 
os Yale 75 


(h. p. = metric horsepower). 


= 30 200 = 30 000 h. p. 


1) Technický průvodce, 3. dil, Pružnost a pevnost (Technical Guide, Part 3, Strength of 
Materials), Prague, SNTL, 1955, p. 268. 

2) A description of the entire plant is to be found in the paper of Nechleba: Vodni elek- 
trarna ve Štěchovicích (The Hydraulic Power Station at Štěchovice, Strojnicky obzor (Me- 
chanical Engineering Review), 1948, No. 9 
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a) Labyrinths. With regard to the considerable head, the labyrinths are made as 
shown in Fig. 148. The labyrinth on the rim of the runner has a smaller mean dia- 
meter than the labyrinth on the disc (Fig. 149), so that the runner is under the 
influence of a lifting force. To determine this, it is necessary to know the pressure 
in the places of the labyrinths. 

In the spaces in front of the labyrinths between the runner and the lids the water 
rotates at half the velocity of the wheel, and for the difference between pressure h 
at the inlet radius R, and pressure }; in the places of the labyrinths there will apply 
(Chapter I/12): 


w? 
hi = hy = Be (Ri spee R°). 


375 í 
In our case» =e er m aa = 39,3 l/s; for Rı we substitute the mean value 


9.55 9.55 
_ Ra 2 Rn 


of the diameters of both labyrinths R; = = 905 mm = 0.905 m. Fur- 


ther we have 
39.32 
my EE 2 
h—h = = soar 1 0.91?) = 12 m. 


Overpressure of the runner is obtained with sufficient accuracy from the expression 


hy 2H $2 = H(1 — c), 


where we take c, from the velocity triangle in Appendix II (this is containing 
the hydraulic design of the turbine in question), or determine C, according to the 


discharge from the guide apparatus, Cy = 5 Where z, is the number of 


zı Ba’ 
guide blades, B the height of the guide wheel, and a’ the width of the outlet ducts 
of the guide apparatus. According to Appendix II, cy = 0.61 and hence 


hy = 208 - (1 — 0.373) = 208 - 0.627 = 131 m. 


Overpressure in places in front of the labyrinths in relation to pressure at the 
back of the runner hence is 


ht = hyp —(h, — &) = 181 — 12 = 119m, 


Further we must determine the overpressure behind the upper labyrinth. From 
Appendix II we can see that immediately behind the upper labyrinth the pipe is 
connected for the discharge of the water into the draft tube. This pipe opens rather 
near behind the runner. Therefore, we can write, the resistance of the labyrinth 
(as in Chapter I/12) by the symbol A; and by h, the resistance of the by-pass pipe 
(in the cited chapter the resistance of the relief openings): As + ty = h. Further- 
more continuity equation must hold good. 


Os = us fs (ZE hs = to fo V2 gh « 
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The through-flow area of the labyrinth gap with a clearance of 1 mm equals 
fs =2x Rr: s =22-95-0.1 = 59.6 cm? — 60 cm?. 
As the number of labyrinth gaps is n = 6, we take 
0. 
H= m = 0.245 = 0.25. 


The least through-flow area of the by-pass pipe is fọ = 375 cm?; ua we substitute, 
with regard to the resistances within the pipe itself which we shall later not cal- 
culate — with the value 0.6. thus we obtain 

0.25 - 60 - |/2 g hs = 0.6 - 375 -Zg ho » 
whence 


which, substitued into the equation gives: 
hs + ho = his gives ho € 226 = 119, 
or 
119 


and 
hs = 119 — 0.53 = 118.47 m = 118.5 m. 


The difference of the areas of the mean diameters of the upper and lower 
labyrinths amounts to AF = 5119 cm?. This annulus is acted upon from below by 
a pressure 119 m higher than the pressure in the back of the runner, and from 
above by a pressure 0.53 m higher than the pressure in the back of the runner. The 
lifting force acting upon the runner is therefore 


Ss = 5119 - 11.85 = 60,600 kg. 


“In addition to this, the runner is raised by the force resulting from the meridional 
deflection of the water flow according to Equation (128): 


Sm = — 2y “Cs, 
g 
: : na a Q 12.5 
Cs is the inlet velocity into the draft tube, Cs = a o 6.4 m/sec., so 
s . 
that 
12.5 - 1000 


On the other hand, the runner is pressed downward by the water behind the 
upper labyrinth with force S;, which we determine from the relation (126), con- 
sidering that now Ry, = Rs, (see Fig. 103): 


39.3? + 0.958 
E fom 2). So 
Sı = z + 1000 (0.95? — 0.54%) [0.53 8-981 
39.3? i z | 24s 
sig rc A FOIE) 0 ae 


From this sign it follows that this force acts in an upward direction, which is clear 
when we consider that the by-pass pipe is connected immediately behind the 
labyrinth, i. e. at the edge of the pressure paraboloid, so that here the pressure 
equals approximately the pressure under the runner; since under the influence of 
rotation the pressure diminishes towards the shaft, the average pressure above the 
runner is lower than below it. 

The total of all these forces amounts to 69,830 kg = 70,000 kg and must be 
indispensably less than the total of the weights of the rotating parts, i. e.: rotor of 
the generator 125,000 kg -+ runner of the turbine 10,000 kg -+ weight of the shaft 
16,000 kg, giving a total of 151,000 kg. Consequently the remaining load upon the 
axial bearing the full flow-rate through the turbine is 151-70 = 81 metric tons; 
at no-load run the rotor of the turbine will not be acted upon by lifting forces, 
and the load upon the bearing will amount to 151 metric tons. 

We can also determine the quantity of water leaking through the labyrinth 


Qs = us fs |2 g hy = 0.25 - 0.006 - 4.43 - 118.5 = ` 
= 0.25 + 0.006 - 4.43 - 10.9 = 0.0725 m?/s = 75 litres/sec. 


Since there are two labyrinths, the leakage losses amount to 2 Qs = 150 litres/sec., 
and hence the volumetric efficiency of the turbine is 


__ 12,500 — 150 
Ie = 13-500 


b) Connection of the runner. When the machine is under load, the runner is 
pressed upon the flange of the shaft; consequently it would be sufficient to 
calculate the connecting bolts only on the basis of the weight of the runner and 
the rotating parts under it (only the shaft to the pump when the pump is connected 
by an axially shiftable clutch). The bolts, however, would be disproportionate. 
With regard to the dimensions of the flange and the circumstance that wear of 
the upper labyrinth results in a rise of the water pressure behind it, 10 bolts type 
M99 have been selected. But these bolts alone would not be sufficient to press 
the runner so intensely against the flange as to guarantee transmission of the 
torque merely by friction. For the maximum torque at normal speed is 


30,000 


= 0,988 == 99 %, 


My = 71,620 


= 3,740,000 kgcm. 


375 


Therefore, the peripheral force at the radius R = 420 mm of the pitch circle 


of the bolts should have T = eee = 136,500 kg, so that with a friction 


coefficient of 0.2 the flange would have to be drawn to the clutch with the force 


>= DOn 684,000 kg. Consequently we should have to calculate with 


2 
S 684,000 
a stress of the bolts of c; = T Na 


the area of the core of the bolt. But this connection would not in any way trans- 
mit the twofold moment of the biocked turbine. 

For this reason, five taper pins of 65 mm diameter were used for transmitting 
the torque; each of them had a shearing area f = 33.1 cm?; the pins were placed 
between the bolts on the same pitch circle. Their shearing stress by the torque 
at normal speed amounts to 


= 1010 kg/cm?, f = 68 cm? being 


136,500 
5*33.1 
and consequently with the runner at rest and the guide apparatus fully opened 

Tmax = 1650 kg/cm’. 
Similarly, the flange towards the pump is dimensioned, of course, for the 
torque taken up by the pump. 


T 2 


c) Shaft. Since the shaft is fitted with a bore of only 60 mm diameter for control 
of material and for pulling a rope from the hook of the crane through it to facilitate 
assembly of the lower parts, we calculate with the formula for a solid shaft 


pre 


, selecting t == 300 kg/cm?, so that 


16 - 5,740,000 
x * 300 


Control of critical speed: The shaft is supported by four bearings 4, B, C, D, 
as indicated by the diagram in Fig. 150. The bearing A is the bearing in the elbow 
of the draft tube (Appendix VI), B is the bearing on the top lid of the turbine, 
C and D are the bearings of the generator under the rotor and above it. The 
individual forces in the diagram (Fig. 150) are: P, = 2000 kg — the weight of the 
clutch towards the pump; P, = 15,650 kg — the weight of the turbine runner 
together with the weight of the shaft towards the pump and one third of the 
weight of the main turbine shaft; P = 8000 kg is the weight of two thirds of 
the turbine shaft and of part of the alternator shaft; P, = 110,000 kg— the weight 
of the rotor of the alternator and the pertinent part of the shaft; P; = 2600 kg — 
the weight of the rotor of the main and auxiliary exciters together with the weight 
of the overhanging end of the shaft. 

The statically indeterminate reactions are found e. g. from the condition that 


p= = 97,500 cm, and hence D = 45.8 cm — 450 mm. 
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the deflection in the place of such a reaction equals zero. As statically indeterminate 
we select the reactions B and C. We imagine the supports in the places B and C 
to be removed and investigate the deflection curves for unit loads of 1000 kg, 
first in place B and then in place C. We plot the deflection curves by the well- 
known semi-graphical method as moment curves from the load by the area of 


the ordinates M, Jo 5 where the moment of inertia 7, may be selected e. g. for 


7 


3 


Fig. 150 


a shaft diameter of 500 mm. F is the actual moment of inertia of the shaft in the 
appropriate place and M, the bending moment resulting from the selected load. 

According to the law of the superposition of displacements, deflections y in 
places B and C will be given by the relations: 


yp = 0 = — Pine — Pange + Panes — Panpa — Panes + Byes + Crec; 
yc = 0 = — Pyne -m Pce 4 Pcs in Pinca — Pes + Bice H Chce- 
From these two equations the unknown reactions B and C were calculated, because, 


according to Maxwell’s reciprocal theorem,!) applies m,n = n,m; and the magni- 
tude of the influence coefficients m,n can be measured from the plotted deflection 


?) Timoshenko: Pružnost a pevnost (Strength of Materials), Prague, 1952. 
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lines (e. g. 723 = Nap, see Fig. 150b, c). Both deflection lines must, of course, be 
represented in the same scale. Then we can easily determine reactions A and D 
as in the case of a beam on two supports, reactions B and C being counted among 
the loads. 


Furthermore, we draw the progress of the moments M, Jo for the actual load 
and plot the appropriate deflection line. When the scale of reduction of the shaft 
is 1 : m, the scale of the ordinates of the line My Jo, 1 cm =n kgcm, the scale 


of the force polygon 1 cm = p cm?, the pole distance e cm, and the modulus of 
elasticity of the shaft E kg/cm®*, the enlargement scale of the ordinates of the 
deflection line over the actual dimensions will be 


EJo 


PE 2 s 
em? np 


If we want to calculate the measured deflections instead of the actual ones, for the 
square of the critical angular velocity, we must write: 


Z Py 
Writ = HE EP 
In the given case is » = 25, 2Py = 350,250, XPy? = 935,725, so that 
Wen = 25 +981- S = 9180 1/sec., 


Merit = 95.7 l/sec., and hence nerit = 915 r. p. m. 

Since the runaway speed has the value np = 675 r. p. m., the cricitical speed 
nerit = 1.36 np is approximately 36 °% higher than the runaway speed well on the 
safe side. 


Iii, GUIDE APPARATUS 


1. Guide Blades and Their Seating 


Internal regulation (Fig. 34) is selected only for low heads and for turbines of 
smaller size. Therefore, the pressures upon the blades are not high, and the 
blades for this type of guide mechanism are nearly always cast from gray cast 
iron. Since the water velocities are likewise not high, the blades,as a rule, are not 
machined. Only to attain the requisite sealing action of the guide apparatus in 
its closed position, are the blade ends planed (B in Fig. 151), and in place where 
the blade contacts the end of the preceding one (4 Fig. 151) a bar is cast on; this 
bar is then planed to provide a clean bearing surface. With regard to tightness 
it is important that the machined sealing surfaces are parallel with the bore for 
the pivot of the blade. Larger blades are cast with a cavity in the thicker rear end 
(see Figs. 151 and 34). 
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The blades are pivoted on bolts which at the same time hold both turbine lids 
together. For rotating on the bolts, the blades are provided with pressed-in 
bronze bushings, which reach from either side into a quarter to a third of the 
length of the bore. The bolt on which the blade 

rotates between these bushings is often stepped 
LiT) 


to a smaller diameter (Fig. 152) to permit easy 
NEN 


vertical shaft turbines in particular the pivot is 
fitted with a ring on the bottom end (Fig. 152) 
which projects about 0.5 mm beyond the turbne 
lid and supports the blade in the axial direction, 
eliminating friction of the blade with its full length 
against the lid and facilitating rotation. A short- p 
coming of this arrangement is that to replace LA 
only one blade, the bolt cannot be pulled out; i 
for this reason, instead of this supporting ring, res 
. . . . Fs f 
a special ring slid over the bolt is often employed, Uy f Z, 
4 


removal even if the surface has become rusty. In 
X 


ZZZ A G f 
ON 


ZZZ RR 
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QQ 


so that the bolt can be pulled out in the upward oe 
direction. To facilitate rotation, the blades are Vs 
made about 1 mm shorter than the distance of ges 
the lids. 

The blades are rotated by the regulating ring 
to which they are connected by means of steel 
links and pins. The links are fitted with bronze 


LLL eee eee kes 


Fig. 151 


sleeves for the pins, of which some are pressed into the blades, the others into 
the shifting ring. It is advantageous to arrange the links in such a way so that in 
a shut-off position they enclose an angle of 15° to 20° in the radial direction (Fig. 
153). Thus it is made possible that by a comparatively small force in the regu- 
lating ring large forces in the links are created, providing a good sealing effect of 
the blades in the closed position. A further advantage of this arrangement is 
a partial equalization of the progress of the moments from the water pressure 
upon the blade, which as a rule cannot be fullye qualized only hydraulically (by 
the position of the pivot). 


251 


Since all pivots are in water and cannot be regularly lubricated, only moderate 
specific pressures in these pivots are selected, the maximum value being 40 to 
50 kg/cm?. 

The strength of the blade must be controlled in the place weakened by the bore 
for the bolt. We control this cross section as to bending by the moment from the 
water pressures upon the part of the blade from the point B (Fig. 151) for the 
cross section C-D in the closed position. The bending moment is (B being the 


face of the guide wheel, p the pressure in atm., and / the distance indicated in 
Fig. 151): My = Lee -p; the modulus of the cross section is (t being the 
thickness of the blade in the cross section C-D and d the diameter of the bore): 


B #—d 
V= . 

Further we must control the strength of the pivots of the blades. When the 
lids of the turbine are held together in another way (e. g. by special connecting 
bolts as shown in Fig. 35), they will be subjected to stress according to the diagram 
in Figs. 154a, 6, and the progress of the bending moment will be as indicated 


Sh eee $ P R A : 
in Fig. 154c. The maximum moment is Mmax = = : a, where R, is the maximum 


load of the blade. The requisite diameter of the bolt hence is 


FS Jel Aah (160) 
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When the connection of both lids is brought about by the blade bolts alone, then 
they will be loaded according to the diagram in Fig. 155a. If the bolts were fixed 
only at the bottom and not at the top, the progress of the bending moments would 
correspond to Fig. 1554, and the fix-end moment M, would have the value 


= Ra 
oe 

But the upper end of the deflection line of the bolt must be paralell to the lower 
end, and therefore we obtain (according to which has been said in the calculation 
of the strength of the runners) the correct progress of the moments by dividing 
the moment area so as to obtain the hatched areas in Fig. 155c of equal size. We 
see that the fix-end moment of the bottom end of the bolt, Mg is larger than the 


M. 


Ra R 
at+Shta=—h. 


Fig. 156 


fix-end moment of the top end, Mp. But with regard to the tact that a is small 
in comparison with Zo, no great error is made by putting 


MA Ra: lo 


Ma = Mr = 7 == 4 > (161) 
so that the requisite diameter of the bolt is given by the formula 
Re s 1, 
fe aN ; 
0 Bin (162) 


To keep the thickness of the blade within appropriate measures, we select the 
permissible stress og in the formulas (160) and (162) at a rather high value 


aa = 360 to 1000 kg/cm?. 

The diameter of the bolt may also be calculated according to an empirical 
rare based upon the inlet diameter D, of the runner (d and D, in mm): d = 
= }/10 - D,, giving the round numbers 

for D, = 400 600 800 1000 1500 2000 mm, 
d J6 38° 20° 22 24 26 tm. 
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But when using these data we must check the strength, and should the stress 
be inadmissibly high, we must add special bolts connecting both lids (e. g. as 
shown in Fig. 35), or connect the lids by stay blades. 

Should the lids be held firm at the correct distance from each other by another 
means, even blades with cast-on pivots may be used, as shown in Fig. 166, where 
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the spacing of the lids is determined by the concrete spiral. This has the advantage 
that the pivots of the blades can be lubricated during operation, for which purpose 
tubes are cast into the lids. 

The blades may then have a more slender cross section. 

External regulation (Fig. 35, 36, Appendix VI) is employed for turbines of 
larger size and for higher heads. The blades are cast from steel in one piece with 
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the pivots. With regard to the higher through-flow velocities, the blades for large 
heads (low-speed turbines) are usually manually reground; for the highest heads 
and in particular for installations where the water carries fine sand, the blades are 
made from stainless steel which resists to erosion. The composition of this steel 
is the same as that for runners. In (specifically) low-speed turbines, the pin to which 
the regulating crank is fastened, is the part of the blade subjected to most stress, 


Fig. 158 


the most critical place being the bearing nearest the crank, where the pin is acted 
upon by the torque and at the same time by the bending stress resulting from the 
force of the ling acting upon the crank. Therefore, this pin is, if necessary, reforged 
in order to compact the material and render it more resistant to greater stress. 

In this case the blade may have a very slender cross section if we provide for a suit- 
able, gradual transition (see Fig. 156) into the rings to restrict the axial shifts of the 
blade and from which the pins protrude with a greater thickness than that of the 
blade itself. Clearance is again provided for on either side of the blade, which is 
again axially held towards the bronze bushings of the bearings by rings to prevent 
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friction on the lids across the length. In the case of lower heads, only the crank 
pin is led through the stuffing box into the dry space (Fig. 156), while the other 
pin remains in water. The blade in this case is axially pressed to the bearing of 
the crank by a force equalling the product of the 
water pressure and the area of the pin in the stuff- 
ing box. In the case of large heads, this force would 
be excessive, and, therefore, both pins are led 
through the stuffing box into the dry space; when 
these pins in the stuffing boxes are of the same 
diameters, the blade is axially entirely discharged 
(Fig. 36, Appendix VI). 

The constructional disposition of the stuffing 
boxes of the pins is illustrated in Figs. 157 and 158. 
Fig. 157 shows a stuffing box for high heads (detail 
to Appendix VI), where a leather sleeve packing Fig. 159 
is used. To provide for good seating of this sleeve 
and a certain axial flexibility necessary for tightening the body of the bearing 
under the crank to the lid, the ring of the sleeve packing is split and, between both 
parts, a rubber ring is inserted, The collar which presses the sleeve into position is 
provided with openings for the discharge of the leaking water and is in turn held 
in position by the bearing under the crank. In vertical shaft turbines, the bearing 
also takes up the weight of the blade by a ring on the hub of the crank; the friction 
surface of this ring is moving under 
oil which fills the pan formed by 
the body and the bushing of the 
bearing. The radial bearings are 
lubricated by a grease pressure 
lubricator, as shown in the dia- 


= gram. 
OS a | The crank is placed on the end 
El KY h 
SS SS ane . 


of the pin, and the blade is hinged 
by means of a bolt permitting a 
b] i correct axial seating of the blade 

when the machine is assembled. 
The torque is transmitted by keys 


MMO 


Xv or taper pins, which are driven 
SS home after the axial positioning of 
KOs the blade. Here square keys are 
NY employed, driven home diagonally 


(Fig. 159); the bevel is only on one 
side, but by driving the key home 
diagonally it is gripped on all four 
sides and held firmly. Taper pins 
Fig. 160 have the disadvantage that after 
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an axial shift of the blade (when checked after a long operating) the pin is no 
longer firmly seated and the bore must be adjusted by re-machining. This 
shortcoming is obviated by employing cylindrical pins which are likewise not 
expensive. Fig. 160 a—c shows the manufacture and application of such a key.’) The 
hatched area in Fig. 160a shows the part which is obtained from round stock by 
planing; Fig. 160b indicates how two parts J and JJ of the key are obtained by 
cutting; Fig. 160c, shows how the keys are applied. When finally fitting and driving 
home the keys, or when turning the bore and driving home the cylindrical or taper 
pins (this is only done after assembling the 

complete regulating mechanism including 

the shifting ring), the guide blades are pul- 

led together by means of rope which is put 

round the guide apparatus and tightened by 

a pulley block in order to ensure a correct 

seating of all blades in the shut-off position. 

Fig. 158 shows a similar arrangement but 

for lower heads (up to about 60 m). The 

difference lies in the location of the stuffing 

box, which at lower heads may be placed 

directly under the crank where it is more 

accessible. At higher heads, and consequent- 


zà ly also at higher forces upon the crank, the 
increased projection of the latter from the 
z bearing would unfavourably augment the 


w bending moment of the pin in ue bearing 
e— RSS under the crank. The stuffing box consists 
=e here of a sleeve, retained by a rubber ring. 
= All bearings mentioned have bronze bush- 
Fig. 161 ings. The specific pressures in the bearings 
from either side of the blade, where the 
water has free access, are selected lower, 40 to 50 kg/cm?. In the bearing under 
the lever, where proper lubrication is ensured, we may admit much higher pres- 
sures (up to 150 kg/cm?), but as a rule, (regarding that the size of the pin is given 
by its stress) the value of the specific pressure will be approximately the same as 
in the afore-mentioned bearings. i i : 
When checking the strength, we may simplify the statically indeterminate 
seating of the blade in three bearings by calculating as if the water pressure upon 
the blade were taken up by two bearings adjacent to the blade, and by calculating 
the pull of the link on the blade as if it were taken up only by the bearing nearest 
the crank.?) 
a) Gamze i Golsher: Technologiya proizvodstva krupnych gidroturbin, Moskva. Lenin- 
grad, Gosudarstvennoye nauchnotechnicheskoye izdatelstvo, 1950, p. 258. 


2) For an exact calculation and equalization of the stress by means of the clearance in the” 


bearing under the crank see: Granovskiy, Orgo, Smolyarov: Konstrukcii gidroturbin, Mash- 
giz, Moskva, Leningrad, 1953, p. 160. 
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The bending stress of the blade end by the wacter pressure must be checked in 
the shut-off position, similarly as the blade for inside regulation, and further we 
must control the bending stress of the blade by the reactions of the bearings deter- 
mined by the method already mentioned (i. e. as in the case of a uniformly loaded 
beam on two supports), and finally the stress of the pins in the places where 
fastened to the blade. Here we assume that the reaction in the bearings acts 
in the centre of the length of the bushings; for the upper pin (towards the 
crank) we compose this stress with the stress by the torque of the blade. We calcu- 
late the pin under the crank for bending by the pull of the link an% compose the 
bending stress again with the stress resulting from the torque. 

If we calculate with the forces created by the moment with which the water 
acts upon the blade, we select as permissible stress about 800 kg/cm? (cast steel). 
For safety reasons, however, we select the regulator for regulating forces higher 
than the forces resulting from the hydraulic determination of the pressures upon 
the blades (see further in this chapter); the regulating mechanism and the blades 
are not as a rule subjected to stress by these greater forces, because the rectifying 
screws in the pull rods of the regulating ring are set to ensure that the piston of 
the servomotor bears against its stop when the blades have returned to a firmly 
closed position. Despite this arrangement, we must demand, that, even if the 
lengths of the pull rods of the regulating ring were incorrectly adjusted, the blades 
and the other parts of the regulating mechanism would still stand these maximum 
forces, also when we neglect the friction in the mechanism (which is the more 
unfavourable case). But for such an exceptional case we calculate with a high 
stress, i. e. for cast steel up to 1500 kg/cm, and for the reforged pins and other 
forged parts of the mechanism 2000 kg/cm?. 

It must also be mentioned that it is possible to manufacture welded blades.) 
(See Fig. 161). 


2. Regulating Mechanism, Links, Regulating Ring 


The composition of the regulating mechanism for inside as well as for outside 
regulation has been described earlier (Part I, Chapter VI). But we must still 
emphasize the advantage of utilizing the principle of the bent lever in the shut-off 
position in the arrangement of the links for both mentioned types of regulation. 

In the shut-off position of the blades, the axis of the link is usually selected so 
as to enclose an angle of 15° to 20° with the radius led from the centre of the 
tunner. This principle, which has already been mentioned in connection with 
inside regulation, holds good also for outside regulation; for inside regulation 
see Fig. 153. We must bear in mind that the variation of the through-flow when 
turning the guide blades by a certain small angle is comparatively smaller if the 
blades are in a position near full opening than when they are near the shut-off 
Position. By employing the bent-lever principle we can compensate this influence, 
because to the same rotation of the regulating ring corresponds a smaller rotation 


1) Swiss Patent No. 162526 (Escher-Wyss A. G., Zurich). 
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of the blades when they are near the shut-off position. In addition, there is a greater 
force transmission in the closed position of the blades, and this is more advantageous 
for a tight closing of the blades, as a rule it is less possible when selecting the position 
of the pivot of the blade to equalize entirely the moments of the water pressures 
in the open and closed positions; in the closed position the moment is as a rule 
greater. 

Fig. 162 indicates the graphical determination of the forces in the regulating 
mechanism. The force Pr in the link we determine from the moment acting upon 
the blade by dividing its magnitude by the perpendicular distance (perpendicular 
to the axis of the link) of the pivot of the blade. Then we resolve the force in the 
link into the radial force (which 
is not indicated in the figure 
and is counter- balanced by 
the equal component on the 
opposite side of the ring) and 
the peripheral force P, on the 
pitch circle of the pins of the 
regulating ring. By multiplying 
the force P, by the number of 
blades and the radius r of the 
pitch circle we obtain the total 
moment which the regulating 
ring must develop. If we divide 
this moment by radius / where 
the centre of the eye of the 
regulating ring is located, we 

Fig. 162 obtain the force in the pull rod 

of the regulating ring; when 

this ring is fitted with two pull rods — as it is in the majority of cases — we must, 
of course, still divide this force by two to obtain the force in one pull rod. 

In this way we usually determine graphically the conditions for both extreme 
positions of the regulating mechanism, whereby at the same time we ascertain 
the necessary lift of the shifting ring and the extreme positions of the links and 
cranks, which, of course, must not interfere with each other. 

The regulating links are as a rule made from forged material and fitted with 
bronze bushings for the pins. The pins are of steel, their length equals approximately 
their diameter. Through a bore in the pin grease is pressed upon the friction 
surfaces by a pressure lubricator. The pins are pressed into the regulating ring 
and the cranks of the blades; the diameter of the pressed-in part is somewhat 
smaller, the stepping determining the depth of pressing-in. The cranks depend 
on the stress and are made either of cast iron or cast steel. 

For outside regulation and when calculations are based on the forces with which 
the water acts upon the blade, we may admit a specific pressure upon the pins up 
to about 150 kg/cm?. 
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As already pointed out, the regulator is constructed for greater regulating 
work — by this we mean the product of the maximum force and lift in any point 
of the regulating mechanism — other than results from water pressures upon the 
blade. The reason for this is that we have neither taken into account the friction 
of the pivots of the blades and other parts of the mechanism, nor that in the course 
of time the forces required for actuating the blades are increased due to dirt 
settling on the faces of the blades or clogging by floating ice. Therefore, we must 
calculate with a certain efficiency of the regulating mechanism, taking for the 
magnitude of the regulating work 1.5 to 3 times the theoretical value. According 
to the author’s experience, reliably safe values are offered by the expression 


Axgm = 30 Om?/s Hm Dim (163) 


where D, is the largest inlet diameter of the runner in meters, provided that the 
regulating mechanism is correctly designed. 

When checking the specific pressures from the forces in the regulating mechanism 
selected in this way, we admit values up to 400 kg/cm’. 

The calculation of the strength of the links, pins and cranks is carried out in 
the usual way and will be shown, at least partially, by an example. 

The regulating links are also used as safety elements against damage of the guide 
blades or other difficultly replaceable parts by foreign bodies. Such a case can 
only occur when the in- 
stallation is equipped 
with a wide-spaced grid, 
and, therefore, this safety 
measure is only for low- 
pressure machines with 
wide runner ducts. 

Fig. 163 shows a reg- 

ulating link which is made 
so as to have the least 
strength in all parts of the Fig. 163 
regulating mechanism. 
For this reason it is made of cast iron and is curved, so that in the cross section. 
A-A it is subjected to bending stress by the moment P. e. The resisting moment 
here is further adjusted by a notch to cause the link to crack at about double that 
force which can occur in it when the maximum force of the regulator is distributed 
to all links; the other parts (pins, cranks) must still stand the corresponding forces. 
Should a foreign body penetrate between two blades, the excess of the force of 
the regulator will concentrate upon the two links in question, which will crack and 
be easily replaced after the removal of the cause of the defect. 

A similar principle’) underlies the design of the links illustrated in Fig. 165, 
where the safety device consists of a bolt with a recess subjected to tensile stress 


_ 7) Mashinostroyeniye, Part 12, Moskva, Gosudarstvennoye nauchno-technicheskoye 
izdatelstvo, 1948, p. 294. 
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when the blades are being closed. In addition, this bolt offers the possibility of 
adjusting the shut-off positions of the individual blades. 

Fig. 164 shows the safety device as a bolt (likewise subjected to stress when 
the blades are being closed) which transmits the moment from the crank pivotéd 
on its own hub, which in turn is keyed on the pin of the blade. Instead of the bolt 
subjected to tensile stress a pin subjected to shearings stress may be employed. 

The function of the regulating ring has already been described. Its shape 
depends to a certain degree on the general disposition, but mainly on the resisting 
moment which is required for strength reasons. Various shapes of regulating ring 


Fig. 164 


are presented in Figs. 34, 35 and 36 and in Appendix I, VI and X. In general it 
is more advantageous to employ two pull rods for turning the ring, because then 
it is subjected to less strain and the ring can be made of gray cast iron up to consider- 
able size. The use of one pull rod is less advantageous owing to the greater stress on 
the ring; rings of larger size must be made of cast steel; this construction is only 
used for smaller machines. 

When servomotors, built directly into the turbine pit (Appendix I), are used, 
where the manual mechanical regulation is eliminated, a latch-bolt must be 
provided for, by which the shifting ring is secured (blocked) in the closed position 
before (in case of a longer down-time) the pressure oil supply is cut off; otherwise 
the water pressure upon the guide blades would open the turbine. 

The strength of the latch-bolt must be calculated for the sum of the maximum 
forces of the regulator and the water pressure when the blades are in the shut-off 
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position. Such a latch-bolt shaped like a large taper pin, controlled by a handwheel 
and a spindle, is shown on the left half of Appendix I. 

When. the latch-bolt is to be hydraulically remote-controlled, it must be 
equipped with an oil-operated servomotor which, if of the one-sided type, can 


Fig. 165 


only act against the force of a helical spring. But whether we employ a single- 
acting motor with a spring or a double-acting motor, we must always bear in mind 
that the force required for pulling out the latch-bolt must be decisively greater than 
that for inserting it. Therefore, when a single-acting servomotor is employed, the 
latch-bolt is inserted by the spring and pulled out by the oil pressure; in double- 
acting servomotors, the active area of the piston subjected to the oil pressure in 
pulling out the latch-bolt must be larger than the active area of the piston which 
inserts it. 
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The locking of the shut-off position of the regulating ring may also be arranged 
on the servomotors. 

When a split regulating ring is used, it is with regard to symmetry, divided in 
the sections lying on the ray which bisects the angles between the eyes of the pull 
rods. The ring is split either with regard to its large size or with regard to assembly 


Fig. 166 Fig. 167 


considerations. A split ring is inevitable e. g. for the disposition illustrated in 
Fig. 166 (inside regulation), which otherwise is very advantageous, because by 
locating the ring on the top lid we obtain a shorter regulating shaft, which does not 
pass through the concrete spiral and does not disturb the water supply to the 
turbine. 

When the ring is revolved by two pull rods which are not parallel (Fig. 34, on 
the right side), in turning, it shifts slightly in the direction of the connecting line 
of the axes of the regulating heart and the turbine, as evident by a kinematic 
investigation of the mechanism. The seating of the ring must permit this shift and 
is therefore made with a clearance of 1 to 2 mm, or the ring is guided by two bronze 
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adaptors placed on the line perpendicular to the mentioned connecting line“(or it 
is guided by more adaptors placed near and symmetrically to this line). 

In the strength calculation for the shifting ring?) we shall consider the general 
case of a ring with two pull rods, as diagrammatically indicated in Fig. 167. The 
ring is acted upon by the following external forces: 

1. The forces in the pull rods P, and P,, if we neglect variations caused by 
inaccuracies in assembly work, fric- 
tion, etc., will be P, = P, = P. 


Fig. 168 Fig. 169 


2. The forces from the regulating links T. Neglecting variations caused by 
fluctuations of the water pressures upon the blades, fluctuations of the magnitude 
of the friction, etc., we may consider these forces to be equal. With regard to the 
large number of links we assume that their total force X T is uniformly distributed 


1) Nechleba: Pevnostní výpočet regulačního kruhu s dvěma táhly (Strength Calculation 
of a Regulating Ring with Two Pull Rods), Strojnický obzor (Mechanical Engineering Re- 
view), 1941, p. 317. Also Meyer H.: Calcul des cercles de vannage des turbines hydrauliques, 
Bulletin technique de la Suisse romande, 1932. Further, Schnyder: Die Festigkeitsberech- 
nung für Wasserturbinen und Pumpen, Dissertation at the Technical University (ETH) 
of Zurich, 1930. 
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along the circumference of the ring. To the part of the circumference rdx 
therefore falls ` vT nT 


dF- = IER rdg = SET da, 


where zg is the number of links, r the radius of the shifting ring, and T the force 
with which each link acts upon the ring. 

3. The reaction R of the guide of the regulating ring. If we transfer the forces P, 
and P, into the centre of the ring, there arise, on the one hand, the moments of 
these forces, which are in equilibrium with the moment of the forces of the links 7, 
and, on the other hand, the resultant, which must be taken up by the guide of the 
ring and creates in it the reaction R. The magnitude of this reaction is known as it 
is given by the geometrical sum of the forces P, and P, and equals R = 2 P cos £. 

This reaction acts according to the diagram upon the left half of the ring; in this 
half we subtract from it the horizontal components of the forces T and the horizon- 
tal component of the force P, whereupon the remainder is carried over as the 
forces N, and N, (Fig. 169) to the section A — B into the right half of the ring. 

Now let us imagine the circle to be cut through along section A — B and the 
left half removed. The influence of this half upon the remaining part is replaced 
by the external forces N,, Na Bi, Ba and the moments M, and M, (see Fig. 169). 

Now let us determine the resultant of the elementary forces dT; its direction 
raust be vertical as the horizontal components in the upper and in the lower part 
cancel each other; the magnitude of the resultant is (Fig. 168): 
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If this force has to create the same moment about the centre of the ring as the for- 
ces T, it must act at a distance y from the centre of the ring so as to satisfy the 
moment condition: Pe 
| ral = Tiz 
o 


whence follows after substitution 
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hence ur 
— se 
We express now the bending moment in an arbitrary cross section of the regu- 
lating ring, deflected from the section A by the angle p (Fig. 169). The moment of 
the force B, in the mentioned cross section is 


Ma = B, r sin g. 


From the force N, results: 


ae 

Mm = N,-r (1 —cos ø); 

from the forces dT: Ane in 
p 


Mr -f {1 — cos (p — «)] dT = zI (p — sin p); 
0 


the general moment hence is 


= t oT 
M, = B, r sin p + N; r (1 — cos p) — PL (p — silp) +M, 
and applies from the point A and further on across the engle 8. In the proceeding 
part the moment of the force P must be added: 


Mp = P[I —r cos (p—P), 


and the total moment will be 
M, = Br sing + N,r (1 —cos g) — = (p — sin p) + 


+ (Pu—r cos (p —/)]} + M,. 


From the equation of the moments about the centre of the ring we can ascertain 
the value P (neglecting the friction). Since the moment of the force P has already 
been introduced with the appropriate sign, we shall now pay no regard to it. From 
the equation of the moments 


DAPET 

follows 
Zo Tr 
P= 
21 
Thus the expression for the general moment is adjusted to 
Mep = Bır sing + N,r (1 —cos g) — wae : 
p — sin p r 
s b a= fı a a (p —P) l] +M, 
£ 


which holds also in the left half of the ring up to the angle (2 æ% — p), from where 
again the moment of the force P must be added: 


Mp = P{l—r cos (8 —2 x +g)] = P:[l—r- cos (p + p) 


and finally, in the place of the reaction R we must further add the moment of this 
reaction, which equals 


= : 3 
My = Rr sin(g— x) = Rr cos p, 


so that the general expression for the moment in the place rotated from the point 4 
about the angle ¢ (in a clockwise direction — see Fig. 169) is, the positive moment 
being counted in the anti-clockwise direction, 

Zon? 


M, = Bı rsin p + N, 7 (1 — cos p) — —> jaar _ 


=h — -cos —A| = l1 — Z cs (p +o] Sig 
B iad 


at 


—fr r cos p| + Mı 


3 (164) 
or 
M, = Bir sing + Mir (1—cos g) — P I| P=. — 
r | r | 
— 1 ——-cos (p —B) | — 1— —-cos (@ +8), = 
B 2x- Bp 
— Rr cos p| + My. 
Ra (165) 


Now we apply to the mentioned half of the ring the condition that the sums of 
the forces in the horizontal and vertical directions must equal zero. In the hori- 
zontal direction only the forces N,, N, act and the component P cos (x — f). Hence 
it holds good: 

N, + Nz +P cos (x —f) = 0 
or 
Ni +N, = P cos f. (166) 
Similarly applies for the vertical direction 
B, -L B, op P sin (z — f) -5 Ty = 0 
or 


Die 
BB; -—Psinp—1, =P (24 —sing). (167) 


We can further determine some other relations. If in Fig. 169 we change the 
sense of the force Ty, the sense of the force P also changes, as well as that of 
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moments M inthe points A and B, as is the case in the right half of Fig. 170. If we 
look at this picture on the reverse side of the paper, we see it as it has been drawn in 
the left part of Fig. 170. If we further let act upon the ring reaction R = 2 P cos f, 
counterbalancing this action by introducing the forces P cos f of the opposite 
sense on both ends of the semi-circle, we obtain the picture of the forces acting 
upon the left half of the ring. If we compare this picture with the original picture 


N 


Fig. 170 


in Fig. 169, we see that the forces at the ends of the semi-circle constitute the re- 
action to the forces at the ends of the right half, and at the same time follows 


from this consideration that N, = N, = — = cos 8. The minus sign indicates that 


the sense of the forces N, and N, must be opposite to that of the component 
P cos f. But if we pay regard to the sign of the function cos 8, we may write 


N= NN; = > cos f. (168) 


We can further ascertain the relation between the moments M, and M;. We 
determine the moment in the point B from Equation (164) by substituting ¢ = x 


i hı —] + 60s (x -p| + M,, 
Mp=x = r [(P cos §)] + Pr cos p + M,. 


The use of parantheses and brackets in the first term on the right side of the 
equation denotes that the expression enciosed in them does not change its sign 


My an =2Nyr— 
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with the function cos ĝ, because it represents the force which we put into the 
equation for the moment, regardless of the sign, as already in establishing the 
equation the senses of the moments were taken into consideration; on the other 
hand, the second term changes its sign ( > 90°), so that 


My na = Mi 


Since the moment M, is in equlibrium with the moment Mọ =æ its sign must 
be opposite, and hence applies 


M, = Mias =—M;: (169) 


Af the original six unknowns Nj, No, Bı, B2 Mi, and Me, we have thus already 
determined two; these are the forces N, and Ns; for ascertaining the remaining 
four unknowns we have only equations (167) and (169) at our disposal. Therefore, 
we determine the moment M, by means of Castigliano’s theorem of the minimum 
of the work of deformation of statically indeterminate forces. 

Neglecting the influence of the shifting forces upon the work of deformation A, 
we may write 


l M? 
A= 2 J EF rdp, 
where ¥ is the moment of inertia of the profile of the ring about the neutral axis 
and E the modulus of elasticity of the material, whilst the value M, can be deter- 
mined by means of the expression 


ðA oM 
IM, = fe Fie ee = 


since am = 1, we obtain by using Equation (164) 


ðM 
an 2n i 
T se. 

[arsine aps [rra—cosmay— 25" [2 ae dp + 

o Q g 
2a. 2a 

+223" ffi- cos @— Jaw + 229" [ie ao- 

n 27-8 


2x 2 


— Rr | cos p dp + f M, dp = 0, 
3x 9 


$7 


and from this relation we obtain after integration and adjustment the simple 
equation 
Rr 


Nir +Mi— -zz =0, (170) 


270 


and by substituting for N, and R the corresponding expressions, we arrive at 


M, -rA _|(7 cos ĝ )| = (Pros (++) = —M,. (171) 


If we choose the same way for ascertaining the value B,, we set out from the 


expression 
2x 


aA f aM 
== | danse F< as 
aM A <— 
Since applies Sr r sin p, we obtain, immediately "cancelling r, the 
1 
equation 


JB: r sin? g dy +JN, r sin p dp — JN, r cos y sin y dp — 
o 0 o 


"zoTr p—sinp . be Te ir l 
4 5. age eee +) zT [1 — cos (pf) |sin p ap + 
; “i i 2n 
Tı 
+ | a [1 cos (p +A) | sin pap — | Rr cos g sin pap + 
2a- p A 


Qn 


+)M, sing dọ = 0, 
9 


whence by integration and adjustment it results 


3 Zo T Zo (2 ) “ aw i R 
B = = Pi Rtas i | et eg ee an = 
chs = 4- a ta Ga 1) sin 6 z (1 —cos f) + jz 0 


By =P (1— 4 )sin p—p4— p20 cos  —[(P cos £] —, 


where the use of parantheses and brackets for the last term again denotes that 
a change of the function cos f exerts no influence upon the sign of the complete 
term as here the insertion of the expression of a force into the equation of the 
moment is concerned, so that it holds good: 


B, =r |(1— f )sing— Be (== =) cos i]. (172) 


7 rit mr T 


The expression for B, has the positive sign, from which it is evident that the 
moment of the force B, has been inserted with the correct sense into the equation 
of the moment, or in other words that the sense of the force B, is the same as indi- 
cated in Fig. 169. If we, however, consider the component P sin f as positive, the 
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minus sign must be taken; this is necessary for further use in Equation (167). Thus 
we obtain 


= B3 1 g- el 1 ) 
,=P| 5 sinf + —— ae = JÊ- (173) 

In this way we have ascertained all the values necessary for the determination 
of the general moment according to Equation (164), and thus also the general 
moment M, is determined. Its progress in an actual case is shown in Fig. 167. 

By means of relations (171), (172), (173) and (168) the forces and moments in 
sections A and B are also determined. When in sections A and B the bolt con- 
nections are located, as usually is the case in split rings, we must dimension these 
connections with regard to the forces ascertained in this way. 

When f = 90°, i. e. when the pull rods are parallel, N, = N, = 0 and M, = 
= — M, = 0, and the joint of the split ring, arranged between the eyes lying 
diametrically opposite each other, will be subjected only to shearing stress by the 


forces according to Equation (172) for 6 = > 


l l 


The general moment for both halves of the ring will be the same: 


M =B,r-sing— = = 1— sing], 


or 


Te Lee, 
M, = P[-r-sinp—£1+1)1— sing | (175) 
+ 


(here we have introduced the forces regardless of the sign, because the sense of the 
moments, we have already taken into account in the expression for the moment). 

It is evident that a ring with diametrically arranged eyes, with regard to the con- 
nection of both halves, is more suitable than a ring with eyes located under an angle 


p> >. When further, in a ring for which applies 6 > > make (if it is possible 
with regard to other reasons)? = y = pe , there will hold good 
1 l 1 ur 
B =B =P |z] -?[5-#] ine 
and theoretically the connection of such a ring will not be subjected to any stress 
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These formulas are applicable also to a ring with one eye if we substitute 
# = z and thus concentrate both forces (i. e. of the value 2 P) on one arm. 

Example. As an example, let us now carry out mathematical control of the parts of 
the turboset as shown in Appendix VI, 
above all of the guide blade, the dimen- 
sions and seating conditions of which 
are indicated in Fig. 171. By graphical 
investigation of the pressures upon the 
blade according to Part II, Section a, 
Chapter II, we have found that the 
maximum force and the maximum mo- 
ment of the water pressure upon the 
blade are encountered in the completely 
closed position. 

When the machine operates under a 
small load, the losses in the supply pipe 
fall off; therefore, we shall calculate with 
a head not reduced by these losses, i. e. 
H = 220m. 

Further we must consider the condi- 
tions at a sudden discharge of the set 
and closing of the guide apparatus by 
the automatic regulator. Since the tur- 
bine is equipped with a relief valve“ 
(see Part III), the pressure rise does 
not normally exceed 20 % and the 
same applies for the increase of the 
stress of all parts; this circumstance we 
take into consideration when judging 
the resultant stresses. On an accidental 
failure of the relief valve the pressure 
would rise by 100%. In such a case 
the stresses would be doubled. As this 
would be very exceptional (the relief 
valve is fitted with a device which 
in the case of a valve failure extends 
the closing time of the regulator and 
which therefore would have to fail at 
the same time), we may in this case 
admit a very high stress, nearly up to Fig. 171 
the yield stress. 

The force P with which the water acts upon the closed blade under the head 
H = 220 m is indicated with values in Fig. (171): 


P = 18 - 54.2 - 22 = 21,500 kg. 
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The reactions in the bearings A and B will consequently be P, = P, = 10,750 kg 
and the specific pressure in them 
=- IG750 
Pa,.B= 8-205 = 29.1 kg/cm . 
The torque is 
Mr = 21,500 - 9.5 = 204,000 kgcm, 
and the stress from the torque in the pivot B 
ee 10-Mx _ 16-204,000 
ii md = m-5832 
The bending moment of the pivot in the place of the transition into the retainer is 
M, = 10,750 - 10.25 = 110,000 kgcm. 


The resisting moment for a diameter of 180 mm is W439 = 572.6 cm? and the 
bending stress of the pivot equals 


z, — 110,000 
AE; 
The ideal stress in this section consequently is 
Or = |o2 + 3r} = | 37,000 + 3 -32,000 = 364 kg/cm?. 


For checking the pivot under the regulating crank we must first determine the 
force Q upon the pin of the crank; this force will have the magnitude Q = 


= 178.5 kg/cm?. 


= 192 kg/cm?. 


= 21,500 - pee 6100 kg, and the specific pressure in the bearing C under 


33.5 
the crank wiil be approximately 
6100 
= CU = i 2 
pe i511 37 kg/cm?. 
The bending stress in this pivot will be 
16 - 204,000 _ fem 
= — ae 308 kg/cm*. 


The bending moment of the force Q is M, = 6100 - 8 = 49,000 kgcm, and at the 
resisting moment W,,;, = 331 cm? the bending stress will be 
aw 49,000 
. re) ead 
so that the ideal stress will be cy = 548 kg/cm?. 
A pivot of a diameter of 140 mm will be subjected to torsional stress 
16 - 204,000 
x 2744 


= 148 kg/cm’, 


Tk = = 378 kg/cm?, 
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and to bending stress in the weakened place by the moment M, = 6100-2 = 
= 12,200 kgcm; here applies 
W490 = 269 cm’, 


12,200 
269 


so that 


= 45.4 kg/cm’®, 


Ga- = 
which may be neglected. 
On a regulating pin with ə diameter of 70 mm and a length of 70 mm the specific 
6100 
7-7 
bending moment M, = 6100 - 3.5 = 21,300 kgcm. As the cast-in part is stepped 
down to the diameter of 65 mm, the resisting moment has the magnitude 
Wess = 27 cm, and hence the bending stress of the pin is 
ae 21,300 
oF 
For reasons already mentioned we shall dimension the regulator for regulating 
work 


pressure will be p = = 125 kg/cm?*, and the pin = be stressed by the 


= 790 kg cm?. 


A = 30 Q H D =30- 12.5 - 220 -2.4 = 8600 kgm — 9000 kgm. 


With regard to standardization of regulators the servomotors are selected for the 
nearest higher stage of regulating work, ise. A = 10,000 kg. The diameter of the 
pistons of these servomotors is 420 mm and consequently the surface is 1385 cm?. 
Since the turbine is fitted with two servomotors, the total surface is F = 2770 cm?, 
and the regulating work for a stroke of the servomotors of z = 230 mm has to be 
A = Fpz=2770 - 0.23 - p = 9000 kg, the required minimum pressure of the oil is 


= 9000 
Pmin = 9770 0.23 


As here a fully automatic turboset is concerned, an automatic cut-off is necessary 
in case of failure in the supply of the regulator oil; this cut-off must be performed 
slightly before the oil pressure drops to value pmin, so that there will still be 
sufficient pressure to shut the turbine, i. e. approximately 16 atm. gauge pressure. 

Note: The determination of this pressure is derived from the capacity of an air- 
vessel which holds 1500 litres (see Part III). When the pressure drops to 16 atm. 
gauge pressure initiates (by means of a pressure switch) the closing process, the 
quantity of oil discharging from the air-vessel equals the stroke volume of both 
servomotors, i. e. the quantity o = 2570 - 23 — 65,000 cm? = 65 litres. That is 
to say, the pressure in the air-vessel, which is no longer refilled, drops according 
to the relation (for simplicity reasons we consider here an isothermic process) 
1500 - 17 = 1565 p’, from which results p’ = sect 
15 atm. gauge pressure, which is with a certain safety factor the required minimum 
pressure. 


= 14 atm. gauge pressure. 


= 16.2 = 16 atm., or 
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With regard to the lag in the repumping action (see Part III), which for safety 
reasons we consider as equalling three atm. gauge pressure, the upper pressure 
limit will be 19 atm. gauge pressure. The installation is also equipped with an 
auxiliary pump which (with regard to automatic action) is designed to work at 
higher pumping pressures within the range of the repumping lag from 19 to 22 atm. 
gauge pressure In the case of failure in the repumping cycle the turboset is cut 
off when the maximum upper pressure limit of 24 atm. gauge pressure is attained. 
With this last value we shall further calculate as with safely established upper 
pressure limit. 

Thus we obtain the force of one servomotor as Pmax = 1385 - 24 = 33,200 kg 
and the force of both seryomotors as 2 Pmax = 66,400 kg. The servomotors act 
upon the eyes of the shifting ring at the radius 7 = 1730 mm. Since the pitch 
circle of the regulating pins has the radius r = 1100 mm, the total force at this 


radius equals P, = 2 Pmax —— = 66,400 aia == 10,200 kg, and as there are 


16 guide blades, the force acting upon one pin in the peripheral direction (P; in Fig. 
162) will be 


P, = a = 6400 kg. 


We have determined graphically (see Fig. 162) that this peripheral force 
corresponds to the force in the link Q = 21,000 kg and the torque on the crank, 
since in the shut-off position the perpendicular distance of the link is 330 mm, 
My, = 21,000 - 33 = 693,000 kg cm. 


When we count with these values, the specific pressure in the bearing under the 
crank equals 


21,000 ` 
Dc, max = ir = 128 kg/cm*, 


and the stress in the pin with a diameter of 140 mm by the torque will be 


16 - 693,000 _ ; 


Tk = 


The stress in the pin in the bearing C under the crank will be: torsional stress 


_ 16 693,000 _ i 
t= 23373. 1050 kg/cm?, 
and bending stress 
21,000 - 
oj aei = 510 kg/cm?, 


whence oy = 1900 kg/cm?. 
With regard to this stress the pin of the blade (blade of cast steel) was reforged. 
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The specific pressure on the regulating pin is under these conditions p = 
= siin — 428 kg/cm?, and the bending stress of this pin, which is made of 
steel Type C60 will be 

= 21,000 - 3.5 
MT oF 


The regulating ring is designed in such a way that theoretically there are no 
forces in the bolt connection located between the eyes; for this reason we have 
selected the radius passing through the centres of the eyes/of the pull rod with 
a length Z = 1730 mm for the radius r = 1100 mm of the pitch circle of the pins, 
so that the shearing force according to Equation (174) equals 


l l 1 1730 
B= B; = p(s 7) P(5 aes 


The normal forces and bending moments in these connections will likewise 
equal zero, which follows from the fact that the radii of the eyes of the ring enclose 
an angle of 90° with the dividing plane. Theoretically, the connection transmits no 
forces whatsoever, and therefore we select the connecting parts — bolts and fitting 
taper pins — in accordance with the size of the ring without special calculation, 

Further, we ascertain the bending moments in various sections of the ring 
according to the expression (175) 


= 2700 kg/cm. 


aT eee o PE I) 
M, = PI (5 sinp—2 + 1 por 5 


x 
2 


where for the first quarter of the ring the term in the brackets falls off and we 
obtain?) 
ay LE 2) 
M, = PI( z7 sing pra 
If we substitute 7/2 for p and for P the force of the servomotor the round value 
P = 35,000 kg, we obtain 


Moo. = 35,000 - 173 - (0.318 — 0.5) = — 35,000 - 173 - 0.182 = 
= — 1,100,000 kgcm. 


We determine further the moments for other angles p and thus we ensure that 
the moment in the section p = 2/2 as given above is the maximum value, and 
calculate with this value. We ascertain graphically the moment of inertia and from 

1) It can be proved that in rings with parallel pull rods the bending moments in the 
second quarter are equal and symmetrically distributed to those in the first quarter. It will 
therefore suffice to check only a quarter of the ring. See Pfarr: Die Turbinen fiir Wasser- 
kraftbetrieb, Berlin, 1912, p. 401. 
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it the resisting moment of the cross section of the re. ing ri 
i l gulating ring. The value of the 
latter is W = 4950 cm?. Hence the maximum bending stress of the regulating 


ring is 
R 1,100,000 

‘ 4950 

aros the ring was made of gray cast iron. 
ow there only remains to check the eyes of the re ing ri i 
gulating ring for bendin 

stress and the pins of the main pull rods for bending stress ai iii EAE 
the pins were selected so as to exhibit a specific pressure of approximately 


120 kg/cm? and a bending stress of 870 km/cm? under the infi i 
mum force of the servomotor. — e 


= 220 kg/cm?. 


IV. EXTENSION OF THE REGULATION 


Under the term »extension of the regulation“ we understand the force-trans- 
mitting mechanism between the servomotor of the turbine regulator and the 
shifting ring. This mechanism consists of the following parts: regulating pull 
rods, regulating heart, 
regulating shaft and seat- 
ing, or, in large turbines, 
the servomotors which 
are built into the turbine 
pit and equipped with 
pull rods. 

The pull rods are made 
as a rule of tubes and 
their length should be 
adjustable to permit a 
correct setting of the 
shut-off position of the 
guide aparatus; for this 
reason, the eyes of the 
pull rods are connected 
Hig. 172 (at least at one end) by 

l means of a thread wi 
a lock nut (see Figs. 34, 35 and Appendix I). Into the eyes of the pull rods Danie 
bushings are inserted in which rotate the pins, connecting the pull rods to the 
regulating ting and heart; the specific pressures in the bushings are the same as the 
mentioned permissible pressures on the pins of the links. In parts which contain 
fixed pins and where much higher specific pressure is encountered, the pins must 
be secured against rotation to prevent abrasion in the pin holes and the devel- 
opment of a clearance which would impair the precision of the regulating action. 
The seating of the regulating shaft on a horizontal turbine is seen in Fig. 172, 
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and presents a view of the turboset a section of which is shown in Fig. 36. The 
regulating shaft is seated in the bearing on the spiral and in the bearing of the 
regulator, where it is also secured against axial shift by the keyed-on crank of the 
regulator. The regulating heart is overhung and also keyed on the shaft. 

The regulating shaft must be checked for bending and torsional strength with 
regard to the place of the seating. We select a low permissible (reduced) stress — 
about 200 to 400 kg/cm? — for the torsion of the shaft, which must not exceed 
a certain limit, otherwise the accuracy of the regulation would be impaired. 

When the regulator begins to move, the regulating lever and the regulating 
mechanism offers resistance to this action, the part of the shaft-between the lever 
of the regulator and the regulating heart must undergo elasticUeformation, so that 
the lever of the regulator performs part of the lift ,,unloaded“, with the regulating 
heart at rest. This ,,no-load“ lift of the regulating lever in a manual regula- 
tion should not exceed 2 °% of the total lift of the lever (from the open into the 
closed position) and in an automatic regulation it must not exceed 0.5 °% of the 
total path. 

If we denote by Mx the maximum torque on the regulating shaft of diameter d, 
the twisting of two sections spaced 1 cm, measured at a radius of 1 cm, is given by 
the expression 
ro. 32 My 

"  RaeG? 
where G is the modulus of shearing elasticity in kg/cm?. 

Further, when L is the length in cm of the shaft between the regulating lever and 
the regulating heart, z the total lift of the regulating lever with the radius r, and x 
is that permissible part of the total lift so that xz is the ,,no-load“ lift of the regulat- 
ing lever in cm, then it holds good that: 


Ee pone 
r 


(176) 


If we introduce the value 6 determined from this relation into Equation (176) and 
ascertain dt, substituting for s the approximate value 10, we obtain 
_9-Me Lr 
z xz 


The moment My can be expressed by the regulating work A (in kgm), for the 
regulating work is the product of the force and the lift and consequently also the 
product of the moment and the angle in circular measure corresponding to this 
lift. Since z is the lift of the lever measured in cm along the arc of the radius r of the 


di 


lever, this angle is =. , and consequently applies 


z 
100 Awgm) = Miagem) E 
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and hence 


1000 A 7I, 
G gtx? are 


where A is expressed in kgm and the other values in the kg-cm system. 
Regulating shafts for great regulating work would have considerable diameters 
which would render practical application impossible. In this case pairs of servo- 


dt = 


AUUV 


AZ 
tS oe 


ah 


| NY; 
VW 
a 
a 


p 
7 


penn TITIL LILIA LE 
ees 
bes = 


2 LLLI} 
e E LIL T TITILIIIIIILIIIIIZIZIZIT A 


Fig. 173 


motors built into the turbine pit are used; these motors are directly connected to 
the regulating ring by their pull rods (see Appendix I.) Since they are always 
mounted with their pull rods parallel, the regulating ring also is subjected to less 
stress. Fig. 173 presents a cross section of such a servomotor. The cylinder of the 
servomotor is bolted by means of a flange to the welded foundation case, which is 
held by anchor bolts and concreted into the turbine pit. The pin of the swinging 
seat of the pull rod is directly inserted into the piston to which is bolted a packing 
tube, covering the pull rod and passing through the stuffing box. The piston has 
either no special sealed parts or is fitted with piston rings. The covering tube has 
a leather sleeve packing. The cylinder as well as the piston are made of grey cast 
iron (in so far this is compatible with stress by oil pressure); while for high pres- 
sures and large sizes, both the cylinder and the piston must be made of cast steel, 
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supporting rings of grey cast iron (Fig. 174) are fastened to the cylinder to ensure 
good sliding properties. In order to prevent oil leakage from the pressure spaces of 


Ws 


the cylinder around the pin into the covering tube and through it into the outer 
space, special sealing of the pin must be provided for (see the flanges in Figs. 173 
and 174). 

These servomotors, even when their pull rods are parallel, do not act upon the 


regulating ring with the net moment. The oil pressure always acts in one servo- 
motor upon the rear side of the piston, while in the other servomotor the pressure 
is exerted upon the front surface of the piston, which is smaller by the cross 
section of the covering tube passing through the stuffing box; for this reason, the 
ring is always acted upon by a certain force (equalling the product of the cross 
section area of the covering tube in the stuffing box and the oil pressure) directed 
off the servomotors, which must be taken up by the guide of the regulating ring. 

The motion of the regulating ring or of the servomotor must be transmitted to 
the regulator by a so-called feed back linkage (see Part III). As shown in 
Appendix I, the motion of the reg- 
ulating ring is transmitted by means 
of a slidingblock, two-armed lever 
(indicated by dashed lines in Appen- 
dix I) and a rod mechanism. The 
motion may also be transmitted from 
the servomotor (as shown by the 
dashed lines in Fig. 173) or by means 
of a sleeve slid over the covering tube 
of the servomotor, which also moves 
rectilinearly. 

For horizontal shaft turbines the 
installation of two servomotors is 
unsuitable. Here an arrangement hav- 
ing a regulating heart is employed, 
but with only a very short regulating 

Fig. 176 shaft, as shown in Fig. 175 (it must 

be only pointed out that -— as can be 

seen in the figure — the oil-distributing slide valve of the regulator is placed directly 

on the servomotor). Fig. 176 illustrates this servomotor in connection with the 
turbine. 

The strength of the cylinder and piston of the servomotor is calculated in the 
usual manner. The anchorage of the servo-cylinder into the foundation case and 
the case un the concrete structure must, of course be dimensioned for the maximum 
forces which the servomotor can develop in either direction of its action. The eye 
of the pull rod is also lined here with a bronze bushing for the piston pin, and with 
regard to the good lubrication and the small swing of the pull rod, comparatively 
rather high specific pressure may be admitted, i. e. 250 to 350 kg/cm*. 

There are also designs in which the servomotor is placed directly into the regu- 
lating ring, thus eliminating the transmission of the forces to the structure (see 
Fig. 177).4) 

Example: In order to obtain an idea of the dimensions of the regulating shaft, we 
are now going to calculate as an example the diameter of this shaft for the turbine 


1) L. Meissner: Die Kaplanturbinen des Wasserkraftwerkes Neu-Oetting, VDI, Vol. 93 
(1951), p. 868. 
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~ 
So 


Fig. 177 
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shown in Figs. 36 and 172, considering for the regulation work again a loss-free 
head in the piping, amounting to H = 230 m, so that the regulation work (inlet 
diameter of the runner D, = 930 mm) is A = 30 Q VHD == 30+ 1.9 | 230 - 0.93 = 
= 850 kgm. We use the expression (177): 
1000 A rL 

G resem 
We have here the length of the regulating shaft L = 1500 mm, the arm of the 


regulating lever r = 275 mm, the lift z = 200 mm, and for the automatic regulation 
we select x = 0.005, whence 


_— 1000 ' 850 760 - 150 
~ 800000 400 -0.005 
and hence d = 15.7 cm == 160 mm. 


Thus we see that the diameters of the regulating shafts assume considerable 
values (the diameter of the main shaft of the turbine is about 240 mm). 


d = 


= 61000 cm, 


V. SPIRAL WITH STAY BLADE RING 


The metal spirals, which form part of the machine, are either made of grey cast 
iron (for low heads), or of cast steel, or of steel plates connected to one another by 
riveting or welding. 

In the casting process the spiral is moulded in the horizontal position, so that the 
core under the influence of the buoyancy in the molten metal tends to shift upward. 
For this reason, openings in the spiral wall are often made for the anchoring cores; 
these openings are then closed by blind flanges which fit into the openings so as to 
eliminate surface irregularities which would disturb the flow within the spiral. 
When the cores are only held in position by struts, the possibility of deformation 
must be taken into account, and therefore, the wall of the spiral is made thicker 
by 5 to 10 mm than calculated. 

The mould is divided in the plane of symmetry of the spiral, and the casting 
then exhibits a seam or a moderate overlapping. For the sake of better appearance, 
a low rib is fastened in these places, which may then be manually ground (see 
Figs. 120a, b). 

In order to strengthen the spiral against the forces which tend to open it 
(Fig. 120b — the forces S), it is fitted with stay blades already mentioned or with 
bolts. The stay blades are cast in one piece with the spiral if cast steel is used for 
construction material. Since these blades are subjected to tensile stress, grey cast 
iron is not suitable because of its low tensile strength. In this case, the spiral is 
reinforced by means of cast-in steel bolts. The cast-in ends of the bolts are fitted 
with rings, as shown in Fig. 178, to ensure good transmission of the forces between 
the cast iron and the bolt. In order to reduce hydraulic resistances, sometimes even 
spirals of cast iron are moulded as one unit with stay blades, but then they are 
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bored, and steel bolts are inserted, as illustrated in Fig. 179. The cast blades 
constitute here not only a hydraulic cover for the bolts but at the same time 
prevent dangerous pre-stress of the spiral which could occur when tightening 
the nuts of the bolts. 

With high-pressure turbines in particular the stay 
blades are inserted into the spiral in the shape of arein- 
forced ring which is cast separately (see Appendix VI 
and Fig. 36). The blades in this case are easily acces- 
sible for manual grinding which is advantageous because 
of the high velocity of the flow; in addition, this design 
facilitates the casting process. 

Large spirals are split into halyes in the plane passing 
through the turbine axis; when a split reinforcing ring is 
used (Appendix VI) is then made of two pieces, too. 

Steel plate spirals consist of circular bent segments 
joined by riveting or welding. The circumference of the 
spiral is not exactly circular (see Fig. 176). The stay 
blade ring is steel-cast, and the segments are fastened to 
it by riveting or welding (Appendix I), 

The spiral of horizontal shaft turbines is fitted with 
lugs for connection to the base plate, whilst the spiral of 
vertical shaft turbines is equipped with eyes for the 
anchor bolts; the spirals are further provided with sus- 
pension eyes and in the highest place with a de-airing 
cock, and sometimes in the lowest place also with a drain 
cock and a threaded opening for connecting a manometer. 
The drain cock is not reaily necessary when the drain- 
age is connected to the piping under the spiral, and it 
is possible to drill a small opening through the splitter 
(in horizontal shaft turbines), which does not impair the 
flow, and ensures at the same time the drainage of the 
space behind the splitter. 

Strength control is concerned with the stay blades or 
bolts and the spiral proper. 

As already mentioned, the stay blades or bolts must 
render the spiral resistant against the forces S (Fig. 120b) 
which tend to open it.) The greatest stress will be en- 
countered in the blade nearest the inlet (see Fig. 180). 
The stay blades and the spiral proper are checked for 


+) In large low-pressure vertical-shaft turbines, where these forces are comparatively small, 
they are exceeded by the effect of the alternator weight which the stay blades must transmit 
to the foundation (eventually even the weight of the ceiling of the pit when the latter is not 
selfsupporting). In this, case, the blades may be subjected to buckling stress, which always 
occurs when the spiral is without water, see Appendix I. 
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the same testing pressure as the lower part of the piping. Since when determin- 
ing testing pressure (see Part III — Pipes) we start from the maximum pressure 
which can be developed when the guide blades are being closed, we shall consider 
a uniform distribution of water pressure within the spiral and under the lids up 
to the pitch diameter of the guide blades. To determine the force acting upon one 
stay blade, we further delimit this space by the rays bisecting the distance between 
two adjacent stay blades, thus obtaining the hatched area in Fig. 180. 


Fig. 180 


We measure this area by means of a planimeter, and multiplying it by the 
water pressure (testing pressure), we obtain the force T == fp, acting in the centre 
of gravity t of the hatched area f. This force is taken up on the one hand by the 
wall of the spiral and on the other hand by the stay blade; we resolve it therefore 
into the centre of gravity of the wall cross section, s, and into the centre of gravity 
of the blade, /, and thus we obtain the force acting in the blade (Fig. 180). 


Pipe: aad 
Is 


However, not all fibres of the blade are of equal length, because the blade is 


located in a space which contracts in the radial direction (see Fig. 181). For this 
reason — we assume here a parallel shift of the limiting surface — the relative 
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elongation a will be less in the longer fibre and the same applies to its stress 
_ Ab 
bE 


b : ‘ z 
= = . To determine the maximum stress in the shortest fibre, we calculate 
Go 


2 1 
with the reduced cross section of the blade which we ascertain by reducing the 


tit 


. The stresses of two fibres of different length will be in the ratio 


peripheral dimensions of the blade in the ratio -p i we can do this with sufficient 


accuracy by means of the graphical construction 
illustrated in Fig. 181, where A denotes the actual 
dimension, and Ar the reduced dimension. Dividing 
the force L by the area reduced in this way gives the 
maximum tensile stress in the stay blade: 

L 


Gmax = F 
Jr 


As admissible stress when calculating with the test- 
ing pressure we may select 1000 kg/cm? as maximum 
value for cast steel and for the steel bolts (here, of 
course, no reduction is made) 1500 kg/cm*. 

For the selection of the wall thickness of the spiral 
proper as well as for dimensions of the inlet flange Fig. 182 
we may use as a guide the Czechoslovak Standard 
CSN 1043-1931, Flanges, Part I. According to this standard the wall thickness 
of a straight pipe is calculated by the formula 


ar 
200 k TC, (178) 
where t denotes the wall thickness in mm, p the gauge pressure in atm., d the inner 
diameter in mm, & the admissible stress in kg/mm/?, and c an allowance for inaccura- 
cies in the manufacture, eventually for rusting, for which, however, we must take 
a higher value for the spiral than for the piping, this allowance being — as already 
mentioned 5 to 10 mm. 

The standard mentioned gives for the calculation of the flange (Fig. 182) the 
following formula 


t= 


A > 
a=) ll P00 ke $ (179) 
t = 0.75 a, 


where a denotes the thickness of the flange in mm, t; the thickness of the reducing 


Part in mm, œ a material coefficient which is taken as ø = 1 + -y for cast 
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P 
500 


of the bending equalling = — 


iron and» = 1 + for cast steel; d is the inner diameter in mm, x the arm 


d+ 


in mm, kọ the admissible bending stress 


in kg/mm?, and D, the pitch diameter in mm. The standard stipulates here 
a permissible stress at the consid- 
ered rated pressure, k = 2 to 2.5 
kg/mm? for gray cast iron and 5 
to 6 kg/mm? for cast steel, and 
ka = 1.5 - for gray cast iron and 
ky = 1.25 - k for cast steel. 
Formula (178) does not represent 
the actual conditions as our case is 
not related to a straight tube. We 
may rather compare the shell of 
the spiral with an annuloid of an 
Fig. 183 elliptical, or better still a circular 
cross section (Fig. 183). For an 
annuloid with an elliptical cross section, the stress co; in the direction of the 
meridian and the stress g; in the tangential direction are given by the following 
expressions :t) 


op = 20S) VB GF TB, 


a p 2r(a®Q—b*)(r—r,) + 54 (180) 
BS —S=S 
zah VEEE +e * 
For a circular cross section we obtain by substituting b = a: 
= Eh 
ret eo 
(181) 
a 


In these expressions the symbols have been left as given in original literature and 
indicated in Fig. 183; when we take for the circular ring the symbols according 
to the expression (178) and employ for the diameter the sign d (instead of the 
radius a) and for the wall thickness the sign z (instead of h, we obtain 


(181a) 


1) Föppl: Drang und Zwang, Part 2, Berlin, Oldenbourg, 1928, p, 8. 
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and putting ios =o, which is the stress resulting from Equation (178) for 


a straight pipe, we obtain 


(182) 


Thus, we see that the stress in the meridional direction will be the same as the 
stress gp, resulting from the formula for a straight pipe, only at the radius rp. 
At larger radii the stress will be less, 
and inversely. The tangential stress 
will be the same as in straight pipe. 

This method of calculation may be 
advantageously applied to spirals?) - 
in this case we divide the spiral into 
a number of sections with a constant 
radius of the meridional curve — 
inso far as the shell of the spiral is 
directly connected to the stay ring 
(as indicated in Fig. 184) and no 
conical part is inserted (as indicated 
in Fig. 185). Only where the spiral 
is connected to the stay ring is the 
stress increased by the action of the 
bending moments created by the 
increase in the diameter of the me- 
ridional cross section. This stress 
increase, according to measurements 
taken by the authors cited below, 
amounts to about 22 % and rapidly h 
diminishes with the distance from Sy i 
the stay ring, as indicated in Fig. 184. Fig. 185 

When, on the other hand, a transi- 
tional conical part is inserted (Fig. 185), great bending moments arise and 
therefore great additional stresses; so it is not advisable to use such shapes of 
the meridional curve which exhibit a straight transitional part. 

In the described way we can determine also the stress cy — at the radius Rp- 
where the spiral is connected to the stay ring (regardless of whether the steel 
plate wall is connected to the cast steel ring, or whether both parts are cast as in 

* Salzmann und Süss: Festigkeitsuntersuchungen an Spiralgehausen, EWAG-Mittei- 
lungen, — 100 Jahre Turbinenbau, 1942/43, p. 164. See also Bovet: Contribution au calcul 
de résistance mécanique d’une bâche spirale, Informations techniques Charmilles, No. 1. 
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one piece); see Fig. 186. By multi- 

plying the stress op by the wall 

thickness z we ascertain the forces T 

acting upon one linear centimetre 

of the periphery: 

Rr +1 
2 Rr 


SE T) 

sg (1 Re t. 

This force we may resolve, however, 
according to Fig. 186 into the com- 
ponents T, and T, obtaining T, = 
= T sin ~and T, = T cos a. The 
forces T, subject the stay blades to 
tensile stress, which has already been 
taken into account in the previously 
described method of stay blade con- 
trol. 

By the forces T, the stay ring is 
subjected to stress in the radial direc- 
tion. We shall assume that the forces 
T, in all radial sections are of the 
same magnitude corresponding to 
the largest inner diameter of the 
spiral. In an arbitrary section A-A 
(Fig. 186), the rings is then subjected 
to tearing stress by the force 2 T, 
Dr and consequently either of both 
cross sections are acted upon by the 
force T, Dr. The cross section area 
of the ring, F, — and also the sum 
of the cross sections of the connect- 

a= ing bolts of the ring — must con- 
Fig. 186 sequently be of such a magnitude 
so as to keep the resultant tensile 
stress within permissible limits. This stress is hence given by the expression 


T =o;7 >t =0) -t = 


2 fo ) 
£ T, Dr Aa (+ Oe a Go t (Dr +21) cos a (183) 
SO, 2F ae 2F 
In order to assure ourselves of the satisfactory strength of the spiral (from both 
strength calculation and quality of material) we always test the spiral of water 
up to the testing pressure when feasible, under given conditions. As this procedure 
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is not possible with large spirals, they are tested on a model at a reduced scale. 
Correct spiral testing requires the use of a special testing implement as shown 
in Fig. 187. 

The testing appliance consists of a cylinder with a flange which is tightly 
connected by bolts to the flange of the spiral. The outer diameter of this cylinder, 
D:, must equal the pitch diameter of the guide blades, so that the load of the 


Fig. 187 Fig. 188 


water pressure during the test corresponds to actual conditions. To the other 
side of the spiral a counter-flange is bolted, which, however, must not be connected 
to the cylinder by bolts as this would discharge the stay blades. The sealing 
between the counter-flange and the flange of the cylinder is done with a rubber string 
which is inserted into a corner of the recess, as indicated in the detail sketch of 
Fig. 187. 


Example: As an example we now give some control calculations relating to the 
spiral in Appendix VI. 

The main dimensions of the spiral in the cross section of the largest inner 
diameter are indicated in Fig. 188. At a maximum working gauge pressure of 22 
atm., the meridional stress, calculated by means of the formula for a straight 
pipe when we assume a calculating wall thickness : = 40 mm (5 mm, represents 
the allowance for unsymmetrical casting), as given by 


Ta = p = fas os = 400 kg/cm?. 
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At the radius Ry, the maximum meridional stress will be given by formula (182): 


2 
elas 2 (1 $ T) = 200 - (1 i$ e = 443 — 450 kg/cm. 


The force T per 1 cm of the periphery is 
T = t Or, max = 4° 450 = 1800 kg/cm and the component T, = T cos g = 
= 1800 - 0.71 = 1280 kg/cm. 


The area f of each of the cross-hatched parts is f = 350 cm*. The stress in these 
parts by the forces T, is consequently 


T,Dr — 1280-420 


= = — = 2 l} 2 
ot Zf 7-350 770 kg/cm? = 800 kg/cm’. 


The components T}, parallel to the turbine axis in the lower part, must be 
transmitted by the bolts A. These bolts can be checked as follows: bolts Type 
M90 with a core cross section area f = 
= 59.4 cm? are uniformly distributed 
around the periphery so that one stay 
blade has 6 bolts. As found previously, 
one stay blade takes up the maximum 
force (at the operating pressure) P = 
= 230,000 kg. If we assume that this 

Fig. 189 force must also be transmitted by the 6 

bolts, the calculation will be on the safe 

side (part of the force P results from the pressure upon the stay ring and the 
lid of the turbine, and this part is not transmitted by the bolts). In this case the 
stress of the bolts would be o = oer = 646 = 650 kg/cm*. But the bolts 
do not take up the force at its point of application but at distance a from 
it. Since the flange is supported on the inner ring at distance b, it acts as a lever 


and the stress of the bolts will be increased in the ratio 


b 
= 2. The stress thus 
b—a 


reduced consequently is Crea = 1300 atm. With this reduction we count mainly 
to ensure the least possible stress in the flange by these forces as it is already 
subjected to the stress resulting from the previously calculated forces T,. 

As shown in Appendix VI, the spiral consists of two parts. In the place of the 
cut, the reinforcing flanges, are also split; Fig. 188 shows these flanges as cross- 
hatched areas. Hence 13 connecting bolts Type M80 with a core cross section 
area f = 43 cm®, distributed around the periphery of the connection, must transmit 
the total force with which the water acts upon the area F = 13,300 cm? (cross- 


hatched in Fig. 189). The stress of the bolts therefore is ¢ = a = 
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__ 13,300 - 22 
DEA 
lated in a similar way. 

The testing gauge pressure was in this case 44 atm. All stresses, which in this 
case will be doubled, are still below the yield stress, for the spiral is made of cast 
steel, the bolts of steel with a strength value of 50 kg/mm?, the bolts A, however, 
are made of alloy steel with a strength of 80 kg/mm’. 


= 525 atm. The bolts in the opposite connection are calcu- 


VI. TOP AND BOTTOM LIDS OF THE TURBINE 
1. Lids 


The lids enclose the space of the runner, and in Pe. et on the stress, 
which mainly results from the water pressure on the lids, they are either made 
of gray cast iron or of cast steel. The guide blades are placed in the lids and their 
seating and sealing has already been described. It is important that the bores 
for the blade pins are located exactly opposite to each other to prevent jamming 
the blades. Therefore, these openings are either bored in both lids simultaneously 
(with the lids clamped together), or their equal spacing is made by a common 
pattern. The lids also carry the labyrinth rings, the stuffing box of the shaft, the 
shifting ring, the bearing, and the extension of the draft tube. All these will be 
dealt with in the following chapter. The shape of the lids should conform as far 
as possible to the contour of the runner in order to keep the whirling of the water 
and the losses resulting from it at a minimum. This has been achieved e. g. with 
the bottom lid shown in Appendix VI. The shape of the top lid had to be adjusted 
to other constructional requirements, and for this reason, a cast iron mask has 
been inserted, adjusted to the shape of the runner. 

In a vertical shaft installation, drainage must be provided for the water which 
leaks not only through the stuffing boxes of the blades but also through the shaft 
stuffing box to the outer side of the lid; this is achieved by connecting the space 
above the stuffing box with the outer space of the lid by drainage holes. The water 
is sucked off by an electric pump controlled by a float or by a small tube connected 
to the draft tube. If the lid is located below the tail water level (with regard to 
cavitation), the drain pipe must be fitted with a check valve, and the draining 
action ceases with a small opening of the machine; i. e. when the lid is below 
the tail water level, we must always instal a pump to remove the water leaking 
through the stuffing boxes. 

The lids are subjected to stress on the one hand by the pressure of the water 
up to the labyrinth rings, and on the other hand by the moment resulting from 
the guide blades which tend to turn the lids, and by the moment from the regulating 
forces of the shifting ring. These moments, however, are easily counterbalanced 
by bolting the lids to the spiral and by means of taper pins which are necessary 
for assembly reasons. 

Therefore, mainly control of the stress by the water pressure is to be taken into 
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consideration. With regard to load conditions, the lids represent plates supported 
around the periphery and loaded approximately uniformly by the water pressure 
upon a certain annulus. The calculation will be safer if we assume a support 
around the periphery instead of clamping. 

Best suited for this calculation is the approximate method by Bach,) and we 
use it for the case in question. Fig. 190 shows half of the plate in the plan. The 
plate is uniformly loaded by pressure p on the annulus (the hatched area in the 
picture) with radii r, and r, and supported (held by bolts) on the circle of the 
radius R (dashed line). The force P is acting upon half of the plate on the annulus 
of the area F is P = Fp and passes through the centre of gravity 7, of the half- 
annulus. The total reaction 
in the support of the plate 
must be of the same magni- 
tude and will pass through 
the centre of gravity T, of the 
semi-circle of the radius R. 

The external forces (load- 
ing and reaction) thus create 
the moment M = PI, and 

Fig. 190 we must still determine the 

moment arm /, which equals 

the difference of the distances of the centres of gravity from the centre of the 

plate: / = tą — i. However, the distance of the centre of gravity of the semi- 

circle is given by the expression t, = 0.637 R, and the distance of the centre 
of gravity of the halfannulus from the centre by the expression 


r — r? 


tı = 0.424 


r — t 
so that for the moment we can write 


E 
=a): aso 


1 


M=P (0.637 R — 0.424 


This is the bending moment acting upon the plate in the section A~A. When W 
is the resisting moment of the cross section of the plate in this section, the stress 
of the material is given by 


P rii—r ) 
= — | 0.637 - R— 0.424 - —— ]. 
% = 7 (0 63 0.4 a 
As a rule, the plate has not the same resisting moment in all sections (see e. g. 
the bottom lid in Appendix VI, left and right parts); consequently we have to 
count with the minimum resisting moment. When the lid is made of two parts, 
we must also check the resisting moment of the bolt connection. For this we 


1) Féppl: Vorlesungen über technische Mechanik, Part IIT, Berlin, Teubner, 1922, p. 202. 
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determine the neutral axis by trial and error in such a way that we consider in 
the tension part only the cross sections of the bolt cores and in the pressure part 
the total contact surface of the flange. 

Note: In the bottom lid shown in Appendix VI it was not possible to dimension 
appropriately the bolt connection owing to the small height of the lid. For this 
reason it was made integral, although dismantling, for inspection would be more 
convenient with a split lid. 


2. Parts of the Lids 


In horizontal turbines, the lids as a rule, only carry the shaft stuffing box and 
the regulating ring, and sometimes the bracket-mounted guide bearing of the 
turbine (Fig. 34). In larger machines, this bearing is usually separately supported 


Fig. 195 


on the frame (Fig. 36); in vertical machines, the radial bearing of the turbine is 
also usually supported on the top lid. 

The stuffing boxes seal the shaft in the lid not only against internal overpressure 
in the turbine, and prevents water leakage to the outside, but they must also 
prevent the air from penetrating into the space above the runner when there 
is a vacuum (because this space is connected with the draft tube either by relief 
a in the runner or by a by-pass pipe). There are two types of stuffing 

xes; 

a) Stuffing boxes sealing the narrow gap between the shaft and bushing, where 
the sealing function is performed by the through-flowing water. 

b) Stuffing boxes with an elastic, flexible packing, fitting tightly to the shaft, 
e. g. hemp or cotton strings, or metal or carbon rings. 

Stuffing boxes of the first type are employed for high peripheral velocities of 
the shaft and consist of bushings with a bore for the shaft, somewhat larger than 
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the shaft itself to prevent direct contact between shaft and bushing. Fig. 191 
illustrates such a stuffing box. In the middle of the stuffing box is a circular duct; 
the water discharges from it into stuffing boxes sealed against overpressure, and 
water is introduced into it in stuffing boxes 
sealed against underpressure; the water sup- 
ply is controlled by means of a stop cock. 
The stuffing box is fitted with a lid on the 
outside and forms a chamber in which the 
spray ring is placed; between the ring and 
lid is a narrow gap to prevent by centrifugal 
force the sprayed-off water from reaching the 
opening in the lid. When the stuffing box 
is sealed against vacuum and for this purpose 
sealing water is supplied into the chamber, 
this water is drained off the lid through a small 
pipe into an open funnel, and the water sup- 
ply is controlled to maintain continuous drain- 
age; in this way we can ensure that there is 
always sufficient quantity of sealing water 
and that no air is aspirated through the stuf- Fig. 197 
fing box. 

Fig. 192 shows the design of Voith, in which the sealing clearances are cut into 
a cone so that their dimensions may be adjusted by axial shift. Sometimes the 
sealing clearances are made in the form of labvrinths (see Fig. 36). 


Stuffing boxes with packing 
bearing against the shaft, or 
better against a sleeve shrunk 
on the shaft and sealed on it 
(e. g. as shown in Fig. 200), 
form a cavity around the shaft 
into which a soft sealing string 
of hemp or cotton, soaked with 
tallow is inserted (see Fig. 193). 
The packing is often divided 
into two parts by a ring, a so- 
called lantern ring, through 
which the packing is supplied 
with a lubricant (oil or grease) or 
with sealing water (see Fig. 194). 

The cavity for the packing 
is either in the lid (in smaller 
machines) or arranged in a spe- 
cial body bolted to the lid, as 
Fig. 198 indicated in Figs. 195 and 196. 
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The packing is compressed in the cavity by the lid of the stuffing box, which 
is tightened by bolts or for smaller diameters by the lid which then has the 
form of threaded nut (Fig. 195). The stuffing boxes are made of cast iron with 
bronze sleeves, and if necessary for dismantling, they are made of two parts 


Fig. 199 


Fig. 200 Fig. 201 


(Fig. 196). The width of the annulus s for the packing material may be approx- 
imately selected according to the relation (d in mm) s = (2 to 2.3) - | d, the max- 
imum value, however, should not exceed 30 mm. Soft stuffing boxes can be used, 
when the periferal velocity of the shaft does not exceed 6-8 m/sec. 

For large machines carbon packings are used. The seal consists of a stuffing 
box with chambers for the individual carbon rings which are split and held 
together by helical brass springs (Fig. 197). The dividing planes of the rings 
alternate as shown in Fig. 198. In the unit illustrated in Fig. 197 there are four 
rings as seal against overpressure under the stuffing box, one ring constitutes the 
seal against vacuum, and the empty chamber serves for the introduction of the 
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grease which consists mainly of tallow and leaf-like graphite. The number of rings 
depends on the pressure, one ring per 20 m water column; but at least two or 
three rings are always employed. 

Another arrangement of the rings is shown in Fig. 199, where the dividing 
surface is conical, so that the pull of the spring does not only presses the rings 
on the shaft but at the same time expands them against the walls of the chamber. 
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These stuffing boxes may be employed for peripheral velocities of 20-30 m/sec. 
(according to instructions given by the manufacturer of the rings). 

As a rule, an interchangeable bronze sleeve is slid over the shaft under stuffing 
box to protect the shaft against erosion from impurities entrained by the water 
into the stuffing box. Since this sleeve is heated by the friction of the stuffing box, 
it must only be fastened to the shaft at one end to allow thermal expansion. The 
sleeye must also be sealed to the shaft. A rubber string pressed against the stepping 
of the shaft is used for this purpose seen in Fig. 200. 

Another arrangement of the sleeve is represented in Appendix VI, where the 
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sleeve is integral with the labyrinth ring underneath the stuffing box; the clearance 
of this labyrinth ring can be sealed to the lid by a rubber-lined shift ring when the 
machine is not in motion, and allows placement of the stuffing box even at a higher 
tail water level without damming the draft tube. 

The bearings of smaller horizontal shaft turbines are usually bracket-mounted 
(Fig. 34), of standard design and have lubrication; for larger machines they are 
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Fig. 203 


usually mounted on a separate piedestal (Fig. 36) and combined with the axial 
thrust bearing. 

In vertical shaft turbines a radial bearing is always inserted into the lid and 
centers the runner. These bearings are loaded only by the reaction resulting from 
the centrifugal force created by imperfect balancing of the runner. As a rule, 
we can count on this load maximally 10 % of the runner weight. 

When the loading of the bearing is small, so that the product p -v < 10, where 
p is the specific load in atm. and v the peripheral velocity in metres per second, 
grease (vaseline) lubrication by an automatic press may be used. To prevent the 
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lubricant from being flushed out by the water, the bearing at its upper, accessible 
end is sealed with a soft packing, and at the bottom end with a plain labyrinth 
which impedes excessive leakage of the lubricant from the bearing (see Fig. 201). 

Large bearings, where lubricant losses would be rather significant, are equipped 
with circulating oil lubrication, as described in Part I, in the text to Appendix I, 
and illustrated in Appendix VI. 

Another lubricating system is shown in Fig, 202. Here a rotating oil container 
is arranged under the bearing and a tube introduced into it toward the outer wall 
in a direction opposite to the rotation which automatically draws the oil into an 
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Fig. 204 


upper vessel, from where it flows by gravity into the bearing. A by-pass tube 
(indicated by dot and dash lines), closed during operation by a valve, serves for 
pre-lubrication from the oil supply in the upper (stationary) vessel prior to starting 
the machine. 

For these oil-lubricated, babbitt-lined bearings should apply pv < 20 and 
p < 18 kg/cm’. 

In both cases bushings of gray cast iron or cast steel with a babbitt lining are 
employed. The effective length of the bushing may be selected approximately 
in the range of (0.75 to 1). d, d being the diameter of the bearing. For the selection 
of the thickness of the babbitt lining and the depth of the grooves, Fig. 203 may 
serve as a guide, and Fig. 204 for the selection of the bearing clearance. 

The split bushing proper with a babbitt lining is always inserted into a housing 
which is either fastened to the turbine lid by a flange (see Appendix VI) or mounted 
in the stay ring on a short cylindrical surface which permits small displacements 
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of the bearing and its adjustment to the position of the shaft (Fig. 205 system 
CKD, Blansko). 

In installations with a long draft tube and high through-flow velocity, a quick 
closing of the turbine can result in a rupture of the water flow within the draft 
tube (see Chapter VII) and a back thrust of the water upon the runner which 
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could even lift the rotor set. In order to eliminate this risk, the ring under the 
bearing and the bearing itself must be strong enough dimensioned to take up a force 
in the upward direction of the magnitude of about 10 % of th= load on the 
thrust bearing. Between this ring and the bearing a clearance of about 2 mm 
must be provided to reduce the impact upon the bearing. 

In recent times, increasing use has been made of bearings lined with wood 
(laminated wood, lignum vitae) or plastic (artificial resins), or rubber. These 
bearings are lubricated with pure (filtered) water. Their advantages lie in a restricted 
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possibility of defects and simplicity of design which permits a reduction of the 
overhung of the runner from the bearing; they are used for machines of the largest 
output (Dnyeprostroy). The disposition of such a bearing, as employed in the 
USSR, is illustrated in Fig. 206. Here we clearly see the stuffing box with the 
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Fig. 208 


sealing water supply and the chamber of the bearing proper. The bearing consists 
of a split bushing of gray cast iron, into which thin metal liners with vulcanized-on 
rubber are inserted and fastened by screws. Fig. 207 shows such a liner with holes 
for fastening the screws; in section B-B the grooves for cooling and lubricating 
water can be seen.) Fig. 208 shows this bearing mounted into the turbine. 


1) Gamze i Goldsher: Technologiya proizvodstva krupnykh gidroturbin, Moskva, Lenin- 
grad, Gosudarstvennoye nautchnotechnicheskoye izdatelstvo, 1950, p. 203. 
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VII. DRAFT TUBE AND AIR SUPPLY VALVES 


Straight conical draft tubes are made of steel plate. Tubes of other shapes or 
their parts are cast from gray iron if inspection necessitates dismantling (Appendix 
VI), otherwise the entire tubes are made of concrete. In the latter case, only the 
beginning of the tube is armoured with steel plate in places where the flow velocity 


Fig. 209 


exceeds 6.5 m/sec. (for extraordinarily resistant concrete up to 9 m/sec.), to prevent 
erosion of the concrete by the high velocity, Air-proof is an indispensable condition 
in any case for the proper function of the draft tube. 

In Part I, Chapter XII/2, it was pointed out that in Francis turbines unstable 
air pockets are formed in the back of the runner at smaller flow-rates. This 
phenomenon, manifesting itself by shocks at partial loads, is eliminated by intro- 
ducing air into the space behind the runner hub. Aspiration of air is controlled 
by a valve which is actuated by the regulating ring so as to open at small flow- 
rates and to close at large flow-rates when the space in back of the runner is complete- 
ly filled with water. 

The air supply for the turboset shown in Appendix VI is similarly designed; 
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the air is supplied by hollow ribs in the extension of the draft tube into the space 
around the shaft under the runner. 

The air may also be supplied through the top lid of the turbine from where it 
passes through the relief openings into the space under the runner, or it may be 
introduced through a bore in the shaft from a chamber in the turbine lid or on 
the top end of the shaft, the air supply into 
this chamber being in turn regulated by a 
valve, as described before. Fig. 209 presents 
such a system on a turbine with an output 
of 59,000 metric horsepower, operating un- 
der a head of 37 m.?) 

In installation of specifically high-speed 
turbines, with a considerable outlet veloc- 
ity of the water from the runner and con- 
sequently a long draft tube, further air sup- 
ply valves must be provided to introduce 
air into the draft tube when the water inflow 
into the turbine is quickly closed by the reg- 
ulator at a sudden discharge of the machine. 
Otherwise it could occur that under the 
influence of the inertia of the water the 
pressure in the beginning of the draft tube 
drops down to the tension of the water 
vapour and causes a rupture of the water 
column. After exhausting its kinetic energy, 
the water column in the draft would move 
backward, where by its impact on the runner 
it could lift the entire rotor set. This risk 
is eliminated by the lock ring already men- 
tioned under the guide bearing of the tur- 

Fig. 210 bine (see the preceding chapter), as well as 

by introducing air into the draft tube to 

form an air cushion and thus to provide for a gradual and elastic stopping of the 
backward motion of the water. 

The air inlet valves are located either directly on the draft tube (see Fig. 36) or 
on the lid of the turbine; in this case the air is introduced into the space between 
the guide apparatus and the runner blades (as a rule in Kaplan turbines, see 
Appendix II). 

Across section through an air valve is presented in Fig. 210. The installation 
is equipped with two valves. The lower one is a normal check valve wi-h a rubber 
packing ring, which is pressed to its seat by a spring and automatically opens by 
the action of the vacuum in the space under the valve when at the same time the 
upper valve also opens. The upper valve is lifted by an oblique slotted link of the 
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1) Salto de Castro, Water Power, 1933, p. 84. 
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regulating ring, along which travels the roller of a lever which is connected with 
the piston of the oil cataract of the valve. At a rapid movement of the regulating 
ring toward the closed position the valve is lifted, whereupon, after a certain time 
determined by the setting of the by-pass of the cataract, it closes by the movement 
of the spring. At a downward motion of the lever, the oil flows through the ducts 
in the piston as the small plate, which has closed the ducts, opens at this downward 
motion of the lever the passage through the piston. The upper valves function is 
to permit the aspiration of air only at a rapid closing of the guide apparatus, but 
to preventt an access of air at normal operation with a small output, when there 
may be a vacuum in front of the runner and the aspiration of air would impair 
efficiency. it 

Underpressure at the beginning of the draft tube during: operation has been 
determined in Part I by expression (26): 


C3}— Ci 

7 2g 
When the guide apparatus is quickly closed, the pressure is further reduced by 
the value Ak. When this pressure 


— = Hp — H; =h —————. — Ah (185) 
X £ 


is approximately the tension of the water vapour, the air valves must be put into 
action. 

The dynamic reduction of the pressure, 4h, may be determined as follows: We 
assume a draft tube of length L and a mean through-flow area F. In this case, the 


mass of the water in the draft tube is ca This mass of water flows at velocity 
C and must be stopped within the time of the closing of the guide apparatus, 
Ts, and consequently the retardation a of its motion will be a = ae This 


8 
requires the force 


Farigi 
and this force is created by the pressure difference Ahy, acting upon the cross 
section F of the draft tube, so that the following equation must hold good: 


FAhy = LFy C " 
Gy te 
whence 
LC 
Ah = aT’ (186) 


Since the velocity across the length of the draft tube is not uniform, we should 
have to subdivide the draft tube into individual sections and instead of the product 
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LC substitute the expression XL, Cn, in which Ly denotes the lengths of the 
individual sections and C, the velocities in them. It will suffice, however, to 
substitute into Equation (186) for C the arithmetical mean of the initial and the 
final velocity,") so then applies: 


EL G+G 
gT; 2 ž 


The through-fiow area of all valves should be, as far as possible, so large that 
the quantity of air admitted through the valves per 1 second equals the through- 
flow. The through-flow velocity of the air, in this case, must not exceed the 
critical velocity. If we select the through-flow velocity in the valves as 250 m/sec., 
this value is approximately the critical velocity, the total through-flow area of all 
valves should be 


Ah = (186a) 


: Q 

oF 750 ` (187) 
ZF is here the total through-flow area of the valves in m? and Q the flow-rate of 
the turbine in m/sec. It will not always be possible to attain this value, and in 
that case we shall employ the largest possible valves so as to ensure the formation 
of a damping air cushion of sufficient size, however, we must take into account 
the possibility of a backward, though damped, thrust of the water upon the runner 
and provide for a retaining ring under the guide bearing of the turbine.*) 

The draft tubes are as a rule otherwise not subjected to excessive stress, but 
in some cases the necessity may arise to check their strength. For example, the 
draft tube of the turboset illustrated in Appendix VI may be subjected to stress 
at an abnormally high tail water level by the internal overpressure; since the final 
cross sections are of an oval shape, which is not advantageous in this respect, 
a partition of sheet metal has been inserted into this part of the draft tube, in the 
plane dividing both halves, for the purpose of reinforcement (Appendix VI). 

The draft tube may be acted upon by forces (Appendix VI) resulting from 
changes of the momentum of the water and by the weight of the water contained 
in the draft tube; these forces are readily taken up by the connecting flanges. 


Example: As example we are going to determine the hydraulic forces upon the 
cast iron elbow of the draft tube shown in Appendix VI. The force acting in the 
vertical direction is according to Equation (11) 


Ha & (Cao — Cas) + G, 
and in the horizontal direction 


Pr = £ (C3,n — Can) 


1) L. Grimm: Přednášky o vodních motorech na bývalé české vysoké škole technické 
v Brně (Lectures on Hydraulic Motors at the Technical University in Brno), p. 57. 
2) Fabritz G.: Die Regelung der Kraftmaschinen, Wien, Springer, 1940, p. 120. 
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where O = 12.5 mĉ?/sec., Cz, = Ca = 6.4 m/sec. is the vertical component of 
the velocity at the inlet into the elbow, C4,» = 0 is the vertical component of the 
velocity on the outlet cross section; similarly, C3,» == 0 is the horizontal component 
of the inlet velocity, and Cy, = C, = 4.14 m/sec. is the horizontal component 
at the end of the cast iron elbow. G = 15,000 kg is the weight of the water contained 
in the elbow. Consequently applies 


P, = see -6.4 + 15,000 = 8130 + 15,000 = 23,000 kg 
12.5 - 1000 
Ph R E E 5250 kg. 


We should further add the forces created by the static overpressures or under 
pressures acting upon the inlet or the outlet cross section. These forces, however, 
will act against the afore-mentioned hydraulic forces and may therefore be 
neglected. 

The vertical force is taken up in the flange at the inlet cross section of the elbow 
by 36 bolts Type M33, each of which has a core area of f = 7.16 cm?. If we now 
to the vertical force add the own weight of the elbow, i. e. 7000 kg, the stress of 
the bolts will amount to 


30,000 


= 2 
36-716 116 kg/cm?. 
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VIII. GEARCASE WITH AUXILIARY DRIVES 


The gearcase, placed on the bearing of the turbine, serves for driving the oil 
pressure pumps of the regulator and the lubricating pump of the guide bearing 
of the turbine; on this bearing, as a rule, is also mounted the safety governor 
(which at regulator failures cuts off the water supply electrically) besides an 
electric generator for driving the governor of the turboset, or, in some cases, 
a hydraulic governor (see Appendix VI), and further a lubricating oil pump for 
the other bearings of the turboset. Thus the function of these auxiliary equipment 
during operation of the unit is ensured. 

In large machines, however, the oil pumps of the regulator and the main 
lubricating pump are driven electrically; in these cases the gearbox is simpler, 
because only the generator for the governor is directly driven, eventually the 
hydraulic governor, the safety governor and the oil pump of the guide bearing of 
the turbine, if the main lubricating system is not possible (if there is no gradient 
for the oil discharge; see e. g. Appendix I). 

The mentioned parts are driven by toothed gears lubricated from the system 
of the guide bearing of the turbine. In order to achieve a quiet run, it is advan- 
tageous to employ pinions of Textgumoid. 
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When the bearing is water-lubricated and the drive of the generator are designed 
in another way (separate auxiliary winding on the main generator or drive from 
the top end of the shaft), the gearcase is eliminated at all, whereby the turbine 
itself is considerably simplified and easy to inspect (e. g. Fig. 208). 


C. GENERAL REMARKS ON ASSEMBLY WORK 
The individual parts of the machine (spiral—stay ring —lids — bearing housings) 
must be connected so that the flanges contact each other “metal on metal”, i e. 


without packings which would by its flexibility between the connecting flanges 
render the alignment of the machine during assembly work unsafe. 


Fig. 211 


In case of small heads (up to about 20 m) sealing of the connecting flanges is 
achieved by coating the contact surfaces prior to tightening with heated tallow 
which fills up the irregularities of the surfaces. 

In installations for large heads and pressures sealing is performed by means of 
rubber strings which are inserted into grooves machined into the contact surfaces. 
Appendix VI shows such a groove in the connecting flange of the spiral. The shape 

in the cross section is illustrated in Fig. 211. 
ce j Either both parts to be connected are fitted 
Y Yy with such a groove or only one of them. The 
groove has the shape of a wedge, so that the 
rubber is pressed into it by the water pressure, 
whereby the sealing effect is strengthened. To 
render this action of the water pressure possible, 
a gap is left between the surfaces in the part 
between the sealing groove and the pressure 


\ 
WN space (see Fig. 211). The diameter of the rub- 


Fig. 212 ber string, which is round in its original form, 
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must be determined so that the groove is properly filled up and the string does 
not protrude between the bearing surfaces. 

When it is feasible to make use of a ring-type connection, a rubber ring consisting 
of a string cemented together is put over it, and the requested groove is formed 
by chamfering the edge of the counter-fiange, as indicated in Fig. 212; e. g. in 
this way the sealing between 
the turbine lids and the spiral 
may be performed (see also 
Appendix VI). 

These rings, however, serve 
only for sealing purposes and 
by no means for mutual cen- 
tering of the connected parts, 
because at large diameters there 
would be excessive clearances. 
The parts are centered in the 
course of the assembly and their 
position is then secured by 
means of fitting pins, which also 
transmit the shearing forces in 
the joint. 

The possibility of centering 
and of measuring during this 
former operation must already 
be provided for by the designer. 
Centering the runner and lid 
according to the clearances in 
the labyrinths (Appendix VI) is 
advantageously made possible 
by drilling four holes through 
the lid into one of the channels 
of the labyrinth, uniformly 
distributed around the periph- 
ery; these holes are subsequent- Fig. 213 
ly closed with plugs, but during 
assembly work they permit to measure the clearances in the labyrinths by means 
of thickness gauges. 

For instance, the procedure in assembling the set illustrated in Appendix VI 
would be approximately as follows: On the runner with the shaft the upper lid is 
put and by means of the above-mentioned holes in the lid, opening into the 
channels of the labyrinth, it is centered in relation to the runner so as to obtain 
a uniform clearance of the labyrinth around the entire periphery. Then the stuffing 
box and guide bearing are mounted to the shaft; the position of the latter is secured 
by machined holes through which taper pins are driven home Above the bearing 
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a gear wheel is mounted, which supports the rotor as long as the coupling in 
the direction to the rotor of the generator is not connected, and sometimes also 
the guide blades are placed into the lid and the cranks arc mounted. This complete 
unit is then lowered into the settled spiral (see Fig. 213), centered according to the 
stay ring and also secured by means of fitting pins. 

The bottom lid must be centered according to the pivots of the guide blades to 
ensure a free motion of the latter. Since the bottom labyrinth must be centered 
independently of the lid according to the labyrinth of the runner, it is fastened to 
the extention of the draft tube, permitting this centering, whereupon it is likewise 
secured by means of fitting pins. Then, after the elbow of the draft tube has been 
mounted, the bottom bearing with the stuffing box is inserted and centered in 
conformity with the shaft. 

Note: In the set illustrated in Fig. 36 the rear labyrinth ring is placed directly 
upon the lid. The lid must be centered according to the guide blades, while the 
labyrinth requires centering in conformity with the runner; for this reason, the 
labyrinth ring is fastened on the lid so as to permit small radial shifts for centering, 
and finally it is tightened to the lid by means of bolts which have their threads in 
the labyrinth ring but their heads outside the lid, to be accessible. 

All bolt connections within the turbine must be properly secured. The tolts 
connecting the runner with the shaft are as a rule secured by metal sheet washers, 
each for two bolts in common, which after tightening the nuts are bent to the side 
surfaces of the latter. Smaller bolts (in labyrinths, etc.) are best secured by point 
welding. Lock nuts provide no reliable fastening as they may become loose. 


2. PROPELLER AND KAPLAN TURBINES 


A. HYDRAULIC INVESTIGATION 


I. RUNNER DESIGN 
1. Theoretical Introduction 


The hydraulic layout of propeller and Kaplan turbines is in many respects 
conformable to that of high-speed Francis turbines (establishing of the meridional 
flow field, design of the guide apparatus, spiral, draft tube), but differs principally 
in the design of the runner blades themselves. 

The runners are here equipped with a small number of blades, from 3 to 4 up 
to 8 to 10; the spacing of the blades in relation to their length is consequently wide, 
so that in cases of small numbers of blades the latter do even not overlap one 
another and form no closed ducts at all — the runner is, as we say, “transparent”, 
Since the driving force of the water is distributed amongst a small number of 
blades, there is a great difference between the pressures on the pressure side of the 
blade and on its suction side. Consequently, according to Bernoulli equation 
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(for the relative motion — see further), also the velocities on either side of the blade 
must be different, the higher velocity being encountered on the suction side; these 
differences will be the greater, the smaller the number of blades is (see Fig. 214). 
On one and the same cylindrical surface, therefore, neither the relative outlet 
velocities and consequently nor the absolute outlet velocities will be the same within 
the range of two successive blades. These differences will be too considerable to be 
neglected; for this reason, we must resort to a three-dimensional approach to the 
problem of designing the blade. 

One of the possible methods of layout consists in setting out from the velocity 
triangles; and with regard to the above-mentioned eas ee we ascertain the 
requisite “exaggeration” of the blade angles at the inlet and the outlet, and in 


Fig. 214 


conformity with the angles thus obtained we design the cross section of the blade. 
A shortcoming of this procedure’) is the indeterminateness of the coefficients 
which must be employed in the calculation. 

From this point of view it is more advantageous to select a blade profile conform- 


‘able to a suitable airfoil of which we exactly know the coefficients of lift and drag 


(or resistance), enabling us correctly to incorporate it into the blade. 

This second method, in which we pay regard also to the distribution of the velo- 
cities between two successive blades and which therefore represents a three-di- 
mensional approach, will be explained further. But first let us elucidate some 
notions of hydromechanics. 


a) The Bernoulli Equation in a Relative Motion 


We know the Bernoulli equation 


C? 
te SA + z = const., (188) 
2e Sy 
1) For details see Thomann R.: Die Wasserturbinen und Turbinenpumpen, Part 2, 
Stuttgart, K. Wittwer, 1931. 
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which states that the sum of kinetic, pressure and positional energy in a water 
flow is constant; this equation holds good only when we neglect the losses resulting 
from friction and whirling, and when the water flows through a stationary duct. 
When the duct through which the liquid flows rotates, energy will be either 
extracted from (turbine) or supplied to (pump) the liquid. 
For such a case, we have already in Part I derived the Euler equation (20) 


1 
T (Ui Cu — U2 Cuo) = H Mn. 
If we neglect the losses — as we do in Equation (188) — then will apply na = land 
] 
es (Ui Cur — Us Cus) = H. (189) 


The right side of the equation represents the energy of each kilogram of the 
liquid. It is therefore obvious that when the product U C, decreases during the 
flow of the liquid through the duct, the energy of the liquid decreases, too. 
Conversely, when the product U Cy increases, the energy of the liquid increases 
likewise, and consequently we may write 


A(U Cy) SAR, 
E 
which when passing to the differential will be 
d (U Ca) _ dH, 
and by integration we obtain 
U 
a es const. 
2 
Substituting for the energy H the expression H = + + = + z, we arrive at 
A Jea ire ARE const., 
2g 


and since according to the velocity triangle (fig. 23) holds W? = C? +- U? —2 U Cm 
we obtain the relation 

Pe ee 

s +z 4 Zg ae const., (190) 
which represents a modification of the Bernoulli Equation for the relative motion 
of the liquid in a rotating duct. 


f) Circulation 


Now let us consider a stationary potential flow. As already pointed out earlier, in 
the case of a potential flow there exists a function, the so-called velocity potential Ø, 
which, when differentiated with respect to an arbitrary direction, gives with the 
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opposite sign the velocity in this direction. In the co-ordinate system X, Y, Z, the 
total differential of the potential is 


aw. ð a 


which with regard to the given definition of the potential can be expressed 
d® = — (Cz - dx ote Cy dy + Cz: dz), 


where Cz, Cy, Cz are the components of the velocities in the directions of the 
co-ordinate axes. 


The integral along a curve in general from 0 to S, has the form 


S Ds 
—f (Cz dx a Cy dy 4- G: dz) = [dd = Ds —,. 
0 Po 


When the curve along which we integrate is located on a equipotential surface, 
there is dØ = 0, ® = const., and hence 


S 
f (Cz dx + Cy dy + Cz dz) = 0. 
0 
When the curve is closed, so that when integrating we return to the initial point, 
this integral also equals zero. We mark it as a closed integral with the sign 6: 


Ó (Cz dx + Cy dy + Cz dz) = 0, —®, = 0. 


When the vector of the velocity C encloses with the co-ordinate axes the angles 
a’, P's y's, and the element of the path along we integrate the angles æ, f, y, there 
will hold good for the angle 6 enclosed by these two vectors 


cos 6 = cos æ cos x’ + cos f cos f’ + cos y cos y’, 


so that applies 
a s 
[Cds =| C ds cos ô =| (Cz dx + Cy dy + C: dz). 
0 0 0 

This closed integral given above therefore is the integral of the product of the 
integrating path and the projection of the velocity into the direction of the path, 
and such a closed integral we term circulation and denote it by the symbol J" 
(gamma). 

For a potential flow system therefore holds that the circulation equals zero, be- 
cause we have not made any assumption as to the curve on which we have proved 
the zero value of this integral, and the result must therefore hold for any curve 
whatsoever. 

There exists only one type of potential flow in which the circulation may differ 
from zero. This is the so-called potential whirl. 
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y) Potential Whirl, Magnus’ Effect, 
Kutta-Joukowski Theorem. 


; Let us imagine a circular cylinder of infinite length, rotating in a medium spread- 
ing in all directions into the infinite. The cylinder with the radius rą (Fig. 215) is 
assumed to rotate with the angular velocity w. By the action of the viscosity also 
the surrounding medium is put into a rotary motion. The viscosity of the medium 
produces on the contact surfaces of the individual layers tangential forces which 


are proportional to the velocity gradient ao of 
r 


the field in the direction normal to the direction 
of the relative motion of the considered neigh- 
bouring layers, C denoting the velocity of the cir- 
cular layer and r its radius. Terming the tangential 
force per surface unit t, we can write 


TH=L c 
AET 
where u is the coefficient of the dynamic viscosity 
or briefly the viscosity of the liquid. 

The moments of the tangential forces about the 
axis of the cylinder, acting after the equlibrium of 
Fig. 215 the motion has been established upon the concen- 
tric layer of the radius r and the thickness dr, 


must be in equlibrium, and consequently for the length of the cylinder equalling 
one must hold good 


(191) 


a 
M—M -+ wid dr = 0, 
or 
or M = const. = 2art r=22rt. 


ae substitute for t the corresponding expression from Equation (191), we 
obtain 


M=22r u sa 
dr 


= const., 
so that const. 
dc = = dr, 
and hence 
C= LER 


Since for r = ra holds C = Ca, i. e. the medium adheres to the cylinder, and 
for r = œ holds C = 0, applies K, = 0, K, = — ra Ca, and hence 
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which means that the medium is put into such a motion that the following relation 
lies: 
AES Ce Catam b, (192) 


and this represents the already known circulating flow (Section 1/A, Chapter I/3). 
We know from earlier considerations (see the cited chapter) that such a motion 
can exist even in a non-yiscous liquid, and we term it therefore potential whirl, 


because the velocity C = = has a potential (see also Section 1/A, Chapter 1/1, J). 


If we know the velocity, we can inversely determine tie value of the velocity poten- 
tial Ø. There will hold good 


k dø 
A ge 
so that 
ao =—* a= Erag, 


because ds = r dq is a circular arc, and, consequently, the potential has the value 
Ø = — ko. 


In a potential motion, the value of the circulation differs from zero only then 
when the axis of the whirl lies within the curve on which the circulation is deter- 
mined. In our case, the circulation about the cylinder is 


T= $Crdp=kbdyp =2mk =2 7 ra Ca = 27a 0w. (193) 


As already said, the whirling motion is brought about by the tangential forces 
in the liquid. For this reason, it cannot arise in a non-viscous liquid. If it, however, 
existed in such a liquid, it could not disappear by itself, because its destruction 
would again require tangential forces (Helmholtz -Thomson theorem). Therefore, 
if we disregard the viscosity, the whirl in the liquid can arise and cease only on the 
surface of the liquid or on the wall, or form a closed curve. This whirl then passes 
from the place of its origin to the place of its disappearance as the so-called whirl 
fibre formed by rotating particles. The other particles move in circles around the 
fibre, undergoing deformations but not rotating about their own axes, and for their 
motion Equation (192) holds good; their circulation around the fibre is therefore 
constant. If we tried to determine the velocity of the particles at the radius r 
according to this relation, the value co would result. This is impossible from the 
viewpoint of physics. We therefore assume that a certain internal part, given by 
the radius rọ the so-called whirl core or whirl fibre, rotates as a solid body with 
the constant angular velocity w. The circulation then is according to Equation 
(193), when f is the area of the core in the plane perpendicular to its axis 

Pe 2aHw = 2fo. 
The expression fw is also termed the whirl moment. 

We have so far considered a cylinder rotating in a stationary medium. Apart 
from the moment opposing the rotation (due to the viscosity), in this case the 
medium does not bring forth any forces acting upon the cylinder. When, however, 
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the cylinder rotates in a medium flowing at the velocity V, it will be acted upon, 
on the one hand, by a force in the direction of the velocity V, given by the resistance 
of the cylinder, and, on the other, hand by a force normal to the direction of the 
velocity V. E 

_ The creation of this force, normal to the velocity, has been explained’ qualita- 
tively by Magnus (after whom this phenomenon has been termed) as follows: On 


V 


ENN 
V 


Fig. 216 


that side of the cylinder (Fig. 216) where the cylinder creates by its rotation in the 
medium a velocity of the same sense as that of the velocity V of the flow, both 
velocities, i. e. the velocity V and the circulation velocity C are added. On the oppo- 
site side they are subtracted. For this reason, on one side of the cylinder the velocity 
of the medium is higher and therefore the pressure lower (according to the Ber- 
noulli equation) than on the other side, and thereby a force is created which acts 
upon the cylinder perpendicularly to the direction of the velocity V. 

The magnitude of this force is given by the expression by Kutta-Joukowski?), 
which may be most conveniently derived according to Erhart?) as follows: 


*) Kutta: Auftriebskrafte in strémenden Flüssigkeiten, Illustr. aeron. Mitt., 1902. Uber 
ebene Zirkulationstrémungen, Miinchener Ber. 1910 and 1911. 

Joukowski: Uber die Konturen der Tragflichen der Drachenflieger. Zeitschr. fiir Flug- 
technik und Motorluftschiffahrt, 1910; by the same author: Aérodyramique, Paris, 1916. 

*) Erhart F.: Kritická a zvukova rychlost media (Critical and sound velocity of the 
medium), Prague, Tech. knihkupectvi, 1937. 
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We express the value of the circulation on the closed oblong curve K (Fig. 216) 
occupying the total width F of the flow field. The width of the flow field is assumed 
to be at least so large that the cylinder encompassed by the flow influences the latter 
on its boundaries so little that this effect may be neglected. We must therefore 
imagine the curve K to be much more oblong than it has been possible to indicate 
in the figure. If we consider the unit depth of a layer of the flow field, the width F 
assumes also the significance of the cross section. In the vertical direction we 
select a very oblong shape of the curve K, so that we need not count with the 
influence of the horizontal components of the ae upon the circulation. The 
average value of the velocities on the curve K we then denote by Vy. The circulation 
on the curve K is the same as the circulation on an arbitrary other curve in which 
the base of the rotating cylinder is enclosed, because the circulation is given by the 
circular motion brought about by this cylinder. The circulation determined on the 
curve K is J’ = 2 F Vy. The average vertical variation of the velocity impaired to 


the medium flowing around the rotating cylinder therefore is 2 + Vy= ie . This 
velocity is imparted to the complete flow, whose mass through the cross section F 
per second is given by the expression ra V. From the momentum theorem 


(Part I, Chapter III/1) then the magnitude of the force P is derived, necessary for 
effecting the change of the flow, which as reaction of the flow acts upon the cylinder: 
we FP ae pra 
g g i. 2 
this holds for the considered layer of a thickness equalling one. For a layer of the 
thickness L consequently holds good 


P= e EVI, (194) 


which is the expression given by Kutta and Joukowski. 


The force in the direction of the velocity is given by the imperfect flow around 
the immersed cylinder, resulting in a work-absorbing whirl behind the cylinder. 
In a non-viscous liquid the cylinder would be flown around without the creation 
of whirls — potentially — and the force in the direction of the velocity would dis- 
appear. But also the force normal to the velocity, the so-called lift, would disappear 
as in a non-viscous liquid no circulating flow around the cylinder would be created. 

The lift acting upon the cylinder will therefore be 


p=sooprrety V2arw. 
g £ 


On the base of the circulation around the body, we therefore can express the 
lifting forces upon any body, in so far, of course, it is altogether possible to 
ascertain the circulation around the profile. This can be done also for the blades 
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of a hydraulic turbine which are densely spaced and thus form closed ducts.) 
We arrive in this case at results which are also obtained by the one-dimensional 
theory. 


6) Airfoils and the Creation of the Lift Acting 
upon the Wing 


When designing axial-flow propeller and Kaplan turbines, we may select the 
profile of the blade in the cylindrical section in conformity to an airfoil. From tests 
in aerodynamic tunnels we know the coefficients for the resistance Pz (Fig. 217) 
as well as for the lift Pz for these airfoils. 

The resistance of the airfoil is represented by the expression 


ke y i 
7 V2 S, (195) 
and the lift by 


k 
P, => “= VS, (196) 
where V is the velocity of the 
medium in relation to the airfoil 
at a sufficient distance in front 
Fig. 217 of the latter, beyond the range of 
its influence on the flow. S is the 
largest projection of the area of the airfoil, and kz and kz are the coefficients of the 
resistance and the lift respectively. These coefficients are for a certain shape of the 
airfoil only functions of the Reynolds number Re. The number Re, at which the 
tests in aerodynamic tunnel are usually carried out, is as a rule of the same order 
of magnitude as the number Re for the flow around the profile in hydraulic turbines; 
therefore, we can directly employ these coefficients for designing the turbine 
blades. 

According to Kutta and Joukowski, the lift acting on the airfoil may also be 

expressed by means of the circulation around it: 


P= 


P,=+-LVI, 
g 


where L is again the length (span) of the wing. 

The circulation /’, producing the lift, is given by the difference of the relative 
velocities of the medium bellow the wing and above it, by the influence of which — 
similarly as we have seen in the case of the rotating cylinder —a pressure drop above 
the airfoil arises, and an increase of the pressure below it. 

According to Prandtl, this circulation is produced by the action of tie boundary 


1) Kaplan-Lechner: Theorie und Bau von Turbinen-Schnelliufern, Berlin, Oldenbourg, 
1931, p. 81. 
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layer.) When namely a liquid flows along a wall or body, the particles near the wall 
adhere to it owing to the influence of the viscosity, so that the velocity of the liquid 
diminishes in the direction toward the wall down to zero. This velocity drop 
proceeds within a very thin layer, the so-called boundary layer. Since the velocity 
of the particles of this layer which are nearest to the wall is zero, while the velocity 
of the particles at a greater distance from the wall is the same as the velocity of the 
other part of the medium, the mean velocity of the layery determining its kinetic 
energy, equals half the velocity of the medium. From this follows that when the 
velocity of the liquid decreases at a sud- 
den enlargement of the through-flow 
cross section, which is connected with - 
an increase of the pressure of the liquid, 
the pressure in the boundary Jayer cannot 
increase to the same extent as in the T 
main flow as its kinetic energy is smaller. ———————— y 
Therefore, its particles are by the action  —————————— 
of the surrounding liquid of higher pres-_—<§_ _—--—-—-—______——_- 
sure put into a reverse motion and thus 9 ——-——— 7 
a whirl arises. 

This is the case with an airfoil in a 
streaming medium. When the motion of ————— ~~~ — 
the medium relative to the airfoil starts — mmm 
from the stationary state, we have inthe ——— mmm 
initial phase the case of a potential fow —— m ———————— 
(Fig. 218a). Behind the edge A, howev- a a 
er; a sudden velocity drop sets in, bythe ————— ~~m 
influence of which the boundary layer ==———-————— 


is stopped, the particles of the medium = 
begin to stream backward from places 
of higher pressure and thus a so-called Fig. 218 


starting whirl is produced (Fig. 218b), 
which rapidly expands, separates from the wing, and is entrained by the stream. 
Simultaneously with the generation of the starting whirl, circulation around the 
airfoil arises as reaction to this whirl, the sense of this circulation being opposed to 
that of the starting whirl. The circulation gradually shifts the splitting point B to 
the point A and is of the same magnitude as the starting whirl. The total circulation 
within the space containing both the airfoil and the starting whirl equals invariably 
zero. Theoretically, the starting whirl is entrained by the flow into the infinite and 
permanently in equilibrium with the circulation around the airfoil. Actually, 
however, in a liquid, the whirl disappears by the action of the internal friction of 
the medium. On the other hand, when the motion is stopped the circulation con- 
centrates around the airfoil into a so-called stopping whirl which counterbalances 
1) Tietjens: Hydro- und Aeromechanik nach Vorlesungen von L. Prandtl, Berlin, 
Springer, 1929—1931. 
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the starting whirl, so that the total circulation within the considered space again 
equals zero. The creation of the starting whirl, as well as of the stopping whirl was 
experimentally ascertained and photographed by Prandtl.!) 
Simultaneously with the creation of the circulation, there also arises the lift 
acting upon the airfoil, which is defined, on the one hand, by Equation (196): 
ae Y yoo Fe Y ys 
P= ace VES F V Ei; 


and, on the other hand, by the Kutta-Joukowski Equation: 
Pt ET 
g 


where L again denotes the length of the airfoil (the span) and / the depth of the 
airfoil. By equating both expressions, we obtain the value for the circulation: 


BOE MIF 
ias oa 


2. Equation for the Application of Airfoils to the Design of Turbine Blades 


In a similar way as described above also the circulation around the blade of 
a hydraulic turbine, e. g. a propeller turbine (Fig. 219), is created. The water 
approaches the blade at the velocity C, which 
incorporates a certain peripheral component 
5 Cy; i. e. in the form of a whirl with its axis 
in the turbine axis and the circulation J, = 
= 27r. Gur- 

As long as the runner is still at rest, the 
water impinges upon the blade under an in- 
correct angle, roughly perpendicularly to the 
surface of the blade. In back of the leading 
edge A of the blade and the trailing edge B 

Ne whirls of opposite senses are created, which 

are torne off (system of Kármán vortices) 

| 5 and entrained by the flow which leaves in an 
E>) w unchanged direction, i. e. with the original 
a Cu. circulation J”, The water pressure puts the 

| runner into a rotary motion, and the direction 
Fig. 219 of the water relative to the blade shifts with 

the rising speed continuously into the direc- 

tion W,. Thereby the whirl at A gradually diminishes; the whirl at B, assuming 
the character of a starting whirl at an airfoil, creates, on the one hand a circulation 


1) See the quoted work by Tietjens, Tables 18 to 22. 
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around the blade, and, on the other hand, the longer the more, reduces the circula- 
tion in back of the runner down to the final value 7°, which is encountered in 
this place at normal speed. The total circulation in the entire turbine is always 
the same, and when full speed is attained, there applies, the number of runner 
blades being denoted by z»: 

Peet tbs 


that is to say that the circulation around the blade is #4” 7 
P= Sa ; 
Z2 
Since the circulation in front of the runner is 
F 1 = 2ar Gai, 
while the circulation in back of the runner is 
T= 2 00 Gow 
the circulation around the blade is 


23 
Fe NN Cal, 


Ža 


$ 2ar 
and since 


= tis the spacing of the blades, it holds good 
I’ = ft (Cur = Cu). (197) 


This value of the circulation can also be ascertained directly by determining the 
value of the integral 6 We ds for the closed curve around the blade, where Ws 
denotes the projection of the velocity W into the path of the integration s.1) Let us 
select a curve along which we carry out the integration as indicated in Fig. 220: 
a—b—c—d—a, which is formed by the stream lines b—c and a—d whose distance 
from each other is just the spacing of the blades and which therefore exhibit in 
correspondingly located points the same velocity, and further by the lines a—b 
and c—d, parallel to the plane of the runner, at so great a distance frorn the runner 
that the velocities on them are constant. Then will apply 

d 


b € a 
T= 6W,ds =f W, ds +| W, ds + [Weds +fW, ds. 
a È © d 


9 


Since on the lines b—c and a—d, in correspondingly located points, there are the 
same velocities, but in forming the closed integral, we travel along the lines b—c 
and a—d in opposite directions, we can write 


fw, ds = -fw, ds 
b d 


1} Spannhake. Kreiselräder als Pumpen und Turbinen. Berlin, Springer, 1931, p. 81. 
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and hence 
b d 
I =f W, ds +] Ws ds, 


or 
I = t (Waz — War). 


In an axial-flow turbine, there is according to Fig. 221, as we, by the way, 
already know, 
Wuz = War = Cul mn Cuz; 
and consequently 
T = t (Cui — Cuz). 


The value (Cu; — Cys) occurs in the design of the runner. We know it from the 
diagram of the turbine, or we determine it by means of Euler’s energy equation, 
which for an axial-flow tur- 

bine has the form 


U (Cui — Cuz) =n g H. 


By the circulation J’ 
around the blade a lifting 
force acting on the blade is 
produced. In order to ascer- 
tain the velocity W which in 
the Kutta-Joukowski equa- 
tion is decisive for the lift, 
we determine the force on 
the blade from the momen- 
tum equation, selecting the 
delimited area as indicated 
in Fig. 220. In the horizon- 
tal direction, the pressures p 
of the medium and forces 
resulting from the internal 

Fig. 220 friction counterbalance each 

other. The relative velocity 

of the water changes in the horizontal direction from the value Wy in front of the 
runner to the value Wyz in back of the runner. The mass per second to which 
this flow variation is imparted (we consider here only the part of one blade of the 


radial length equalling one), is in this case given by t = Wm, where the subscript 


m again indicates the meridional component. Consequently, the horizontal compo- 
nent of the force acting upon the part of the blade of the radial length equalling 
one, is 

Pi = Wm t 2 (War = Wau). 
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In the vertical direction, the same part of the blade is acted upon, with regard to 
the circumstance that the vertical component of the velocity, Wm, does not change 
its magnitude, by the force 


P} =t (pi — Pa) 


where (pı — pə) is the overpressure of the runner. If we denote by h- the loss of 
head within the space of the runner, we may write according to the Bernoulli 
equation (190) for the relative motion, since U, =U, and Wmi = Wma; 


Fig. 221 Fig. 222 


The resultant force on the blade is then determined as the geometric mean: 


p= 
' \ 2) i F i 2 ; 2 
= /e(2) m aa? +n Wa (5) (Lt gee) | 
g `; 2 we 
P= or t (Wia — Wa) | Wi si [Pa ve (1 ei a yf 3 (198) 


Since 1(Wy2— Wu) = T and the expression under the radical sign have the 
dimension of a velocity, we may write 


P=} T Wa, 
£ 
and for the full width of the blade 
Pe rE 
£ 
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As is obvious from Equation (198), for the ideal case of a loss-free through-flow 
of the water through the runner, i. e. for hz = 0, we obtain the velocity Wao, 
decisive for the determination of the lift, and the inclination Ê» of this velocity, as 
indicated by the construction in Fig. 221. The force P, + resulting from this velocity 
is normal to it. Actually, however, the through-flow is connected with a certain 
loss hz, and in this case, as follows from Equation (198), the horizontal component 

ghz 
> Wuz CO War 
Ws increases to the value W'a, and its inclination changes from ., tof" .., because 
the vertical component does not change if we assume that the through-flow is 
constant. Also the resultant force acting upon the blade is more inclined (Fig. 222) 
and increases its value so that the peripheral component is again the same. The 
resultant force P’, is again perpendicular to the velocity W’,,, and here applies. 


P = ELT W'a. With regard to the circumstance that this force is at the same 


of the velocity Wa is increased by the value » whereby the velocity 


time also the resultant of the lifting component P, and the resistance component Pz, 
in relation to the velocity Ws, follows from the similarity of the hatched triangles?) 


P: Wi, 
a ae 
* tan B.. 
and since 
Js i 2 
Se Spee ACs Oe met i Sy Ea 
tanfo g 2 g 2 tan f» 
holds good 
LLLP, Wo= 2 LI wW 11 Wr. Wi, 
g g 2 z g 2 tan f» Ce 
or 
1 k 
Pat (r =) 
2 i tan fo Wo 


Therefore, we need not know the velocity Wi and the angle 4, but we can 
calculate with the values W., and f.n, which we readily determine according to the 
construction in Fig. 221. Since we know that the circulation around the blade has 
according to Equation (197) the value J” = t (Cu: — Cuz), we may write 


1 
t (Cur — Cuz) eee (r— =D IW,.; 
2 tan f 
whence 
= kz = Cur — Cuz t a 2E 
* ‘enps e m e Sie eee 


1) Nechleba: Cirkulace kolem lopatky turbiny (Circulation around the Turbine Blade), 
Strojnicky obzor (Mechanical Engineering Review), 1943, No. 15—16, p. 284. 
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By introducing the specific velocities, we transform the expression to 


kz ay O Caa t 
k= tan Bp = Wo ore 
Substituting for (cy; — cy2) the values from the Euler equation 


u (Cur — cu?) =F 4 
we obtain $ 
È kz o wif 


ahe un 1” 


and from this results the expression for the hydraulic efficiency of the turbine 


l kz ) 
Yh S (x. maar (199) 
From this expression it is evident that at higher specific speed, i. e. at higher 
values u and W, the length J of the blade must be reduced, or the spacing ¢ must 
be increased or the number of blades reduced, in order to maintain the hydraulic 
efficiency according to Equation (199) at the value with which has been calculated 
and which, as experience has shown, is attainable. Thus the specific load of the blade 
increases, as also follows from the expression 

P. z Y kz 2 

Ap By gS Wo 
because with rising speed also W., increases. This pressure difference, however, 
is determined by the difference of the squares of the velocities on the pressure and 
suction sides of the blade. With rising speed, the velocity distribution within the 
spacing becomes steadily less uniform. This circumstance impairs the efficiency of 
the draft tube, because equalizing the differing velocities to a common value causes 
whirls in the draft tube. This is one of the factors which restrict the reduction of 


the ratios e and the possibility of increasing the specific speed. 


The derived expression (199) may be used for determining suitable airfoils from 
which the turbine blade can be formed, and for their setting with regard to the 
velocity W_,. When the lift and resistance coefficients of the airfoils, kz and k, 
respectively, satisfy Equation (199), then the selected airfoils exhibit such properties 
that the created circulation around the blades meets the requirement of a correct 
utilization of the energy of the water. 

The coefficients kz and ky express the properties of the airfoils in their sequence 
in the blade field of the turbine, i. e. the properties of airfoils of infinite span, acting 
upon one another. When values ascertained in aerodynamic tunnels for individual 
airfoils (each separately) are employed, certain corrections will be required. The 
coefficient of resistance will have to be reduced by the induced resistance due to 
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the finiteness of the tested airfoil, and the coefficient of lift must then be altered 
with regard to the mutual interaction of the airfoils arranged in a line. These 
relation will be explained in the following chapter. 

Note: From the expression (199) also the fact follows that when varying the 
number of blades in a propeller turbine, but leaving their shape unaltered, we must 
vary the product uw., to maintain a good efficiency. In principle, we therefore can 
with only one blade form build a number of runners with different specific speeds 
by changing the number of blades.) 


3. Aerodynamic Properties of Airfoils 


For a more detailed study of the properties of airfoils we refer to the work 
Letecký průvodce, dil 2 (Aeronautical Guide, Part 2), Prague, CMT, 1939. For 
completeness of the present book, some chapters of this work which are of special 
interest to the turbine designer are to be reproduced here. 


%) On the Aerodynamic Properties of Airfoils in General 


The fundamental aerodynamic properties of airfoils are characterized by the 
coefficients of resistance cy, of lift cz and moment cm?) which are defined by the 
equations 


2 4 C ay n 
eae fea ag S aie ae ak | (200) 


where S is the supporting surface, i. e. the area of the plan of the airfoil, given by 
its largest projection in the plan. Pz is the lift, i. e. the component of the resultant 
aerodynamic force in the axis of lift, always normal to the direction of the relative 
velocity of the flow; Pz is the resistance, i. e. the component of the resultant aero- 
dynamic force in the direction of the velocity V of the flow relative to the airfoil. 
M is the moment of the aerodynamic forces about a certain axis normal to the plane 
of symmetry (the position of this axis in relation to the airfoil must be exactly 
defined); when there is no further information at disposal, the moment M, or its 
coefficient cm, relates to the leading edge. When the coefficient of the moment is 
related to the point located on the chord at a quarter of the depth of the airfoil, it is 
denoted by ¢m ,0.25 13 When it is related to the aerodynamic centre, it is marked Cmac3 
the moment, and consequently also the coefficient, is positive when it acts as tilting 
moment, i. e. against the positive sense of the angle of attack « (see also Fig. 223). 

The dependences of the coefficients cz, Xz, €m on the angle g are in the majority 


1) For details see Nechleba: Kaplan Turbine Blading, Report to the 4th World Power 
Congress in London, 1950. Further, Druckmiiller: Důsledky změny počtu lopatek Kapla- 
novych turbin (Consequences Resulting from Changes of the Number of Blades in Kaplan 
Turbines), Strojirenstvi (Mechanical Engineering Review) 2, 1952, No. 7, p. 295. 

*) For single airfoils of finite length we employ the symbols c as in the Aeronautical Guide; 
for values already recalculated for the conditions in the turbine we use the symbols k. Simi- 
larly, the velocity of approach to the airfoil we shall denote by V, but the relative velocities 
in the turbine by W. 
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of cases experimentally determined for certain airfoils and given in the literature 
numerically and graphically.) 

Apart from graphical and tabular representations of the aerodynamic coefficients 
of airfoils, we may also advantageously employ equations expressing the relations 
between the individual coefficients and the angle of attack, Most important are 
the following equations which hold good in the range of the usual angles of attack, 
when the flow around the wing is 
continuous, without rupture: 

dc, 


a (x — ap) 


Oc, 

Cy = Ce as Fe S (201) 
Cin 

Cm = Cro t Oc, Cz 


Ocz 
In these equations = — denotes 
Z. 


the gradient of the straight line which 
characterizes the dependence of the 
coefficient cz on the angle x; œp is 
the angle of attack at which c, = 0; 
C,y is the length on the cz axis cut off 4 
by the straight line characterizing the 
progress of the coefficient of resistance 
of the airfoil in dependence on c2, and 


Fig. 223 


= is the gradient of this straight line; cmo is the coefficient of the moment at 
c3 

DCm j ; 
the zero lift coefficient; the expression SS denotes the gradient of the straight 


line characterizing the dependence of the moment coefficient on the lift coefficient. 


6. Geometric Characteristics of Airfoils 


The most important geometric characteristics of the airfoil are indicated in 
Fig. 224. These are: 
m — maximum deflection of the central curve of the airfoil, 
L — distance of the maximum deflection of the central curve from the leading edge, 
t — maximum thickness of the airfoil. 

The geometric characteristics m, L and t are usually given as fractions of the 
length / of the chord of the airfoil. 


1) Letecký průvodce, 2. dil (Aeronautical Guide Part 2), Prague, CMT, 1939, or Ergeb- 
nisse der Aerodynamischen Versuchsanstalt zu Gottingen, Serial Parts 1—4, Berlin, Olden- 
bourg, 1925—1932. 
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For determining the influence of the enumerated characteristics of the airfoil 
on its aerodynamic properties, systematic experiments were carried out in various 
aerodynamic laboratories. The most complete picture of these influences is pres- 
ented by test results obtained with a series of American airfoils.) In this series, 
the geometric characteristics were systematically varied in the following ranges: 


=~ = 0 to 0.06; >. = 0.2 to 0.6; — = 0.06 to 0.21. 

The airfoils are in this case marked with numbers of four places, the first figure 
defining the maximum deflection of the central curve, the second the distance 
of the maximum deflection of the central curve from the leading edge, and the 


Fig. 224 


last two figures indicate the thickness. Thus e. g. the number 2412 denotes an 
airfoil exhibiting the following rations: 

m L t 

=p = 0.02; Bo =e 0.40; a =z 0.12. 


The co-ordinates y and ys (Fig. 224) are defined by equations, but as the 


Table 1 


1) NACA Rep. 460. 
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calculations based upon them are rather time-consuming, we give here tables 
replacing these equations. 

The first table presents half the thickness of the airfoil, y, in dependence on the 
distance from the leading edge, x, expressed in percents of the length of the chord. 


The table holds good for airfoils of the relative thickness + = 0.2, but may be used 

for any ratio $ when we multiply the number in the column y by the factor 5 F 

The second table defines the co-ordir ates of the central curve of the airfoil with 

the relative deflection 2 = 0.1. Here ys denotes the ordinates of the central 

curve whose maximum deflection is at one fifth of the length of the chord (+ = 

= 0.2), ysa denotes the ordinates of the central curve whose ratio is = ANEN 
m 


etc.; for other maximum deflections 7 we use the values of the table multiplied 


by 10. 


Table 2 


_ When drawing the airfoil, we proceed as follows: First we draw the central curve 
in conformity with the co-ordinates by the method described above. Through the 
individual points of the central curve we then lay verticals on which we plot on 
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both sides the corresponding halves of the thickness y. By connecting the points 
ascertained in this way we obtain the required airfoil of the series NACA. 
Correct drawing of the airfoil is aided by the knowledge of the curvature r of 


2 
the airfoil at the leading edge, which is given by the relation -7 = L10 (+) > 


y. Interdependence of the Geometric and Aerodynamic 
Characteristics of the Airfoil 


The tests results given in NACA Rep. 460 may be summarized in the diagrams 
shown in Figs. 225 to 230, which define the dependence of the most important 
aerodynamic characteristics on 
the geometric characteristics of 
the airfoil. 

These diagrams have been 
plotted on the base of tests on 
rectangular wings exhibiting a 
slenderness (i. e. the ratio of the 
span to the mean length of the 
chord, or the ratio of the square 
of the span to the area of the 
wing) of A = 6, at a Reynolds 
number of 3.5 - 108, 

Fig. 225 illustrates the de- 
pendence of the angle of attack 
% at zero lift upon the maximum 


relative deflection = of the 


central curve and upon the rel- 


ative distance a of this deflec- 


tion from the leading edge. The absolute value of the angle «g increases with the 
deflection m and the distance L. When employing these diagrams, we must bear in 
mind that the angle of attack x» is here measured from the connecting line between 
the initial and end points of the central curve and that this connecting line is 
in general not identical with the chord of the airfoil. 


h] 
Fig. 226 presents graphically the dependence of the value fz on the relative 


ĝa. 

t < Ob 

length — . The ratio —— 

gth l ĝa 

Fig. 227 shows the increase of the coefficient of viscous resistance, Cze, with 
the thickness and deflection of the airfoil. 


a on the relative thickness of the 


diminishes with rising thickness almost linearly. 


Fig. 228 presents the dependence of 
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Oce , i ` 
š increases almost linearly with increasing 


profile. The value of the ratio 52 
cz 


thickness. 


: À oe aE 
The dependence of the moment coefficient at zero lift, Cmos Upon the ratios —, 


i cS ae DE ; 
TT illustrated in Fig. 229. The coefficient rises with increasing deflection 


of the central curve, T, and Ee 


s : : ee © 
with an increasing ratio T 0.08 


on the other hand, this coeffi- 
cient diminishes with rising rel- 
ative thickness for the same 
central curve. 

The dependence of the ratio 


Òc . > i 
== is represented in Fig. 230 


which shows a moderate de- 
crease of this ratio with an in- 


0.07 


creasing relative thickness + 
of the airfoil. 


6. Influence of the 
Finite Length of 
the Supporting 
Whirl and Wing 


In a two-dimensional stream 
line flow, the whirl core or 
the wing replacing this core is 
infinitely long, thus satisfying Ic 
the Helmholtz law, which states Ja 
that in a non-viscous fluid a 
whirl can neither arise nor 
cease, but must either end on 
restricting walls or be closed. 

If we cut of a cylindrical 
whirl only a part of finite length, 
it would be necessary to restrict go, 
the core by walls perpendicular 


to the axis of the whirl, so that Fig. 228 


only the part of the medium between these walls would be put in motion. The influ- 
ence of the walls would manifest itself only by friction on the boundary layer and 
would be insignificant to the stream line motion between the walls. When the core 
or the wing ends freely, pressure is different on both sides and a flow arises in 
the direction of the axis of the whirl, connected with the whirl. There arise whirls 
normal to the direction of the flow which approximately coincides with the whirl 
axis (the axis of the supporting whirl — the wing), i. e. whirls normal to this axis, 
which in principle are a continuation of the supporting whirl and would in a non- 
viscous fluid extend behind the wing into the 
infinite (see Fig. 231). The axis of the whirl 
does not break but passes along an arc into the 
new direction. Thus a single whirl, in the prop- 
er sense of the word, arises, closed in the 
infinite (by a starting whirl). 
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Only part of this horseshoe-shaped whirl, appertaining to the actual whirl core 
(wing) is supporting, while the remaining part increases the resistance. This part 
changes the original two-dimensional stream line field and renders the motion 
spatial. The resistance caused by the change is termed induced resistance, because 
the ineffective whirls induce in the space in back, as well as in front of the wing, 
a velocity directed against the action of the lift, thus creating a deflection of the 
flow; the stream line is deflected downward by the so-called downflow angle e 
(see Fig. 232). 
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Far in front of the wing the deflection is zero, so that at the wing itself we can 
approximately count with a deflection equalling the arithmetical mean, i. e. with 


the angle > This angle of the deflection of the airflow is termed induced angle 


of attack gi. 

Owing to the inclination of the airflow by the angle o4, also the direction of the 
lift, or of the lift axis which is always normal to the relative velocity of the aproach- 
ing flow, is tilted by the same sgle, so that the lift further contains a component 
in the initial direction of the velocity of the airflow, which is termed induced 


Fig. 232 


resistance or induced drag. Denoting the coefficient of the induced drag by czt 
there applies according to Fig. 232: 


Cot = Cz SIN o4 == Cz OH (202) 
where o; is the induced angle of attack in circular measure. 
The total drag coefficient of wing of finite span is then given by the sum of the 
following components: 
a) Drag coefficient of the wing of infinite span, termed profile drag coefficient 
czo for the angle of attack v = œ — vi, where « is the angle of the chord with 


the direction of the relative velocity of the undeflected flow. 
b) The induced drag coefficient cz;. 


Therefore we can write for the total drag 


Cz = Czo + Cat (203) 
and for the pertinent angle of attack 
x = Shey T U. (204) 


For an elliptical distribution of the lift across the span of the wing, as e. g. 
encountered on a wing of an elliptical plan, with the same profile in all sections 
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parallel to the plane of symmetry and with a constant angle of attack across the 
span, the induced velocity across the span is constant and defined by the expression 


Vi = V (205) 


= > 
where A is the slenderness or aspect ratio of the wing, i. e. the ratio of the span 


to the mean length of the chord, , which may also be defined by the expres- 
2 mean 


sion A = 


Ş` 
The induced angle of attack, too, is in this case constant and given in circular 


LEIE 
measure by the ratio —~, i. e. 


V 
= Cz 
aa? 
its value in degrees is 
0.692, G 0 
a = 573 a (206) 
From Equations (202) and (206) we obtain the relation 
ce S 2 
= = — oo " 07 
ot = TA m b ar) 


The induced drag coefficient is directly proportional to the square of the lift 
coefficient and inversely proportional to the aspect ratio of the wing. 

Equations (203) and (207) enable us to determine the drag coefficient of a wing 
of an arbitrary aspect ratio A, from the known coefficient of a wing of the aspect 
ratio A,, provided that both wings exhibit the same profile and the same elliptical 
distribution of the lift across the span. We denote the drag coefficients of the 
wings by czı and cz2 respectively and express the equality of the profile drag in 
both cases, the coefficient cz being the same: 


2 2 
c =” c f: 
1 — n . 
ý rA ™ | sty 


From this equation we obtain after adjustment 


TS laws, 
x \As PO i 


and by recalculation for an infinite span, we obtain the drag coefficient of a wing 
of infinite span — the profile drag czo — which will be introduced into the expression 
(199) and therefore identically denoted by ky: 


be 


Žr (208) 


ket) =o. 


336 


The angle of attack æ», the aspect ratio being A,, we determine from the angle 
of attack œ, of a wing of the aspect ratio A, (the lift coefficient being again cz), by 
expressing the equality of the angle æ. in both cases by means of Equations (206) 
and (204): to represent the angles in degrees, we put 


of — 57.3 ° = af — 57.3 ° 


F ji a 
from which we obtain the sought angle of attack 


A ee 


Fig. 233 


and when we recalculate it for an infinite span, we obtain the angle of attack for 
infinite span 
a, = 49 — 57.3. = (209) 


In general, the distribution of the lift across the span of the wing is not elliptical, 
and the conversion formulas will be somewhat different. E. g. for a rectangular 
wing we must introduce the correction coefficients t and 6, whose progress is 
shown in Fig. 233, and when recalculating the drag coefficient for an infinite span, 
we must according to Equation (203) deduct the induced drag coefficient given 
by the expression 2 


Cz 
a = (1 8), (210) 
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or when determining the angle of attack for an infinite span, deduct according 
the Equation (204) the induced angle of attack defined by the expression 


a= Fr). (211) 


For a wing of another plan shape, exhibiting a geometrically similar profile and 
the same angle of attack across the entire span, the circulation around the wing 


(see the expression for the circulation as previously derived, P = t2) will 


Fig. 234 


not be the same across the entire span and therefore, in addition to the horseshoe- 
shaped whirl, a series of whirl fibres will separate from the wing, as indicated in 
Fig. 234. 

When utilizing these results for the application of airfoils to the blades of 
propeller turbines, we must bear in mind: 

1. That the blade is at both ends of its span enclosed by flow surfaces; at one 
end by the hub, and at the other end by the runner casing. The formation of 
a horseshoe-shaped whirl, characteristic for wing of finite span, is therefore not 
possible. 

2. That the circulation along the span of the blade (i. e. the wing) is constant, 
because it is given by the expression J’ = t Cy; — Cuz), and the expression 
U (Cui — Cuz), in which U is proportional to the spacing t, has an approximately 
constant value equalling 7, gH; the circulation along the span of the blade is 
therefore constant. Consequently, no separation of whirl fibres, not even along 
the blade, will take place. 

That means that we have here the case of an analogue to a wing of rectangular 
shape and infinite span. Since the properties of airfoils are currently given for 
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wings of a rectangular plan and the usual aspect ratio of 5 or 6, we should employ 
the relations (210) and (211) for our recalculation. We make no great error, however, 
if we directly apply the relations (208) and (209); this is all the more permissible 
as not even the recalculation of the lift coefficient — which is to be explained in the 
following chapter — is quite exact; but also the more exact procedure employing 
the relations (210) and (211) does not present any difficulties. 


4. Variation of the Lift Coefficient for Wings Arranged into a Lattice System 


If we pass a cylindrical section through the blades and develop it into a plane 
(Fig. 220), we see that we have not to deal with an isolated wing but with an 
infinite series of wing profiles, successively 
arranged into a so-called profile lattice. 

The influences of the individual profiles 
upon the flow interfere with one another, 
and the lift coefficient kz of one wing in 
the lattice will have another value than 
the respective coefficient c of an isolated 
wing, and may be greater or smaller. 

Denoting the lift on the isolated wing 
by P, and that on the wing in the lattice 
system by P;, we obtain for the same 
conditions p he 


Proskura’) has theoretically derived these 
values M for various ratios of the chord 
length Z of the wing to the spacing z, at 
various angles of attack « and various 
lattice angles # (see the designations in 
Fig. 235), and has plotted the results in 
the diagrams presented in Fig. 235. By 
experimental verifaction he has found that 
these values multiplied by the factor 


fs z 
Fig. 236 Er) 
are in agreement with the values obtained by measurements, 
Fig. 236 shows likewise such a diagram recalculated according to Proskura, for 


an angle of attack « = 0. Since the diagrams for different angles of attack, as given 
in Fig. 235, do not exhibit significant differences within the range of the generally 


) Proskura: Gidrodinamika turbomachin, Moskvi, ONTI, Energoizdat, 1934. 
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Fig. 237 


used lattice angles, the diagram in Fig. 236 may be used also for other angles of 
attack.) 


z . 


The value M = Pes will evidently also depend on the shape of the profile 


z 


and somewhat vary for different profiles, but no considerable differences are to 
be expected. 


í PT j 
For the reason of completeness it should be noted that with the ratio -p> Tepre- 


1) A theoretical derivation of such a diagram has also been presented by Weinig in his 
book Strömung um die Schaufeln von Turbomaschinen, Leipzig, Barth, 1935; however, 
without experimental verification and necessary corrections. 
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senting the density of the lattice also the pressure distribution across the profile 
varies. Fig. 237 represents the pressure/distribution according to Thomann?) along 
t 
l 
greater angles of attack a considerable underpressure peak appears immediately 
behind the beginning of the profile, diminishing with an increasing density of the 
lattice, so that the progress of the underpressure assumes a parabolic shape. 


profiles of four different ratios —-. We see that in the case of an isolated wing at 


5. Shape of the Space of the Turbine, Meridional Flow Field and Interrelation 
of the Velocity Diagrams on the Flow Surfaces 


The space of the turbine is delimited by the hub of the runner and the shell of 
the casing of the runner, both of which pass gradually into the planes of the lids 
which enclose the space of the guide blades. 

The ratio of the hub diameter to the diameter of the runner casing is determined 
by the number of blades so as to provide sufficient space for anchoring the blades 
and accomodating the mechanism for their setting (in Kaplan Turbines); this 
ratio is given approximately by the following table: 


Head Hm 
Number of blades 


d/D 0.3 0.55 0.60 0.70 
Specific speed about 1000 800 350 300 


The transition from the cylinder of the hub, or that of the runner casing, into 
the planes enclosing the guide blades has the shape of an ellipse quadrant, the 
distance of the runner axis from the inner edges of the guide blades being usually 

= 0.25 D (Fig. 238). The height of the runner blades is as a rule approximately 
B = 0.4 D and depends on the specific speed (see Fig. 54a). 

The hub and the shell of the runner casing are only for low heads of cylindrical 
shape. In this design there is a large gap between the hub and the blade in the 
closed position, and between the blade and the casing in the open position, and 
this circumstance exerts an unfavourable influence upon the volumetric efficiency 
and gap cavitation (see later). For higher heads (and frequently even for low heads) 
the hub is therefore fitted with a spherical surface and the same is done with the 
lower part of the runner casing (see Appendix I). In the design represented in 
Fig. 177, the shell of the casing is spherical throughout; for disassembling the 
runner blades must be turned entirely into the axial direction, and from the upper 
half of the casing special insertions must be removed, which fill recesses through 
which the blades may be passed in lifting the runner. 


ate R.: Wasserturbinen und Turbinenpumpea, Part 2, Stuttgart, K. Wittwer, 
> p. 99. 
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With regard to its considerable curvature, the meridional flow field must be 
established by the two-dimensional method. As a rule, however, no complete 
layout is required, because when the runner axis is located at a sufficient distance 
from the guide wheel, according to the rule 4 = 0.25 D, the flow surfaces in the 
space of the runner exhibit with sufficient accuracy a cylindrical shape and the 
same meridional velocity. The flow field must therefore be extablished only to 
ascertain the conditions at the discharge from the guide apparatus if we want to 
lay out the linkage between the velocity triangles 
on the various flow surfaces so as to prevent inlet 
shock (see Section 1, A, Chapter 1/7). 

As far as high-speed Francis turbines are concer- 
ned, we have seen, however, that in such a case 
there are considerable differences in the directions 
and magnitudes of the velocities at which the 
water on the various flow surfaces enters the draft 
tube. The equalization of these velocities to a com- 
mon value is necessarily connected with losses 
(whirls) reducing the efficiency of the draft tube. 
In propeller turbines (and in express Francis tur- 
bines, too), the outlet velocities from the runner, 
and consequently also the inlet velocities into 
the draft tube, are extraordinarily high; and the 
circumstance that a great part of the energy must 
be regained in the draft tube justifies the selection 
of such a mutual linkage of the velocity triangles 
which ensures the conditions for a satisfactory 
function of the draft tube. 

For propeller turbines, as well as for express 
Francis turbines, it will therefore be more advanta- 
geous to select the velocity triangles on the various flow surfaces so as to have 
on them the same value of Cuz Ro, i. e. the same circulation, with which the 
water enters the draft tube. This will all the more advantageous as the shock on 
the inlet edges of the blades will be moderated in these turbines by the large 
blade-less space in front of the runner, because, similarly as in the flow through 
an elbow the action of the bend manifests it self already far in front of it, influencing 
the arrangement of the stream lines, we may expect also here that the runner will 
exert an influence upon the conditions in the space in front of it.*) 


Fig. 238 


) During his activities in the Engineering Works CKD-Blansko, the author had the 
opportunity to design two propeller wheels, determined for the same conditions, and to 
test them on models. One wheel was designed for constant circulation in back of the runner, 
Cus Ra = const., while the other wheel was designed so as to eliminate the inlet shock on all 
flow surfaces simultaneously, i. e. by the method as described for high-speed Francis tur- 
bines. The first runner exhibited a better efficiency. 
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In order to reduce the losses due to the friction of the water across the blades, 
we shall endeavour to decrease the relative velocities (Section 1, A, Chapter I/7) 
and therefore principally select isoceles outlet triangles. 


6. General Procedure in Designing the Runner of a Propeller (Kaplan) Turbine 


According to the specific speed we select the number of runner blades and the 
ratio D between the diameter of the hub and that of the runner. 

Similarly as in the case of Francis turbines, we determine by means of Fig. 54b 
the unit values 7,’ and Q,’ which correspond to the given specific speed. 

Then we select a runner diameter D, suitable from the point of view of design 
and a suitable head H. From the value n,’ we ascertain the speed and the angular 
ni| H n 

D and w = 555 
compare the value of the specific peripheral velocity at the largest diameter with the 
value given in Fig. 75b. 

We determine the face of the guide wheel, the diameter of the hub, and lay out 
the shape of the space of the turbine in conformity with the given directions. 

Into the picture of the space of the runner we draw the flow field which will be 
given with sufficient approximation by the cylindrical surfaces that on the plane 
normal to the turbine axis define anulli of equal areas, because the meridional 
velocity may with satisfactory accuracy be considered constant. 

According to Fig. 545, we select the unit flow-rate Qj, , for the optimum 
efficiency, and by dividing it by the through-flow area between the casing and the 
hub, we ascertain the meridional velocity C,,,,, which will be the same for all flow 
surfaces and which we recalculate to the specific value. 

On each flow surface we know now the specific peripheral velocity u = uy 
and the specific meridional velocity. Then we draw the isoceles outlet velocity 
triangle corresponding to these values, and by means of the Braun construction 
we determine the inlet velocity triangle. 

By means of the construction illustrated in Fig. 221 we determine we», whereupon 
we select a suitable profile-alweys with regard to a gradual transition to the adjacent 
profiles — and according to Equation (199) we determine to it such an angle of 
attack in relation to the direction of tke velocity w, as to satisfy Equation (199). 

As an approximate guide in the selection of the profiles, the following direc- 
tions may be employed: 

The deflection of the central line of the profile should be selected so as to achieve 
an approximate agreement between the deviation angle of the central line and the 
deviation angle resulting from the velocity diagram. This will be easily feasible 
for the outer profiles, but it will not always be possible to fulfil this condition for 
the profiles near the hub, which sometimes must have a straighter shape. The 
thickness of the profile should be the least possible, just sufficient to meet the 
strength requirements. The reason is that thick profiles cause a considerable 


velocity, n = 


respectively. For control purposes we may 
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velocity increase of the passing flow and consequently a material pressure reduction 
which is unfavourable with regard to cavitation. 

We shall prefer profiles with the place of greatest thickness shifted as far as 
possible toward the trailing edge. On such profiles there is a shorter path on which 
a retardation of the boundary layer takes place, and therefore they contribute less 
to a rupture of the flow.*) 

When ascertaining the velocity of the flow, we principally do not count with 
the restriction of the through-flow profile due to the blades as in our further 
design we calculate with the velocity We in front of them. be 

Then we arrange the profiles into the continuous blade surface, adjusting the 
strengthened transition into the ring of the pivot. We select a spherical hub and 
adjust the adjacent part for the blade without otherwise altering its shape. 

For checking the continuity, we draw the contour line plan, which may also be 
used for the manufacture of the blade, although cylindrical sections are better 
suited, 

The procedure will be shown later on an example. 


7. Control of the Cavitation Coefficient 


The ratio of the drag coefficient to the lift coefficient in values already recal- 


7 


culated for the turbine, i. e. the ratio , should be the least possible in order 


to achieve the highest possible efficiency. The value of the coefficient kz, however, 
is here confined to a certain range with regard to cavitation, as will be explained now. 

The force acting upon the profile results from the difference of the velocity on 
the pressure and suction sides of the blade. The specific overpressure on the 
profile can be expressed by the difference of the velocity heads,*) the velocity on 
the pressure side being assumed equal to Woo (Fig. 221). Thus the specific 
overpressure AA in metres of water column will be 


2 I2 
Ah= W—Wa A 
2g 
and the force acting upon the profile of the area S 
w?— w 


P; = S Ahy = Sy —; 
But according to Equation (196) also applies 
Aa. wt, S, 
2 g 
and hence W? = Wz (1 + &,). (212) 


1) Prandtl: Führer durch die Strémungslehre, Braunschweig, Vieweg, 1944, p. 176 


Analogous Trends in the Design of Rapid Aircraft. 
ay Hybl J.: Vodni motory, 3. dil (Hydraulic Motors, Part 3), Prague, CMT, 1928, p. 336. 
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Actually the underpressure across the entire length of the suction side of the 
profile will not be the same, and consequently also the velocity W on the suction 
side will not be uniform across the entire length. In the place of the lowest pressure 
Amin the velocity of the passing flow will be maximum, and we denote it by Wmax- 
The greatest underpressure will therefore be 


Ah = Waa — Wa 
2g 
The maximum velocity of the passing flow may be expressed by the relation 
Wax = W2 (1 + Kk). (213) 
A certain profile tested by Betz exhibited the following values 
cz = 0.71 1 1.26 1.46 


K = 1.33 LSti L 2.12 


The magnitude of K depends on the shape of the profile and will be the less the 
more slender the profile is, but it will always be greater than unity. 
According to Equation (26), the pressure at the beginning of the draft tube, 
and hence at the discharge from the runner, is 
P3 Pe Cz — Ci 
ee eR a EF ay e 
og ey ee Pay 
where Hp is the barometric pressure in terms of water column and H, denotes the 
suction head up to the outlet profile of the runner, i. e. up to the outlet edges of 
the runner blades. 
Substituting into the Bernoulli equation for the relative motion (U = const.) 


> 


w2, 2 
fimin T 2g a hy IT i 
leads to 
i RS l E 
Pmin E ee = Hs a- H, = C? Ci =: Winx w3 
7 2g 2g 
Thus we have arrived at the expression (27), but with the value 
2 oF 2 
Ah’ = W iias W5 
2g 


From Fig. 221, however, follows 
Cy = Ch + Cio 


wi = C3, i (U= Cu” => G2 + U?—2 UCy2 + C?a 
so that 


i E EEN a R a eee (11) (Ch + Cie), 
£ 
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and by substituting for Wimax? the value according to Equation (213), we obtain 


Rmin m Hpg = H; 7 
A We (1 + Kk.) — ns Cj — U? +- 2 UC — (1 — n) (C2, + Cin) 
2g 
Putting now Awin = Hn where H, as previously denotes the tension of the water 
H; — H,— H; 


vapour, and forming the expression » we obtain the critical 


H 
value of the Thoma cavitation coefficient 


Carit = W, * (1 + Khe) — Ns h — u + 2 ucun — (1 —'s) (ch + Cuo). (214) 


From this expression it is 
evident that large values of the 
lift coefficient kz increase the 
value of the cavitation coeffi- 
cient and consequently reduce 
the permissible suction head. 

The value k, in Equation 
(214) is the lift coefficient, al- 
ready recalculated with regard 
to the arrangement into a lattice 
system. 


Note: For vertical turbines 
of large diameter, operating 
under a low head, Gerit is no Fig. 239 
constant. This will be easily 
understood when we imagine two vertical propeller turbines of the same type 
but different diameters, both with the same suction head Hs (up to the outlet 
edges of the blades). It is obvious from Fig. 239 that the similarly located points M 
and M’ have different static suction heads owing to the influence of the different 
distances A and h’ of these points from the outlet edge. The underpressure at the 
point M of the large turbine is therefore greater than at the point M’ of the small 
turbine. The maximum underpressures in both turbines will not be at correspond- 
ing points of the blades and also their values will be different. Under the assump- 
tion of a parabolical distribution of the underpressures between the inlet and 


; 5 -p 
outlet edges, we may conclude’) that o is a function of the ratio -z7 s 


D DN’ 
o=4+B(2) +F) 


1) Nechleba: Sur la fonction de cavitation, La Houille Blanche 1947, p. 117 where also a 
method for ascertaining the individual coefficients A, B and C of the function is described. 
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For large ratios of the head to the runner diameter, the last two coefficients lose 
their significance, and o may be considered a constant. 

In propeller turbines we en¢ounter, apart from cavitation on the suction side 
of the blade, also the so-called gap cavitation. This phenomenon is connected 
with the circumstance that propeller turbines have no rim. This is advantageous 
for the efficiency, because along the stationary wall of the runner casing the water 
streams at the absolute velocity which is in turbine of such a high speed always 
considerably lower than the relative velocity; the losses due to friction of the 
water on the wall of the runner casing are therefore smaller than the losses due 
to friction of the water on the rotating rim of the runner would be. 

Objectionable effects, however, are encountered with regard to cavitation. The 
pressure and suction sides of the blade are separated only by the gap between 

the casing and the end of the blade 

{ which is very short. For this rea- 

NY son, a high through-flow velocity 

is created in the gap, and this is 

connected with a reduction of the 

pressure which sometimes attains 

even the tension of the water 

vapour. This results in cavitation 

corrosion, unless at least the edge 

of the blade is made of a cavita- 

tion-resistant material; the cavita- 

tion manifests itself on the one 

hand, within the gap and, on the other hand, on the bottom side of the blade, as 
indicated in Fig. 240. 

The problem of gap cavitation has been treated theoretically and experimentally 
by Shalnev,!) according to whose investigations cavitation within the gap may be 
prevented by rounding off the inlet edge, and the cavitation in back of the gap 
by extending the edge. Consequently, it would be advantageous to give the blade 
edge the shape as indicated in Fig. 241. 

Example: As example of designing a propeller runner we mention here the 
somewhat extraordinary case of a runner of very low specific speed. Our task is 
to construct a Kaplan runner for a head of 50 to 60 m. 

We select eight runner blades and a specific speed of ns = 300 r. p. m. at the 
full flow-rate. For a Francis turbine the unit flow-rate would be, according to Fig. 
54, Q,‘ =1.1 m/sec. We have no experience with this design and assume for the 
time being an optimum efficiency at about 0.55 Q,’, and therefore we select 

sa = 0:6; 
> For drawing the runner we select the outer diameter D, = 0.5 m and the head 
H = 10m, and thus a theoretical outlet velocity |/2 gH = 14 m/sec. Then, employ- 
ing Figs. 75a and 75b, we select for Q, the specific inlet velocity into the draft 


Fig. 240 Fig. 241 


1) Shalnev: Shchelevaya kavitatsiya. Inzhenernyi sbornik. Akademiya nauk SSSR, tom 
VIII, 1950. 
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tube equal to the meridional velocity in the runner cs = 0.3 and the specific 
peripheral velocity at the largest diameter te = 0.92. The actual values of these 
velocities will therefore be Cm = Cs = 14 - 0.3 = 4.2 m/sec. and U; = 14 -0.92 = 
=12.9 m/sec. 


From the peripheral velocity we determine the speed 


12.9 
U. = R0; 0 = os 52 l/sec; n = 495 r. p. m. 


Fig. 242 
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„From the meridional velocity we ascertain the flow-rate; we select first the 
PREST of the hub as equalling 60 % of the outer diameter, so that the through- 
ow area is f; 


F= > D? (1 — 0.62) = 1963 - 0.64 = 1230 cm’, 
and hence , 495-05 
n = 317 = 79 rp. m., 
; 0.518 
OQ, = 0.123 - 4.2 = 0.518 mĉ?/sec., Qin = 025-317 > 0.65 m/sec. 


With these values we obtain 


QO} max = 1.82 - 0.65 = 1.18 m/sec, 
and consequently 


Ns = ni |/ 1000 £2 = 79 j= = 293 r. p. m: 


and we accept these values. 

We select the height of the guide apparatus, B = 0.35 D, = 175 mm, and the 
distance of the runner axis from the inner edge of the guide wheel, 0.25 - D) = 
= 125 = 130 mm. 

On the base of these values we draw the space of the turbine. For the construction 
of the velocity triangles we must determine the indicated velocity c; which we 
ascertain from the relation for a shock-free entrance according to Equation (58) 
c? =a + ch, where co = cs = 0.3. 

For the flow surfaces at the walls we select a lower efficiency, n} = 0.88, with 
regard to friction, so that c? = 0.88 + 0.09 = 0.97, and c; = 0.98; for the flow 
surfaces at a greater distance from the walls we select 7, = 0.91 and cf = 0.91 + 
+ 0.09 = 1, so that ¢; = 1. 

In the space of the runner we select five cylindrical sections as indicated in 
Fig. 242 so as to obtain the anulli between them with equal areas, and their values 
et ei successively — in the sequence of their determination — into the following 
table: 


0.146 

0.177 | 0.66 

0.201 | 0.75 

0.223 | 0.83 | 0. 1.5 1.2 

0.243 | 0.90 | 0.3 | 1.2 1.17 | 66°; 
| 


0.54 
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| 
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In the first column, the number of the section is recorded in conformity with 
Fig. 242. The second column contains the radii of the individual sections, and the 
third the corresponding specific peripheral velocity. The fourth column presents 
the specific meridional velocity (by laying out the meridional flow field we can 
check whether some correction is required; at the selected distance of the runner 
from the guide apparatus, the corrections will be insignificant). The fifth column 
gives the specific value c,2, selected so as to have in all sections R, ¢,2 = const. 
Columns No. six and seven contain the values we and fa respectively, as 
resulting from the velocity triangles. In Fig. 242 their construction is reproduced 
for the sections I and V. Column eight shows the spacing as resulting for the 
selected number of eight blades. 

Now we begin with the determination of the individual cross sections. We apply 
k; 


~ tanĝe 


on the cylindrical seltion V the length / = 230 mm, so that + = 1.2, and ascertain 


). We select e. g. for the cross section 


Equation (199) N4 = “Wwa L(a 


the value in the brackets 


ky a Ya a 
(ae E S 


uw 
u. 


0.88 


aaga AN 


The coefficients in the brackets apply to a wing of infinite span in a lattice system; 
hence k, = Mc, and kz = cz — oo The value M we ascertain from the Proskura 


diagram in Fig. 236. The lattice ‘angle B will be greater by the angle of attack 
than 90° — fa = 62 .5°; we estimate provisionally the angle of attack as equalling 
4° and thus we obtain 6 = 62.5 + 4 = 66°. For this value and for the ratio 


a pi 0.84 we read M = 1.3. Therefore, we may write 


HI AZ 
c:M tan Bo —¢x + E = 1.17 - tan fws 


and since tan fa = 0.521, we obtain after substitution of M 
0.676 - c: — cs + — = 0.612. 
6x 


4 


We select the profile NACA Rep. 460, No. 6404, which means that the profile 
will exhibit the values Z = 6s Enin 40 %3; ps = 4% (t here denotes the 
thickness of the profile; since no confusion with the spacing of the blades is possible, 
we have left the same designation as employed in the Aeronautical Guide), which 
satisfy the given directions for the selection of the cross section, which is defined 
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me 


by the followi lati 201): 3 z : 

Beans eae) y l meridional plane. We mark the extreme points also in the plan of the blade and 

rA LA eg) T Oez this enables us to select the length of the profiles in the further section IV. 
A gii B T AAE In this way we determine stepwise all profiles on all cylindrical sections. In 
From the diagrams in the Figs. 225 to 228 we read direction towards the hub we select successively thicker cross section with regard 

à 3 to the strength of the blade. 

— eines, a A = ee In the circular projection we then select the parallel planes 1 to 6, normal to 
ne PR Ie ge ROTA hae Sale oc BNO: the axis of rotation, above and below the blade axis, and transfer them into the 


Now we try to select the angle of attack « = 6°. Thus we obtain 


c, = 0.078 - 11.8 = 0.92, 
cz = 0.0081 + 0.54- 0.85 = 0.054, 


and by substituting into the relation 
2 
0.676 c, — c; + = = 0.612 
62 


we arrive at 0.85 
0.676 - 0.92 — 0.054 + —- 0.611, 


TT 


which satisfactorily approximates the original value 0.612, i. e. the angle of attack 
was selected correctly. Now we recalculate it for an infinite span 


al, = a0 — 57.3- aa = 60 — 57,3 2% — 69 2.90 = 3.20, 
T 


6z 


Fig. 243 


The chord of the cross section must be inclined to the velocity w., under this 
angle (see the sketch in Fig. 235), and the lattice angle will therefore be 
B = 90° — Bo + Ge = 62.5 + 3.2 = 65.79 — 669. 


We enter the obtained values into the corresponding columns of the table and 
draw the profile under this angle f (see Fig. 243). We select the point O which 
will lie on the blade axis O-O in Fig. 242, and mark in this diagram both the extreme 
points of the profile (height of the blade) and the points of intersection with the 
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pictures of the profiles (see 
Fig. 243) and construct the 
contour lines to them in the 
plan of the blade. The shape 
of the contour lines provides 
a control whether the surface 
of the blade exhibits suffi- 
cient continuity. Finally, we 
adjust the blades at the outer 
diameter, as well as at the 
hub. 

For the manufacture of 
the pattern of the blade we 
can then use this contour 
line plan or, still better, di- 
rectly the cylindrical sections 
(see later). 

We shall check the cross 
sections for cavitation on 
two or three outer cylindrical 
sections where the highest 
velocities are encountered. 
E. g. for the investigated 
cross section on the cylindrical section V, we obtain from the expression (214), 
where we put 7, = 0.9 and c, = 0.06, for the flow-rate at optimum efficiency 

Oait = We, (1 + Kk.) — hs c3 —W + 2ucus — (1 — Ns) (Ch + Cho). 

With the value K = 1.1 (dense lattice) and k, = Mc, holds good 

Gerit = 0.69? (1 + 1.1 - 1.3 - 0.92) — 0.9 - 0.06? — 0.9? + 
+ 2 -0.9 + 0.06 — 0.1 + (0.3? + 0.06?) = 0.39. 


For the full flow-rate we should substitute the values from the velocity diagram 
established for the maximum through-flow (see Part I, Chapter XII/3). But 
already for the optimum through-flow we obtain with the value of the cavitation 
coefficient determined above for H = 50 m a permissible suction head of 

H, = H,— oH = 9.5 — 0.39 - 50 = — 10 m, 


i. e. an inacceptable value. 
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For this reason, we had to select longer runner blades (peripherally) in order 
to reduce their specific load. Nevertheless, this runner in its original design was 
examined for efficiency in the test station and the result is presented in Fig. 244. 
The efficiencies are given as measured on a model with a runner diameter of 
200 mm. 


8. Stability of the Flow along the Blade 


In high-speed turbines we sometimes encounter the phenomenon of the so- 
called instability of the flow. It manifests itself in practical operation by more or 
less rapid variations in the output of the turbine without any external change 
and any regulating action, i. e. with the position of the blades unchanged. These 
variations can attain a third of the normal output and even more. When the 
through-flow is reduced by shifting the blades toward the closed position, and then 
the turbine is opened again, the output will attain its original value.*) 

According to Kieswetter,*) the instability may be caused by the following 
reasons: 

1. Separation of the flow from the walls of the ducts of the machine, in particular 
when streaming takes place in the region near the cavitation (critical) limit. 

2. Foreign matter (grass, leaves, fibres) entrained by the water and retained 
on the inlet edges of the guide and runner blades, causing changes of the hydraulic 
efficiency. 

3. Sedimentations and incrustations adhering to the walls of the ducts, in par- 
ticular to the surfaces of the runner blades. 

4. Irregularities of the inflow to the guide blades in the chamber in front of the 
turbine. 

5. Excessive local load on the runner blade. 

6. Turbulent flow in the draft tube itself and in the tail race immediately 
behind it. 

7. Unsuitable shape of the runner blades (or even of the guide blades) or tem- 
porary objectionable deformation of their shape owing to the reasons given in 
points 2 and 3. 

From the investigations of the cited author follows that the main reason of an 
instable flow in the turbine is presented by the circumstance that in some designs 
the path of the flow is not secured so as to guarantee its stabilized progress in the 
laid-out flow surface. This happens when the shape of the duct walls do not 
prevent flowing over the runner blades on various ways (see Fig. 245), or when the 
instability of the flow is caused by circumscances outside the runner, i. e. instable 
flow within the guide blades and in the bladeless space, or when accidental or 


1) See also Thomann R.: Wasserturbinen und Turbinenpumpen, Part 2, Stuttgart, 
K. Wittwer, 1931, p. 114. P 

2) Kieswetter: Ustaleni vodního proudu v kanálech lopatkovych strojů (Stabilization 
of the Water Flow in the Ducts of Turbomachines), Strojnický obzor (Mechanical Engin- 
eering Review), 1941, pp. 105—113. 
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temporary deformation of the blade surface is brought about by adhering solid or 
gelatinous deposits. 

More susceptible in this respect are turbines with a higher specific speed, having 
only moderately curved blades. 

The flow proceeds along the blade on the path of least resistance, that means it 
takes the way of the least possible deflection 
from the direction of the incoming flow ap- 
proaching the inlet edge at shockless entrance. 

Therefore, when on the path /—2’ (Fig. 245) 
the deviation angle is of a smaller value than 
that corresponding to the angle as defined by 


the energy equation uy Cy; — u2 Cuz = Ka , the 


flow will tend to assume this way on which less 
energy is Extracted from it, i. e. the way of 
less resistance, but on which also the output of 
the turbine will be smaller. 


Fig. 245 Fig. 247 
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In order to avoid this situation, we must try to achieve greater deviation angles 
of the blade in other sections than with the considered flow surface. This can be 
realized by a suitable selection of the directrix on which the individual profiles are 
located with their significant points determined by the same principle on all profiles. 

For this purpose, the directrix is either deflected so that its outer end is elevated 
as indicated in Fig. 246 (see also Fig. 242) or even simultaneously shifted peri- 
pherally as shown in Fig. 247. 


9. Strength Control of the Runner Blade 


We must control on the one hand the strength of the connection of the blade to 
its pivot and on the other hand the strength of the blade proper. 

The connection to the pivot will be subjected to various stress: At the runaway 
speed it will be subjected mainly to tensile stress by the centrifugal force.t) At 
normal speed it will be subjected to 
tensile stress by the centrifugal force 
and to bending and shearing stresses 
by the force with which the water 
acts upon the blade. We determine 
the centrifugal force with the same 
accuracy as we ascertain the weight 
Gy, of the blade proper and the radius 
Ri of its centre of gravity. By dividing 


: L 
the centrifugal force Or = — R; w° 


by the smallest area F through which 
the blade is connected to the pivot, 
indicated by the dotted line a in Fig. 
248, at which the enlargement of the 
transition into the pivot ends, we ob- 
tain the corresponding tensile stress. 
The force with which the water acts 
upon the blade we can exactly deter- 
Fig. 248 mine on each flow surface, because 

from the design of the profiles we 

know the coefficients of lift and arag; by composirig the forces we ascertain the 
magnitude, direction and position of the resultant force. We can approximately 
determine the forces on the blade if we assume that they act in the centre of 
gravity t of the blade proper (Fig. 248), as this condition is satisfied with suffi- 
cient accuracy. Then we can determine the peripheral component Pu of this 


1) The pressure of the water on the blades at the runaway speed amounts to only about 
30 % of the pressure at normal speed, while the centrifugal forces rise to more than four 
times the normal value. 
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force P from the output (in metric horsepowers) and the speed of the machine 
by means of the relation 

M l N 
fa RÀ 716.2 -7> 


Pu 


where R; is given in metres and z, denotes the number of runner blades. The 
force P acts almost perpendicularly (see Fig. 222) upon the blade inclined to the 
meridional plane under the angle f. The value of the force P will therefore be 


Py 716.2 N 
= cos ZąRıncosß ae) 

If we divide this force by the previously defined area F, we obtain the shearing 
stress. If we multiply the force P by the arm p which extends from the centre of 
gravity of the line a, we obtain the bending moment, and dividing this by the 
resisting moment, we calculate the bending stress. 

Apart from these forces, the water brings about the rotation of the blade. The 
moment with which the water acts on the blade, we determine either by testing 
the model or by means of the later given relation (218), With this moment we shall 
calculate when checking the stress in the pivot, which, apart from this, is simultane- 
ously subjected to tensile stress by the centrifugal force and to bending stress by 
the force P. 


By composing these three stresses, namely the tensile stress by the centrifugal 
force, and the bending and shearing stresses by the force P, we obtain a correct 
survey of the stresses of the blade in the place of its connection to the pivot. 


The stresses of the blade proper must be checked in the section A — A (Fig. 248). 
We shall assume that either half of the blade proper (when we divide it by the blade 
axis) is in its centre of gravity z’ loaded by half the force P. This, however, is not 
quite correct, because the pressure distribution along the profile (Fig. 237) is such 
that the pressures diminish in the direction towards the ends of the profile; our 
calculation therefore will assume less favourable conditions than there actually are 
and thus be all the safer. 


By multiplying the force J by the arm p' (Fig. 248), we obtain the bending 


moment in the section A — A, and by dividing it by the resisting moment of this 
section, we determine the corresponding bending stress. 


In Kaplan turbines with adjustable runner blades and a longer supply line we 
must further take into account the possibility of a sudden closing of the runner 
while the guide apparatus is open. This may happen either when the turbine is 
equipped with a safety device which on an objectionable increase of the speed due 
to a failure of the guide wheel regulation closes the runner by means of the safety 
governor, or even by accident. 

In such a case, the runner blades close almost entirely the through-flow, and due 


357 


to the rapid stoppage of the latter, the head rises to the value H’ (see Part III, 
«Water Shock”), Each runner will therefore be acted upon by the force 


where D, is the outer diameter of the runner and d the diameter of the hub (Fig. 
238); or, when we introduce all values in metres, 


P' = 785 - (D? — d?) = ; (216) 


When we assume the same points of application of the forces on the blade, we 
can perform the control in the same way as before, but with the value of the acting 
force P' instead of the former value P. 

In blades of cast steel we admit a stress of up to 1600 kg/cm? in the blade proper, 
and up to 2500 kg/cm? when stainless steel is employed. 


10. Hydraulic Load of the Runner 


The hydraulic load of a propeller runner is given by the sum of the vertical 
components of the forces on the blades, increased by the overpressure on the runner 
hub up to the shaft stuffing box, and by the overpressure of the atmosphere over 
the pressure in the draft tube on the cross section area of the shaft in the stuffing 
box. This last component is comparatively small and may therefore be neglected. 

When we, in conformity with the preceding chapter, determine the resultant P 
of the action of the water upon the blade in the centre of gravity of its surface, the 
vertical component of this resultant defines rather exactly the hydraulic axial load 
of the blade, so that by multiplying its magnitude by the number of blades, we 
calculate that part of the hydraulic load which results from the runner blades. 
Since we know the overpressure of the runner, we can ascertain the remaining part 
of the hydraulic load by multiplying the magnitude of the overpressure by the area 
of the anullus up to the shaft stuffing box. 

In the case of Kaplan turbines with adjustable runner blades the hydraulic load 
determined in this way cannot be considered the maximum value. Again, as in the 
preceding chapter, we must take into account a closing of the runner blades with 
the guide apparatus open, may it be intended or accidental. 


In this case, the through-flow is almost completely cut-off by the runner blades, 


and the full head H, temporarily increased to the head H’, will act upon the blade 
on the anullus defined by the outer diameter D, of the runner blades and by the 
inner diameter d of the shaft in the stuffing box. When we introduce all values in 
metres, the maximum hydraulic load will be expressed by the relation 


S = 785 (D?— d?) H'. (217) 
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Il. DESIGN OF THE RUNNER, SPIRAL AND DRAFT TUBE 


This procedure is the same as described for Francis turbines in Chapters II to 
IV, Section 1. A. 


B. ACTUAL DESIGN 


I. LAYOUT OF THE MACHINE AND CONSTRUCTIONAL UNITS 


The procedure in laying out the machine is the same as for Francis turbines. 
The subdivision into constructional units is likewise the same (see Section 1, B, 
Chapter I). 

For this reason we pass immediately to the first constructional unit, i. e. runner 
and shaft. 


II. RUNNER AND SHAFT 


1. Runner 


The blades of the runner are usually cast from plain or stainless steel, according 
cavitation conditions. The pattern is made either on the base of the contour line 
plan or in conformity to the cylindrical sections. 


Fig. 249 Fig. 250 


With a drawing of the contour lines at disposal, the procedure in manufacturing 
the pattern is the same as in making the core box for the blades of Francis turbines. 
Small wooden boards exhibiting a thickness equalling the spacing of the contour 
line planes are trimmed according to the contour lines, glued together in the correct 
mutual positions, and the edges are removed. Thus we obtain the pattern of the 
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blade, which is supplemented by the pattern of the pivot. In the axis of the pivot, 
but on the opposite side of the blade, the pattern of a riser is attached for the centre 
of the lathe. 

In making the model according to the cylindrical sections, all these sections in 
the drawing must be dimensioned from their common base Z — Z (Fig. 249), and 
the radii of the cylindrical surfaces 
in which the sections lie must be 
given. 

Then, in conformity to the cylin- 
drical sections, sheet metal master 
patterns are made for the pressure 
side, as indicated in Fig. 249, and 
similarly also for the suction side. 
The master patterns are rounded 
according to the radii of the appro- 
priate cylindrical surfaces and lo- 
cated at the correct distances from 
one another and in relation to the 
fictitious axis of rotation Ô — O on 
the plate which substitues the base 
Z— Z (see Fig. 250). The spaces 
between the metal sheet master 
patterns are then filled up with 
concrete, attention being paid to 
a continuous transition from one 

Fig. 251 master patterns to the next one, 

and in this way a concrete pattern 

of the pressure side of the blade is obtained. This is supplemented by the pattern 

of the pivot and the riser, then a moulding box is put on it, rammed with sand, 

and one half of the mould is ready. In a similar way also the other half of the 
pattern is made, and according to it the other half of the mould. 

The sheet metal for making the pattern and the complete pattern itself must be 
dimensioned with regard to the necessary allowances for machining. Larger allow- 
ances are only provided for on the inlet and outlet edges, while the remaining 
part of the blade is cast with a very small allowance or none at all. After casting and 
heat treatment, the blade is cleanly machined and smoothened, on the one hand, 
to prevent excessive friction losses which otherwise would be caused by the compa- 
ratively high velocity of the water along the blade, and on the other hand, to attain 
a higher cavitation resistance (see Section 1, A, Chapter II/2). 

The blade is manually smoothened by means of a grinding machine; rough 
machining is conveniently carried out on special copying lathes (see e. g. Fig. 251). 

The pivots of the blades of propeller turbines with fixed blades differ from those 
of Kaplan turbines. Also the blades of propeller turbines (which are fitted with 
fixed runner blades), although sometimes cast integral with the hub, are mostly 
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cast separately and then bolted to the hub. In this case, the pivot is very short, as 
e. g. to be seen in Fig. 252. The blade is centered by the pivot and tightened by one 
central bolt and several bolts with countersunk heads along the periphery of the 
pivot. In a Kaplan turbine the pivot is much longer as it is usually seated in two 
bearings (see Appendix I), between which the crank for rotating the blades is 
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Fig. 252 


located; this crank is with its hub supported on the bushing of the outer bearing 
and thus takes up the centrifugal force. The crank is either mounted on the 
cylindrical surface and secured by a taper pin (which thus transmits both the 
centrifugal force and the torque of the blade) or by a feather-key and a split ring, 
whose both halves, after having been turned by 90°, are held together by the collar 
of the hub of the crank (Fig. 256), or the crank is mounted on the conical part of the 
pivot on a feather and axially secured by a nut (Appendix I). 
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If we know the magnitude and direction of the water pressure on the blade 
(Section 2, A, Chapter I/9), we can easily determine the reactions in the bearings. 
To these reactions are added the reactions resulting from the force on the crank, 
which are likewise readily ascertained when this force is known. We determine it 
by dividing the maximum moment of the blade by the radius of the crank. The 
maximum moment is ascertained either by direct measurement on the model, or 
approximately calculated for one blade from the expression (in kgem, when H 
and D, are given in metres) 

M = (1200 to 1500) H Di. (218) 

After composing both reactions, we can easily de- 
termine the bending stress in the pivot. We must not 
forget, however, that up to the place where the crank 
is fastened, the pivot is also subjected to tensile stress 
from the centrifugal force, and maybe even to bending 
stress from the same force, when the centre of gravity 
of the blade proper is not in the axis of the pivot (but 
as arule, this circumstance may be neglected), and, 
finally, the pivot is subjected to torsional stress result- 
ing from the hydraulic moment of the blade. 

The bearings are fitted with bronze bushings, in 
which a specific pressure of about 150 to 200 kg/cm* 
is admitted. In the shifting mechanism itself —in the 
pins of the pull rods — we admit higher specific pres- 
sures, i. e. from 250 to 330 kg/cm*. The forces in this 
mechanism are likewise determined from the moment 
of the blade, but, if necessary, we take into account 
also the friction in the pins of the mechanism, count- 

Fig. 253 ing with a coefficient of friction of « = 0.16. 

As far as the hub is concerned, we must mainly 
control in the plane passing through the axes of the blades whether the profiles 
between the outer bearings suffice to transmit the reactions of these bearings from 
the lower part of the hub to its upper part. Further, we must check the hub for 
bursting by the action of its own centrifugal force, as well as by that of the blades, 
which, moreover, exerts a bending stress on the hub, as will be explained by an 
example. 

The hub is usually made of cast steel, and only for smaller machines and low 
heads of gray cast iron. 

The connection of the hub with the flange of the shaft is calculated i in the same 
way as for Francis turbines, but the force resulting from the shifting rod must be 
taken into account; when acting downward, this force is added to the weight of the 
runner and to the hydraulic pull which subject the connecting bolts to tensile stress. 

Lubrication of the shifting mechanism is provided for by filling the runner hub 
with oil. In turbines for low heads — up to about 6 m — where the specific pressures 
in the pins of the mechanism are small, the runner hub is filled with regulator oil 
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having a viscosity of about 3 to 4°E/50°C. For high specific pressures, we select 
a lubricating oil of high viscosity (45 to 50°E/50°C), to which fatty components 
may be added; these form an emulsion with small quantities of water leaking into 
the hub and thus secure lubricating effect and sealing. 

Otherwise, we prevent penetration of water into the hub and, inversely, escaping 
of oil from the hub by fitting the pivots of the blades with packings. Fig 253 illu- 
strates a proved packing consisting of conical leather cups pressed-on by means of 
a bronze ring and springs located in the hub. From outside they are held in position 
by a segmental ring whose parts are inserted into a bayonet-catch in the wall of the 
hub; the last part is fastened by countersunk screws. When the leather cups are 
split, they can be replaced without dismounting the blade; the cuts in the cups are 
staggered. 

When the shifting rod is moved into the hub, part of the oil is displaced. For 
this reason, the hub must be connected with the cavity in the shaft by sufficiently 
large openings, and through this cavity with an expansion tank (Appendix I) into 
which the oil can escape and from which it may be refilled. Such an expansion 
tank is shown in Appendix I; it is located at the upper end of the turbine shaft and 
rotates with it. Since, owing to the rotation, the level of the oil assumes the shape 
of a paraboloid of rotation — as indicated by a dotted line — it is connected with the 
cavity of the shaft by a tube extending beyond the surface of this paraboloid. In 
order to prevent the servomotor oil from penetrating along the piston rod into the 
cavity of the shaft and mixing with the hub oil, there is under the piston rings, at 
the end of the liner, a sealing sleeve from which the oil from the space above it is 
sprayed off, or, when the machine is at rest, flows freely into a special collecting 
tank, from which it is either discharged or repumped into the tank for the regulator 
oil. 

Refilling of the oil into the runners of turbines in which regulator oil is employed 
will be described in the next chapter. 


2. Shaft 


To the shaft applies the same which has been said in the part dealing with 
Francis turbines. The shaft is always bored. When the servomotor is located 
between the flanges of the shaft and the alternator, the shifting rod passes through 
the shaft; but when the servomotor is placed in the extension of the runner hub 
(Fig. 254),") the hollow sheit houses the oil supply tubes. Arranging the servomotor 
in the runner affords ths advantage of a very short shifting rod, not subjected to 
buckling stress; such a disposition, however, is not suited for high heads as here the 
diameter of the servomotor exceeds that of the hub. 

The oil supply tubes pass also through the bore of the alternator shaft. The 
supply line consists of two concentric tubes. The inner tube — screwed into the end 


1) Gamze i Goldsher: Technologiya proizvodstva krupnych gidroturbin, Moskva, Lenin - 
gad, Gosudarstvennoye nauchnotechnicheskoye izdatelstvo, 1950, Fig. 3. 
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of the shifting rod (see Appendix I) — leads the oil under the piston, while the oil 
supply to the upper side of the piston passes through the space between both tubes. 
To ensure centering of the tubes over their full length, they are fitted with uni- 
formly distributed welded-on spacers by which also centering in relation to the 


mi 
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shaft is realized. In the distributing head, the tubes pass through a stuffing box, 
and, therefore, threads at the ends of both tubes are arrañged so as to effect 
tightening of the tubes by the friction in the stuffing box. Since the tubes should 
have the least possible diameter, we must reckon with a rather high velocity of the 
oil when the servomotor is in operation; this velocity amounts to 6, 10 and even 
14 m/sec. ” pä 

In smaller turbines, where the runner is filled with regulator oil, the space 
between the outer tube and the alternator shaft on the one hand and the space of 


Fig. 254 
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the shifting rod on the other hand are connected by a tube passing outside the 
servomotor. In this way, the oil in the hub is refilled by the oil leaking through the 
stuffing box of the distributing head (see Fig. 255). 

Example: We have to calculate a runner with five blades. Its diameter is 
D, = 4800 mm, the diameter 
of the hub d = 2400 mm, the 5 Fra 
maximum head under which $ 
the runner should still operate 
H = 25 m; the normal speed 
is na = 135 r. p. m., the run- 
away speed np = 302 r. p. m.; 
the inclination of the blade to 
the peripheral circle at the 
full output N = 31,000 metric 
horsepowers is 29°. 

The force acting upon the 
runner blades — the hydraulic 
pull — is 


S= 5 (Di —d)y H = 


= 785 (4.8? — 2.4?) 25 = 
= 340,000 kg. 


1. One blade is acted upon 
by the force resulting from the 
water pressure 


Pa = = 70,000 kg. 


We assume that this force 
acts in the centre of gravity 
of the blade proper, which 
lies at the radius (measured 
from the runner axis) R; = 
1740 mm. 

2. When the centre of grav- 
ity of the complete blade lies 
at the radius Ry = 1600 mm Fig. 255 
and when the weight of the 
blade has been estimated (by comparing with already manufactured blades) to 
be G = 3000 kg, the centrifugal force at normal speed equals 


» Mn y= 3000 gee Ji 
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and at the runaway speed 


2 2 
= se = (i) = 
Op = On ( = 98,000 35) = 490,000 kg. 


3. The torque in the pivot of the blade, caused by the regulating force, is deter- 
mined from the expression (218) 


Mx = 1200 H D? = 1200 - 25 - 111 = 3,330,000 kgcm. 


Section 


4 9445 
04-530 


Fig. 257 


Since the regulating crank has the radius r = 500 mm, the force acting upon the 
crank pin will be 
__ 3,330,000 

cata: 

For the design according to Fig. 256 the diagram of the load on the pivot of the 
blade will be as indicated in Fig. 257. 

The forces P, and R lie in the same plane (the picture plane in Fig. 257), the 
force R however, can act in either sense. For determining the reactions in the 


- == 67,000 kg. 
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bearings A and B, we shall always select that sense which gives the higher value 
of the reaction. The maximum values of these reactions will consequently be 


_ Py1425 | R35 


+ —_ 
A a + eg = 200,000 kg, 
Py+80.5 RA 


Then the bending stresses in the individual profiles (see Fig. 256) will be: 


Section J 
M, = Ba, = 120,000 - 11.5 = 1,380,000 kgem; W = 2651cm?; a, = 520 kg/cm. 
Section JJ 
Mo = Ba, = 120,000 « 24.5 = 2,950,000 kgem; W = 4580 cm?; ga = 650 kg/cm?. 
Section JII 
M, = Ba, — R b, = 120,000 - 44.5 — 
— 67,000 - 9.5 = 4,715,000 kgcm; W = 7806 cm’; gg = 600 kg/cm’. 
Section IV 
M, = Ba, — Rb, = 120,000 - 53 — 
— 67,000 - 18 = 5,200,000 kgem; W = 9556 cm*; øp = 550 kg/cm?. 

Section A 
M, = Py: a; = 

= 70,000 - 80.5 = 5,650,000 kgcem; W = 12,272 cm*; o) = 460 kg/cm’. 

The shearing stresses resulting from the torque of the regulating force 
Mr = 3,330,000 kgem 


will be: 
Section JII 
Mj; = 3,330,000 kgem; 2 W = 15,612 cm*; t = a = 213 kg/cm’. 


Section IV 

My = 3,330,000 kgem; 2 W = 19,112 cm?; t = 174 kg/cm. 
Section A 

My = 3,330,000 kgcm; 2 W = 25,544 cm?; t = 136 kg/cm*. 

The tensile stresses resulting from the centrifugal force (bending being dis- 
regarded) will be: 
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Section JJ 


On = 98,000 kg; a 2. On = 97 kg/cm; 
Op = 490,000 kg; 7 T1017 em's aip = 480 kgjem?. 


Section JII aa! 


On = 98,000kg; p +. Opn = 68 kg/cm’; 

O, = 490,000 ke; | = 1452em's oiy _ 337 kglcm?, 
Section IV 

On = 98,000 kg; Ps. 2. Oen = 59 kg/cm?*; 

Op = 490,000 kg; 7 T 16620m; o, p = 265 kgjem?. 
Section A 


On = 98,000 kg; a 2, tn = 50 kg/cm?*; 
Op = 490,000 kg; * = 1964em*s a, p = 250 kgicm?. 


At normal speed, the reduced stresses in the individual cross sections conse- 
quently are: 


Section J 
Xo = 520 kg/cm®; t = Okg/cm?; ra = |/o? + 37? = 520 kg/cm’. 
Section IJ 

Zo = 747 kgicm?; t= Okg/om?; Gra = 747 kg/cm. 
Section JII 

Lo = 668 kg/cm*®; + 
Section IV 

Zo = 609 kg/cm?; t = 174 kg/cm?; Gra = 687 kg/cm’. 
Section A 

Xo = 510 kg/cm?; t = 136 kg/cm?; Gra = 562 kg/cm, 


and at the runaway speed, the reduction of the water pressure upon the blade not 
being taken into account: 


213 kg/cm*; Grea = 763 kg/cm. 


If 


Section J 

Xo = 520 kg/cm*; t= Okg/em®; Oma = 520 kg/cm?. 
Section JI . 

Zo = 1130 kg/cm?; r= Okg/cm?; ona = 1130 kg/cm’. 
Section III 

Zo = 937 kg/em?; r = 213 kg/cm?; Gra = 1010 kg/cm®. 
Section IV 

Xo = 815 kg/cm?; t = 174 kg/cm?3 Grea = 869 kg/cm?. 
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ar, 


= 


Section A 
Xo = 710 kg/cm?; + = 136 kg/cm?; Grea = 748 kg/cm?. 

The split ring a (Fig. 256), taking up the centrifugal force of the blade, is by this 
force subjected to shearing stress, and we shall control it for the case of runaway 
speed when the centrifugal force attains the value Op = 490,000 kg. The ring 
would be sheared off at the radius 420 mm, so that the shearing area 
f =n -42 - 6 = 790 cm?; and the shearing stress amounts to 

__ 490,000 
~ AN 

On the other hand, the ring pivot with the outer diameter of 420 mm would be 
sheared off at the diameter of 360 mm, so that the shearing area is 

f =z - 36-7 = 790 cm?, 
and the shearing stress equals 


= 620 kg/cm?. 


_ 490,000 _ 3 
ee, 620 kg/cm?. 
The specific pressure between the pivot and the ring is 
0 
= 490,000 = = 1330 kg/em?. 


m : EIN: 2 
z Ae — 367) 


The specific pressure between the ring of the outer bronze bushing and the hub 
of the crank is at runaway speed 


490,000 


z (622 — 50?) 


= 465 kg/cm?, 


this is admissible as at normal speed it will equal one fifth of this value. 
The specific pressures in the bearings A and B are 


200,00 120,000 
pa = -50-19 a = 210 kg/cm’, pz = a 2 
and thus likewise within admissible limits. 

All stresses in the Blade are of such values that we may employ plain carbon steel, 
provide? that this is feasible with regard to cavitation. 

As far as the hub is concerned, we must check the tensile stress in the cross 
section f, (Fig. 258). This cross section with the area f, = 1450 cm? is subjected to 
tensile stress by the reaction of the bearing A, amounting to 200,000 kg, and hence 
the tensile stress will be 


= 190 kg/cm?, 


200,000 


mis 2 
1450 138 kg/cm*. 


g = 
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Similarly, we determine the stress for the cross section f, when the force R acts 
downward: 


y — 82,000 
= — 258 


The hub is further stressed by its own centrifugal force, as well as by that of the 
blades. We ascertain the corresponding stress for the runaway speed. 


= 240 kg/cm?. 


Fig. 258 


The stress resulting from the centrifugal force of the hub itself can be calculated 
by means of the expression?) 


r Bia wa U?, 
g 
where U is the peripheral velocity of the hub and has the value 
U=7 07 = 12- == = 38 m/sec. = 3800 cm/sec. 
Hence there will apply 
ü; = Sar - 1444 = 1,150,000 kg/m? = 115 kg/cm’. 


The hub is also subjected to tensile stress resulting from the centrifugal forces 
of the blades and amounting to Op = 490,000 kg. If we assume these forces to be 
uniformly distributed along the periphery, the proportion corresponding to 1 cm is 


5 - 490,000 


Qe = Fon 


= 3250 kg/cm, 
1) Dobrovolný: Pružnost a pevnost (Strength of Materials), Prague, 1944, p. 796. 
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and the stress in the cross section f = 3380 cm? consequently amounts to 


_ o-d _ 3250-240 

OF 25, R2 

By the centrifugal forces, however, the hub will be subjected also to bending 
stress, like a ring for which the greatest bending moment is given by the expression?) 


P:R 1 
Mo => sA (cot «— ny 
where « is half the angle enclosed by the forces P. 
In our case therefore will be (Fig. 258) « = 36° and 
_ 490,000 - 120 


My = ——~ —— 0.214 = 6 300000 kg/cm. 


The resisting moment of the hub up to the section 7 — /, i. e. without its internal 
part which is not connected by ribs and therefore ineffective, has been determined 


graphically as equalling W = 15,000 cm*; and hence the bending stress in the hub 
is 


= 115 kg/cm’. 


__ 6,300,000 
% = — 15,000 
The total tensile stress in the hub therefore equals 
Xo = 0, + 02 + o = 115 + 115 + 420 = 650 kg/cm?. 

Consequently, the hub will be made of cast steel. 

The thickness of the outer wall must be determined so as to resist safely the 
centrifugal force resulting from the outer bearing. 

To the other parts of propeller and Kaplan turbines applies the same as has been 


said concerning Francis turbines. Only from the viewpoint of strength control, 
we must pay special regard to the inner lid. 


= 420 kg/cm*. 


lil. INNER LID 


The inner lid of the propeller or Kaplan turbine differs in its shape considerably 
from a plate; apart from this, it is usually reinforced according to requirements by 
a greater or smaller number of ribs which are located in the planes passing through 
the axis of rotation. 

For this reason, we do not calculate the strength of these lids as that of plates, 
but we divide the lid into segments by planes passing through the axis of rotation 
(taking as many segments as there are ribs and placing each rib into centre line of 
the appropriate segment). We then may consider each of these segments an inde- 


*) Loc. cit., p. 568. 
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pendent beam, not connected with the adjacent segments and uniformly loaded by 
the pressure of the water (or by the overpressure of the atmosphere at a sudden 
closing of the guide blades). This procedure is indicated diagrammatically in 
Fig. 259. If we divide the length of such a beam 
| into a number (preferably equal) sections, we can 
| easily determine the magnitude and direction of the 
| resultant of the pressures acting upon these sections. 
Without difficulty we ascertain their moments about 
| the supports and thus we find the reactions in the 
| supports A and B, represented by the flanges of the 
lid. Then we can determine the bending moment and 
| bending stress in any arbitrarily selected place of the 
; beam. 
| This method is only approximate, and the calcu- 
| lated stresses will be greater than the actual ones, 
because we have not taken into account the circular 
Fig. 259 stresses in the lid. 

The inner lid is also in this case fitted with a stuff- 
ing box, a bearing and other accessories. Fig. 254 shows the disposition of a large 
Kaplan turbine in the USSR with a rubber bearing, the use of which permits 
a material simplification of the turboset. 


C. GENERAL ASSEMBLY PROCEDURE 


As in the case of Francis turbines, also here a separate assembly unit is presented 
by the runner with the shaft, inner lid, stuffing box, and guide bearing, the latter 
and the stuffing box being mounted according to the requirements of centering the 
inner lid with the runner (labyrinths in front of the stuffing box). 

This unit (see Fig. 260) is then lowered into the assembled „bottom part“ of the 
turbine, formed by the extension of the draft tube, the casing of the runner, the 
bottom lid (the lower blade ring), the stay blade ring, and sometimes the spiral, 
the guide blades, and maybe even the outer part of the top lid (Fig. 261). 

The runner with the inner lid is then centered in relation to the runner casing, 
and the inner lid is secured by fitting pins in its correct position. If the casing of the 
runner is not entirely cast-in, it is fitted with staybolts with left-hand and right- 
hand threads, enabling the casing to be given a circular shape by supporting it 
against the concrete foundations and appropriately adjusting the staybolts (see 
Appendix I). 

Since these turbines are designed for lower heads, sealing can be realized by 
coating the flanges with molten tallow which fills up surface irregularities and thus 
seals the flanges. 
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Fig. 260 
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3. PELTON TURBINES!) 


Pelton wheels are impulse turbines. The guide apparatus consists of a nozzle, 
from which the water emerges as a compact jet and enters the runner. To the rim 
of the runner disc are fastened bucket-shaped blades which are for a better 
discharge of the water divided by a ridge or splitter into two symmetrical parts. 
The water jet is deflected by the bucket and thus transfers its energy to the wheel. 
In order to achieve the most efficient position of the bucket for the impinging 
water, i. e. normal to the jet, a notch is made into the edge of the bucket at the 
largest radius. This notch is carefully sharpened to ensure, as far as possible, 
a loss-free entrance of the bucket into the jet. 

Pelton turbines are regulated by decreasing or increasing the diameter of the jet, 
and this is effected by means of a needle or spear which closes or opens the throat 
of the nozzle. 

The specific speed of Pelton turbines with one nozzle is ns = 4 to 35 r. p. m. 
and defined by Equation (44), derived in Part I: 


d 
ns = 576 m = Ycon. 


If we substitute u, = 0.45 and cy = 0,97, as usually selected (see later), and for 7 
the value 0.85, the expression (44) can for the purpose of rough calculation be 
simplified to the form 


— 576 -0.45 2°. V097 -0.85 = 235 & 
ns = 576 + 0.45 -37 0.97 -0.85 = 235 3> 


dy 
ns = 235 D . 

From this follows that high specific speeds are achieved by means of a small 
diameter D at large jet diameter dọ, and vice versa. But increasing the specific speed 
is limited by the circumstance that the runner, or the blade connections, cannot be 
dimensioned so as to meet the strength requirements at high specific speeds. 


A. HYDRAULIC INVESTIGATION 


I. WATTER JET 
1. Free Jet 


When a particle of a free jet moves in absolute vacuum (this is only a theoretical 
assumption as actually a cavitation would occur), its motion equals that of a mass 
point.*) 


1) The section on Pelton turbines has been prepared by Ing. M. Druckmiiller. 
2) Dubs R.: Angewandte Hydraulik, Zürich, Rascher Verlag, 1947, p. 218. 
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For an oblique projection under the angle of elevation and with the initial velo- 
city Cy, the co-ordinates of the mass point can be calculated from the following 
equations (see Fig. 262): 

x = Cyt cos a, 


‘ 1 
z= Cytsina——-gt, 


where ¢ is the time. ` 
Eliminating the time ¢ from both equation, we obtain: 


and thus 
Tae x2, (219) 
or expressed generally 

2 =ax— bs, (219a) 
because œ, g and C, may be consid- 
ered constant for a given case. 


The maximum height Zmax is ob- 
tained by differentiation: 


2z—>xtana— 


= = a — 2 bxm = 0. 
Hence the abscissa of the highest point is given by 
_ a _ tang Cy cos* « 
Xm = 55 = r š 
By substituting into Equation (219a), we obtain 
i 2 
Zmax = {Co im AA . (220) 
2g 
M14 
From this relation follows that the maximum height for « = Zz equals 
sa 
Zmax = Zg . 


To calculate the length of the projection, Xmax» We substitute z = 0, and from 
Equation (219) we obtain 


ee r sin & cos & , (221) 

or 3 i 
DL 1). 22la 
Xmax 2 2¢ sin (2 a) ( ) 
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According to this equation the length of the projection is greatest when « = 45°, 
and then holds good 


2 
araa, 
: 2¢ 
which is double the maximum height. Equation (219) represents a series of para- 
bolas with the angle « and the velocity C, as parameters. Fig. 263 shows one of 


these parabolas. Quite other relations, however, hold good for the oblique projection 
when it does not take place in vacuum but in a medium as e. g. in air. The flying 
mass particles entrain air particles, resulting in interchange of momentum, i. e. 
the resistance to the motion of the mass particle, and this resistance becomes a 
function of the velocity and depends also on the shape and size of the particle. 
By the action of the resistance of air the max- 
imum height of the path is considerably re- 
duced in comparison with Equation (220), as 
well as the maximum length of the projec- 
tion in comparison with Equation (221). The 
same is the case with the particles of the 
liquid jet, which, as experience has shown, 
after a longer flight is scattered into individ- 
ual droplets in consequence of the exchange 
of impulses (Fig. 264). From the theoretical 
point of view it is difficult to determine the 
path of the individual particles as their motion 
cannot be exactly expressed in a mathemat- 
ical form. 

For this reason, purely experimental inves- 
tigations were undertaken already long ago, 
and Freeman was the first who occupied 
himself with a systematic study of this phe- 
nomenon. In a series of experiments with 
varying pressures and jet diameters the height 
and length of the projection were measured 


aan 
mae te 


Fig. 264 
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It was found that at higher velocities scattering of the water jet sets in earlier. 
The influence of the jet diameter upon the length of the projection is materially 
greater than the influence of the velocity, or of the pressure. In order to attain 
greater lengths of the projection, the water must emerge from the nozzle with- 
out a circular motion. For realizing this condition, it is recommended to mount 
a rectifier into the nozzle; this, however, results in a pressure loss and thus in 
a reduction of the velocity head k = : 

When the jet impinges perpendicularly upon a straight plate of sufficient area 
the plate will be acted upon by a force in the direction of the jet, defined according 
to Equation (11) by the expression 


Q 
Pz == ve Co; 
g& 
here, however, we must place the control surface, serving as a base for the calculation 


of the impulse, in such a position that the transversing jet is not yet influenced 
by the wall and all its particles move in the same direction (Fig. 265). 


FEF 
4 
f 
o T Co 
\ 
7 
N 
K 
4 
Fig. 265 Fig. 266 


When the plate moves in the direction of the jet at the velocity U, the jet will 
impinge upon it at the relative velocity W = C, — U, and the force will then be 


Po = W=y £ (C, —U). (222) 


And since the plate moves, the jet does work every second, and hence its power 
equals 


N=P,U= 72. (C,U — U). (223) 
By differentiation we find: 
dN _ 7Q 
apie (Co— 2 U), 


377 


and for U = 5 the differential coefficient is zero and consequently the power 


attains the maximum value. 
In conformity with Equation (223) the maximum power then equals 
Co 


1 
Nmax, et = > 72 2 


2 


Fig. 267 Fig. 268 
Co 

2g 

of the described equipment attain a maximum efficiency of 


» we would by means 


Since the jet is capable of the power Nin = yQ 


E 
Nmax = eE =0.5= 50%; 


th 


and this would be a very unsatisfactory utilization of the hydraulic power at 
disposal. . 

When the jet impinges upon the plate at an oblique angle (Fig. 266), the force P 
acting perpendicularly to the plate is expressed by the value 


P= £ Cy sin æ, (224) 


where Cp sin « represents the velocity component perpendicular to the plane of 
the plate. In the direction of the plane of the plate we have the velocity component 
C, cos æ and the corresponding discharge of the water with a deflection exceeding 
90° and depending on the angle «. In order that the jet might act with the force 
defined by Equation (224), the plate must have a sufficiently large diameter 
(D > 6 d). The force Pz in the direction of the jet then will be given by: 


P, = Psin g = ve Cy sin? a. (225) 


We see from this equation that with a diminishing value of « the force Pz 
diminishes, too. For x = 0, P and Pz equal zero. 
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When the water jet impinges upon a surface of rotation (Fig. 267), the force 
created in the direction of the jet is 


p< we Cy (1 + cosa). (226) 
When the jet is deflected by 180° (Fig. 268), Pz assumes the maximum value 
a) a Ga (227) 


as can be calculated from Equation (226) for « = 0°. 


When « is less than 90°, the actual force is reduced by the influence of friction. 
This influence of friction must be estimated. When a body moves in the direction 
of the jet at the constant velocity U, the relative velocity W of the particles with 
regard to the body will be W = C, — U, and for the deflection of the flow by 
180° we obtain the force 


(Co — U) (228) 


and the power 


The maximum power will be attained when U = = and amount tọ 
C? 
Nmax, ef Ei TA 

Since the power at disposal is 


C: 
Nin = Y Q FF > 
the maximum efficiency, under the assumption of a loss-free flow along the wall, 
will be 


Owing to friction this value cannot be attained, and, apart from this, it is not 
possible in practical operation to realize a deflection of the flow by 180° (i. e. 
« = 0). For instance, in Pelton wheel, the discharging water would impinge on 
the following blade. The actually achievable efficiency is 


Nmax = 92 — 93 %. 
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2. Diameter of the Jet 


When the water jet emerges from the nozzle of a Pelton turbine, its diameter 
somewhat decreases due to contraction, and its velocity increases up to its least 
cross section (Fig. 269).") 

From this place, the diameter of the jet begins to increase again gradually, 
because under the influence of the exchange of impulses between the jet and the 
ambient air, the velocity of the outer particles of the jet is gradually reduced. 
Since the velocity, in particular of the outer particles, diminishes, the diameter 
of the jet must increase to preserve 
the continuity. The jet widens the 
farther the more until it is entirely 
dispersed. Denoting the least diameter 
of the jet by dọ, we obtain from the 
continuity equation 


m P 
QO == Co (229) 


For evaluating this expression, we 

must, of course, know the mean ve- 

Fig. 269 locity Cy of the jet. Since we have 

here to deal with an impulse turbine. 

the entire head H is converted into velocity, so that the velocity of the free 
outflow is given by the equation 


Cy =o 28H, (230) 
where @ represents the efficiency of the nozzle and amounts to 0.95 to 0.98. 
By substitution into Equation (229) we obtain 


dix Q Q 


whence follows 


and by substituting ¢ = 0.97 as mean value we arrive at 


O RIA 
o JH VQ 


dy = 550 VQ,» (231) 


where d, appears in millimetres when we express the flow-rate for the head of 
1 m in m*Jsec. 


1) Dubs R.: Angewandte Hydraulik, Ziirich, Rascher Verlag, 1947, p. 229. 
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Example: 
H = 520m 
Q = 349 litres/sec. 
Cy= 0.97 2 gH = 0.97 |/2 - 520g = 98 m/sec. 


; wear a a A 5 
The cross section of the jet is F = G, ST 0.356 dm*. 


The diameter of the jet is dọ = 67.3 mm. 
Or, from Equation (231) we obtain 


3 Ec [0.349 
dy = 550 VO, = 550 Vz = 550 \ oS 


d, = 67.8 mm. 


II. RUNNER 
1. Diameter of the Runner 
From Equation (20) 
mH = 7 (U,Cu, — Uz Cus) 


we can under the assumption of a perpendicular discharge, i. e. Cy2 = 0, calculate 
the permissible velocity 


yng 
U =. 
p Cu 
In the case of Pelton turbines, this relation passes for the values C,; = Cy and 
C? 
H =- into ; 
2 By ? Co 
tite ee 
© te O > 
whence follows after cancelling 
og GY, 2. So 
i = 2g 2 
From the inlet velocity triangle (Fig. 270) follows: 
C 
A Us Co— 5 oa 
and then Nh C 
m= (1-3) = 
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and hence Wi = U;; 


according to Equation (230) here applies C, = y |/2 gH. 

At the discharge of the water from the blade, there is W, — W, and further 
U, = U,. By composing the velocity W, directed by the blade angle f, and the 
velocity U, we obtain the absolute outlet velocity C, at which the water leaves 
the blade. 

The value of the angle f, is usually selected between 4 and 10°, because, as 
already pointed out, it is not possible to deflect the water flow by 180° as in this 
case the water would impinge upon the following blades. 


U= = 045 C2 Ci=095+0,97 


Fig. 270 


Since the height of the runner above the tail water level represents a loss, the 
wheel is arranged above this level at the least possible height, i. e. about from 0.5 
to 3 m, according to the possibilities given by construction and design, and in 
dependence on the fluctuations of the tail water level. 

From the expression 


y, — Co _ my V2gH 
s sH 


2 g2 2g 
and by introducing the mean value ø = 0.97, we obtain the peripheral velocity 
U, = 2.28 mp H. (232) 
or also U, = ar y2 gH, and when taking the safely attainable value 7, = 0.88, 
U, = 0.45 |2 gH. 


The speed » of the turbine having been selected, the diameter D of the runner 
is determined from the relation 


ae 
60 
h U,60 -60 -qn VH 
whence Dea — -or = 228-600 m VA ggg 
an an nı 


U, = , where U, = 2.28 na |H, 


and for the diameter expressed in mm holds good 
D= 43,500 Nh 
ny 


(233) 
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Example: 


H = 520 m 

O = 349 litres/sec. 

n = 1000 r. p. m. 

U, = 0.45 |/2 gH = 0.45 2g - 520 = 45.5 m/sec. 


se, (605. 60 - 45.5 
The diameter of the runner then is D = 1 — = 870 mm. 


an 1000x 
Or from Equation (233) 
43,500 7» 43,500 . 0.89 
—- Danie —_ = — = 70 . 
D m 1000 np ani 
1/520 


When a turbine has been ordered, the diameter of the runner is determined from 
the characteristic obtained by 


a braking test of the model of $ 
the turbine in the testing station. i 
For instance, on the horizontal Q, 
axis we mark off 7n, Wad litres sec 
VH 22 
and on the vertical axis Q; = 
Q (see Fig. 271). 20 
D? H 
The values of m, and Q; are 
then selected from the char- 18 
acteristic so that at the given 
head the turbine operates in the 6 


range of optimum efficiency, 

i. e. that the selected value of 

nj passes through the region of 14 
the optimum efficiences. In our 

case we select 


ni = 3pm; gi 
Q; = 20.5 litres/sec. ; 
the diameter is then defined by: 2 
Q; |H 
1 
Ey >n r. p.m. 
| a ES = 870 mm; 1 
20.5 1/520 Fig. 271 
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and the speed by: The losses o in the entire turbine, caused by friction and vorticity,") vary in 
nı VH dependence on the shape and material of the blade, the conditions of the approach 
E 980 ~ 1000 r. p. m. of the water, etc. Without making a significant error, we may, independently of 
From the characteristic we then determine the guaranteed values of the turbine all paea select for the indicated velocity c; a value in the region from (0.9) 
1 Q. to 0.93 to 0.95. 


for $ Q, = Q and eo The angle 6, enclosed by the specific veiucity cg and the peripheral velocity, 
equals zero for the point J and also for the points JIJ and VII which lie on the 
radius passing through point J (Fig. 272). For all other points this angle must be 
derived from the figure. The relative 
velocity w is ascertained from the 
triangle defined by t4, cy and 6. The 
direction of w, departs from the 
vector W, by half the angle of the 
ridge, fs, when wọ is directed per- 
pendicularly to the ridge. When wo 
is directed obliquely to the ridge, 
the angle fs will be replaced by 
the angle f, which is somewhat 
smaller and can be easily determined 
according to Figs. 274 and 275; 
here we take the inlet velocity cg as 
equalling the indicated velocity (i. e. 
we count with a lower value), thus 
taking into account that the veloc- 
ity of the water decreases along the 
blade owing to friction. 

We could also draw the outlet 


velocity triangles if we e. g. would Fig. 274 275 
| consider the outlet angle ~, and the 
Fig. 272 value of u, as known. The peripheral velocity at the inlet and at the outlet is of 


the same magnitude only for very few water particles. This depends not only on 
| the position of the inlet point (e. g. JV or V in Fig. 272) but also on the posi- 
tion of the water particle in the free jet. This jet widens considerably on its 
way over the runner blade (Figs. 276 and 277), and consequently water particles 
entering the wheel under the same conditions assume various paths and discharge 
in various places of the wheel at various peripheral velocities. 

But even if we base our considerations upon the mutual influence of the water 
particles and attempt to determine the path of a single mass point on the blade, 
we encounter great difficulties. We arrive at our goal only after laborious calcu- 
| Fig. 273 . lations and only when applying simplifying assumptions. i 

oY Velocity Diagrama One of these assumptions is dealt in the chapter “Free Jet (pressure on various 


> a l ; plates)”. But we can estimate the deflection created by an oblique position of the 
| The work of the water particles within the wheel is not uniform and depends -——- 


! upon the conditions and place of their contact with the blade. It is advantageous *) Thomann R.: Die Wasserturbinen und Turbinenpumpen, Part 2, Stuttgart, K. Witt- 
to draw the diagrams for the extreme points, as e. g. the points J to JV in Fig. 272. wer, 1931, p. 274, 
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blade and even draw the path of the particle on the blade. The direction f, for the 
outlet point J we then consider first so that the outlet velocity c, or its meridional 
component equal a yalue in the range from 0.12 to 0.2. The discharge loss amounts 


in this case to 1.5 to 4 %. The direction of w, for the other outlet points are then 
ascertainned most advantageously so that all vectors w, intersect in one point 


Fig. 281 


which lies either on the vertical passing through the origin of the diagram or at 
the distance w2y = uw; from the origin of w, (Fig. 280). Since there would be 
different diagrams for each particle, also the discharge losses for each particle 
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are different. Their mean value for all particles would haye to be calculated, as 
for pressure turbines, from the equation 
: dO 
yad a (234) 
k Figs. 279 to 281 show the diagrams of a runner whose characteristic is illustrated 
in Fig. 271, and whose blade is presented in Figs. 282 to 284.1) In the diagrams, 


Fig. 282, 283, 284 


w, has been rotated about w as the axis into the plane of the picture. The Pelton 
turbine exhibits no overpressure. When x, and us are different, the value of w, 
is therefore determined from Equation (25) 


p. 3 
We = wi — u + U3. 


1) Thomann R.: Die Wasserturbinen und Turbinenpumpen, Part 2, Stuttgart, K. 
Wittwer, 1931. 
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Frequently, however, we draw only the velocity diagram for the particle J, 
disregarding the friction of the water along the blade, thus putting w, = w, and 
leaving along the entire periphery of the blade the outlet angle fp, which we 
ascertain from the diagram (Fig. 273). 


3. Number of Blades 


The most advantageous number of blades is ascertained from quite another 
point of view than it is done for Francis turbines. As far as Francis turbines are 


LQ 
<< 


I ž 


concerned, we must pay regard to the ioad of the blades and a satisfactory guiding 
of the water. These considerations are insignificant for Pelton turbines.") 

On the other hand, however, our greatest care must be directed to establishing 
such conditions that the blade does not frequently interfere with the water jet 
and that all water particles are forced to give off all their kinetic energy to the wheel. 


?) Thomann R.: Die Wasserturbinen und Turbinenpumpen, Part 2, Stuttgart, K. Witt- 
wer, 1931, p. 283. 
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As will be described in more detail in the chapter on the notch in the blade, the 


; ; 7 s 3 : these velocitics are constant, consequently the lengths of the paths are propor- 
entering of the blade into the jet causes considerable disturbance owing to the 


tional to the velocities, and, therefore, the point A of the blade covers in the 


unfavourable outward deflection of part of the water. For this reason, We never observed time the path U 
take a greater number of blades than indispensably necessary. This least, still Fp LA G] UA 9 
permissible number is determined on the base of the second requirement, i. e. Cy Cy = 


3AU A y 0: 


Fig. 286 


that no water particle should leave the turbine without giving off the greatest 
possible part of its energy to the runner. Such a particle does not fulfil this condition, 
when the absolute path of the water ends in a point which already lies beyond 
the outer circle of the wheel. In conformity with this requirement we consider 
the point C in Fig. 285 to be the limit point. In this point, the last particle must 
leave the runner. Therefore, the particle must have entered the runner already 
at the point B lying in the direction against the flow of the jet. The distance 
between the both points B and C (Fig. 285) is nothing else than the projection 
of the absolute path of the water on the direction of the jet. Here we assume that 
the water particle always remains in the plane parallel to the axis of the turbine. 
The absolute path could be determined exactly 
if the course of the appropriate relative path 
were known. This latter can be established 
only by estimation. In spite of this circum- 
stance, however, we can determine the position 
of B with sufficient accuracy by marking off 
the length 74 of the absolute path of the water 
in the elevation from the point C backward 
(Figs. 285, 286 and 287). The last water par- 
ticle which in the point B strikes the blade is 
consequently that which at the end of the entry 
Fig. 287 of the preceding blade into the jet is not yet 
caught by this blade and therefore is in the 
point A (Fig. 285). Before it impinges on the following blade in the point B, it 
still must travel along the path AB at the velocity Ce, for which it takes the time 
AB 
Cy 
along a certain path at the velocity U4 (corresponding to the radius rg). Both 


At= During this time, the extreme point A of the blade edge travels 
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Fig. 288 
At the moment when the water particle passes the point A of the blade J, the blade 
II must therefore be in the position Z7’, which lags behind the position of I by 
the distance pt , which defines the theoretical spacing of the blades, t:n. 
c 


In a wheel with a wider spacing of the blades, the energy of some water particles 
will not be utilized, and, on the other hand, when the spacing is too narrow, the 
jet will be superfluously disturbed by the interfering blades. 
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It is self-understood that the number of blades determined by the spacing 
must be rounded off to an integer, and, if necessary, the calculated spacing must be 
reduced. The spacing of the blades may also be established from the relative path 
of the jet along the plane perpendicular to the axis of the runner. The method 
of ascertaining the relative path of the jet along the plane perpendicular to the 
axis of rotation is indicated in Fig. 288. While the water particle from the point 
A coyers the path AB, the point of the wheel which coincides with the point A 


rotates along the arc AA’ = AB = into the point A’. 


0 

The point P of the relative path, which in the point B coincides with the point 
of the jet, can be found in its original position by rotating the point B backward 
by the angle AOA’. Carrying out this construction stepwise for all points of the 
contour of the jet, in so far they are located within the circle with the radius OA, 
we obtain the picture of the relative path of this contour along the plane of the 
runner. In the same way we also establish the relative path of the particle on 
the other (outer) contour of the jet. 

We obtain a symmetrical shape of the relative path by using the point B’ as 
starting point for the described construction. The straight line OP’ then is the 
centre line of the relative path of the water. 

Simpler and with sufficient accuracy for practical purposes, this relative path 
can be represented as the circle passing through three of its points (A, P’ and P”), 
as indicated in Fig. 288 by a thin line. 

The relative path of the water may also be expressed as the extended involute 


ih A De 
whose basic circle has the diameter D* = —° 


> i.e. the diameter which belongs 


1 

to the periphery of that circle which revolves at the same speed as the jet moves. 

The relative path can now be utilized for establishing the spacing of the blades 
in such a way that we select for the spacing the value of 0.7 to 0.8 of the peripheral 
length of the relative path of the outer jet contour. The larger the diameter of the 
jet in relation to the radial length of the blade is, the greater the number of blades 
must be. A guide for the selection of the number of blades is given by the following 
table: 

do 1 l 1 1 1 1 
WDA o a a os 

Number of blades z = 17 to 21, 18 to 22, 19 to 24, 22 to 27, 24 to 30, 26 to 33. 


å. Inclination of the Blade to the Radius 


The jet is not deflected from the direction of the generatrices of the blade only 
then when the flow impinges perpendicularly on the leading edge of the blade, 
i. e. when this edge is normal to the axis of the jet. This condition cannot be fully 
satisfied, because the direction of the leading edge in relation to the axis of the 
jet varies with the rotation of the blade. For this reason, we attempt to achieve 
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a perpendicular incidence of the stream at least in the time of its full action 
upon the blade by selecting the position of the leading edge perpendicular to the 
jet at the moment which halves the duration of the full approach of the flow. _ 
The same condition may also be applied to the outlet edge which comes into 
action later, according to the length of the absolute path of the water, /q (see 
Fig. 287). The inlet and the outlet edge are then mutually distorted. As we want 


Fig. 289 


them to be parallel, the inclination is determined by the inlet edge, and in this 
case we select it perpendicular to the jet just in the middle between the beginning 
of the entrance and the end of the discharge of the full jet, i. e. in the centre 
between the beginning and the end of the relative path of the outer jet contour. 
Always, however, there is only one position of the bucket which causes no deflection 
of the jet radially inward or outward. a a 
Consequently, we set out from the fundamental condition that the direction 
of the leading edge in the region of its interference with the full jet should exhibit 
in its central position the least possible deflection from the perpendicular to the jet. 
This will be achieved when the point x, in which the leading edge N is normal 
to the axis of the jet, lies in the centre of the path of the approaching full flow onto 
the bucket, given by the position of the path JJ and d. For this solution of the 
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problem, requiring to have the spacing of the blades established beforehand, the 
position of the blade is first selected empirically and subsequently adjusted in 
dependence on the results.') (See Fig. 289.) 

The beginning of the onflow path of the water particle in the filament V” of the 
jet nearest the centre of the wheel is in the point J, and its end is in the point a’, 
at which the last water particle reaches the edge of the preceding bucket Lp 
(Fig. 289). The point a’ (absolute position) is determined in such a way that the 
intersection a (relative position) of the relative path C, and the edge N of the 
bucket Lp is transferred into the filament V” by rotation about the runner axis 


along the arc aa’. By drawing the edge N in the point a’, we obtain the intersection 
d with the circle K,. The arc Jd defines the range of the full stream of the corres- 
ponding bucket Lp; in the point e, which bisects the arc IJd, we raise the perpen- 
dicular x to the centre line V, of the jet and thus obtain the sought direction of the 
leading edge N at the distance r from 
the Y-axis. 

Fig. 289 shows for the sake of 
interest also the position of the lead- 
ing edge of the bucket when the last 
particle of the flow corresponding to 
one bucket impinges; this position is 
defined by the point g, which is 
established in the same way from the 
starting point JJ as beginning of the 
approach of the filament V’ by means 

Fig. 290 of the relative path Cə. 

It must further be noted that at the 
approach of the central filament Ve to the edge in the point x, the peripheral 
velocity #, has another direction than the absolute inlet velocity cp, so that the 
relative inlet velocity w, is not perpendicular to the edge, and that therefore the 
bucket shifts normally to the jet at the velocity ca (Fig. 290). Since it is assumed 
that the splitter of the bucket is in the region of the approach of the flow formed 
by cylindrical surfaces, this circumstance has no influence upon the deflection 
of the path of the relative flow from the plane perpendicular to the central plane 
of the runner and passing through the filament of the stream. Therefore, this shift 
may be disregarded. 

The projection of the trailing edge into the central plane of the wheel is as a rule 
made as a straight line. For small rations - a , the trailing edge is as a rule made 
parallel with the leading edge. In other cases its position is established in the 
same way as that of the leading edge, but we must bear in mind, of course, that the 
trailing edge comes into action later than the leading edge and therefore it is 


") Kieswetter: Vodní stroje lopatkové (Hydraulic Turbomachinery), Part I, Brno, 1939, p. 
8. 
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in the projection shifted in the direction of the rotation of the absolute path J, 
of the water flow on the surface of the blade (Fig. 289). The projection of the 
trailing edge, x’, into central plane of the wheel, normal to the axis of the jet, 


Fig. 291 


Vp is at the distance J, from ~ and parallel to the Y-axis; its distance from this 
axis is 7’. 

The inclination of the projections of both edges, the trailing edge as well as the 
leading edge, is given by the angle (Fig. 289) 


&=Ete, 
For larger values of the ratio bes , the leading edge is made with a curvature. 


Its shape is ascertained in the same way as the position of a straight edge, but the 
described method is applied only for parts of the full length of the blade, and these 
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individual parts are connected by a broken line whose curve of contact defines 
the leading edge 1 2 3 4 (Fig. 291). 

At present, the angle of the ridge is in the majority of cases 18° (Fig. 292a), 
instead of the formerly used angle of 10° (Fig. 2924). The strongly curved ridge 
shown in Fig. 292d exhibits a certain increase of the spacing (Ap), which, however, 
must be applied with appropriate reserve. 


eca tt Section m.m 


Fig. 292 
5. Notch of the Blade and Blade Dimensions 


From a comparison of the direction of the relative inlet velocity at the most 
distant point of the bucket (Fig. 272) with the inlet angle f, (given by the shape 
of the bucket) follows that the relative direction of the entrance of the jet is in 
the outer part of the bucket much more inclined than the surface element of the 
bucket at its contour. If we left the elliptic shape of the bucket unchanged even 
in this place, the jet would here enter with a Stronger impact and the efficiency 
would notably decrease. Therefore, the outer part of the bucket must be cut ac- 
cording to the width of the jet. 

Formerly, the shape of the notch was simply established in such a way that in 
the point A, where the jet first contacted the ridge was plotted the curve of the 
penctration of the cylinder of the jet with the surface of the bucket. This was done 
by passing the individual plane sections normal to the turbine axis through the 
jet and the bucket surface. Such a notch exhibits the property that all its points 
enter the jet simultaneously. First, partial layers of the jet are cut off and direct- 
ed onto the surface of the bucket, while the remaining part of the jet strikes 
the preceding bucket. Then the ridge penetrates faster forward than the outer 
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i i j ich impinges the preceding 
ts, whereby the cross sections of the jet which impinges on 
aes: ste pre longer the mere, an unfavourable shape. Notches less deep 
farther from the leading part of the ridge are better suited, because they disperse 
the jet less in its splitting by the ridge of the bucket. The bucket first catches 
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Fs Fig. 293 Fig. 294 


the water particles which are further from the splitter and the latter enters the 


j ; later (Figs. 293 and 294). ) , 
ae Ce the notch must be larger than the diameter d, of the jet as we must 


take into account inaccuracies in the manufacture of the blades and in their oe 
in relation to the centre line of the jet. It is recommended to make the width o 


the notch according to the formula r 
a= 1.2 d + 5 mm. (235) 
A principal rule for the design of the notches is that the water particles which are 


not retained by the edge of the notch should stream without obstructions bore 
without any deflection onto the preceding bucket.') This case is illustrated in 


1) Thomann R.: Die Wasserturbinen und Turbinenpumpen, Part IT, Stuttgart, K. Witt- 
wer, 1931, p. 289. 


397 


Fig. 295, where e. g. in the position J the generatrix is created in conformity with 
the relative path Pertaining to this position. When the notch is cut out according 
to this path, the water Particle slides along the surface Created in this way without 
pressure, and the jet is not deflected 
by the back of the blade. It is ad- 
vantageous to have the shape of the 
notch designed in such a way that, 
in so far there is a sufficient air supply, 
the jet separates at the edge without 
any further contacting the surface 
of the bucket. As a rule, however, 
it is not possible to use this way as 
the blade would be too weak. For 
this reason, we must often resort to 
a compromise. 

For the design of the complete bucket we can employ reference values obtained 
on the base of-detailed layouts and verified by experiments and experience (see 
Fig, 296).1) 


In routine design the dimensions of the bucket are determined according to the 


Fig. 295 


Fig. 296 


diameter of the cross section of the jet, do. The shape of the bucket is approxi- 
mately defined by the following dimensions: 

Length of the bucket C — 2.52.8 times jet diameter 

Width of the bucket 4 2.84.9 times jet diameter 

Depth of the bucket E=- 0.95 of the jet diameter. 


1) Kieswetter: Vodni stroje lopatkové (Hydraulic Turbomachinery), Part I, Brno, 1939, 
p. 19. 
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i i hapes which are at present mostly 
. 297 illustrates four examples of bucket s ; : 
needles size of the buckets has no ee sag en eo pea eae 
i t he efficiency. Sma i 
efficiency but only on the progress of t ; ğ ae aoe 
i i 7 - buckets at higher flow-rates (Fig. 
imum efficiency at lower flow-rates, larger Fak ee a 
on the bucket surface flattens and toward the 
te sis that its width on the outlet edge amounts to about double the jet 


| 04 J. Ü. de 
- - -106254 05 dp- 


Fig. 297 


diameter (S = 2 d,) and even more. Looked at in the peripheral directi 

path of the flow appears at the beginning of the entrance of the Lind: ran the a 
when the angle e is greater than 90°, approximately in conformity with the line a, 
in its further progress, when ¢ equals 90°, as indicated by the line b, and at the 
end of the entrance of the bucket into the jet, when £ is less than 90° 7 conformity 
with the line c (Fig. 296). The paths of the flow along the bucket are the more 
scattered, the greater the distance of the end of the ridge from the innermost 
filament of the jet is; for this reason, the distance of the point O (where the jet 
strikes the ridge perpendic- 
ularly) from the beginning 
of the ridge is made accord- 
ing to the formula 


B == (0.9 to 1.2) - dy. 


Further it must be point- 
ed out that at an oblique 
approach of the stream to 
the leading edge of the 
bucket also the inlet angle 
Ps (Figs. 274 and 275) in 
the plane x perpendicular to 
the leading edge changes. 
This angle decreases to 
the angle 8; with an in- 
creasing angle y which de- 
ae the deflection of the 
inlet je 
Angle y = 90° — e for £ < 90°, and y =e—90° fore Fa PE eS 


D i 8 tr 0 D y 


— Smaller buckets =3 a 


=~ Lorger buckets 


Fig. 298 


1l 
tan Bo a Ss. 
Ps A y 
The angle f; is defined by the relation 
e CA 2 1 
t Se oat = 
an f; 2h? where f = I, Cay > 


whence 


Ary. 250... | 
tan f; = 2 Fos” = tan fs Cos y. 
0 


Th he rati do i 
e greater the ratio D’ the greater are the deflections of the direction of the 


onflowing stream (given by the angle y) from a perpendicular approach. Therefore, 
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2 d 
we pay attention to the magnitude of —° and select 


D 

EO = EI to a for current cases of normal design 

Dp 16°" 34 a 

dy 1 1 P ; 

DE Wo: to a for extreme cases of very carefully and specially designed 

buckets. 
; a ; ; 75D 

Sometimes, the ratio > is also taken according to the relation dọ = 000° + 


+5 mm, where D is given by the selected speed and the given peripheral velocity. 
If for the given case the ratio z assumes a higher magnitude than indicated, two 


or more inlet nozzles are employed for one wheel. 

In designing the bucket it is also important to determine the magnitude of the 
outlet blade angle f», which is smaller than the actual mean value of the outlet 
angle 63, because the flattened stream converges at the discharge from the bucket 
under the angle ô (Fig. 277) and its central jet proceeds under the angle 3, which 
is greater than the angle of its outermost filament with the inclination f}. For this 
reason, we must design the discharge end of the guide surface of the bucket under 
a smaller angle f, — corrected or exaggerated — than the calculated angle of the 
stream (3. This leads to the consequence that the discharge loss at lower loads, 
when the angle of flattening ô is smaller, is comparatively smaller than at full load. 

The correction of the discharge angle may be approximately expressed by the 
relation 

eena POR 
Bz — fa = 15° iw, E B, 

According to this formula we can determine the correction of the angle for 

various bucket widths 4: A =28 dy AB = 53°, 


A =3.5 dp AB = 42°, 
A=4.0 dy, Ap = 33°: 


6. Force Acting upon the Bucket 


The bucket is subjected to two kinds of forces, i. e. to the centrifugal force and 
to the force of the jet.) 
1. The centrifugal force acts radially and has the magnitude 
G U 
0 =. 236 
eS (236) 
*) Thomann R.: Die Wasserturbinen und Turbinenpumpen, Part II, Stuttgart, K. Witt- 
wer, 1931, p. 290 
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where G is the weight of the bucket, U the peripheral velocity, R the radius of the 
centre of gravity of the bucket, including the ribs and the fastening lugs. 
As a rule, the centre of gravity is located approximately on the pitch circle D, 
and we can determine the centrifugal force O with sufficient accuracy from the 
- equation 
i 4 G Hu? 
Eeen a ale 
zD gH D (237) 
When at normal speed the specific velocity is u, = 0.45, the centrifugal force 
amounts to 
GH 
0) a= 0.8 JE > 


and for an arbitrary speed 


GH [n\? 
Ou 08-5 (>) j (238) 


At the runaway speed, which is about double the normal speed, the centrifugal 
force assumes the highest value: 


Omax = (3 to 3,2) a (239) 


It is clear that for the blocked wheel the centrifugal force equals zero. Since the 
speed does not vary considerably during operation, we may assume the load of 
the blade by the centrifugal force to be static. 


2. The force of the jet. The force of the jet acts in the tangential direction and its 
magnitude is given by the impulse equation 


Py = ve (Cuo — Cuz). (240) 


ee, a 
P, acts at the radius 7 and here we assume that the water particles are not led 


away in the plane normal to the turbine axis. If we want to determine the force 
acting upon one bucket, we cannot take Q as the flow-rate of the turbine but must 
introduce the quantity corresponding to one blade. We may write 


-E Wo Co — U, 
Qn =0 5 =O oA 


Co > Uy 2g H H, 


we ys 
= —d¢ 
4 0*O ts 


and into Equation (240) we substitute: Cuo = co 2g H; 
Cuz = [um — (co — u) cos p+] V2 g H. 
The discharge angle (3, is so small that we may put cos f, = 1. We obtain 
T 9 
P=- T i (am) loi — +) gH =y Hadau) (241) 
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in the specific values, or expressed in the actual values 
y adi 


= 4 


The maximum value is attained at U, = 0, i. e. with the wheel blocked, and 
amounts to 


2(C,— UE (242) 


Pomx =y Hn did = 4 P. 


At the runaway speed, the force of the jet equals zero. 

The total stress of the buckets is composed of the stresses resulting from the 
action of both forces. The maximum stress is encountered either with the wheel 
blocked or at the runaway speed. Therefore, we must calculate the stress for both 
these cases, as well as for the case 
of normal speed. When ascertain- p 
ing the influence of both forces, we 
must bear in mind the difference 
in their character. Whilst the stress 
resulting from the centrifugal force 
may be considered static, the stress 
exerted by the force of the jet 
changes co rapidly with time. 012" > =f 
For instance, the progress of the 
forces acting upon the blades of a Fig. 299 
turbine with two nozzles operating r 
under a head of 360 m is illustrated by the diagram in Fig. 299. We have here a 
pulsating stress, not proceeding from the maximum value to zero and back again; 
it is an alternating stress. That is to say that the bucket after leaving the jet — 
under the influence of its own inertia — is deflected to the side opposite to that 
deflected by the load from the jet, so that in it a stress of the same magnitude but 
opposite sign arises. pa 

We must also be aware of the fact that the fatigue strength of steel is in the pres- 
ence of water reduced to about half the normal value; therefore; even for cast 
steel buckets we shall not admit a stress exceeding about 200 to 300 kg/cm?. 

The resistance of the blade against fatigue is materially impaired by small cracks 
caused by machining. For this reason, we must yery thoroughly control the blade 
prior to machining, as well as after this operation. The control must be mainly 
directed to arising cracks on the edge and notch of the bucket. Detected cracks 
must be fully bored out and the attacked places restored by welding. 


Example (see Fig. 300): 


The calculation is carried out for two positions of the bucket. ! 

a) Position K, when the bucket is for the first time subjected to the full action 
of the jet. 

b) Position N, in which the bucket is for the last time subjected to the full action 
of the jet, and further for three speeds under the highest head: 
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1. Normal speed (7 = 1000 r. p. m.); 

2. Runaway speed (zp) = 1800 r. p. m.); 

3. With the wheel fully blocked (7 = 0 r. p. m.). 

The stress is caused by the centrifugal force and the force of the jet. 

The centrifugal force is taken up by the outer bolt as through it passes the con- 
necting line between the centre of gravity and the centre of the wheel. 


a) Calculation of the forces in position K. 


1. At normal speed, 2 = 1000 r. p. m. 
We assume that the force of the jet acts in the intersection with the centrifugal 
force, i. e. at the diameter D = 0.644 m; then holds good: 


U, = _ 0.644 a 1000 _ = 33.7 m/sec., 
C, = 64.6 m/sec., 
_ y ax a _ 1000 0.063772 ~ 
P= oe 2 (Ca — U} = i oe 2 (64.6 — 33.7)? = 612 kg. 


The force of the jet is resolved into the direction of U, and into the direction of the 
connecting line with the centre, i. e. into the forces P, = 530 kg and P, = 325 kg 
respectively. 
Against the force P, acts the centrifugal force created by the weight of the bucket, 
G = 6 kg, at the centre of gravity lying at the diameter D; = 500 mm (R = 0.25 m), 
whose peripheral velocity is 
z Dın 0.5 æ - 1000 


= = = . j . 
U: 60 60 26.2 m/sec 


The centrifugal force amounts to 
2 S 2 
- GU; 6 - 26.2 1680 kg, 


gR 9.81 - 0.25 


whence we obtain P, = O — P, = 1355 kg. 

The resultant force Py then is Py = |P? + P? = |/1355® + 5302 = 1455 kg. 
P4 acts in the centre of the bolt J at the radius r = 46 mm. If we select the centre 
of J as the moment centre, the moment of the force P, exerts in the centre of the 
bolt IJ, at the radius R = 68 mm, the force 


„Par: 1455+46 aia 


Pag 68 


The forces P4 and Ps give in the centre of J the resultant force Pe = 1735 kg. 
At normal speed, the pin J is subjected to stress by the force Pg = 1735 kg, and 
the pin JI by the force Ps = 985 kg. 
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2. At the runaway speed np = 1800 r. p. m. 
The data are the same as in the preceding calculation. 


0.644 -x - 
a a = 60.7 m/sec., 


Uy = 


Co = 64.6 m/sec. 
The force of the jet equals 


-7 p7 __ pre 1000 00RA 
famen dy -z 2 (Co Up) =o 5 


The force of the jet is insignificant and may therefore be disregarded. Theoret- 
ically, it equals zero, the jet flies freely through the runner. The f 


` 2 (64.6 — 60.7)? = 99 kg. 


the ventilation of the runner and the rotor of the generator. The bucket then is 
acted upon only by the Centrifugal force at the peripheral velocity of the centre of 


gravity: 
_ Ditmx _ 05-22-1800 4 
Un = eS ae = 47.1 m/sec. 
The centrifugal force equals 
G U3, 6 - 47.1? 
Éis r er 9.81-0.25 ~ 430 kg 


and is taken up by the pin J, in the Pin JT it is zero. 
3. With the wheel fully blocked, n = Or. p. m. 
U, = 0; C, = 64.6 m/sec. 
) The force of the jet is 
i 
| 


dj: 1000 0.06372 
Pia 2 = 2(G— UP = ad al T 2 (64.6 — 0)? = 2720 kg. 
| The pin J is acted upon by the force P, = E = 7100 kg. 
The pin IT is acted upon by the force Py = a of = 4380 kg. 


b) Calculation of the forces in the position N (last full action of the jet on the blade): 
1. At normal speed, n — 1000 r. p. m. 


We assume again that the force of the jet acts in the intersection with the centri- 
fugal force, i. e. at the diameter D, = 0.552 m; then holds good 
0.552 - =z - 1000 
p 60 


= 28.9 m/sec., 


Co = 64.6 m/sec. 


The force of the jet equals 
Pw Oe DET oo (ks 20:00 = B80 ke 
eo 9.81 4 


i i = 825 kg and P, = 75 kg. 

d is resolved into the components P, = 8 
ie force P, is counteracted by the centrifugal force O = 1680 kg, and we obtain 
P, = O — P, = 1680 kg — 75 kg = 1605 kg. 

The resultant force then is 

Py = |/P} + P3 = /825* + 1605? = 1805 kg. 
i i = 37 mm; the centre 
cts to the centre of the pin J at the radius r t 1 
of Vee k centre, gives in the centre of the pin JI at the radius 
R S$ 68 mm the force 
Èe Par a 1805-37 _ 983 kg. 
R 68 

The forces P, and P, give in the centre of J the resultant P, = 2125 kg. 

The pin J is subjected to stress by Pe = 2125 kg. 

The pin JI is subjected to stress by P; = 983 kg. l 

2. At the runaway speed np = 1800 r. p. m. The condition are the same as given 
in paragraph a/2. 

i = 0r. p.m. 
3. With tbe wheel fully blocked, n rpi 
According to a/3 the force of the jet is P, = 2720 kg. The pin J is acted upon by 


taser = in II is acted upon by the force 
the force P; = a 6070 kg. The pin II i p 
2720 - 80 
= ——=— = 3350 kg. 
ha ae : 


c) Determination of the dimensions of the outer pin I (selected diameter 28 mm): 


The pin is subjected to shearing stress, the load acts upon two cross sections. 


1. Stress at normal speed: 


Load in position K, Pe = 1735 kg. 


Load in position N, P, = 2125 kg. er 


ion is P = ——— = 1063 kg. 
The greatest force acting upon one cross section is P = 5 1063 kg 
a a = 6.16 cm’, 
1063 : 
= - = 173 kg/cm?, 
6.16 8) 


and with regard to the circumstance that the pin is at the same time subjected to 


The greatest force on one cross section 
bending stress, 


P= = = 492.5 kg acts upon the area 


173 


g =—— = 216 kg/cm’, 
0.8 a: 2.4 
the stress is within the permissible limits. Fo had Eat i00.sht 
2. Stress at runaway speed: 
4923 __ 190 kg/cm? 
Load in position K, Op = 5430 kg. camden? > a 
Load in position N, Op = 5430 kg. 
109 2 
The greatest force acting upon one cross section is P = ee = 2715 kg. CT aS = 136 See 
aa p is 2. Stress at runaway speed: 
a U 442 kg/cm’, Load in position K, P = 0. 
442 Load in position N, P = 0. 
o= ae = 525 kg/cm?. 


3. Stress with the wheel fully blocked: 
The force is static and therefore these stresses are permissible. 


3. Stress with the wheel fully blocked: 


Load in position K, P, = 4380 kg. 
Load in position N, P, = 3350 kg. 


, : Is P= 28 = 2190 kgs 
Load in position K, P; = 7100 kg. The greatest force acting upon one cross section equa aie z 
Load in position N, Ps = 6070 kg. F = 4,52 cm’, 
7 a 7100 
The greatest force acting upon the cross section equals P = —-— = 3550 kg. 
2 TS 2190 L 485 kg/cm’, 
F = 6.16 cm’, 4,52 i 
3550 485 ; 
= 6.16 = 276 kg/cm’, a= go 608 kgj. 
o = Li = 720 kg/cm?. The material selected is steel of a strength of 60—70 kg/mm?. 
> 
The force is static and consequently these stresses, too, are permissible. he pins for wear pressure: 
The material selected is steel exhibiting a strength of 60—70 kg/mm®, or better €) Control of the pins f 4 
with regard to fatigue and the importance of a reliable connection, steel Type 1. Wear pressure of the outer pin at normal speed: 
Poldi havi trength of 80 kg/mm?. 5 cm? 
Poldi having a strength o g/mm Area of the pin in the blade, Fer = 2 -2.8-2.6 = 14.5 cm’, 
å) Determination of the inner pin II (selected diameter 24 mm): d = 28 mm, / = 26 mm. 
The shearing stress acts again upon two cross sections. Greatest stress in position N : Ps = 2125 kg. 
1. Stress at normal speed: p= 2125 = 147 kg/cm?. The blade is made of cast steel having a strength 
Load in position K, P; = 985 kg. 14.5 


Load in position N, P; = 983 kg. of 52 kg/mm’. 
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Blan area in the ring, Fr; = 2.8:4 = 11.2 cm, p = aos = 192 kg/cm?. 
The ring is made of steel having a strength of 60—70 kg/mm?, 


2. Wear pressure of the outer pin at runaway speed: 
Greatest stress in position N = K, Op = 5430 kg. 


3 5430 = 

Wear pressure in the blade, p = 45s ~ 375 kg/cm?. 
B i 5430 

Wear pressure in the ring, p = TE 485 kg/cm?. 


3. Wear pressure of the outer pin with wheel fully blocked: 
Greatest load in position K, P = 7100 kg. 


Wear pressure in the blade, p — TO = z 
p 14.5 490 kg/cm?. 

Wear pressure in the ring, a — oe = 634 kg/cm? 
11.2 aii 


4. Wear pressure of the inner pin at normal speed: 
Plan area in the blade, Fgzz = 2 -2.4-2.2 = 10.5 cm?. 
d = 24 mm, i 
1 =22 mm. 
Plan area in the hub, Fey; = 2.4: 4 = 9.6 cm?, 
d = 24 mm, / = 40 mm. 
Greatest load in position K, P; = 985 kg. 


Wear pressure in the blade, a= a = 94 kgjcm?. 


Wear pressure in the ring, p = ae = 103 kg/cm?. 


5. Wear pressure of the inner pin at runaway speed: 
The load is taken up by the pin J. 


6. Wear pressure of the inner pin JJ with the wheel fully blocked: 
Greatest load in position K, P, = 4380 kg. 


; 4380 
Wear pressure in the blade, p = -05 ~ 417 kg/cm?. 
= _ 4380 : 
ear pressure in the ring, p = ~~ 655 kg/cm?. 
7. Control of the stem of the blade: 
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The greatest stress is encountered in sections J. 
H = 7.1 cm, h = d = 2.8 cm, B = 3 cm, 2 links, 


ae ee ee BALI —— 2) O 5 
W St eS ee = 47.2 cm’, 
Mo = P;/ = 2720 - 10,8 = 29,400 kgcm. 
29,400 
= — 2. = icm?, 
Op 73 620 kg/cm 


Since the load on the blocked turbine is static, these stresses are permissible. 
(The stems of the blade are made of cast steel having a strength of 52 kg/mm®.) 


Ill. OUTPUT REGULATION 


1. Deflector and Deviator 


The output of Pelton turbines is regulated as that of other turbine types by 
varying the flow-rate, and this is effected by closing or opening the mouth of the 
nozzle by means of a needle or spear. The prevention of an excessive increase of 
the speed, e. g. when the full through-flow is cut off, would require rather a rapid 
movement of the needle, that means that the needle would have to close the through- 
flow within a few seconds. Since, however, excessive pressure rises in the supply 
line must be avoided, the turbine would have to be equipped with a pressure reg- 
ulator to discharge into the free space the same flow which has streamed through 
the turbine. This type of regulation was formerly employed and is still in use in 
America. In Europe, Pelton turbines are now generally constructed with double 
regulation. Single regulation is no longer employed as double regulation is simpler 
in construction and besides that, more reliable. The principle of the latter consists 
in a deflector or deviator, which is installed behind the mouth of the nozzle and 
rapidly enters the jet, deflects it from its path and directs it into the tail race. In 
this case, the closing action of the needle is gradual, so that no water hammer arises 
in the supply line. When the needle has closed the nozzle, the deflector moves out 
of contact with the jet. The deflector acts in such a way that it begins to cut off 
the jet from outside and therefore must cover a stroke equalling the diameter of 
the full jet in order to achieve complete deflection. The deviator, on the other 
hand, enters the jet from inside and requires only half the stroke for destroying the 
output as by dissipating the upper half of the jet also its lower half is scattered. At 
present, the deflector is mostly used as the regulation is more exact. 

The problem of double regulation has also been solved in another way. For 
instance, Seewer installed movable ribs in the nozzle, and by their appropriate 
setting the jet was put into fast rotation, dispersing conically immediately behind 
the nozzle. A very small shift of the ribs was sufficient to scatter the jet and to 
reduce the output to nearly zero. 
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Ashortcoming of this arrangement was that the sealing of the pins in the space of 
the high pressure water was connected with difficulties, and further, that after a 
certain wear of the pins and increase of the lost motions in the regulating leverage, 
setting of the ribs into the axial plane of the jet was no longer ensured, so that the 
jet was not entirely compact and consequently its efficiency was impaired. Another 
design of this system was based upon oblique ribs mounted in the head of the 
needle. These ribs were shifted out and 
pulled in again. Of all these mentioned 
designs, double regulation by means of 
a deflector is at present mostly employed. 

The force with which the retained jet 
acts upon the deflector depends to a con- 
siderable degree on its shape. Let us as- 


NF 


Fig. 303 


sume that the deflector encompasses the jet so closely that the latter cannot spread 
toward the sides (Fig. 301). We may then assume that all water particles will be 
deflected to the same degree, retained in the direction of the jet axis at the veloc- 
ity cy) and deflected into the direction of the outlet tangent of the deflector. The 
force acting upon the deflector is then determined according to the momentum 
theorem (12). 

The resultant R is then established graphically (Fig. 302). The moment is given 
by the resultant R and its perpendicular distance from the axis of rotation of the 
deflector. With a certain shape of the deflector and a certain position of its axis of 
rotation, the progress of the moment can pass through zero; that means that after 
covering a certain stroke, the deflector can be pulled into the jet. Such a progress 
is undesirable, because the lost motion in the leverage and in the deflector might 
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Fig. 307. Best profile 
of nozzle and needle 


r, = (1,35 + 1,55) ee 
R = (0,75 + 0,84! 

c = (0,15 + 0,12) r, 

¿ = (0,8 = 0,96) r, 
a= 40° 

a,= 27°30" 


cause inaccuracies and difficulties in the regulation. The moment of the deflector 
must be known for dimensioning the regulator. The exact progress of the moment 
is best established experimentally, as indicated on the photograph in Fig. 303. 
The measuring results are plotted in the diagram shown in Fig. 304. 


2. Nozzles and Needle 


The shape and compactness of the jet depend on the shape of the needle and of 
the throat. The formerly used needles with a very elongated tip are no longer 
employed (Fig. 305). Experiments and practical experience have shown that with 
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ee rr rie needles of this type the jet is 
aes =— strongly contracted and the tip 
of the needie is subjected to 
considerable erosion. At present 
are generally used needles and 
nozzles with the angles 45°/60° 
(Fig. 306), or 60°/90° and 
| 55°/80°, the latter being in the 
ASRS ee literature considered best suited 
PO og i M TH A E (Fig. 307). This shape of the 
Recalculate fom 2] rt i S BOG A BAd ODU HA ao G- Q; conical needles and nozzles is 
H tH HHH HH more advantageous as the jet 
EEEL Cos rapidly converges without being 
disturbed by the tip and the nee- 
dle is less subjected to erosion. 
The design of the regulating 
AE D leverage (drive) of the deflector 
Tot requires to know the diameter 
a ptt tt of the jet at various strokes of 
mm EEE E E E E E a a a e the needle. The measuring 
i method is illustrated on the 
photographs (Figs. 308 and 
309); the through-flows of the 
Fig. 310 nozzles 45°/60° and 60°/90°, 
ascertained at the same time, 
are plotted in the diagram (Fig. 310). The deflector must always be close to the 
jet. When, for instance, it is required to reduce the output instantaneously from 
100 % to 90 %, the regulator tilts the deflector, which cuts off the necessary 
portion of the jet and directs it into the discharge (Fig. 311). For the previously 
mentioned reasons, the needle closes the nozzle gradually, and the jet contracts 
until finally the deflector separates from it. The stroke of the deflector is derived 
from a slotted link, whose curvature is determined just by the dependence of the 
jet diameter on the stroke of the needle. 


oo 


Per ery om O E M M! 
(Nozzre 907 6026 -B5 im A, ENEE TEREE 
Recalculaled trom 9mh, 
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40 O a 
wee Siroko of the needle in mm 


Fig. 311 
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° The magnitude of the outlet cross section of the nozzle must be established in 
such a way’) that at the given head H it allows the given flow-rate O to pass. The 
outlet cross section of the nozzle at the position of the needle according to Fig. 312 
is given by the relation 


F=2 d td a, 
2 
where d,—d, l 
a = SS ~ 
2 sin % 


and the flow-rate through the nozzle equals 
Omit 2 Veen (243) 


where « is the efflux coefficient, depending on the design of the nozzle and usually 
being u = 0.8 to 0.88; this coefficient depends on the angles p and y and on the 
magnitude of the nozzle opening, as it is evident from the diagram in Fig. 314. As 
a rule, the needle opens the nozzle to such an extent that at the maximum opening 


Zmax applies d, = bs (or somewhat more), whence follows the maximum through- 


flow for F 


Fe 7 [a (44) ]=075% a 


a sss l 
Q=n 5 d} 0.15 @ (2g H- -y = 


m= 1 
= 12.66 diq JE -— (244) 
sin x 


| Ea 245 
E 2.66 EAA WH * 22) Fig. 312 


3. Forces Acting upon the Needle 


For designing the drive of the needle, we must know the forces with which the 
water flow acts upon the needle. First we must know the forces resulting from the 
pressure of the water, and then we determine the external forces so as to achieve 
mutual counterbalancing of the forces of the water pressure to greatest possible 
extent, i. e. the least possible magnitudes of the regulating work and of the regulator 
size. In the open position of the needle the resultant force of the water pressure 
Consists of two parts, which we can assume to be distributed approximately within 


*) Kieswetter: Vodni stroje lopatkové (Hydraulic Turbomachinery), Part I, Brno, 1939, 
p. 36. 
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the largest diameter of the needle, dmax.1) In the region between this diameter and 
the passage of the rod of the needle through the stuffing box, the water has an almost 
uniform and comparatively low velocity. We may consider the pressure in this 
section as being approximately constant and proportional to the head, On the 
front part of the needle, the pressure varies continuously from the diameter dmax 
to the tip. The pressure pz at an arbitrary radius rz from the axis is easily ascertained 
as follows: We draw the perpendicular to the stream lines from the latter to the nozzle 
(Fig. 313), measure the length of this perpendicular (a) and the diameter dz on which 
its centre of gravity lies, and then we find the through-flow area f = z dz az and 
calculate the mean velocity: 


Q 4 


T dz Az qt dy Ay 4 dz az 


Gr = 


Fig. 313 Fig. 314 


When we neglect the losses arising from the inlet cross section to the point under 
examination, we obtain: 


BN 
Px =yH—dyH=(1—dyH=[1 -z aly z 


or, if we assume that approximately applies cy = 1, 


“(a8 
p==|1 (ats fat 


The component of the axial force (Fig. 314) created by this pressure and acting 
upon the surface differential of the length d? equals 


dP; = 2 £ rz dl pz sin + : 


or, since d/ sin he equals dr, 


2 
dP; = 2 at (rx pr) dr. 


1) Thomann R.: Die Wasserturbinen und Turbinenpumpen, Stuttgart, K. Wittwer, 
1931, p. 314. 
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Fig. 315 
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Stroke of the needle 


Fig. 319 


The total force acting upon the needle from the tip to the largest diameter 
equals 


dmax 
Pr =22{ (Perz) dr. (246) 
0 


The integral is easily determined graphically by plotting the product pz rz as 
function of rz and measuring the corresponding area (Fig. 315). 

In general, the progress of the pressure can be calculated according to Equation 
(246) only for the outlet area itself. But we further know that pz rz must equal zero 
in the axis of the jet. Therefore, we can delimit the corresponding small part of the 
area of pr rz rather exactly by the transition curve which passes through the zero 
point. In Figs. 316 to 319, these forces are ascertained for the same needle and 
nozzle at various openings. 

To the just established force Pr, which acts in the opening direction, further 
comes the force Pyry along the section from the head of the needle up to the stuffing 
box (Fig. 320). Since we may here assume the pressure being constant, the force Prr 
acting in the closing direction, equals, d being the diameter of the rod in the stuffing 
box, 


x P 
a aber (diax — d°) y H. (247) 


The resultant force acting in the opening direction of the needle is then given by: 


dm ax 
2 


P= Pr— Prr =22 | (bez) dr — F dine — 2°) y H. (248) 
0 


When the nozzle is completely closed, the pressure up to the diameter d, of the 
throat is constantly y H, and in back of this diameter it equals zero; Equation (248) 
thus assumes the simpler form: 


p= —F@—#)y H. 


The magnitude of the force depends exclusively upon the position of the needle, 
i. e. only upon the progress of the force P; on the head of the needle. By calculation 
Or measurements we can establish the following progress of the forces: When the 
nozzle is completely closed, the needle is pressed, as already pointed out, by a force 
equalling the pressure on the area of the nozzle opening’) less the area of the cross 
section of the rod in the stuffing box. When the nozzle is opened, the force acting 
upon the needle rises to a small extent, then, from about 10 % of the stroke of 
the needle, the force diminishes almost linearly and attains about 40 % of its initial 
magnitude for the fully opened position (Fig. 321). The water pressure acts upon 


1) Meissner L. & Rudert M.: Einige Konstruktionsmerkmale neuzeitlicher Grossfrei- 
strahlturbinen, Wasserkraft und Wasserwirtschaft, 38, 1943, p. 153. 
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the needle during the entire stroke with a force which only tends to close the nozzle, 
and overcoming this force would require great regulating forces. Practically, the 
linear progress of the forces permits to reduce the shifting forces considerably by 
means of a counterbalancing device and to lessen the regulating work to a fraction 
of its initial value, or to a fraction of the work required for a Francis turbine of the 
same output. Fig. 32] shows the progress of the forces in an arrangement with 
a relief piston which is acted upon by a force equalling about half the maximum 


Force in the needle 


Force in the needle 


| 
| No-load stroke 
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Fig. 321 Fig. 322 


force acting upon the needle. Both forces give a resultant which equals about 30 °% 
of the greatest force and tends to close when the nozzle is closed; on the other hand, 
when the nozzle is fully opened, the force tends to open with about the same in- 
tensity. The force which we demand from the regulator is considerably smaller, 
and approximately in the middle of the stroke the needle is balanced. This device 
is entirely sufficient for smaller turbines. We can achieve a considerably more 
efficient counterbalancing of the forces if we load the relief piston with a helical 
spring in such a way that this spring is most compressed when the nozzle is open, 
and relieved shortly before the closure of the nozzle (see Fig. 322). 

Now let us consider this arrangement in which the relief piston, in contradistinction 
to the preceding case, is so large that its force on the shank of the needle for opening 
somewhat exceeds the force of the needle tip in the closing cycle. For this purpose, 
the force of the helical spring is selected so that in the fully opened position it 
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equals approximately the difference between the openi ief pi 
5 pening force of the relief 
and the closing force of the needle in this position. The resultant will nee exhibit 
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Fig. 323 Fig. 325 


only a very small force, as indicated in Fig. 322. The work of the re i 
sequently be very small, even if we take into account the rib iam 
neglected in all the respective 
figures. The possibility of utiliz- 
ing this relief system is u for- 
tunately very much restricted 
by manufacturing considera- 
tions as the springs must be 
extraordinarily strong; a balanc- 
ing system of this type is there- 
fore feasible only for turbines 
of medium size. The great forces 
of the springs are here indispen- 
sable owing to the size of the 
relief piston. 
mnt convenient dimensions 
of the springs are possible when 
Fig. 324 } the latter are SpEGE] in such 


a way that in the closed position they develop an opening force, that they are 
relieved in the middle of the stroke of the needle, and finally, that in the fully 
opened position they develop a closing force (Fig. 323). 

Here, a considerably smaller piston will suffice in comparison with the disposition 
shown in Fig. 321, as follows from the resultant created by the force in the needle 
and the force of the spring. Only within the first 10 % of the stroke, the resultant 
exhibits a very objectionable peak, which did not appear in the preceding design. 
This undesirable force at the beginning of the stroke can be eliminated by an 
arrangement in which, in addition to the relief piston, during the initial part of the 
stroke there is a ring piston effective; this latter piston is with the proceeding stroke 
of the needle retained by a stop and thus put out of action, while the smaller (relief) 
piston continues in his travel. Fig. 324 shows the design, and Fig. 325 the progress 
of the forces and the resultant. This double-piston system has given very good 
results in large machines. The described balancing device permits to employ 
a regulator of normal size even in the largest installations. In dimensioning the 
regulator, however, the forces resulting from friction, which are not indicated in 
the diagrams, must be taken into account. In large machines, in particular those 
with more than one nozzle, the regulation is arranged in such a way that the servo- 
motor for the drive of the needle is placed directly on the needle shank, while the 
distributing slide valve is located in the regulator. 


B. ACTUAL DESIGN 


I. FRANCIS OR PELTON? 


Advancing research has resulted in a steadily extending application of the indivi- 
dual types of hydraulic turbines. A Kaplan turbine works now under a head of 
about 60 m, and a Francis turbine has already been constructed for a head of about 
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400 m. With this head it already interferes with the range of Pelton turbines.) 
For larger water quantities we must design the Pelton turbines with several 
wheels and a greater number of nozzles. In laying out power stations we must pay 


*) Puyo M. A.: Francis ou Pelton, La Houille Blanche, 1949, No. 4. 
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attention to installation possibilities, i. e. we must take into account the erection 
of the plant, the operating conditions and the first costs. Concerning installation 
possibilities we must be aware of the fact that a Francis turbine for such a high 
head requires with regard to cavitation a negative suction head, which means. 
higher building costs. The operating conditions must be judged with regard 
to water supply and stability of the water level. Pelton turbines have inthe 


Fig. 329 


case of variable flow-rate a flatter progress of the efficiency curve and are 
consequently advantageous where level fluctuations are encountered. On the 
other hand, when we compare the weights of both turbine types, we see that 
the Francis turbine, is in the same conditions lighter than the Pelton wheel. 
When all these circumstances are considered, the application of both types 
within the same range is indicated in the diagram shown in Fig. 326. 


II. ARRANGEMENT OF PELTON TURBINES 
Pelton turbines are as a rule made with a horizontal shaft. The simplest case is 
that with one nozzle and one wheel (Figs. 327 and 328). The turbine shaft is here 
seated in one bearing and the other bearing is for the generator, or the runner may 


be fastened in an overhung position on the generator shaft (Fig. 329). 
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The disposition with one wheel and two nozzles (Fig. 330) is used for greater 
outputs and for increasing the specific speed of the turbine. A vertical arrangement 
(Fig. 331) is advantageous from the viewpoint of construction and permits a simple 
design with more than one nozzle. With this disposition it is possible to attain 
a specific speed ns of 60 r. p. m. and even more. The maximum number of nozzles 
is selected as follows: Two for horizontal turbines, and four to six for vertical tur- 
bines.) In this case, attention must be paid to the requirement that the bucket 
should enter the next jet only after the water from the preceding has run out. 


Fig. 330 


Ili. PARTS 
1, Casing 


The casing of the Pelton turbine has not only the function of collecting and 
leading away the water which discharges from the wheel, but in some cases it also 
must take up the reaction of the nozzles. In the places projecting above the ground, 
the casing is as a rule made with such a wall thickness as is required by casting 
technique. In the axis of the wheel, the case is split so that after removal of the top 
cover the runner is accessible. In the place of contact between the jet and the wheel, 
the width of the casing should equal 12 to 18 jet diameters and that of the upper 


1) Boyle, White: 62,000 HP Vertical Six Nozzle Impulse Turbines for the Bridge River 
Hydrodevelopment, ASME, 1952, p. 289. 
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cover 3 to 5 jet diameters. In order to reduce the ventilation losses in the casing 
owing to rotation of the air and dispersed water particles, a wiper must be arranged 
behind the discharge of the water from the wheel. This wiper is made very exactly 
in conformity with the contour of the bucket as the clearance between the wheel and 
the wiper must be of the least pos- 
sible width, i. e. about 0.5 to 1 mm. 
The bottom part of the casing, as a 
rule bedded into concrete, is usually 
welded. The place on which the jet 
might impinge at the runaway speed of 
turbine must be well armoured. At the 
passages of the shaft through the cas- 
ing, there are mounted spray rings 
which prevent spraying of the water 
and its escaping along the shaft. As 
a rule, bearing pedestals are cast to 
the casing; they are not necessary 
when the runner is fastened in an 
overhung arrangement on the genera- oe 
tor shaft. Braking of the turbine for N FET- 
stopping the turboset is usually real- A SRE ee 
ized by arranging a braking jet which 
acts against the sense of rotation. It is 
frequently put into action automat- 
ically when the regulator fails and 
consequently the turbine exceeds the 
permissible speed. The runaway speed 
can also be reduced so that in the cas- 
ing, in the places on which the jet im- 
pinges at the runaway speed, a device 
is mounted which turns the jet against 
the sense of the rotationof the turbine. 
In vertical turbines, which are mostly 
fitted with several nozzles, the casing 
is welded and forms the supporting 
structure of the generator (Fig. 332). 
Below the runner, an easily removable grate is located, providing access to the 
wheel and nozzle without any dismantling. A manhole must be provided for in 
the casing or in the discharge duct. 


ite ot a 


2, Runner 


The runners may be manufactured integrant with the buckets, the material of 
construction being either cast iron for a peripheral velocity U = 30 m/sec., or cast 
steel for U = 70 m/sec. (Fig. 333). Most frequently, however, the buckets are cast 
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integrant with the stems, and these are bolted to the disc of th Thi - 
facturing method is more expensive but facilitates exact pay polishing of 
the buckets, their replacement in case of defect and the casting process itself The 
buckets are in this case easier machinable than on a runner cast integral with them 

With regard to the alternating stress, the buckets are fastened to the wheel by 
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Fig. 337 


means of fitted bolts, preferable with conical shanks. Difficult 

meai fitte I i i es are encountered 

= ae oe connections of the buckets to high-speed runners (7, exceeding 

r. p. m.). In these cases it is recommended to shrink two h 
ar buckets as indicated in Fig. 334. a. 
he runner is fastened on the shaft by means of a key or feath i 

hung arrangement by a flange. ee 

i As already mentioned the blades are made of cast iron or of cast steel. For high 
eads alloyed cast steels are employed. Special operating conditions are encountered 

when the water contains acids or fine sand. In such a case the runner must be made 

of alloyed cast stub withstanding corrosion and erosion. The lips of the buckets 
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are most subjected to wear, and when the sand content of the water is not too high, 


the buckets are made of standard material and for economy’s sake only lips of 
alloyed cast steel are inserted. 

Great care must be devoted to the manufacture of the buckets. Their inner sur- 
face must exactly ground to shape and finally polished. The buckets must be free of 
cracks. The assembled runner must be carefully balanced statically and for higher 


speeds also dynamically (see Fig. 335). 


3. Nozzles — Needles 


The nozzle with the needle is usually mounted in an elbow of the supply pipe, 
whose diameter equals three to four times the jet diameter, while its radius of 
curvature is two to three times the pipe diameter. The throat of the nozzle and the 


tip of the needle are replaceable. The tip of the needle is replaced either from inside 
the case, or the tip with the shank is pulled through the elbow and re-inserted after 
replacement. In the first case, the needle has a bulbiform shape and a slender shank 
which moves in a guide tube (Fig. 336). In the second case, the cylindrical part of 
the needle is guided, passing into the slender shank outside the guide. The elbow 
is fitted with an opening of sufficient width for pulling out the needle (Fig. 337). 
In some desings the needles are protected from sand by an outer tube filled with 
pressure water. Since the elbow in front of the turbine causes losses even when its 
radius of curvature is large, a straight supply pipe is adopted in modern designs for 
high heads and outputs (Fig. 338). 

The supply pipe in larger turbine installations is located in a duct under the 
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floor. Vertical arrangements of the 
turboset are mostly fitted with more 
than one nozzle. The supply pipe is 
circular and stepped according to the 
number of nozzles. When two nozzles 
are employed, they are located at an 
angle of 180° to eliminate any resultant 
force of the jets acting on the shaft. In 
turbines with more than one nozzle, 
the second and further jets must be 
protected by cover plates against the 
water spraying the wheel, 

Vertical turbines must be equipped 
with such buckets that the water dis- 
charging from the upper does not fall 
back into the wheel. This is achieved 
either by an asymmetrical shape of 
the bucket or by a greater inclination 
of the plane of the bucket to the axis 
of the jet. A suitable shape of the 
upper lid likewise contributes to a 
correct discharge of the water. The 

Fig. 339 needle is shifted either mechanically 

dp) ; or hydraulically. In the first case, the 

motion 1s transmitted by a rod mechanism from the regulating shaft. The time of 

closure is usually controlled by a dashpot. In a hydraulic drive, which is usually 

employed for larger outputs, the needle is controlled by a servomotor operating 
with pressure oil. 


4, Deflector 


The deflector is of rugged design as it is subjected to great forces and reliable 
operation must be ensured. The part coming into contact with the jet is usually 
made replaceable as it is exposed to erosion (Fig, 339). 
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PART III 


EQUIPMENT OF HYDRAULIC TURBINES 


A. CONTROLLERS 


The speed of hydraulic turbines is regulated exclusively by indirect controllers. 
Self-actuated controllers are not suitable for this purpose, because of the great 
forces required to operate the control gear. Unsufficient sensitivity is another reason 
why self-operated controllers are not used for the regulation of turbines. 

The control gear is operated by a servomotor which is controlled by the centri- 
fugal governor. The servomotor is normaly driven by pressure oil supplied from 
the control valve operated by the governor. The pressure oil acts upon the piston 
of the servomotor. 


I. BASIC PRINCIPLES OF CONTROLLERS 


The simplest operation of a servomotor is shown in Fig. 340. The servomotor 
consists of a power cylinder with a differential piston P, i. e. each side of the piston 
has a different acting surface area. The surface area in contact with space a is half of 
that acting upon space b. Oil under pressure is supplied to space a, from which it 
flows to space 6 through the bore v. From here the oil can escape through the gate o 
(if open) into the central bore of the piston to be discarded therefrom. The gate 
valve § placed in the bore of the piston is connected to the sleeve of the governor. 
When the gate valve reaches the position shown in Fig. 340 a pressure drop will 
occur in the chamber b, because the 
discharge hole o is larger than the supply 
bore v. Pressure in chamber a will remain 
almost constant and therefore the piston 
will move to the left, i. e. it wiil follow the 
valve. By this movement of the piston the 
gate o will gradualiy be closed and sub- 
sequently the oil pressure in chamber 
b will rise until a pressure equilibrium on 
both sides of the piston is reached. If the 
gate valve should be driven by the gov- Fig. 340 
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ernor in the opposite direction, the discharge hole o will be closed and the specific 
pressure in both chambers will be equalized. However, the acting surface area of 
the piston in chamber 6 is twice as large as in chamber a, and therefore the piston 
will start to move to the right, i. e. it will again follow the movement of the valve. 
By this movement of the piston the gate o will be gradually opened and pressure 
in chamber 6 will decrease until an equilibrium is reached again. 


Fig. 341 Fig. 342 


Piston P copies the movement of the gate valve and consequently also the move- 
ment of the governor sleeve. The eye O, which is part of the piston, is then used for 
driving the regulating mechanism of the turbine. 

This simple method is seldom used for servomotors regulating hydraulic turbi- 
nes. It may be used only in very small controlling units. The methods is frequently 
used as an intermediary element, which actuates the control valves of large control- 
ling units. 

A standard arrangement of a control unit is illustrated in Fig. 341, where 
governor, servomotor and control valve are separated. The diagram illustrates 
a proportional feed-back arrangement (called also primary compensation); the 
piston rod of the servomotor is rigidly connected with the lever of the governor so, 
that any given position of the servomotor piston (and thus any given position of the 
regulating element R) corresponds to a definite position of the governor sleeve and 
consequently to a definite speed of the regulated machine. A completely relieved 
machine will run at maximum speed, a machine running under full load will have 
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a minimum speed. If we denote n, the speed of the relieved machine, n, the speed 


of the fully loaded machine and ns = Ss 

mn is called the permanent droop denoted as 6; and usually expressed 
s 

in %. If we denote my; the speed corresponding to the highest position of the 

governor sleeve (which may be considered for the purpose of control in accordance 

with the lift ymax in Fig. 344) and ny the speed corresponding to the lowest position 


2 the medium speed, then the value 


of the governor sleeve, the value aa. is called the useful droop of the gover- 
6 
nor; it is denoted ô an expressed in °%. It is obvious, that in the case of an indirect 
controller with rigid feed-back 6; = 6. 
Hydraulic turbines require a stable control and, therefore, the value 6 must be 
greater than the value 4;. (A control is 


called stable, when the controller after = Rt 
deviation is automatically restored to the [Z 
correct equilibrium position; on the con- : Z g 
trary, in the case of a labile control = Y 

P 


deviation from the equilibrium, position 
steadily increases and the control is 
unstable). The condition 6; << 6 cannot 
be fulfilled with a proportional feed-back 
arrangement (stabilisator with droop) and A 
therefore the elastic arrangement of a 
stabilisator (called also secondary com- 
pensation) is applied in the control of Fig. 343 

hydraulic turbines (See Fig. 342.). 

The restoring mechanism contains the oil dashpot 7 with a by-pass controlled 
by the throttle valve j. The left end Z of the lever is held in position by the spring 
BZ. When the control valve S is moved from its neutral position, the piston of the 
servomotor is also moved by the pressure oil, the piston of the dashpot is carried 
by the dashpot cylinder, the spring BZ is compressed or stretched (according to the 
direction of the movement of the dashpot piston), the left end of the lever is lowered 
or lifted and the control valve is restored to the neutral (dead-beat) position bringing 
to a standstill the servomotor and the whole mechanism. The force of the compen- 
sating spring causes an additional movement of the dashpot piston, the control 
valve is moved again and the whole regulating process is repeated until the dashpot 
piston is in a position in which the spring BZ is neither compressed nor stretched. 
After the regulating process has been completed, the permanent speed droop 6; is 
in accordance with the displacement of the point B caused by the servomotor. By 
shifting the hinge B along the lever BCA the displacement can be changed from 
positive (shown in Fig. 342) to negative values (hinge B is to the right hand of the 
fulcrum A). In the latter case point Z and governor sleeve Y are lowered under 
no-load conditions and the turbine under full load has a greater speed than a re- 
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lieved machine. When the hinge B is placed into the fulcrum A (i. e. no displace- 
ment takes place during regulation), the speed is constant at any position of the 
servomotor and, thus, the revolutions of the turbine do not change with a changing 
load. This special arrangement is called an isodromous control. 

The small handwheel K shown in Fig. 342 is not illustrated in the remaining 
diagrams. By this handwheel revolutions can be changed or the turbine stopped. 
The hub of the wheel forms the nut of the control valve spindle so that by turning 


-Smar Emax 


Fig. 344 Fig. 345 


the handwheel the control valve is moved from the normal position. The pressed 
oil flows into the cylinder of the servomotor and the whole mechanism is brought 
into action; it is brought again to a standstill after the restoring mechanism and the 
new position of the governor sleeve (resulting from the changed speed) has moved 
the control valve into neutral position. This handwheel can be connected also with 
other elements of the mechanism, e. g. with the rod connecting point C with the 
dashpot cylinder. 7, or with the governor sleeve, etc. 

The arrangement described has two disadvantages: the reverse point Z is not 
suitably fixed and the permanently open valve j of the dashpot F together with the 
slow movement of the servomotor prevents an intensive action of the restoring 
mechanism. Fig. 343. shows an improved design of the arrangement (the diagram 
illustrates only the governor and the return-motion gear — also called the isodrome). 
The compensating springs are prestressed and placed in carrier N. The reverse end 
of the lever (point Z) is suitably fixed by the plates of the springs. When one spring 
is compressed, the other is retained by the nose » so that the first one acts im- 
mediately with sufficient force. The by-pass of the dashpot is mounted in piston p 
and is normally closed by a spring valve (the spring acts and closes the valve in an 
upward direction). The valve opens only after point Z has been moved from the 
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neutral position, the inclining lever presses down one of the stops m and so opens 
the valve. 

Fig. 344 presents the relations between the individual lifts of the control valve, 
governor, reverse point Z and the servomotor. In an elastic compensating device 
piston p of the oil dashpot (called also isodrome) slides in the cylinder of the dashpot 
during the movement of the servomotor. Point Z will therefore travel a smaller lift 
as the isodrome cylinder or the piston of the servomotor. If mmax» re is the lift of 
the servomotor reduced to the reverse point, i. e. the real lift increased by the 
preceding travel of the dashpot piston, and 
Smax is the lift of the reverse point derived 
from the full value of the governor lift, we 
can write the relation max, re > Zmax- 

An elastic compensating device in which 


the relation f = Anes > 1 holds good, 


max 
is called an accelerated stabilisator. Here 
the restoring mechanism acts more inten- 
sively and the stability of the regulation 
is increased. 

Fig. 345 is a diagram of Pr6ll's indirect 
controller. The load of the governor sleeve 
is changed by the restoring mechanism in 
accordance with the position of the servo- 
motor. The position of the sleeve remains 
constant at all positions of the servomotor 
(i. e. at any load of the turbine); with : 

a larger load of the turbine, however, Fig. 346 
the force acting upon the sleeve is 
smaller and the controller reduces the speed of the machine. 

Fig. 346 shows Gagg’s improvement of the controller in Fig. 345. This arrange- 
ment permits the setting of a permanent speed. The governor sleeve is subjected 
to the action of pressure springs placed in the piston ¢; the stabilisator actuates the 
springs of the sleeve by means of a hydraulic transmission gear consisting of pump p 
and piston t. Any change of the position of the servomotor is transmitted via 
pump p to the piston r and so the governor sleeve is subjected to an additional 
pressure exerted by the springs. The adjustable gate v connects the space under the 
piston with the oil container N. At the moment when oil pressure in both spaces is 
equalized, the pressure exerted upon the governor sleeve ceases. The permanent 
droop is positive when the coupling V is on the left side of the fulcrum, equals zero 
when the coupling is in the fulcrum (isodromous regulation) and is negative when 
the coupling is on the right side of the fulcrum. 


Stability of the regulation can also be achieved by forces of inertia. Fig. 347 is 
a diagram of an indirect revolving mass controller. Apart from the centrifugal 
weight (flyball) G the governor is equipped also with revolving mass Mn. The 
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controller must rotate in such direction that during speed rising (i. e. with a relieved 
machine), the force of inertia Py exerted by the mass M» acts in the same direction 
as the centrifugal force of the fly-ball G. In this phase of increasing speed the re- 
volving mass shows a tendency to retain the original low speed and the force of 
inertia acts in the same direction as the centrifugal force. After the speed of the 
governor has reached its maximum, the revolutions start to decrease. In this phase of 
decreasing speed the revolving mass 
(which in the meantime has also attained 
the maximum speed) shows a tendency 
to retain the high number of revolution 
and acts in the opposite sense: it tends 
to rotate at a higher speed, than the 
governor. The force of inertia acts against 
the centrifugal force and causes a sooner 
return of the sleeve to the neutral position. 
The described behavior of the force of 
inertia increases the stability of the regu- 
lation. The restoring mechanism V per- 
mits the setting of the permanent droop 6). 
In all diagrams hitherto described the 
floating lever which actuates the control 
valve was shown as directly connected 
with the governor sleeve. In standard 
arrangements a multiplicating interme- 
diary element (see Fig. 340) is mounted 
between the governor and the floating le- 
ver. The lever is then connected to the eye 
Fig. 347 O and the governor only actuates the light 
and balanced gate valve Š. This arrange- 
ment excludes the adverse effect of the forces of inertia of the lever (and all parts 
connected with it) upon the movement of the governor sleeve. Similar multiplicat- 
ing relays are used for actuating (pilot) valves of large dimensions, which cannot 
be directly connected with the lever. 
Indirect controllers are divided into two main groups: 


1. Straight flow controllers without air vessels; a safety valve maintains the pre- 
scribed oil pressure and the oil pump works constantly at full pressure. The oil 
pump must be able to supply pressure oil in a quantity corresponding to the volume 
of the maximum stroke of the servomotor piston and within the time prescribed 
for the closing of the gates. This type is used for smaller hydraulic turbine units up 
to a controller performance of 200 kgm. If controllers equipped with pumps without 
air vessel were used for greater performances, their design would be too com- 
plicated. 

2. Controllers with air vessels, where the oil is accumulated under pressure in 
the air vessel. The oil pump supplies oil into the air vessel only during a pressure 


Servomotor 
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drop (otherwise it pumps without pressure into the oil sump), a smaller rate of 
flow is required than in the previous case and consequently there is a smaller 
increase of the oil temperature. 


Il. PARTICULARS OF DESIGN 


1. Oil Pumps 


Oil pumps are almost exclusively of the gear or screw type; they usually work 
against a pressure head of 2—10 atm. g. with straight controllers and 20, 25 (up 
to 30) atm. g. with controllers with air pressure vessels. The gear usually consists 
of two identical spur pinions with more than 14 teeth (to avoid the necessity of 
correction). The gear is carefully machined, inter-meshing is without clearance so 
that the pulsation of the pump is reduced to a minimum and the highest possible 
volumetric efficiency is attained!) When these conditions are fulfilled and the 
pressure angle is 20° (the pressure angle has little influence), the theoretical dis- 
charge Q in cm/sec is given by the equation?) 


Q = 0. 104 nbm? (z + 0,28), (249) 


n is the rotational speed r. p. m., 6 = the width of the pinions in cm, m = the 
module of gearing in cm, z = number of teeth in each pinion. The actual discharge 


is then 
Qef = No ` Q, 
where 7}, is the volumetric efficiency according to the following table?) 


ressure in atm. g. 5 10 15 20 25 30 
’ Ne 0.95 0.93 0.91 0.89 0.87 0.83 


The table contains average values which depend upon the quality of machining 
(clearance). The values apply to suitable circumferential velocities; volumetric 
efficiency increases with rising velocity. K : 

The mechanical energy input of the pump is given by the equation 


(250) 


In this equation N is the input in metric h. p., pis the delivery head in atm. g. and 7 
is the total efficiency given in the following table’). 


i ý 2 i i f gear- 
1) Kieswetter: Výpočet a konstrukce zubových pump. (Calculation and design of g 
weet pumps) Technical Reports of the Skoda Works No. 3 (1939), No. 1. (1940) and 


No. 1. (1942). ; 
*) Nekolny: Výpočet a návrh zubové pumpy. (Calculation and draft of a gear-wheel 
ump.) Strojnicky Obzor (1941), p. 260. , ‘ j 
p a Fabri G.: Die Regelung der Kraftmaschinen, Wien, Springer, 1940, p. 25. 
*) Loc. cit. p. 25. 


3 3 : i j 
Circumferential velocity at pitch 
diameter in m/sec 


Delivery head atm. g. 


Fig. 348 shows the design of the pump. In order to ensure a noiseless work, the 
circumferential velocity of the gear-wheels must not exceed 4.5—5.6 m/sec (the 


smaller figure applies to the higher pressure). Oil discharged by churning between 
the gear teeth is collected in slots on the faces of the bearing bushings, see Fig. 348, 
channel a. The oil pressure acts upon each wheel with the force P— 0.75 p. D. b. 
(D is the outer diameter of the wheel). This force represents the load which must 
be carried by the bearings. The bearings are made of bronze or gray cast iron with 
babbitt lining. The latter ones are better, because their thermal expansion is the 
same as that of the pump casing. Specific lcad of the bearings should not exceed the 
value p = 20 to 24 kg/cm?. Ball and roller bearings are also 
used, especially at higher rotation speeds. The force 
acting upon the wheel has a bending effect upon the 
journals, the contact and fit in the bearings becomes 
worse. Therefore the width of the wheels should never 
exceed the dimensions of the diameter (especially at 
higher pressures). The same ratio applies to the dimen- 
sions of the bearing journals. At higher pressures relief 
ducts are applied (b-c-d in Fig. 348) by which pressure 
— oil is lead to the wheels opposite to the delivery zone 
and regions opposite to the suction zone are opened À LOS 
toward the sump (simultaneous lubrication of the jour- X 
nals). The load upon the wheels is partially balanced 
by this arrangement of the ducts. The volumetric effi- de 
ciency is somewhat lower, than given in the table, but 
the bearings are relieved and we may use wider wheels. 
Where large quantities of oil must be supplied (and the 
gear-wheel would be too wide), the oil pumps are arranged Fig. 349 

ina duplex system. Two pairs of pinions are used with 

a third bearing between them, or a third wheel is added; in extreme cases a com- 
bination of both these arrangements can be used. 

Screw pumps, known as “IMO” pumps, are used for high rotational speeds and 
large deliveries. The pump consists of two or three inter-meshing screws according 
to Fig. 349.1) The parallel run of the screws is sometimes ensured by spur pinions 
running in oil on the suction or delivery side. Axial forces acting upon the screws 
are balanced hydraulically. Screw pumps are designed for rotational speeds 
1000—3000 r. p. m. The quantity of fluid delivered by one screw in one revolution 
is?) 

E e a a lá 
v= dy) > Ez 360 4 2 tan æ 7’ (251) 
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a -i EA : all other dimensions can be seen in Fig. 349. Volu- 


metric efficiency increases with an increased length of the screws, it amounts to 
about 95 %. Total efficiency is about 90 %. 


where cos % = 


1) A. Ribaux: Pompes a vis, Bulletin technique de la Suisse romande (1943), p. 256. 
2) For inter-meshing, the profile of the thread must be backed off at the base. 


Fig. 350 shows a section of an actual vertical screw pump. The delivery branch | closure of the controller (in seconds). Controllers with air pressure vessels are 
of the pump is placed on the drive side so that the other end of the driving or equipped with oil pumps dimensioned for a delivery per minute equalling 3.5 to 
driven shaft is available for the mounting of pistons used to balance the axial loads. 10 times the volume of the servomotor (lower figures for larger controllers and vice 
In order to secure the position of the screws, the axial load is not fully balanced; the versa). 
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Fig. 350 


unbalanced part of the axial forces is utilized for pressing the screws against the 
axial ball bearings. 

The quantity of oil delivered (liters/sec) in straight fow controllers equals the 
stroke volume of the servomotor (in liters) divided by the time required for the 
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The oil pump can be either belt-driven from the shaft of the turbine (smaller 
units) or motordriven. If the controller oil pump is put out of operation, the guide 
apparatus of the turbine must be closed and secured in the closed position. This 
precaution is necessary, because with the oil pump at standstill complete absence 
of oil pressure occurs, the water opens automatically the guide apparatus and the 
turbine may run away. In the case of an electrically driven oil pump, current 
supply must be secured from several independant sources. The drive of oil pumps 
and other auxiliary plant in large power stations is provided by an independent 
motorgenerator. The generator is driven by its own impulse wheel or by another 
motor or it is mounted directly on the shaft of the turbine. 


2. Unloading valve (Controller of the oil pressure in the air vessel) 


In straight flow controllers the oil is supplied directly from the oil pump to the 
control valve. The required pressure is adjusted and maintained by a regulating 
valve through which the superfluous oil is readmitted from the pressure pipe to the 
oil receiver tank. These valves are designed as spring valves similarly to safety 
valves. Noiseless operation of the regulating valve is secured either by special 
damping pistons or by countersinking the cylindrical part of the valve cone into 
the valve seat. (Fig. 351). 

By this arrangement the conical sealing surface is sufficiently lifted during the 
working stroke above the valve seat, so that no contact is possible between them 
during vibration. Equally good results are obtained by an alternative design of 
Pop’s safety valve with an increased lift. 

In controller systems with air pressure vessels the pumps are provided with 
unloading valves which at a certain pressure 
open the discharge to the oil tank, close it 
again when the pressure in the air vessel drops 
below a desirable minimum so that the pump 
delivers through the check valve again to the 
air vessel. The function of the unloading valve = 
is frequently combined with the replacement of H Th 
air in the pressure tank. Air in the pressure tank H N WY 
is under pressure absorbed by oil and escapes +O FY 
from it under atmospheric pressure in the re- KARAS Mf 
ceiver tank. There is a constant reduction of air / A 
content in the pressure vessel and this loss must WH / 
be replaced. | 


According to previous methods, air was sucked 
into the suction pipe of the pump and air bub- Fig. 351 
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bles had been in close contact with oil producing the undesirable result of intensive 
oil oxidation and premature ageing. New methods admit, therefore, the air into the 
delivery branch of the pump. A design of this type is shown in Fig. 352 (CKD 
Works — Blansko). Oil from the pressure tank flows below the pilot valve a which 
is loaded by the spring b. When oil is pumped into the pressure tank, the pressure 
rises until the pilot valve a is moved in an upward direction. Now the oil is admit- 


Fig. 352 


ted below the piston of the control valve 4, and the piston moves upward into a 
position shown on the right side of Fig. 352. The pump delivers oil into the duct B 
from which it enters the discharge channel C— the oil pump floats idly, i. e. it works 
under no appreciable cil pressure. In this position of the control valve the gate D 
is also opened and permits the discharge of oil from air chamber F according to the 
adjustment of the hand operated valve E. Through the oil stream escaping from 
this valve bubbles up a certain quantity of air into the air chamber. When pressure 
in the air pressure tank drops below the required minimum, the pilot valve a is 
pushed down by spring b, the oi! below piston A escapes and the control valve A 
is pushed down by the oil from the pressure tank acting upon the upper annular 
face of the piston A (see position drawn on the left side of Fig. 352). The delivery 
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side of the oil pump is now connected with air chamber F. Oil is delivered from 
the pump to this chamber and supplied through the check valve G into the air 
pressure vessel. Obviously the air accumulated in the air chamber enters the pres- 
sure tank first. The safety valve H, mounted in the branch connecting the unloading 
valve with the pump, relieves the air pressure tank in the event of a break-down 
of the unloading valve; no second safety valve is then required for the air pressure 
vessel. 

The pilot valve a is set off at its lower end in order to permit a rapid adjustement 
(See Fig. 353, diameter 1 is larger then diameter 2). After an initial lift of the valve 
the oi! acts upon a larger surface area and simultaneously 
the discharge from this space is closed by a ring mounted 
on the upper end of valve. By this arrangement a rapid 
displacement of the valve is attained and the same applies to 
the downward move of the valve; the pressure range is sharply 
limited and this prevents a possible stoppage of the control 34 
valve A in an intermediate (medium) position. 

The unloading valve operates within a pressure range of 
1 to 2.5 atm. g. The volume of the air chamber should 
amount to about 1—2 % of the total volume of the air 
pressure tank. Velocity of oil in the delivery branch of the 
pump is about 2 m/sec. 
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3. Pressure Tank 


The total volume of the air pressure vessel should be hi 
determined as follows. Oil content: equals five times the |“ 
stroke volume of the servomotor. Air content equals: twice Z 
the oil content. Pressure tanks for small controlling units 644424 
are made of cast iron; larger tanks are riveted or welded. 
Stresses are calculated as in normal pressure vessels. Smaller Fig. 353 
pressure tanks are mounted on a common base with the 
controller, only their pressure gauge is mounted separately. In large units the air 
vessel is separated from the controller and equipped with liquid level gauge, pres- 
sure gauge, mud valve and manhole. 


E 
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4. Controller of Air Content in the Pressure Tank 


A certain quantity of air is steadily supplied to the pressure tank. Superfluous 
air is automatically discharged into the receiver tank by the controller of air content. 
The air must not be discharged into the machine room atmosphere, because fog 
forming oil vapours escape simultaneously. 

Fig. 354 illustrates a controller which acts as a float. At a certain minimum oil 
level the float opens an air discharge valve and the volume of the discharged air is 
replaced by an equal volume of oil supplied from the oil pump. 
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Fig. 355 shows another controller of air content of a simple design. It is based 
upon the principle that oil and air show different resistances against flow through 
a labyrinth, because at a given pressure in the air vessel their respective velocities 
are different due to the different specific weights. The controller is so adjusted, 
that at normal pressure a certain 
small quantity of oil flows from the 
pressure tank (direction A) into the 
controller and is discharged there- 
from. If the oil level in the pressure 
tank drops, air instead of oil flows 
into the controller. The air passes 
the labyrinth with a greater velocity 
and so the superflous air is dis- 
charged. 

In both systems described a 
suitable closing of the air content 
controller must be provided for, 
because in the event of the speed 
controller out of operation (e. g. 
stoppage of the turbine) the total 
air content of the pressure vessel 
could escape during the shut-down. 
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5. Control Valve 


Fig. 354 The function of the control valve 
is to distribute oil under pressure 
to one side or the other of the 


m an servomotor piston according to the 
ESA Sout A impulses of the governor. The con- 

/ panig H A trol valve consists essentially of the 
= SSSA gate valve, its bushing and the 
L/P ducts or gates. It must have such 


dimensions that the total loss in 
£ oil pressure, occurring during the 
Fig. 355 passage through the control valve 

and the piping between pressure 
tank and servomotor, should not exceed 20 to 60 % of the inlet oil pressure (smaller 
values apply to higher operating pressure of the control system). The gate valve 
and the bushing must be precisely machined, the bore of the bushing and the 
outer surface of the gate valve ground and covering edges worked to tolerances 
admitting a maximum overlapping of 0.2 mm. Large gate valves operating under 
high pressures would not seal properly with this small overlapping and this is, 
therefore, increased up to 2 mm. Two or four slots oppositely placed and serving 
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the purpose of a hydraulic radial balancing are machined, however, to the minimum 
overlapping of 0.2 mm. 

Small control valves have gate valves made of steel and bushings of bronze or 
grey cast iron. In large control valves both parts are made either of bronze or of 
grey cast iron. Small control valves are connected directly to the driving mechanism 
(lever), larger ones through the intermediary of pilot valves. Fig. 356 shows 
asmaller control valve in combination with the pilot 
valve. The driving mechanism is connected with rod sl 
A (the internal slide of the pilot valve). By adjusting 
rod A against the main gate B, oil is admitted from 
the inlet channel through the ducts a, b above or below 
the gate valve. In both cases the opposite end of the 
valve is connected with the discharge. Therefore the 
main gate valve will exactly follow the movements 
of the rod (this is clearly illustrated in the picture). 


In the ilustrated design the regulating rings are 
extended by a collar on the discharge end so that 
the edge is not entirely exposed even at a maximum 
stroke. The time 7; required for closing the valve and _ 
the time T, required for opening can be adjusted by 
the width of slots x, y which have an overlapping of 
0.2 mm. An exact and safe adjustment of these times 
is absolutely necessary for protecting the turbine i 
against hydraulic shocks. In this design the velocity of Fig. 356 
the piston is directly related to the stroke of the gate 
valve. This is a disadvantage. The above times can be adjusted better by orifice 
plates placed in the piping leading to the servomotor (as will be described in a later 
paragraph). The gate valves can be then designed without collars, so that the 
total edge of the regulating rings is exposed even at small strokes. The velocity 
of the servomotor piston is then of constant value. Here the gate valve is made 
of steel, the bushing of grey cast iron and the rod is hardened. 

Fig. 357 shows a large control valve for a 100 liter stroke volume of the servo- 
motor. The gate valve and the bushing are made of grey cast iron. The gates are 
opened simultaneously by two edges, which, for the sake of better sealing, have 
an overlapping of 1.5 mm. This overlapping is reduced in the slots to 0.2—-0.5 mm. 
The upper part of the gate valve is designed again as a pilot valve. Pressure oil is 
admitted through a filter and it enters the pilot valve axially. The pilot valve is 
based upon the principle explained in Fig. 340 with the difference, that the 
function of the gate valve Š is performed here by a plate mounted on the dog a. 
The gate covers a larger or a smaller part of the bore in the uppermost part of the 
gate valve. The dog a is actuated by the governor (direction A) with a compensating 
device. Hand wheel B is used for the adjustment of speed changes. 

It has been stated in the previous paragraph that the time intervals required for 
the closure and opening the controller must be always safely adjusted. It is un- 
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suitable to limit these time intervals by the application of the gate valve slots. This 
holds good particularly in the case of large controllers. It is more suitable to adjust 
the time intervals by applying a simple orifice plate in the pipe connecting the 
control valve with the servomotor. The time of closure is limited by means of a 
simple orifice plate placed in the pipe, through which (during closure) the oil flows 
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oil inlet 
Roy 
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Fig. 357 


from the servomotor. This arrangement is more suitable, as it has a throttling 
effect acting by overpressure against the tendency of the water to close the turbine. 
(The value of underpressure is limited to 1 kg/cm*). We then limit the time interval 
required for opening by a smaller orifice plate (T, is always greater as Ts) mounted 
in the second branch of the piping. This orifice plate acts as a check valve; it is 
pressed by a spring to the seat from which it is lifted by the oil stream occurring 
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during the closure of the water inlet to the runner of the turbine. By lifting the 
orifice plate from the seat the required increased flow is obtained. Another device 
for lengthening the opening interval is built into the servomotor, as shown in Fig. 
358. During the opening stroke of the servomotor piston of the ball valve reduces 
the flow area so that the oil can pass only through the opening of the adjustable 
valve.) 


6. Servomotor 


The control valve is connected to the servomotor by a pipe. The oil velocity in 
the connecting pipe may be selected between 2.5—6 (to 10) cm/sec. It is important 


Yt. 


Fig. 358 


to prevent an accumulation of air in the servomotor, as this would slow down its 
action. The gate valve is, therefore, always placed above the servomotor and the 
connecting pipe enters the servomotor at its highest point. The air then escapes 
automatically through the unsealed gaps of the gate valve. 

The pistons of small servomotors are mounted in the cylinders without special 
packing, the piston rod is sealed by a soft packing. In large servomotors the pistons 
are also mounted without special packing, or they have piston rings, the piston 
rods are packed by one or two leather cups — see Fig. 361. The suitable ratio 
between bore and stroke is D/z = 1 — 0.65 (the smaller value applies to smaller 
servomotors). 

In small controllers the servomotor is mounted on a common base with the 
controller and the movement of the piston rod is transmitted to the control shaft 


1) Fabritz G.: Regelung der Kraftmaschinen, Wien, Springer, 1940, p. 50. 
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by a crosshead and a crank (Fig. 361). Large controllers have two servomotors 
placed normally near the turbine in the turbine pit. (Fig. 369). Details of this 
arrangement have been described in Part II. Chapter IV. (Extension of the regul- 
ation). 


Fig. 359 


7. Receiver Tank 


This oil tank is mounted on a common base with other parts of the controller 
(Fig. 361). For large capacity units it is separated from the controller, but it is 
used as a mounting base for the air pressure tank and the motor-driven oil pump 
(Fig. 359). The tank contains about eight times the oil quantity delivered by the 
pump per minute so that an ageing of the oil is prevented, The oil temperature in 
large units is kept at 60° C by means of a cooling coil. 


8. Governor 


Governors (speed responsive devices) for control units of hydraulic turbines 
are made with a minimum reduced lift,") which amounts to about 1/30 to 1/50 
of the actual lift and does not exceed 1 mm. For this purpose we choose high 


1) Nechleba: Theorie indirektni regulace rychlosti. (The theory of indirect speed control) 
Prague, Technicko-védecké vydavatelstvi, 1952. 
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rotational speeds (700—900 r. p. m.) and a very light construction of those parts 
which transmit the movement of the weights to the sleeve. In order to reduce friction 
losses, the weight is seated in ball bearings or suspended on elastic steel strips. 


Fig. 360 illustrates a single weight governor with the weight Rz seated in ball 
bearings; the centrifugal force is also transmitted by means of a ball bearing to 
the light rod A which is loaded by the compensating spring Z. The governor is the 
original design of the Escher-Wyss Works in Zürich. 
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stress of the steel strips, the 
main compensating spring 
acts directly on the suspen- 
sion of the weights. 
Governors can be driven 
by various means: belt drive 
(e. g. in Fig. 172), gear- 
wheels with auxiliary shaft 
(Fig. 363) or electric drive. 
Until recently belt drive 
has been used most fre- 
quently. If the belt joint is 
loosened or the belt is elon- 
gated to such an extent, that 
it starts to slide, and it is 
necessary to shorten it, the 
turboset must be put out of 
operation. Frequently the 
belt is led over several guide 
rollers which require an 
increased care and main- 
tenance. For these reasons 
the belt drive is being re- 
placed by a more suitable 
drive, i. e. by an electric 
drive. A small synchronous 
generator with permanent 
magnets is most frequently 
used. The auxiliary syn- 
chronous generator is driven 
by the main shaft directly 
or by means of a reduction 
gear and is electrically con- 
nected with a small syn- 
chronous motor driving the 
governor. By this arrange- 


ment the electric motor and the governor exactly follow thespeed of the controlled 
turbine. Permanent magnets are used in order to avoid the slip rings for the delivery 
of the exciting current. This ensures a simultaneous start of the governor and 


1) Maschinostroyeniye, tom 12, Gosudarstvennoye nauchnotekhnicheskoye izdatelstvo. 


Moscow 1948, p. 299. 


Fig. 362 illustrates a governor of Soviet design') (Leningrad Works) which is 
a typical example of weights suspended on steel strips which also transmit the 
movement of the weights to the central stem. In order to prevent an excessive 


Fig. 362 


the turbine. All auxiliary electric machines must be overdimensioned so that they 
remain in phase in spite of the large accelerating moments occurring during sudden 
changes of speed. Permanent magnets become demagnetized after a certain time 


Fig. 363 


and they must be remag- 
netized. 

Thearrangement described 
can be simplified by connect- 
ing the electric motor with 
permanent magnets to the 
terminals of the main gen- 
erator; the connection can 
be either direct or through 
potential transformers. The 
auxiliary alternating current 
generator and its drive are 
not necessary any more, 
However, a new serious dis- 
advantage appears: a voltage 
drop in the main shaft gen- 
erator puts the governor 
drive out of action. This may 
be caused either by the ac- 
tion of the pretecting devices 
(field-discharge switch) or 
by a short circuit in the 
vicinity of the power station. 
This means that the control- 
ler often breaks down at the 
moment, when it is most 
needed. This disadvantage 
can be partly eliminated by 
overdimensioning of the elec- 
tric motor. According to 
Fabritz a ten times overdi- 
mensioned electric motor 
does not fall out of step at 


a voltage drop to 25 % of the rated voltage. The loss of voltage caused by the 
action of a ficld-discharge switch cannot be prevented even by overdimensioning. 
The controller must, therefore, be equipped with a device which will automat- 
ically close the guide apparatus of the turbine when a voltage loss occurs in the 


driving electric motor. 


Governors are sometimes driven by standard asynchronous electric motors con- 
nected to the main shaft generator. Such induction motors must be liberally rated, 
so that their slip is negligible. A break down of the drive occurs again at a voltage 


454 


drop, but an inserted matching transformer keeps the drive in operation even if the 
generator voltage drops to 20 %. As in the former case, the electric motor starts 
only after the generator has been excited. The drive depends again upon the voltage 
of the main shaft generator. 

The CKD-Blansko Works use 
hydraulic transmission"), Speed of 
the controlled machine can be 
transformed into pressure changes 
in a suitable fluid, usually oil. We 
speak of oil under control pressure. 
The oil is supplied to a measuring 
installation which consists of, e. 
g. a piston loaded by strings and 
suitably placed at a distance from 
the controlled machine. The system 
is diagrammatically illustrated in 
Fig. 364, which also shows the 
simplest method of transforming 
speed into pressure by means of 
a gear-wheel pump. The fluid is 
pumped into a pipe branch with 
a constant discharge orifice. 

Gear wheel pump a delivers the 
oil into the piping connected with 
piston band with discharge (orifice) 
d. The piston carries the load of 
spring c and measures the oil 
pressure. The pump is driven by 
the shaft of the controlled machine 
and therefore the quantity Q of oil 
delivered by the pump is in direct 
relation to the rotational speed n 
and to the angular velocity w of the 
controlled machine. 


O = kn = Ko. 
This quantity will be discharged 
through orifice d of the area f. If p 
is the coefficient of discharge, then 


Q 


kn $ 
—- = —— = y = 2 ey À | 
E i j- | "3 
The oil pressure is proportional to the square of the rotational speed or to the 


1) Nechleba: Nový hydraulický regulátor vodních turbin ČKD. (New hydraulic controller 
of the ČKD hydraulic turbines). Strojírenství 1 (1951), No. 7—8, p. 264. 


455 


square of the angular velocity and so is the centrifugal force. The position of the 
piston is thus determined by the same law, as the position of the governor sleeve. 
Changes in the position of the piston can be used for controlling purposes. 

This simple method is not suitable for controller unit of hydraulic turbines. The 
position of the piston also depends uponthe viscosity and thus upon the temperature 
of the oil, because the coefficient of discharge and the head loss occuring in the 
pipe also depend upon it. In hydraulic turbines we must take into account the great 
difference between the oil temperature at 
the start and after a long run. The effect of 
viscosity has been eliminated by the design 
shown in Fig. 365. 

Gear-wheel pump b mounted on shaft k 
of the hydraulic governor is driven by the 
controlled machine either directly or by 
means of a reduction gear. The pump draws 
oil from auxiliary vessel a and delivers it into 

= chamber c. The oil enters the U shaped, 
Fig. 366 hollow part d of the governor shaft. Both 
parts, kand d, of the governor shaft are made 
of one piece and part d rotates at the same speed as part k. The oil flowing through 
the cranked part of the shaft must overcome the resistance offered by the ball e 
which rotates with the shaft and is pushed by centrifugal force against the inner 
wall of the hollow shaft. After passing this obstacle the oil returns via pipes f, 
g into the vessel a. 

Due to the fact, that the oil had to pass the above described obstacle, its pressure 
is only controlled by the centrifugal force without regard to viscosity. If p is the 
specific oil pressure and f the area of the seat of the ball e, the total pressure exerted 
by the oil upon the ball is fp. This pressure must under all circumstances equal the 
centrifugal force mr w*, where m is the mass of the ball, r the distance of its 
center of gravity from the axis of rotation and œw the angular velocity of the 
rotation. 

We see that the oil pressure is only a function of the angular velocity, because 


2 
j= ZENS . If oil under this control pressure is led below a measuring piston 


loaded by the spring j, the position of the piston will depend only upon the rota- 
tional speed of the governor without regard to the viscosity of the oil. Viscosity 
will only influence the flow area, i. e. the distance of the centrifugal ball from its 
seat. 

It is of great importance that the oil pump forms one unit with the hydraulic 
governor and rotates at the same speed. Due to this fact the position of the centri- 
fugal ball does not change with a change of speed; it changes only with a change 
of the viscosity of the oil. The quantity Q delivered by the pump may be expressed 
as O = kn = Kw, where k and K are constants determined by the design of the 
gear-wheel pump. An equal quantity of oil must pass through the flow area of the 


456 


centrifugal ball f’ = o z, where o is the circumference of the seat and z the lift of 
the ball. If p is the coefficient of discharge, then 


i te [ase cae pms 
i È j mro J mr 
Q=f J22 =r |2 =fgo |/2877 
Hees fp |/ 28 fy FO E i E 
and because this quantity equals that delivered by the pump, it follows that: 
f'po |z mi = Ko, or f' =02z sariaren 
fy [2g mr 
A fy 


The equations above show that the term expressing the value of the flow area f’ 
(and that of the lift 2) does not contain the angular velocity. The lift does not de- 
pend upon the angular velocity and does not change with a change of speed. The 
flow area f’ depends, however, upon the coefficient of discharge and the lift of the 
centrifugal ball changes with a change of viscosity. This means that the lift elimi- 
nates the influence of viscosity. 

The conclusion that the centrif- 
ugal ball does not changeits position 
during the controlling process is 
of great importance. It means that 
the governor has no parts which 
are broughtinto motion bya change 
of speed and which, due to their 
mass, cause a retardation of its 
function. The hydraulic governor 
operates as an ideal governor with- 
out mass. 

Different conditions apply to the 
piston and to the oil in the connect- $c TZ 
ing pipe A. In order to change the -prp 
position of the piston, the piston i 
and the oil must be accelerated. 
The mass of the oil in connecting 
pipe k has a harmful effect and its 
influence has been, therefore, 
eliminated by the arrangement 
shown in Fig. 366. Piston 1 is 
actuated by oil flowing either from 
the air pressure tank of the control- 
ler or from an auxiliary pump. The 
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oil flows through pipe 2 and orifice wee 
plate 3. It leaves the installation sans 
through the valve 4 which is pres- 

sed to the seat by the oil under Fig. 367 
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control pressure from the hydraulic governor 5. The oil pressure in the regulating 
cylinder below the piston 7 is adjusted automatically so that the downward thrust 
upon the valve equals the force exerted in the opposite direction by the oil under 
control pressure. If the contact surface of the valve is equal to the area exposed 
to the oil under control pressure, the pressure below the piston will be the same 
as the control pressure of the oil. During control valve 4 has only very small lifts, 
so that the oil in the connecting pipe moves only very slightly and the inertia of the 
oil mass becomes negligible. At a diameter of the measuring piston = 5 cm, stroke = 
= 2 cm and the diameter of valve 4 = 15 mm, the average lift of the valve is 
0.3 mm. The reduced lift for a 10 m long connecting pipe is then 0.05 mm, i. e. 
a negligible value. The whole installation operates as an ideal governor without mass. 

Hydraulic governors are mounted on the lids of turbines and driven by a reduc- 
tion gear from the main shaft; the gear drives simultaneously the lubricating pump 
for the lower guide bearing of the turbine. The hydraulic governor shown in Fig. 
367 is mounted in a vertical position; the vessel containing the control pressure 
oil is placed below. In smaller turbines the governor is mounted horizontally in 
the casing and driven by a gear from the jack shaft. 

The central part of the governor illustrated in Fig. 367 is the casing 1 seated in 
two) ball bearings 2 and driven by gear 3 from the main shaft of the turbine. 
Gear-wheel pump 4, 5 draws oil by the suction pipe 6 from the oil tank and delivers 
it through the duct J towards the centrifugal piece 7 which is pressed by centri- 
fugal force against the seat 8. This arrangement causes a throttling of the oil flow 
and an increase of pressure in space J. The oil pressed around the piece 7 enters 
space IT and flows back into the oil tank from which it was drawn by the pump. 
The space containing the oil under control pressure is connected by duct JII and 
a connecting pipe with the pilot valve of the controller. The oil pump is sealed by 
two sealing bearings 9 and 10. 

In order to increase the sensitiveness of the control, the governor space is 
excited by pressure impulses created by a periodical regular connection established 
between space J and discharge space JV by means of the smaller gear-wheel of the 
oil pump. Discharge space JV is connected by a pipe with the oil tank of the gov- 
ernor. The size of the pressure impulses and also the vibration of the control 
valve can be adjusted by a needle valve. This adjustment is of great importance for 
an exact setting of the overlapping in the main gate valve. The oil flows from space 
III to the controller proper. 


IHI. GENERAL LAY-OUT OF CONTROLLERS 


Controllers represent special parts of turbines and several types are produced 
according to different controller capacities. In present day practice the intention 
prevails to use one type of the main controlling elements (governors and stabilisa- 
tors) for all sizes of controllers. 

1) Němec K.: Konstrukční provedení hydraulického regulátoru vodních turbin ČKD. 


(Construction of hydraulic controllers of the CKD water turbines), Strojirenstvi 1 (1951), 
No 7—8, p. 268. 
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Fig. 360 illustrates a controller installation with a compensating device accord- 
ing to the diagram in Fig. 343. We can see the single weight governor Rr with 
a vertical stem and compensating spring Z. The dog A of the governor actuates 
the amplifier designed according to the principle explained in Fig. 340. The 
amplifier has a separate oil pump which is driven by the governor. If the drive of 
the governor breaks down (belt or electric drive), the pilot valve ceases to supply 
oil, its piston is pressed upward by the spring and thus the turbine is closed. One 
end of the floating lever connected with the amplifier actuates the suspension of 
the pilot valve P which is connected also with the hand wheel K for setting the speed 
change (the hand wheel can be arranged for a remote control by an electric motor). 
The other end of the lever is connected with the isodrome (oil dashpot) J. The 
inner cylinder with the piston V and spring U constitutes the isodrome proper 
with the needle valve lifted by the arm F and the outer cylinder W represents the 
carrier N (See Fig. 344). Red O together with lever L limit the opening of the 
turbine. If stirrup M is adjusted so that the upper end of its slot is in contact with 
the bolt of lever L, opening of the turbine is limited. Even if rotational speed de- 
creases, the controller cannot open the turbine any further, because lever L prevents 
the movement of the pilot valve in the direction of opening the turbine (the spring 
in bushing B is compressed). In the event of increasing rotational speed, lever L does 
not prevent the closure of the guide apparatus of the turbine. 


Fig. 361 illustrates the arrangement of a medium size controller with a capacity 
of about 500 kgm. The oil receiver tank 3, and the pressure tank 2 are mounted 
inside the controller base 7. Unloading valve 63 and the controller of air content 62 
are also visible. Servomotor 13 and piston/4 are shown in section. Piston rod 15, 
crosshead 16, regulating crank 17 and the guides 18 transmit the control work to the 
regulating shaft. The shaft is shown in a horizontal position; for a vertical arrange- 
ment of the shaft the guides must be turned by 90°. The belt-driven oil pump is 
not visible. For starting the controller, i. e. in the event of complete absence of oil 
pressure, the mechanical hand control device 20 to 22 is used. Worm gear 20 is 
driven by a hand wheel. Piston 14 is moved by the jaws 22 which form the nut of 
the worm spindle. The servomotor is separated from the pressure tank by the 
cock 11 and both sides of the pressure cylinder are interconnected. After the tur- 
boset has been started and pressure oil is available, the jaws are opened by a lever 
(not visible) and the servomotor is simultaneously connected through control 
valve 12 to the pressure tank by means of cock 11. The switching over from hand to 
automatic operation is carried out in a closed position of the controller. The main 
gate valve of the control valve must be fixed in the position marked: “closed”. 

Fig. 368 shows the lay-out of a large controller with a capacity of about 
20000 kgm. The controller consists of the controlling installation R (shown in 
detail in Fig. 360) and the control valve S (for details see Fig. 357) with the speed 
setting device S (with an electromotoric remote drive) and the stroke regulator O 
(limiting the opening of the guide apparatus). The controller has no mechanical 
hand control device. The pressure oil supply from the pressure tank to the con- 
troller must, therefore, be closed prior to any shut down of the turbine. Due to the 
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absence of oil pressure in the servomotor the water pressure can automatically 
open the turbine; this is prevented by locking the guide apparatus during stoppage 
by a safety bolt. The oil pump is mounted directly on the turbine and for starting 
the turbine a special starting pump, driven by an electric motor or by a small 
impulse wheel, is installed. The pressure and receiver tanks equipped with the 


Fig. 369 


necessary armature are mounted separately on a common base. The servomotors 
are mounted on the turbine. Regulating rods serving as a restoring mechanism are 
connected with the servomotor and actuate the bolt V,. Rod V, actuates the slotted 
piece K connected with the control valve regulating the setting of the runner blades 
of a Kaplan turbine (for more details see Fig. 369). 

The complete lay-out of the controller unit is diagramatically illustrated in 
Fig. 369. The complete pumping station A consists of an electrically driven oil 
pump (sometimes a second pump, driven directly by the turbine shaft, is connected 
in parallel), receiver tank unloading valve and pressure tank. Oil from the pressure 
tank flows to the control valve S$, of the guide wheel and control valve & of the 
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runner. In order not to complicate the diagram, pilot valves are not shown in the 
picture. Control valve Š, is actuated by the governor Rr and the stabilisator with 
the stroke regulator O. For a simplification of the diagram a rigid feed-back is 
shown in the picture. 

The picture also shows an example of secondary control derived from the head 
race level. The auxiliary air pump p delivers air into the elastic chamber K and 
simultaneously to a float on the head race level. With a change of the head race 
level, the air pressure in chamber K will change too. The lid of the chamber 
loaded by a compensating spring will change its position and this change is trans- 
mitted by means of a rope to the stroke regulator O. (To simplify the diagram an 
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Fig. 370 


amplifier placed above the chamber K is not shown in the picture). In the event 
of the turbine consuming too much water, more then the river supplies, the head 
race level is lowered and the secondary control automatically closes the turbine. 
The loss in output must then be compensated by another machine working in 
parallel. 

The runner controller with control valve S, is driven by the mechanism of the 
guide wheel controller via slotted piece L and rope V. The servomotor of the 
runner controller is built in the main shaft of the turbine. 

The normal equipment of a turbine contains also a safety governor driven directly 
by the main shaft of the turbine. This governor comes into action in the event of 
a random overstepping of the permissible rotational speed, it closes the turbine 
gates or it closes the runner by means of an auxiliary gate valve (which simultane- 
ously puts out of operation control valve S;), or it inclines the deflector of a Pelton 
turbine. 

Runner wheels are normally slowly closed by the controllers (with the exception 
of the safety governor which closes the runner rapidly). This is attained by a one 
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sided limitation of the stroke of the gate valve. The advantages of the system are 
illustrated in Fig. 370. The left side diagram shows the efficiency curve of the 
Kaplan turbine, constructed as an envelope of the efficiency curves for various 
settings of the runner blades (see Part I., Chapter X/1.), in relation to the flow 
rate Q. The right side diagram shows the output curve. 


Let us assume that the turbine operating under conditions represented by the 
point J is suddenly loaded corre- 
sponding to point JJ. The guide 
and runner blades will be simulta- 
neously opened and the stroke of 
the servomotor will be increased, 
according to the increased flow 
rate, by the value a. The point 
representing instantaneous operat- 
ing conditions will move along the 
envelope curve from position J into 
position JJ. If the load drops 
again to the value J the point 
representing instantaneous operat- 
ing conditions will move down- 
ward along the dot and dash line, 
because the runner is closed only 
very slowly. The servomotor will 
restore an equilibrium by a smaller 
stroke in accordance with the value 
b of the change of flow rate. The 
temporary increase of the rota- Fig. 372 
tional speed will be smaller too. If 
output fluctuates permanently between the values J and JJ, the servomotor swings 
in accordance with the smaller value b of the change of the flow rate; changes of 
rotational speed are smaller and so is the oil consumption. In the event of a load 
stabilized at value JJI, the runner is steadily closed to the required extent and the 
point representing instantaneous operating conditions is moved to position J of 
higher efficiency. 


Fig. 371 shows the section of a modern „duplex“ controller for Kaplan turbines 
(CKD). The controller is located in a cabinet shown in Fig 372. together with the 
hydraulic controller (CKD system). Oil pressure is controlled according to the 
rotational speed of the turbine by the method described in a preceding paragraph. 
Oil is delivered to valve 1 located in the cabinet. (Fig. 371.) The cabinet can be 
most suitably placed in the machine hall without regard to the auxiliary equipment 
and independently from the turbine, so that the requirements of an easy and efficient 
manipulation can be fully respected. Pressure changes are transmitted by the valve 1 
which is placed in the cast iron casing 2. Both parts can be easily dismounted by 
loosening the screw 3. The valve closes the exactly calibrated opening of the nozzle 4. 
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Pressure head differences between the governor and cabinet can be compensated 
by the flow area of the nozzle. At the rated rotational speed 3 atm. g. oil pressure 
is normally maintained under the piston 5. The movement of piston 5 is transmitted 
to the control mechanism by means of the stem 6 which actuates the differential 
piston of the amplifier. The formation of air bubbles under the valve J is prevented 
by the needle valve 7 which is suitably mounted into the oil inlet pipe. The needle 
valve is permanently open (the opening is very small), so that it permits the escape 
of air which is present in the control pressure oil circuit during the starting period. 
Oil under control pressure is supplied by the pipe 9 and that part of it which passes 
the needle valve is returned by pipe 10 to the oil tank. Pressure oil is delivered 
below the measuring piston 5 from the pumping unit through a suitably sized 
orifice plate. Differential piston 11 is connected with the upper floating lever; the 
remaining parts are arranged according to Fig. 360. 


The controller of the guide wheel is directly connected with the emergency 
installation. In the event of a break down of the hydraulic governor, pressure drop 
in the pressure tank or piping, defects or any other faults, the emergency installation 
closes the gates and brings the turbine to a standstill. Pressure oil is supplied to the 
differential pilot valve through this installation. When the turbine is at a standstill, 
gate valve 23 and slide sleeve 24 are pressed down by springs 25 and 26. The con- 
nection between ducts 31 and 32 is interrrupted and, therefore, the differential 
pilot valve is without oil. Spring 12 holds the pilot valve in the position marked 
closed“, When starting the machine, first of all the current supply to the D. C. 
electromagnet 27 must be switched on. The magnet lifts the sleeve 24. However, 
the connection between the ducts is not yet established, because duct 32 remains 
closed by the gate valve 23 which is lifted by the control pressure oil only after the 
rotational speed has reached about 75 % of its rated value. Therefore during the 
starting period the ducts are connected manually by means of the lever 30 and the 
cam 29: gate valve 28 is lifted and the ducts are interconnected. After the machine 
has attained full speed and the gate valve 23 has been lifted by the control pressure 
oil, gate valve 28 is returned to the lower position, the bypass is interrupted and 
the protecting installation is brought into action. In the event of a break down of 
the hydraulic governor when pressure of the control pressure oil drops to a value 
corresponding to 75 % of the rated rotational speed, gate valve 23 pressed by the 
spring 25 closes the oil supply to the pilot valve. Spring 12 moves the pilot valve 
into the „closed“ position. In the event of any other serious defect, the electrical 
protecting installation (contact pressure gauge, thermometer, oil flow indicator, 
controller protectings, etc.) transmits the necessary impulse to the relay which 
actuates the field breaking switch of the main generator, breaks the power circuit 
and breaks the current supply to the magnet 27. Spring 26 presses down the sleeve 
24 which interrupts the oil supply to the pilot valve, and by this the turbine gates 
are closed. 


Runner control is illustrated in Fig. 373. The controller of the runner is actuated 
by the restoring mechanism of the guide wheel. The movement is transmitted to 
shaft 42 with the keyed-on cam 43, The gate valve of the runner is actuated by 
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We 


this cam through the lifter 44 and floating lever 45. The left end of the floating lever 
is suspended by the rope of the restoring mechanism 46 connected with the lever 
of the distributing head (See Appendix I). The control valve 22 of the runner oper- 
ates in the slide sleeve 34. The assembly drawing shows the sleeve in operational 


Fig. 373 


position, the enlarged detail in a position in which it closes the gates. Pressure oil is 
delivered through duct V and check valve 35 into space VJ from which it flows, at 
the first moment of pressure admission, through the slot of sleeve 34 to the 
space VIII and to the closure side of the servomotor. Oil flows simultaneously 
through the port 36 into space XIJ (Fig. 371). Here presses the piston and sleeve 34 
upward into the working position, so that the oil supply to the closure side of the 
servomotor is interrupted and the runner blades are opened according to the 
Position of gate valve 22, However, at the first moment oil streamed also through 
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the bore of the differential gate valve 37 (Fig. 371) and through duct 38 into the 
space XIII above the piston. This oil stream has been stopped in turn by the rapidly 
increasing pressure in the inlet pipe by which the differential gate valve 37 has 
been pushed in an upward direction against the pressure of spring 40. At this 
moment duct 38 has been connected with the discharge opening, so that the larger 
area of the piston is not pressed and the sleeve is kept in top position by the pressure 
from below. In the event of a break down of the guide wheel control unit, which 
would cause an inadmissible increase of the rotational speed, the centrifugal emer- 
gency governor is brought into action. The governor connects the pipe 39 with the 
pressure side of the installation. Gate valve 41 is moved downwards by the pressure 
oil, pipe 38 is closed and oil passes freely into space XIII. The same oil pressure 
acting from above upon the larger area of the differential piston pushes the sleeve 34 
into bottom position. Without regard to the position of gate 22, oil flows from space 
VI through the slot of the sleeve into space VIII (Fig. 371) and to the closure side 
of the servomotor. Oil from the opening side of the servomotor (space VITI) flows 
simultaneously through the slot of the sleeve into free space. The runner is rapidly 
closed. Closure is attained in the same way in the case of a pressure drop in the 
air pressure tank. Gate valve 37 is moved into bottom position by the spring 40. Oil 
streams through the bore of the gate valve into duct 38, then into space XIII; slide 
sleeve 34 is pushed into bottom position. Pressure oil cannot escape by pipe 39, 
because this is closed by the gate valve 47. Non-return flap 35 is mounted in the 
duct V, so that no reverse flow of the oil is possible; consequently the water pressure 
cannot open the runner gates in case that oil in the pressure tank remains without 
pressure. 

In Kaplan turbines operating at a wider range of head, controllers of the guide 
wheel and the runner are interconnected by a set of slotted links. The slotted pieces 
can be changed by a hand lever and so adjusted to the changed head. The opening 
cf the turbine is automatically limited according to the conditions of cavitation, 
or a cone-shaped slotted piece is shifted automatically by a small servomotor in 
accordance with the actual head?). 


IV. CALCULATION OF SPEED REGULATION 


As far as theory is concerned, the reader of this book is advised to peruse the work 
of the author concerning this subject.*) For completeness’sake this chapter deals 
with basic conceptions, denotations and directions for the calculation of speed 
control. 

If a turbine, set working at a certain load, is suddenly relieved (to no-load) or 


1) Němec K.: Konstrukční provedení hydraulického regulátoru vodních turbin ČKD. 
(Construction of hydraulic controllers of the ČKD water turbines.) Strojírenství 1 (1951), 
No 7—8, p. 18. 

2) Nechleba: Theorie indirektni regulace rychlosti. (Theory of indirect speed control) 
Prague, Technicko-védecké nakladatelství, 1952. The book contains derivations of the 
formulas. 
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partly relieved (part load), or inversely loaded suddenly from no load to full 
load, the controller cannot instantaneously adjust the gates to the new position 
called for by the change of load, because the servomotor piston moves with a def- 
inite velocity and it needs a definite time to travel a given stroke. A transitory state 
occurs, during which the input of the wheel is higher (or lower in the event of 
a sudden load increase) than the output of the generator. The surplus (deficiency) 
energy is consumed (supplied) by the revolving masses of the set which are being 
accelerated (retarded), Temporarily the set acquires higher (lower) speed which 
is later brought to a final value by the 
controller. Fig. 374 shows the shape of the 
speed curve against time in the case of a 
relieved set. 

The maximum deviation from the initial 
speed is denoted Pmax, called the temporary 
speed increase and expressed as a percentage 
of the rated speed. The permanent droop 6; Fig. 374 
has been discussed in a previous chapter; 
it is expressed also in percents of the rated speed and its value can be either 
positive or negative. The negative droop has had some significance in the drive 
of D. C. dynamos, to-day it is no longer used. 

The value of the temporary speed increase occurring in the course of relieving 
or loading, is best expressed by Braun's formula 


l Ts +15 T (1 — 0.4 a 


Ts 


Pmax = = (252) 
2 
Tet- Th 
or by a simpler formula of the author 
1 7;+ 7; 
Pmax = 5 DE > (253) 


The proportional values of the temporary speed increase for partial load changes 
are the following: 


for a change 2 = 0.5 p = 0.45 Pmax (254) 
for a change A = 0.25 œ = 0.20 Pmax 
In the above and following equations the following symbols are used: 


GD? n? 
=F = the starti i i : ; 
«270,000 Niax tarting time of the machine required to increase 
the speed from zero to the rated value — in seconds. N is expressed in metric 
horsepower. 


Ts (or Tp) time in seconds desired for the full stroke of the piston of the servomotor. 
The piston travels the full stroke at the adjusted maximum speed in the 
direction of closure (or opening). 
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T; — falling time of isodrome, during which the piston of the isodrome travels 2/3 
of its stroke — in seconds. 

T„— half starting time of the mass of inertia during which the revolving mass 
of inertia of the governor changes its speed from zero to normal under the 
influence of the force of the compensating spring — in sec. 


~ 


Tı— zH starting time of the pipe, during which the water flowing through 


the pipe increases its velocity from zero to the normal yalue C under the 
influence of the head H — in seconds. 
L — length of pipe in meters. 


C = = velocity of water in pipe — in m/sec. 


g = gravitation — im m/sec’. 
H — head in meters. 


q with the respective suffixes — relative time — any of the above times divided by 
the time of closure Ts — without dimensions. 
2 

ao — moment of inertia of the revolving mass — in kgm.’ 

n — speed of the machine ~ in r. p. m. 

ô — droop of the governor without dimension. 


ô; — permanent droop — without dimension. 


N i : . 
A= relative change of load — without dimension. 
N, max 
m A rr : ; 
p= a — acceleration coefficient of the stabilisator (see Fig. 344). — without 
max 
dimension. 
An 


— relative change of speed — without dimension. 


ee 
An = n — ns deviation from the medium speed ~ in r. p. m. 
ns — medium speed —in r. p. m. 

Results derived from Braun's formula are clearly visible in the diagram Fig. 375. 
In order to reduce the number of variables, so that a graphic representation is 
made possible, relative times t were introduced. 

For the case of a stabilized control, i. e. for the stabilisation of the controlled 
parameter the following relations must apply: 


Ti = 2:56 Ti, 
meth 
Ô Ta > 3.74 EN (255) 
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where f Ti = T,, i. e. the time of closure adjusted by the orifice plate. If the dashpot 
has a special by-pass which is opened when the full stroke of the reverse points 
is reached, the product f T; may exceed the value of Tss. According to another 
work of the author?) it is advantageous to select 


T; =3 Ti, 
Fi 
5 Ta = ae (255a) 


Equations (255) and (255a) hold good also for controllers with stabilization by 
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Fig. 375 


forces of inertia (e. g. according to Fig. 347), provided that we substitute the 
half-time Ta for the isodrome time 7; and the time of closure Ts for the product f 7;. 
_ The properties of the network into which the alternator is connected generally 


1) Nechleba: Doplnění diagramu Visnégrad: i 4 
: ; gradského (Supplement to Vishn d 
diagram), Strojírenství 3 (1953), No 11. aE ted 
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improve the stability of the control unit by their selfregulating qualities. Equations 
in which this effect of the network is respected, are, however, far more complicated.) 

Correct calculation should give a resultant G D? of a minimum value, a rotor of 
smallest weight (an increase of weight above the minimum is justified only by 
construcional reasons), safe stability of the control and the prescribed values of the 
temporary speed increase. With regard to the forces of inertia of the control mecha- 
nism, the time of closure and the opening time respectively must remain within 
the admissible limits. This limiting value is T; > 1.5 to 2 seconds for turbines 
with regulating ring and guide blades, a shorter time of closure may be applied for 
Pelton wheels with deflectors. The time of closure and the opening time respectively 
must also be within the limits established with regard to the increase or reduction 
of the head race level. 


First of all we select a suitable value of the temporary speed increase for a 
rejection of the full load; the following values may serve as a guide: 


Pelton wheels 12—16 %, 

small Francis or Kaplan turbines with short penstock 16—20 %, 

large Francis and Kaplan turbines 20—25 %, 

Francis turbines with long penstocks and pressure regulators (see later) 20—25 %, 

turbines with long penstock without pressure regulator 22—25—30 %, 

largest turbines at which load changes are small compared with the output of 
the turbine (output 60,000—100,000 h. p. and above) the short duration speed 
increase may be up to 30—50 %. 


Starting time of the pipe is then calculated according to the above equation, 
velocity C is taken at a value corresponding to full load. The length of the spiral 
casing is taken as the half length of the central stream-line, owing to the fact, that 
the quantity of the moving water mass decreases with the length of the spiral, The 
length of the suction pipe is taken as the full length of the central stream-line, the 
velocity as the arithmetic mean of the velocities of water at both ends of the tube. 
Starting time is separately calculated for the inlet pipe with the spiral as the time 
Tn and for the draft tube as time Ty. 

With regard to the time Ty we select the time of closure Ts so that the pressure 
increase in the spiral casing will comply with the prescribed pressure tests of the 
spiral casing and the pipe. The pressure is determined according to Allievi, Mi- 
chaud or by the graphical method (see chapter dealing with the water hammer). ; 

The total starting time of the water is calculated as 7; = Tn + T and its 
relative values as T; = a ; further the starting time of the machine is deter- 

& 
mined according to the selected value of the temporary speed increase y. The mo- 
ment of inertia G D? is calculated from the starting time of the machine, which is 
determined from the relative time Ta (the value of the relative time is taken from the 


1) Theorie indirektni regulace rychlosti, 2. vydání (Theory of indirect speed control, 2-nd 


edition), Prague, Technicko-védecké nakladatelstvi, 1952. This edition includes the deri- 
vations of equations (255). 


470 


diagram 375). By multiplying the relative time by the time of closure T, we receive 
the time T4 in seconds. 

The above calculating method is applicable also to Francis and Kaplan turbines, 
provided, that the time of closure of their runner equals the time of closure of the 
guide wheel. If the time of closure of the runner is considerably longer then that 
of the guide wheel, the open runner blades act as a break and they reduce the short 
duration speed increase by about 20 % of the value shown in the diagram. This 
fact is to be born in mind, because it reduces the necessary G D* of the turbine set. 

For part load runs we can calculate the values according to Equation (254). 

Then follows a control calculation of sudden load increase. The opening time 
To is selected so that the head is reduced by no more than 25 (up to 30) %, because 
otherwise the output increases slowly and the control hunts, Normally we select 
T, = 2 Ts. If the location of the conduit is established so that the first part of the 
pipe line is laid with a smaller slope than the second, it is necessary to determine 
separately the starting time of the less inclined part and the opening time of the 
controller must be longer than this starting time, because otherwise the water 
column in the first part of the pipe must be accelerated by the underpressure 
created in the bend and the column disrupted. Abnormal cases must be investi- 
gated specially. T 

From diagram 375 we can read the speed reduction for t} = T -and Ta = T 

0 o 
These values should correspond to a sudden application of the full load, but this 
is never the case. For a 50 % load we take half of the diagram value and for 25 % 
part load 0.2 of the value established from the diagram. 

We must not forget to check if there is no danger of disruption of the water 
column in the draft tube at the established time of closure Ty. 

If turbines with a long penstock are equipped with pressure regulators, the 
pressure regulator is adjusted so that the pressure rise amounts to 20 % of the rated 
pressure. Pressure drop during load increase is the same as before, because it is 
not influenced by the pressure regulator. Similarly the pressure regulator does not 
effect the stability of the control and the criteria (255) must be adhered to as in the 
case of a turbine without pressure regulator. Therefore stability of control is 
checked according to the relations (255). The second inequality must be complied 
with and, with regard to the sufficient sensitiveness of the governor, the value 6 
must not be higher than 24 % up to 30 % (in exceptional cases). Should the in- 
equality remain unfulfilled even at this high value of ô, it is necessary to select 
a longer starting time T4 of the machine, i. e. heavier revolving masses. 

Finally it is necessary to consider the type of plant with regard to the selection 
of the correct permanent droop. We select the permanent droop for autonomcus 
plants, or plants operating in parallel. In the latter case we make different selec- 
tion for base-load hydro plants and for peak-load hydro plants. We select 


for autonomous plants 6; = 3 to 4%, 
for peak-load plants ô; = 1 to 3 % and 
for base-load plants & = 5 to 8 %. 


rE? =r 


vars 


These values infiuence the distribution of the rise or drop of output upon the 
individual machines of the system. Generators working in parallel are kept in 
step by equalizing currents. If the total output of the network is sufficiently high 
compared with the output of the unit considered, the speed of the machine will 
not change by an adjustment of its speed controlling device (e. g. by adjusting the 
controller to the position „more rapid“). The speed remains constant (it changes only 
very slightly), because it is determined by the electric alternator. However, by the 
adjustement of the controller the filling of the turbine has been increased and, 
therefore, the output of the alternator 
is increased too. (In order to return 
the control valve to neutral position, 
the servomotor and restoring mecha- 
nism must change their position, 
because the sleeve of the governor 
does not move.) After synchronisation 
with the network the alternator can 
be brought to the full rated output 
by adjusting the controller to the 
„more rapid“ position. The adjust- 
ment represents the value correspond- 
ing to the permanent droop ĝi. 

If, on the other hand, the frequency 
of the network changes during ope- 
ration and so does the speed of the 
turbine the governor sleeve changes 

Fig. 376 its position and the load of the turbine 

is increased or reduced. The range of 

this change depends upon the permanent droop of the controller as can be seen 
from Fig. 376. 

If speed is reduced by the values Ag, the load of the machine with the less 
inclined characteristic curve (2) is increased by the value 2, and that of the ma- 
chine with the more inclined curve (1) is increased by a smaller value 2,. The 
controllers of machines working at permanent loads are set, therefore, to a high 
value of ð; and those working at peak are set to small values of 6;. 

A machine with a permanent droop equalling zero (represented by a character- 
istic curve running parallel to the N axis) or with a negative permanent droop 
opens its control valve completely even at the slighest drop of the system frequency. 
Such machines are not suitable for parallel operations. A machine with a permanent 
droop equalling zero can work in parallel only in case that there is only one such 
machine in the whole system and provided its output is sufficiently high. All load 
changes of the system will be taken up by this single machine (the remaining ma- 
chines will work at constant load) and its output must be, therefore, sufficiently 
high to comply with this condition. 

The slope of the characteristic curve determines thus the stable and definite 
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distribution of load changes occuring in the system to the individual machines. The 
relative changes of load of the individual machines are indirectly proportional to 
the permanent droops. Therefore it follows, that 


AN A te D aa 
Ny i N, E Oa Š die AN, a Oi È Oi = i 


ZAN : TR 
The ratio PT cot « = L determines the slope of the characteristic curve of 
i 


the controller. The slope of the characteristic curve of the whole system is given 

by the sum total of all cots. characteristic curves of the individual machine sets 
s N í 

= =E L. The change of frequency of the system at a given change of 

load is then determined by this characteristic curve. 

Example. Spiral Francis turbine, head 42 m, n = 300 r. p. m., flow rate Omax = 
= 16.2 m®/sec., output Nmax = 7800 h. p. The turbine is connected to a pipe line 
having a diameter 2600 mm and a length 35,000 mm. A conical reduction part 
8600 mm lo g follows so that the last cylindrical part has a diameter 1800 mm and 
is 11,000 mm long. This length includes also half the length of the spiral casing in 
which velocity of the flow is the same as in the pipe line. The upper end of the draft 
tube has a diameter 1700 mm and the lower end has a cross section 2360 : 5200 mm?. 
Length of the draft tube = 13 000 mm. The turbine is equipped with a controller 
with elastic compensating device. Pressure rise in the spiral should not exceed 50 % 
and the temporary speed increase should be maximum 20 %. 

Water velocity in cylindrical parts of the pipe is C, = L = 3.05 m/sec., 
C, = 6.35 m/sec. ; by calculating the velocity in the conical part as the arithmetic 
mean of these values, the starting time of the total pipe conduit is 


05 - 35 + 4.7 + 8.6 + 6.35 - 
Tu = Se ERE ie EUG ki RS xs aaa sae SAS 0.525 sec. 


For the draft tube we established C, = 7 - 15 m/sec and C, = 1.32 m/sec and 
the starting time 


pS es = 0.134 sec. 


The relative pressure rise can be calculated according to Michaud's formula 
(353): 


AH 
z = ae? == 2%) = 05, 
from which follows 
Tu 
ti =025 = T, z 
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so that the time of closure is 


0.25 0.25 
The total relative starting time of the pipe line is then 


Tu +Tiz _ 0.525 + 0.134 
Ts 2.5 


According to (Fig. 375) diagram for this value of the relative time and for pmax =20%, 
Ta = 3.2 and the starting time of the turbine set must be Ta = 3.2. 2.5 = 8 sec- 
onds. Therefore the necessary moment of inertia is 


270,000 - 7800-8 _ s 
500 73007 = 1852000 kem?. 


Let us select according to (255a) 
T; =3 T; = 3 - 0.659 = 2 sec, 


= 0.263. 


GD? = 


anit $i =O 10.16, 


a 
and if we select 6 = 18 %, it follows 
0.16 
oie tae 
According to (255) the following relations should apply: 
Ti = 2.36 - 0.659 = 1.55 sec., 
0.44 


> S14 g fi 
and 6 Ta > 3,74 155 1.06 


0.9= 1. 


.06 
and considering the value Te = 8 sec., we arrive at 6 > = - = 0.13, so that the 


values Ta and 6 are in conformity with this condition. 

By the application of an orifice plate we reduce the time of closure to T; = 
= 2.5 sec. 

Let us now assume that the turbine is equipped with a pressure regulator. We 
may then select T; = 2 seconds. The pressure rise (controlled by the pressure 


regulator) would be x = SE = 0.2. From the Michaud’s expression written in 
the form x = 2 qt; we find the fictitious starting time of the pipe Tı = > = = = 
= 0.1. With regard to the draft tube we select the total t; = 0.15. We plot this 
value in the diagram 375 against the value pmax =20 % and find the value Ta = 2.8. 


Consequently 
Ta = 2.8: 2 = 5.6 sec = 6 seconds. 
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The criteria of stability must be calculated, as before, with the actual tz: 
T; = 2.36 - 0.659 = 1.55 sec. 
and thus at f = 1.2 it follows: 
Ca eae] een 


oie 


so that 


ô > 2 = 0.14, 


which is satisfactory at the usual setting of 6 = 18 %. 
In the event of applying the relations (255a) the selection would be 
T: = 3 Ti =3 - 0.659 = 2 sec. 

2T; 2 - 0,659 

bE SR pes 
so that with ô = 0.18 it is necessary to set 
0.22 
P= O18 
In this case the necessary moment of inertia is 
270,000 - 7800 - 6 

300 - 300 


= 0.22, 


= 1.22. 


CD = 


= 140,000 kgm?. 


V. CHECKING OF CONTROLLERS 


Controller operations are normally checked by a tachograph which automatically 
records the course of the speed values in relation to time. Fig. 377 shows the reprint 
made by Horn’s tachograph. Three types of recording springs can be used in the 
apparatus ; one dash represents then a change of speed by 2 %, 1 % or 0.5 %. The 
movement of the strip chart can be adjusted for various speeds. Recordings for 
acceptance tests are generally made with 2 % springs and a chart movement of 
2 mm/sec, With a correctly working controller and an even load the record speed 
line should be a straight line without undulations, because the insensitivity of 
good controllers lies below 0.1 % (+ 0.05%) and this cannot be apparent with 
a 2 % springs used. 

Therefore the servomotor piston should not change its position at an even load. 
Vibrations of the governor proper, however, are admissible, because the minute 
forces cannot cause a wear of the pivots and the vibration reduces the insensitivity 
of the governor. 

The record permits the following readings: the temporary speed increase a % 
from the initial position, c % permanent droop and the time of closure T's required to 
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bring the servomotor from the initial position to the position of the new equilibrium 
(but not to the position of complete closure or of the dead point of the piston); 
further we can read from the chart the time Tẹ necessary for the control operation 
and the starting time Ta 
of the machine. The 
latter time can be estab- 
sished by measuring a 
Itraight line at a distance 
of 100 % from the line 
of the normal speed (if 
1 mm — 1 %, the straight 
line is at a distance of 100 
mm), see Fig. 377. 
Pelton turbines have 


Fig. 377 Fig. 378 


small passive resistances and their speed line, after complete load rejection and 
speed increase, runs according to the straight line. (Fig. 378). With a relieved 
machine (e. g. from full load to 50 % part load) where the remaining load has 
a braking effect, the speed line runs according to real regulating conditions. 
Controllers of hydraulic turbines are supplied and accepted in this country ac- 
cording to the Standard Specification CSN 085010- 1951: »Water turbines, 
instructions for tests and guarantees of hydraulic and regulating properties.“ 


B. THRUST BEARINGS!) 


I. PURPOSE AND LOCATION OF THRUST BEARINGS 


Axial loads of a vertical turbine set transmitted by the main shaft are carried by 
the thrust bearing. The axial load consists of (see Appendix I): í 

1. The weight of the rotating parts, i. e. the weight of the runner, the turbine 
shaft (in Kaplan turbines the weight of the oil charge must be added), the generator 
shaft, the rotor and the weight of the revolving parts of the thrust bearing. In tur- 
bines with reduction gears the weight of the latter must be added to the axial load. 


1) The Section on Thrust Bearings has been prepared by Ing. J. Urban. 


476 


2. The hydraulic thrust of the water on the blades of the runner. The calculation 
of the hydraulic thrust has been described in Part II., for Francis turbines in 
Chapter 1, A, I/12, for Kaplan turbines in Chapter 2, A, I/10. 

3. In case of a transmission gear being mounted between the turbine and the 
alternator, the thrust of the bevel gear must be added to or substracted from the 
axial load according to the arrangement of the gear. 

In a turbine unit with a horizontal shaft the weights enumerated in point 1. will 
not appear, because they are carried by the radial bearings. 

The established axial load is the basis for the dimensioning of the sliding surface 
of the bearing as described later. The calculation of the axial load is not entirely 
exact. The calculated axial load is, therefore, checked on an actual machine; this 
check shows what effect, if any, has the deviation from the calculated value upon 
the function of the bearing. Such practical checks are also best source of data for 
future design.*) 

The dimensioning of the bearing and its lubricating sets also depends upon the 
speed of the unit. If the turbine is directly coupled with the driven electric alterna- 
tor, the synchronous speed of the set is calculated according to the current fre- 
quency as follows: 

mo 60 -f 


È 


where 7 is the speed in r. p. m., p is the number of pole pairs (half the number of 
the pole pieces) and f is the current frequency (in Europe f — 50). If the turbine 
is used for driving transmission shafts or other plant, its speed may be chosen 
arbitrarily. 

The bearing and the lubrication sets must be dimensioned also with regard to 
the runaway speed which the turbine can attain at a sudden rejection of load and 
a breakdown of the controiler. The ratios of runaway speeds to operational speeds 
for different types of turbines have been given in Part I., Chapter X/2. 

Further factors necessary for the bearing design are: general lay-out of the tur- 
bine set, arrangement of the bearing and hanger structure with regard to the turbine 
and the alternator respectively. The following arrangements are possible: 

1. The thrust bearing with the hanger structure is located above the alternator 
and the guide bearings of the alternator are above and underneath the rotor. This 
is the usual classical arrangement, see Fig. 379. The principal justification for this 
arrangement is the requirement, that the most exposed part of the unit, i. e. the 
thrust bearing, should be easily accessible for demounting in case of a break down 
(in the case of the main shaft carrying the whole turbine set, only the exciter of the 
alternator is dismounted; with Kaplan turbines only the distribution head), Now- 
adays the bearing is a part of the turbine which is as reliable, as any other part and, 
therefore, it is not necessary to adhere to the classical arrangement. The arrange- 
ment is most frequently used for units with high operational speeds, because the 


> 


_ 3) E. g. Casacci, Peuchmaur: Etudes experimentales sur le fonctionnement des pivoteries 
industrielles, La Houille Blanche, 1951, p. 23. 
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hanger structure can be easily dimensioned owing to the small diameter of the 
stator casing to which the hanger structure is attached. The arrangements described 
further sub 2. and 3, are far more complicated from the designer’s point of view. 
The lower guide bearing of the alternator is carried by a separate cross-beam which 
supports also the hydraulic brakes. With short shafts the lower guide bearing may 


a 


Fig. 379 Fig. 380 


be left out and the critical speed will be still satisfactory (see Part II, Chapter 
1, B, I1/5) — (Fig. 380). 

2. The thrust bearing with the hanger structure can be located also underneath 
the rotor of the alternator (Fig. 381). This arrangement is used for units with low 
operational speeds, i. e. with large machines. The hanger structure of the bearing 
is lighter and less expensive, because its span is smaller. The design of the bearing 
is, however, more complicated (the bearing is made of two parts), because de- 
mounting must be carried out in a downward direction (without dismantling the 
alternator). The rotor must be arranged so that it permits the passing of suspension 
bars used for dismantling the thrust bearing by means of the main mounting crane. 
Dismantling can be done also by means of an auxiliary installation located in the 
pit above the turbine. The upper guide bearing of the alternator is supported by 
the upper cross-beam which carries the exciter (if this is mounted on the main 
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shaft) and the distribution head (in the case of Kaplan turbines), Hydraulic brakes 
are located directly on the hanger structure (Fig. 381). 


il 
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Fig. 382 


3. Another possible arrangement is the so called „umbrella“ type. (Fig. 382). 
The rotor is mounted in an overhung position on the upper end 


of the shaft. Then there is no need for the upper guide bearing, 
so that the unit has only two guide bearings. 
For ensuring the stability of the rotor the following condition 


must be complied with: 
Bending moment F -l = Stabilizing moment P-d, where F 

is the magnetic pull and the centrifugal force resulting from the 

unbalanced revolving mass, / is the distance of the plane passing | 

through the centre of gravity of the rotor from the plane of the | 

segments, P is the total axial load and d is the diameter of the = 

circle passing through the centers of gravity of the segments. 


This condition shows, that the arrangement is suitable only for 
units with low operational speed. This arrangement has, however, 
the same advantage as the previous one, i. e. there is no danger f 


of damaging the coil windings by percolated oil, because the oil 
tank of the bearing is underneath the rotor. The bearing need not 
be electrically insulated (for details see Chapter VI) and it has a 
smaller weight. If the exciter (or the distributing head in Kaplan 


turbines) must be mounted on the main shaft and supported by 
the upper cross-beam, the arrangement described sub 2. is more Fig. 383 
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suitable. The distributing head need not be always above the rotor, see Fig. 177. 
The hydraulic brakes are mounted on the hanger structure. 


Fig. 383a 
4. Up to date designs show frequently an arrangement where the thrust bearing 


without hanger structure is located directly on the cover plate of the turbine (Figs. 
383, 383a and 177). The main advantage of this arrangement is, that no hanger 
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structure is necessary. The axial load is transmitted by the bearing through the 
guide vanes directly to the foundations of the turbine; the cover plate must be 
slightly strengthened, because the hydraulic forces acting upon the runner of the 
turbine in the axial direction are to a large extent outbalanced by the water pressure 
upon the cover plate of the turbine. This arrangement also requires a more compli- 
cated design of the bearing (made of two parts). Guide bearings are located accord- 
ing to the rotor arrangement. The solution of the lay-out of the cover plate is 
rather difficult. The cover plate contains packings, labyrinths, the guide bearing, 
the pumping installation for the discharge of the leakage water. The thrust bearing 
must be located above these parts, the height of the cover plate is increased and the 
above enumerated installations are not easily accessible. 

Last not least we must remember the important factor of the stability of the shaft. 
From this point of view arrangement No. 1. seems to be the most suitable. 


II. THE HYDRODYNAMIC THEORY 


In sliding bearings the following frictions can occur: dry friction, fluid friction 
and the semifluid or limit friction. The considerations in this chapter will deal 
with the theory of fluid friction as the basic factor for the design and calculation of 
bearings. Dry or semifluid friction occurs only during the starting") or closing 
period when there is no bearing oil layer formed yet between the sliding surfaces. 
This factor will be considered in the paragraph dealing with the selection of mate- 
rials for the sliding surfaces. 


1. Viscosity of oil 


Before embarking upon the theory proper, we have to discuss the viscosity of 
liquids more thoroughly than hitherto. 

Viscosity (cohesion or internal friction) is the property of liquids, based on 
molecural movements, which enables them to resist the final forces of pressure and 
shear. The relative movement of two parallel adjacent layers is opposed by friction 
on the contact planes. The value of this friction is expressed by Newton’s relation 
(191). 

t= + p—s (256) 


where Tt is the viscous shear stress, # denotes the coefficient of dynamic cohesion 
al: dc. r : 3 3 : 
or viscosity and a is the velocity gradient or the relative velocity of two adja- 


cent layers for an infinitely small perpendicular distance dy. The dynamic viscosity 
is then expressed by the relation 
dy 
=T. 257 
Co- 4 iG (257) 
1) Performance of Vertical Water Wheel Thrust Bearing during the Starting Period; 
Transactions ASME, 69 (1947), No 40, p. 543—547. 
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If the components on the right side of the equation are expressed in technical 
units, i. e. v in kg/m?, the gradient “ having the dimension of angular velocity 


in 1/sec., the technical unit of dynamic viscosity is then kg - sec/m?. 
Kinematic viscosity » is an established physical conception defined by the ratio 
of two mutually independent physical values: the dynamic viscosity # and the 


density of the liquid ọ = = in terms of mass per unit volume. 


y = 
g X: 

By inserting dimensions in technical units we receive the technical unit of kine- 
matic viscosity (with no special denotation) as m?/sec. 

Viscosity of the liquid is rapidly reduced with increasing temperature; the 
effect of pressure changes need not to be considered in calculations. An apparent 
rise of viscosity of liquids can be observed at pressures above 150—200 atm. g. 
Viscosity of air starts to increase at 25 atm. g. 

In the C. G. S. system — centimeter as unit of length, gram as unit of mass, 


second as unit of time and dyne as unit of force — the unit of dynamic viscosity is 
named the poise. Thus 


M ee Ega 


Eie me Bis Se eg ee, 
cm cm sec, 


Smaller units are 1 centipoise = 1 cP = 0.01 P 
1 micropoise = 1 uP = 1/10° P. 
The unit of kinematic viscosity in the C. G. S. system is the stoke: 
2 
1 Stoke = 1 St = 1 = = 1 P/o, where o is the density in g/cm’. 
The smaller unit is the centistoke:. 


1 cSt = 0.01 St. 
Relations between various units of viscosity are given in the following table: 


Dynamic Unit in the C. G. S. Technical 
viscosity system unit 


| Relations of units 


> 1 P =100cP = EME: | 4 BERK ce.067 P 
m m 


1 P = 0.010197 XE SC 
kinematic m 
viscosity 
g 
A = 1 = 10* St 
o sec. 
= 1 St = 10+ 


sec. 
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Measurement of viscosity by a viscometer is based upon the time taken for 
a definite volume of the liquid under test to flow at a given temperature through an 
opening of definite dimensions and shape. Results of measurements by visco- 
meters are expressed in empirical units of viscosity. The relations between the 
different empirical units of viscosity are given in the following table: 


3.67 °Engler 
0.1 0.119 Redwood 1 


1 1.19 Redwood 2 


0.084 0.1 Saybolt 
Universal 


all in seconds 


The table is arranged so that that the comparative values are in one horizontal 
line, e. g. 1 °E = 30.8 °R, = 3.08 °R, = 36.7 °S = 3.67 °SF. 


All units of viscosity included in the above table are frequently used in the oil 
industry and they also have a definite relation to kinematic viscosity. Transfer 
coefficients can be determined as follows (stokes): 


For Engler degrees E: 


‘= Te 7.60- E° valid up to 7 °E 
E : o 
ager, 7.6 valid above 7 °E. 


For degrees Redwood R, sec: 


1.9 


» = 0.0026 t ae valid for ż = 40—85 seconds 


v = 0.00248 t — os 


valid for t = 85 to 2000 seconds. 
For degrees Redwood R, sec: 
v = 0.0248 t valid for ż above 100 seconds. 
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For degrees Saybolt Universal S sec: 


1.95 


y = 0.0023 : — FT valid for z up to 100 seconds 


1.35 


y = 0.0022 z: — =S valid for t above 100 seconds. 


For degrees Saybolt Furol SF sec: 


y = 0.0225 t -22 valid for z = 25 to 40 seconds 


y = 0.0215 z valid for t above 40 seconds. 


Units of the Engler degree are most frequently used in present day lubrication 
practice. The units are related to the viscosity of water established in Engler’s 
viscometer. Units of the C. G. S. system: the St and cSt have been recently used 
on a wider scale. 


2. Hydrodynamic Theory of Bearings’) 


Fluid friction must be established in the thrust bearing because otherwise an 
excessive wear of the sliding surfaces occurs with the formation of large quantities 
of friction heat which cannot be disposed of simultaneously. Sliding surfaces must 
be dimensioned and shaped, so that the following three basic conditions are com- 
plied with: safe operation, low losses and simple production. Let us discuss now 
the conditions under which the movement of the sliding surfaces takes place. 

Two surfaces divided by a thin layer of the lubricant perform a mutual relative 
movement with a constant velocity U so that the shape of the cross section of the 
interstice does not change during the movement. (Fig. 384). The flow in the 
direction parallel to the Y axis, compared with the far greater flow in the direction 


parallel to the X axis may be neglected, because the value of the ratio Ai may 


be considered as being very small. Pressure p in the liquid does not depend on the 
ordinate y. Let us assume further that the surfaces are sufficiently wide and sealed 
on sides so that oil does not escape in a sideway direction, i. e. no flow exists in 
the direction perpendicular to the plane XY. 


A unit volume of a depth equal unity is exposed to the action of the liquid 
pressure reduced by the force of internal friction (viscosity) dp - dy — dr - dx 


1) V. ten Bosch: Vorlesungen über Maschinenelemente, chapter: Reibung und Schmie- 
rung, Berlin, Springer 1929. 

For the original work of O. Reynolds see Phil. Trans. Roy. Soc. 1886, Part I, Papers II, 
p. 228. 
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d ; 
which accelerates the mass particle dx - dy - @ by the acceleration si 3 o is the 


density of the liquid Fi . The equation of the movement of the unit volume is: 


dp dy —dr dx =g dx dy ČE. (258) 
The value of the accelerating force o > dx » dy sacs may be neglected, because 


the influence of viscosity is many times larger. The equation is then simplified into 


the form: dp ie 
a (259) 
By using the expression (256) we can write 
dp _, #0 
dx" a 
so that 1 d d?C 
= a a (260) 


d : 
By integration in the plane y, where SP _ const. and assuming a constant 
viscosity in the direction y, it follows: 
i dp y 
C= See Z a 261) 
ue dx 7 tKiy + Ks Goo 
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The constants of the integral are given by the limiting condition that oil adheres 
to both sliding surfaces (see later paragraph on oil adsorption). 
For y = 0, C = — U = K, and for 
Je hisC= E +Kh—U = 0. 


The velocity 


has thus a parabolic course (Fig. 384). For U=0 C= Bees (y? — hy) 


The quantity of oil flowing through an arbitrary cross section of unit width is 
denoted by the suffix 1 as G}: 


h h h 
i <a U 
G, = [ce ho 2 fay —[ 2 (h—y) dy = 


= R dp Uh ) 

=-G E+). bezi 
In order to preserve continuity, G, must be constant (independent of x). By 

substituting G, = — n and calculating the value —— =! from equation (263) we 

arrive at the following important relation: 

dp 6 = eae (= 1 ) 

T=- (h—h*) = 6u U |5 i) (264) 
from which it follows, that h* is the height of the interstice for which 2- ; 
i. e. the height in the place of maximum pressure. By substituting S from 
Equation (264) into Equation (262), we receive 

eee h* ) TE ( = 2) 

Ca (1 ; (?—hy) + U\1 7 (265) 
and for h = h* 
=e u(1 = x), (266) 


In the place of maximum pressure the course of velocity in relation to y is thus 
linear, in all other places parabolical. See Fig. 384. 
If the function k = f (x) determining the height of the interstice along the sliding 


486 


surface is known, the liquid pressure in place x is determined (after the intergration 
of Equation (264) by the expression 


6 
be = (ss KT it —h) de 
ò 
and after a second integration we receive the total perpendicular force acting upon 
the sliding surface of unit width, as: 


P, =f pz dx. (267) 
0 


For the shifting of the sliding plane we require a force which is great enough to 
overcome the tangential stress on the surface. For a unit width of the sliding sur- 
face it follows: 
= f To dx 
0 


By using the derivation of the relation (262) we obtain from Equation (256) 


dC 1 dp U 
t= hp -— dy =s 4 Ct Ate 


For y = 0 and with the value — = from Equation (264) it follows 


h d 4 3 * 
n=; BU, av(é Si: (268) 
The resistance 
ld U 
n- feg ee i G 


apparently depends on y. The difference of its value for y = A is then 
h dp = ¥( 25 ) 


Th = = + 


2 dx h 


h? h 


and for y = 0 dp 
EEE 


Tmk 


If oil flows away without overpressure the difference of resistances 


Ri— r- f» Bahsu- fso 


equals the component G the force P in S sede of the movement. Therefore 
resistance has the same value for y = A, as for y = 0. 
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The coefficient of friction is defined, similarly as for the friction of solid sub- 


stances, by the ratio 


Rı ô 

= —— = 2 

P, uU P, (269) 
Assuming a viscosity which does not depend on x (this, however, is never exactly 

the case, because viscosity changes slightly with the liquid pressure), the following 

relation for parallel sliding surfaces with constant 4 can be derived from Equation 

(267): 


6nUx 
pr =—— (h*— A) +K, (270) 
which shows a linear course of the pressure line. 

If oil flows off at the spot x = 0 without overpressure, K = 0 and the pressure 
on the edge of the plane (x = a) is given by the equation 


6unUa [ h* 
patdi (= = 1) at agesi =. mc) 
This equation shows, that the planes can be parallel only in the event, when oil is 


supplied under overpressure. The pressure pa for instance can be determined 
by the oil pump and it may have an arbitrary value; the given value of pa determines 
* 


the value of the ratio ba 5 


Pressure decreases along the bearing surface in a linear relation down to zero 
and, therefore, the carrying capacity of the oil layer of unit width is 


_ ea _ 3uUe (+— )= aie 
P = e JA A lj=x j dD, (272) 

However, the condition must be fulfilled, that both sliding surfaces remain 
separated by the oil film. The interstice A must be always higher, than the sum 
total of all uneven projections of the surfaces caused by roughness of machining. 
The value of # can be determined from Equation (272): 


k / h* {/oU oe [u U 
n=a|/3(4-—1) l P, =q4 || | Po (273) 


This is a simple mathematical expression of the condition, that the oil must not be 
squeezed out of the interstice between the sliding surfaces. 
Generally for calculating purposes we use the “medium specific pressure 
Pmean — in kg/cm? (atm) according to the equation 
P =a b Pmean (274) 
where a is the length (in cm) and b the width (also in cm) of the sliding surface. 
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Pressure in the direction of b is not constant either and therefore the value Pmean of 
the medium specific pressure does not give sufficient information concerning the 
actual distribution of the specific pressure and its maximum value. 

By substituting from Equation (268), we obtain 


va x 
R, =d Todt == (1—32) = v (275) 


and by comparison with Equation (272) we may calculate the coefficient of friction 
from the equation: 


4—3 x 
pe TE Oe 
a (= a ri Sis 
3(|—-— |1 
h 
f equals zero for h* = = h. 
The value 2 is substituted from Equation (273) and then follows: 
* i 
EE =a a cma a 
TEE e NY 
| 3 (> = 1) P, K P, / P, a Pmean š 
/ h (277) 
* 
The values Ø, , K and ~ for different values of the ratio —— are given in the 


h 
following table. 


2 ASi i 
The ratio =z 3s determined by the pressure of the pump according to Equation 
(271). 


2 h? dp 


Coss = Ge (278) 
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and the medium velocity from equation (263) as 
_ # dp 
“p de 

From the above consideration we can draw the conclusion, that a bearing oil 
layer is formed in the interstice of two 
sliding surfaces whenever the layer is 
wedge shaped with a tapering in the 
direction of the movement. 

After integration of the Equation (264) 
we must obviously know the relation 
between the size of the interstice 4 and 
the distance x : h = f (x). (See Fig. 384). 
For different interstices and for different 
sliding surface lengths the integration 
will give different results for the values 
of load P,, resistance R, and thus also 
a different coefficient of friction f. In 
order to obtain general relations which are 
independent on the absolute size of the 
sliding surface, dimensionless values are 


N 
RDA introduced in the equations. The equation 
3 LPA h 
NE Ta (=) > (279) 
0 


where A, is the narrowest interstice and a 
is the dimension of the sliding surface in 
the direction of the movement, holds good 
for all “similar” interstices. By substi- 
tuting into Equation (264), we receive 


hx 
PRL AAA ene a a (=). (280) 
hy ho x ) YE ) a 
Pfa A 
POA 
This expression can be integrated for simpler relations analytically and for com- 
plicated ones graphically. (Fig. 385). Zero point lies in the narrowest spot of the 


interstice and coincides with the edge of the sliding surface. 
Different integrations are expressed by the following symbols: 


E 
~ 
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Te 


LAR TEA 
At a given interstice Ta f (=) the symbols j,» 72, Ją depend only upon the 


een > 
ratio — whereas the symbols ¥,, Jo J, are absolute values which depend on the 


shape of the interstice. Therefore we can write 


me a kia (=) 2 (=) 

pz = eo Th 2? ay he =a . (281) 
h* 

The constants K, and gp ae unknown until now and they can be determined 


from the limiting conditions: 
a) If for = = 0 also pọ = 0 and for = = 1p, =0, which means that oil may 
freely move into or off the interstice, then it follows 
h* J 
K= 0and — = =, 282 
ko i 
b) If for = = 0 also pọ =0 and for =. = 1, p, + 0, which means, that oil is 


supplied under overpressure, then K, = 0 and 


P hy 

oat > 

_ 6"Ua (+ ) h* Js 6uUa 
Samaroo Ty Fa Fe T= : (283) 


c) If for = = 0, o + 0 and for = = 1 p, = 0, which means that oil flows off 


under overpressure, then it follows: 


h* 6u U h* 
—— Js — Fz and py = (nE) 


K,=5, 


491 


Å IEn EaR 2 


or = boho 
h* £ 6uUa 
eg 284) 
he js ; 


The bracketed expression in Equation (281) is now unequivocally determined; 
at a given interstice it depends only on the ratio =, for simplicity it will be 
written as F (=) , so that it follows 

_ 64Ua x 
Di = — in F (=) ; (285) 
The carrying capacity of the oil film a unit width is then: 


1 1 


” = x Baien = (=) = Ua 
P, = | pede =a ped(+) = S82" Ir = d = = py ie ®, 
0 0 


1 
x 


‘where the symbol ® = 6 f F (=) d (=) is a value which depends only on 
a 


the shape of the interstice. 
From Equation (286) we calculate then the minimum thickness of the oil 
layer as ey ers; 
hy =a V6 || S (287) 
1 
which must be greater than the sum total of all projections resulting from machining 
roughness. 1 


The resistance R} = $ To d (=) » can be expressed according to equation 


0 
(268) in the following way: 
1 1 


nwa fna() mraf ($28) 4(2)- 


1 — 
di 3 h* 
_#Ua ae e (=) “ 
ho h (=) a} 
$ he ho 
0 
Ua h* ) uUa 9 
— d — —- v| = > 2 
(4-4-3 A Ap (288) 


where # is a value which depends only on the shape of the interstice. 
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(286). 


The coefficient of friction is then 


a ho (289) 


R, 
ISa a N 


By substituting for = the value from Equation (287) and for the carrying capacity 


Fig. 386 


P, the value from Equation (274), the value of the coefficient (for unit width) may 
be expressed as?) 


ð 1/nU rh 
a ah eto ge | | ae 290 
f | @ | P, 5 | a Pmean (290) 
The equation shows, that the coefficient of friction f depends only on the ratio a 


and on the shape of the interstice. Two surfaces which slide one upon the other 
can have the same coefficient of friction regard- 
less to whether oil or air is used as a lubricant. 
However, the distance of the surfaces, i. e. ratio 


A depends on P,, U and x» and therefore, the 


coefficient of friction is influenced by these 
values. It is obvious, that the coefficient of 
friction increases with a rising medium specific 
pressure Pmean- Fig. 386 shows diagrams which Fig. 387 


ee also Prandtl: Führer durch die Strémungslchre, Braunschweig, Vieweg, 1944, 
P. x 
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are the results of tests carried out by the Brown-Boveri Works. They clearly 
illustrate how the coefficient of friction decreases with a rising medium specific 
pressure. 

When applying these relations we must bear in mind, that the values , 3, x 
and K depend not only on the shape of the interstice, but also on the limiting 
conditions. 

1. For a general example of an inclined sliding surface (Fig. 387), where 


Bal (£) =14+m4, (291) 


and m= Aye hy (292) 


a(z) 
a 1 x In (1 +m 
1 +m— 
0 
x x 
j a(4) a F 1 
4 = 2 = — EA M a 
(1+mž) 1+ m— J Fl 
a a 
0 
x x x 
pio a(ž) Z(24mž) pa-t 
Sia -F ea a ee SAET TY T E 
(1 +m=) 2 (14+m=) a0 sem 
a a 
Case a): Oil flows in and off without overpressure. 
Equation (282) can be written as 
hk Jo 2 (m+) pen 
TAY meme ak 
m= (1—+) 
Re. e a a 5 
Fa (=) =F hh ~ (Fig. 388) 


(m +2) (14+m=) 
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Values ®, ð and K are given in the following table: 
Values for calculating friction of sliding surfaces in case a) 


b = ©; u = const. 


m | p 


0.1476 
0.15894 
0.16 
15773 
` 14790 
12426 
10350 
08718 
0.04386 
0.0016 


Case b): for = = 0, po = 0 and for = = 1, p, + 0, we can write according 
to Equation (281): 
pn = Je pı hò 
Ka = 0; = ; 
5 ho Fs 6uU a Js 


nm . : he J 
Fy = | dy Dy = Pa + pn | ia (=) 
0 H A 
0 


natal fit (8 
0s =P st ; id g 
ò 


Case c): for = = 0, p + 0 and for — = 1, p, = 0, it follows: 


o W kX Js Pa hò 
Eer e Weed NR 
1 
cae le f ja (2) 
ae te ta — Bs De = Da uUa , te a 


1 
Ca yet Po hi wk f > (=) 
omnt nTa | te a 
0 


496 


2. For parabolically rounded sliding surfaces the following relations apply: 


x x h x \? 
h= hy +X sthenf(=)— = 1 + (¢ =i (293) 
where o is the parameter of the parabola and & = De , can be written as 
0 
x x dy 
¿— = tan y; then £ -d | —] = —_,, 
a a cos? y 
so that 
K it ) CHin Ok 
+=s(4 =] + tany = osy? (294) 
and 
dp 6u Ua ( costy A ) 
ae ees cosy cos*y j. (295) 
By integration we receive i 
wees ee ee orate ws ) 
Py a ae he cos? y* Je (y) Ky > (296) 


the pressure p is a function of the auxiliary value y and it must be recalculated so 


that it will be expressed as F (=) . Integration gives then the following result: 
1 h E Y'S 1 E > 
Ps wi 0 


pa fama t(Sieg), aE 
iA 
h= | cms 7 dy => (+ sin y cos’ y + -ig isin 2y + E 3), Ss=I2 Ov: 
0 
Case a): Oil flows in and off without overpressure, 
* 


h* 1 h 
eee = FI R=; a= 


i. (Fig. 390). 
ic ae — ja» (Fig. 390) 
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Fig. 394 
K0 Laa = Ja Pa hò ne l 
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| ofa _ 6nUa ( Fa ) 
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ee 0 oe CE = 
cos*y* Te anid i: 6uU a Fy costy* ? 
IG e — SuUa Po a ) 
costy* Ja — Ky and py = a (ee Jas 


®, -4 |e —B— (2s "A and 


cos? y* * 
Values for calculations are given in tables on pages 503 and 504. 


When designing a sliding surface we know the load P, = = and the sliding 


velocity U in m/sec. Viscosity of oil may be selected. From equations (287) and 
(290) and by using the respective tables of numerical values we can calculate 
F WV d and the minimum oil layer is determined from = =\@ J N ; 

For designing purposes we endayour to obtain the lowest possible value of the 
coefficient of friction and therefore we select a smaller value of K. With regard to 
production possibilities we must not count with a too small interstice. The value 
hy = 0.01 mm is suitable for a very good make and họ = 0.005 and less for very 
exact makes. For this reason Ø should be as great as possible. It can be seen from 
the respective, tables, that it is not possible to comply with the condition of 
a minimum coefficient of friction and a simultaneous maximum thickness of the 
oil film. At a given or selected hy the coefficient of friction is calculated from Equa- 
tion (289), so that we must select the lowest value of K. 

Ata given length a of the sliding surface the most favourable coefficient of friction 
is directly proportional to o and it depends only very little on the shape of the 
interstice. The coefficient of a parabolic sliding surface is by about 10 % lower, 
than that of an inclined plane sliding surface. 

Owing to the fact, that the viscosity of oil at 20 °C (which is about the temperature 
at which the turbine unit is being started after a longer shut down) is 6 to 10 times 
greater that at operational temperature, fluid friction will be attained at a speed 
which is about 1/6 to 1/10 of the operational speed. On the contrary, during closure 
of the machine the oil has, at a smaller sliding velocity, the same or lower viscosity 
as during operation, because the oil in the interstice streams more slowly and has 
a worse heat conducting capacity. Therefore, during this period a semi-fluid type 
of friction occurs which is always dangerous. The final run of the machine is 
shortened by the application of closure brakes. 

Sliding surfaces must be calculated generally so that fluid friction is established 
already at a speed amounting to 10 % of the normal sliding speed or even sooner 
in cases, where the shaft is running in the bearing frequently for longer periods 
and at a low speed. 

We can see from the equation 


U 
pitt 
oe 10 
—— = / 
2 = yő A (297) 


that at the same value A, the carrying capacity is about 1/10 of the normal. The 
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thinnest oil layer and thus also the coefficient of friction are higher, i. e. the normal 
values multiplied by the square root of ten. 

The carrying capacity of the bearing is somewhat reduced by a factor hitherto 
not considered: part of the oil escapes along 
the side walls of the segment. Pressure dimi- 
nished then not only towards the front and 
rear edge of the segment, but also in the 
direction of the side edges, so that the dis- 
tribution of pressure corresponds to that 
illustrated in Fig. 391. 

The practical arrangement of the required 
interstice between the sliding surfaces is by 
far more difficult, than its calculation. The 
machining of the extremely small tapers 
demanded by the results of calculation is 
very difficult. If solid segments are produc- 
ed at all, they have normally a taper of 2 per 
mille.) The wedge shaped interstice which 
is indispensible for carrying the load is 
obtained by tiltable supports of the segments 
according to Michell?) It can be seen from 
Fig. 384 that owing to the length of the 
sliding surface, the load is distributed asym- 
metrically and the resultant force acts 
excentrically. 

Fig. 391 We can calculate the excentricity from 
the condition that the moments acting 
upon edge A (Fig. 387) must produce a state of equilibrium. It follows then: 


P, (Z—e) = fives (298) 
0 


The curve of the calculated relative excentricity < is shown in Fig. 389. The 


S$ 


value = rises with an increasing gradient m ~ see relation (292). If the sliding 


surface is supported at a certain point, a definite gradient is established. If, for any 
reasons, the gradient is increased, the excentricity e of the resultant force increases 
too and the sliding surface returns automatically into its initial position. Thus the 
gradient of the sliding surface is stable. 


1) Thomann R.: Die Wasserturbinen und Turbinenpumpen, Stuttgart, K. Wittwer, 
1931. Table 32. 

*) A. G. H. Michell: Zeitschrift f. Math. und Physik 52 (1905), p. 123, where the effect 
of the side-escape of oil is also discussed. 
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Suitably rounded edges are used on all surfaces connected with lubrication. It 
has been proved, as shown by the above considerations, that the shape of the inter- 
stice has only lesser importance. Rounding off the oil inlet edge thus should suffice 
to make a parallel sliding surface capable of carrying load (Fig. 392), 


In interstices combined of differently shaped parts the expression for the load 


carrying capacity and coefficient of friction can be easily established from the 
relations derived previously (Fig. 393). 


2 a as TDA 
| | S, 
KIN RAVAN 


tt LAN 


AA AA 2 
Fig. 392 


x x 


For the parallel part ranging from ge 1 to 0 it follows from Equation 
(271): 
pee Red aK, 
he ho ag 


For the parabolic part ranging from = =0to = = 1 it follows from Equation 
(284): 


* 
and from this equation it is possible to determine the value Lei i 


The carrying capacity of a combined sliding surface consists of the carrying 
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capacity of the parabolic and that of the parallel part, i. e.: 


A b f B° 
Ore A el ere "a eri Ae 
AS h cos*y* a a 2@ 
uU æ 
=, (300) 


The values A and B in this equation are taken from the table of numerical values 
Resistance and the coefficient of friction can be determined from the following 


equations: 
„Ua [1 3Fo 3 _ uUa 
Resistance R, = — [= ( 4y, — =) “+ (4 — <x) = ho (301) 
and coefficient of f:iction = 
A hag. -5 (302) 
r=% =z] P, By a pmean ` 


Equations valid for an interstice combined of a parabolic and inclined plane 
sliding surface can be derived in a similar way. : k 

Until now we have not taken into account the oil temperature which changes in 
the direction of the movement because oil becomes heated by friction work. 

Significant temperature differences can occur at high specific pressures. We do 
not know the relation between the temperature change (and thus also the viscosity) 
and the distance x from the inlet edge. By assuming a linear course 


x 
n=m(1 +n =), 


the Equations (280) and (286) can easily be integrated. Experiments carried out by 
E. Barber and C. C. Davenport’) have shown, that this assumption holds good for 
sliding velocities up to about 2.6 m/sec, while deviations increase with a rising 
9 eed. à . . . . 

P The centre in which the resulting force acts upon the sliding surface in shifted 


(303) 


by the change of viscosity, i. e. the excentricity E is changed. This factor must be 


considered particularly in the case of bearings at which the inclination of the sliding 
ce is obtained by an excentric support. : ~~ 
Erra oy i we mayusea certain “medium” viscosity which is constant 
and corresponds with the average temperature 1n the oil layer. We may also sub- 
stitute the mean values of the inlet and outlet viscosity. > 
Until now we have dealt only superficially with the effect of the side-escape of 
oil. The flow rate for a unit width, i. e. the quantity of fluid which flows in the 


1) V, ten Bosch: Reibung und Schmierung, p. 248. 
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Numerical values for parabolically rounded surfaces 


Ss z 

i s g sin 7 costy 

y — Sin 2y 
g | circular 4 Fa sin 2y = B A mo Xi 
8 | measure MEA 16 ho =% 
P 2 rE 
A 8 
| 
0.0872566 | 0.0870453 0.08685 1.0017 | 0.0038028 | 0.0037980 | 0.08749 


10| 0.1745329 | 0.1727715 0.17042 0.0151538 | 0.0150777 | 0.17633 


15 | 0.2617994 | 0.2558997 | 0.25043 | 1.0219 | 0.0338815 | 0.0335041 | 0.26795 
20 | 0.3490658 | 0.3352298 | 0.32403 | 1.0346 | 0.0597061 | 0.0585466 | 0.36379 
25 | 0.4363323 | 0.4096773 | 0.38616 | 1.0619 | 0.0922480 | 0.0895180 | 0.46631 
30 | 0.5235988 | 0.4783057 0.43992 | 1.0873 | 0.1310389 | 0.1256229 | 0.57735 
35| 0.6108652 | 0.5403558 | 0.48408 | 1.1162 | 0.1755365 | 0.1660115 | 0.70021 
40| 0.6981317 | 0.5952678 | 0.51881 1.1473 | 0.2251409 | 0.2098330 | 0.83910 
45| 0.7853982 | 0.6426991 0.54452 | 1.1804 | 0.2792125 | 0.2562844 | 1.0 

50| 0.8726646 | 0.6825342 | 0.56276 | 1.2129 | 0.3370918 | 0.2899977 | 1.19175 
55| 0.9599311 | 0.7148856 | 0.57504 | 1.2432 | 0.3981194 | 0.3543247 | 1.42815 
60| 1.0471976 | 0.7401051 0.58214 | 1.2713 | 0.4616557 | 0.4048355 | 1.73205 
65| 1.1344640 | 0.7586431 0.58630 | 1.2940 | 0.5271006 | 0.4538316 | 2.14451 
70| 1.2217305 | 0.7715622 | 0.58807 | 1.3120 | 0.6046496 | 0.5151318 | 2.74748 
75| 1.3089969 | 0.7794985 | 0.58881 1.3239 | 0.6616219 | 0.5584754 | 3.73205 
80| 1.3962634 | 0.7836367 | 0.58902 | 1.3305 | 0.7298491 | 0.6098301 | 5.67128 
85 | 1.4835299 | 0.7853982 | 0.58905 | 1.3333 | 0.7983035 | 0.6612238 | 11.43005 

| x 3 4 a? 1 |3a*_ 16 
90 | 1.5707963 A nee ah lam tie ono ree) 


direction X of the movement of the sliding surfaces, can be calculated from 
Equation (263) as follows: 


hk? dp Uh. 


Bp eet a 


(304) 


Flow rate for a unit width in the direction Z, i. e. in the direction perpendicular 
to the sliding movement (U = 0 in this direction) is: 
Se 

12-n dz’ 


Giz = (305) 
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At a state of equilibrium the total quantity of the fluid must be constant, i. e. 
the sum of the flow rates in directions X and Z must equal zero. Therefore: 


a Æ dp ) a ( k dp ) U ðh 
e 2 R E a E ea: 306 
Ox ( 124 dx T dz \ 12h dz iy 2 ox (308) 


As has been stated before, the carrying capacity of the sliding surfaces is reduced 
by the side-escape of oil. This reduction of the carrying capacity can be expressed 
by a correction coefficient (Fig. 394). 

For a bearing of finite width the fol- 


4 -pÁ = pl mmp Ml m p Ml ‘llu a ‘M e 
£ l i ia ae bæ lowing equation holds good: 
08 => 
paz i : (307) 
06 à 
The coefficient of friction in this bearing 
04 is calculated from the same relation, as 
applied in the case of a bearing of infinite 
i 02 width, i. e.: 
af 
T ea re yo ar 
0 E EaR 308 
D4 Aae fam | P, (308) 


Fig. 394 The values x’ have been calculated by 
Boswall for m = 1 and m = 2 (Bosch V.: 


Vorlesungen iiber Maschinenelemente, Berlin, Springer, 1929). 


Values for calculating friction of parabolic sliding surfaces 


0.05739 0.92640 
0.13977 0.80575 
0.17799 0.8219 
0.18360 0.7887 
0.17555 0.7426 
0.15549 0.6980 
0.12479 0.5881 
0..08625 0.4332 
0.04374 0.2440 
0 0 


504 


- k "D 
Further mathematical solutions for different values of m and different ratios F 


have been calculated, apart from Michell, by Stodola!), Kingsbury?) and others. 
However, the simplified approximative methods and tests with models have pro- 
duced results which always differ from experience gained in actual operation. 

The swedish firm ASEA carried out tests, the results?) of which suitably com- 
plement the previously discussed theoretical considerations. Thus certain rules 
have been established which must be observed by the designer of bearings. 

It is obvious from what has been stated 
before, that a thick layer of oil is desir- Ky Ky 
able for the interstice between the sliding 4 as 
surfaces; this layer ensures a reliable 
operation also in the case of sliding sur- 
faces machined less exactly. However,the 3 03 
requirement to reduce friction losses to a 
minimum is contradictory to the condition 
of a thick oil layer. Results obtained by 2 Q2 5 
the above mentioned tests have shown, 
that optimum conditions can be achieved 
by selecting the dimensions of the seg- 1 Of 
ment for a given load and a given speed, 
so that the ratio of the theoretically lowest 
thickness of the oil layer to the coefficient 
of friction multiplied by the mean dia- 
meter of the bearing has a maximum val- Fig. 395 
ue. The ASEA Company introduces into 
the respective formulas the mean sliding velocity U (hitherto we have considered 
a rectilinear sliding movement), i. e. the velocity of a point moving along the mean 
diameter of the segment circle, and the mean segment length /, i. e. the mean cir- 
cumference divided by the number of segments less the width of the gaps between 
the individual segments. Results of calculations made with these formulas differ 
only slightly from the results of measurements carried out on actual installations 
in operation. In any case the differences are by far smaller, than those resulting 
from the superpositions considered in the previous theoretical section. 


Thus the coefficient of friction can be calculated from the formula: 


uU 
=K = 309 
f f l Pmean a) 


+) Stodola A.: Die Dampf- und Gasturbinen, Springer, 1932, p. 1111. 

*) Kingsbury: On Problems in the Theory of Fluid-Film Lubrication with an Experi- 
mental Method of Solution, Transactions ASME 53/1931. 

3) S. Gynt: Recent Development of Bearings and Lubrication Systems for Vertical Gen- 
erators, ASEA-Journal, 1947, pages 72—87. 
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and the minimum thickness of the oil film from the formula: 


iy = Ky |/ AEE, 610) 


È mean 


where U is the mean sliding velocity in m/sec, Pmean the average value of the specific 
pressure in kg/m?®, « = viscosity of oil in kg sec/m?, 

l = mean length of the segment in m. 
Symbols Ky and Kp are functions of the ratio 


= and of the ratio of oil film thickness /, and /,. 
They are illustrated in Figs. 395 and 396, where B 


U is the radial width of the segment. 
Fig. 396 The relation between Ky and Kp is expressed by 
the equation 
In x a 1 
Rp ese a 
p= Bi) aq tg (11) 
hy 
we hi 
and if —— = 2, then 
ho 
0,69 
Ky = Kn ( K? + 05) 
for 5 = 
0,55 
Ky = Ki (9% +1). (312) 
h 


The previously quoted ratio which is characterictic for the establishment of 
optimum conditions and which should have a maximum value, can be calculated 
from Equations (309) and (310) as follows: 

OE a ee ge 313 
FE kp oe Ae ay Ee” Aig} 

In Equations (311) to (313) the following denotations are used: }; the thickness 
of the oil film at the front edge of the segment, A) the minimum thickness of the oil 
film, d the mean diameter of the bearing in m and d; the internal diameter of the 
bearing in m. 

K, 1 


The right side term in Equation (313) consists of two factors. The first KE 
Í 


depends only on the ratio z and on the wedge-shape coefficient of the oil layer i : 
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In the second factor we can consider d; as constant for each individual 


B 
a4+8B 
case. The value of this constant is increased, whenever the value B increases. 
Therefore in the event of a reduction of the specific load of the bearing, the thick- 

ness of the oil layer will increase more rapidly then the friction losses. 
, i: Ss Te 
Fig. 397. shows the first factor Le st plotted against 5 within the limits 
Í 


r 1 
of Be = 2 to 3. It is clear, that the most favourable value can be obtained for 5 


slightly greater then 1. However, a closer investigation has shown, that the majority 
of producers use segments with dimensions 


2 =0.6 tol. The reasons justifying this practice 


are the following: longer segments and thus 
a smaller number, cause higher temperatures 
of sliding surfaces; there exists an increased 
danger of corrosion of the contact surfaces 
between the bearing sleeves and the shaft.*) or 
between the sleeve and the collar. 

An alternation of minimum and maximum 
pressures will cause mat corroded spots 
appearing on the contact surfaces between 
sleeve and collar as well, as between sleeve Fig. 397 
and shaft. This corrosion has been previously 
thought to be caused by an unsufficient electric insulation (see the next pages of 
this book), but recently the opinion has prevailed that it is caused by the pressure 
pulsation on these surfaces. By increasing the number of segments, the number 
of impacts is increased (at the same operational speed, i. e. at the same mean 
circumferential speed U), but their amplitude is reduced. We can increase the 
number of segments by reducing their mean length. A further reason for the 
increase of the number of segments and thus the reduction of their length is given by 
the consideration of thermal and mechanical deformations which always increase 
the unevenness of the surface. This question is discussed in the next chapter. 


III. DESIGN OF THRUST BEARINGS 


1. Methods of Supporting the Segments, their Shape and Numbers 


Fig. 398. shows the most usual arrangement. The segments are stationery and 
the thrust collar rotates. The reverse arrangement, rotating segments and station- 
ary thrust collar, is used in cases where the centrifugal force of the segments has 


1) O. M. Laffoon: Hydraulic Turbine Generators, Water Power, March-April 1949, 
p. 64. Here the expression „fretting corrosion“ is introduced. 
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no adverse effect upon their tilting, i. e. where the mean circumferential velocity 
does not exceed 10 m/sec. This second arrangement has the advantage, that the 
gaps between the segments perform a centrifugal pumping action which ensures 
a reliable internal oil circulation in the base of the bearing. This advantage is not 
very significant, because a similar circulation can be easily ensured also in the 


Thrust collar — 


Fixed iF ji; 
= AT pa: 
segment Gain 


Fig. 398 Fig. 399 


first arrangement, but the fixing of the rotating segments, on the other hand, is 
very difficult. 

Numbers and shapes of segments have been dealt with in the preceding chapter. 
Let us discuss the thickness of segments and methods of supporting. Thickness 
must be dimensioned so that the unevenness of the sliding surface should not be 
increased by mechanical deformation above an admissible limit. Thickness of 
segments is discussed in more detail in the next chapter. 

As has been explained previously, the main condition of a proper supporting 
of segments is the possibility of tilting around a suitable edge, so that the formation 
ofa wedge-shaped interstice is ensured. 
The tilting edge is determined accord- 
ing to Equation (298). An empirically 
established relation determining the 
distance of the tilting edge from the 
inlet edge is shown in Fig. 399 (ASEA 
diagram). CKD Blansko locate the 
tilting edge according to Fig. 400. 

The inlet edge of the segments is 
slightly beveled. The parabolic surface 
is substituted by a cylindrical one (Fig. 
400), in former constructions it has 
Fig. 400 been substituted by a plane chamfer. 


Central cylindrical section of a segment 
developed 
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Segment supports can vary considerably. A survey of the most important 
methods used by leading manufacturers is shown in the following figures. 

Fig. 401 shows the so called ,,System Kieswetter“ support used by the SKODA 
Works in Pilsen. The 
segments are undercut 
and tilted according to 
the flexibility of the ma- 
terial. This arrangement 
is suitable from the point 
of view of assembling, 
but production is not 
simple. The system is 
more suitable for horizon- 
tal shafts. | 


Fig. 402 illustrates an ES | 
arrangement used by the 
Ateliers de Charmilles. 
Tilting is also made pos- i 
sible by the flexibility of 
the material in the lug. 
(This method of support- 
ing has been used for 
turbine bearings in the 

Ryburg-Schwörstadt 
power station for an axial 
load of 900 metric tons). Fig. 401 

Figs. 403 and 404 show 
the methods used by the firm of Voith and recently also by the Brown-Boveri 
Works. Segments are supported by flexible plates made of an oil-resisting mate- 
rial. The maximum admissible pressure on the flexible plate must not be exceded. 
One or two pins secure the segments against a circumferential shifting. Fixing by 

a radially located pin is possible also. 


n ap Simple production is a great advan- 
\ [| Segments tage of this arrangement. Flexible 
Lug metal plates have been used by the 

View A { Siemens Works. 


A former design of the Siemens 
Works consisting of a spherical pivot 
and a hardened plate, shown in Fig. 
405, is no longer used. 

Fig. 406 shows a ball~support 


Base plate 


Ja ; design of the Brown-Boveri Works. 
This arrangement has been aban- 
Fig. 402 doned too. 
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Fig. 408 


Rotation of thrust collar 


| 
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Arresting pin 


Radial grooves 


Arresting pins 


Fig. 410 


Fig. 407. shows a support arrangement with a setting screw. All supports pre- 
viously described have required a rather exact production method, because 
a uniform distribution of load upon all segments can be assured only by an exactly 
equal height of the segments. The arrangement shown in Fig. 407 permits the 
compensation of production faults by adjusting the height of the segments. The 
setting of the screw is checked by a pressure gauge or the necessary force for turning 
the screw is measured and compared with that of other segments. This arrangement 
is used in newly manufactured bearings in the USSR. 

The Hoffman system shown in Fig. 408 is used by CKD Blansko and recently 
also by the Brown-Boveri Works. The segments rest upon flexible annular plates 
made of sheet metal supported between 
the seating of two adjacent segments. 
This arrangement guarantees a uniform 
Seo! load distribution over all segments, be- 
Anche above cause differences in heights caused by 

imperfect production are automatically 
compensated; the elastic annular plates 
must maintain a contact upon their whole 
surface area. From the production point 
of view this arrangement is very simple. 
: Fig. 409 shows an arrangement used 
yia by the Ganz Works in Budapest. It is 
based upon the same principles as shown 
Fig. 411 in Fig. 408. 

Fig. 410 illustrates a new arrangement 
not yet used in Czechoslovakia. The comparatively thin segment is supported by 
springs and, therefore, this arrangement is called „the mattress support“. It is 
widely used in the USA, USSR, Switzerland and Sweden. The mechanical defor- 
mation of the segment is of the opposite sense, than the thermal, so that under 
certain conditions both deformations can be compensated. This is an advantage 
of the arrangement which also is less sensitive in respect of the angle enclosed 
by the planes of the sliding surfaces and the axis of rotation. The production of 
the ground springs, however, is very expensive. 

Segments are shaped according to the division of the load carrying annular ring 
by radial grooves through which the oil flows. (Fig. 411). The inner diameter is 
determined by the diameter of the shaft. Centers of supports lie on the circle 
passing through the center of gravity of the annular ring. 


aN 


2. Material of Segments and Adhesion 


Thrust bearings must be lubricated by oil the viscosity of which does not change 
very much with temperature, i. e. the curve of viscosity plotted against temperature 
has a flat course. Further the viscosity should not cause an increase of the coefficient 
of friction f, on the other hand it should permit the formation of the thickest pos- 
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sible oil layer. It is rather difficult to find a type of oil which could fulfil these 
contradictory conditions even partially. Highest possible lubricating capacity is 
required also. This can be obtained by various chemical additives. Oil must not 
foam, i. e. it must not absorb air: it must be chemically and physically stable, etc. 
Mineral oils are used exclusively and never oil of animal or vegetable origin.*) 

Due attention must be paid, however, to other oil circuits also. In the case of 
a common oil circuit installed for lubrication and regulation (control), a suitable 
compromise must be found. Turbines equipped with a reduction gear have a com- 
mon oil circuit for both lubrications. Reduction gears require oil of a higher visco- 
sity. Oils used in Czechoslovakia for the lubrication of thrust bearings have a visco- 
sity 6 to 6.5 °E/50 °C or 45 to 50 cSt/50 °C. 

Apart from the oil, also the material of the sliding surfaces has a great influence 
upon the coefficient of friction and friction losses in general. Oil adhesion to diffe- 
rent materials varies considerably and so does the thickness of the oil film which 
remains on the sliding surfaces. Exact relations between these factors have not 
been established mathematically, but they can be practically observed on actual 
tests carried out with models.*) A bearing made of graphitic grey cast iron has a 
much smaller coefficient of friction than a babbitted bearing. 

This is one point of view which must be respected when selecting the material. 
Apart from this, we also must bear in mind the so called emergency properties of 
the sliding materials. As stated before, the oil film ceases to be formed at a certain 
moment of the starting or closing period when conditions of a semi-fluid friction are 
created, Therefore we must consider the properties of materials at such conditions. 
Impurities can also find their way into the interstice between the sliding surfaces, 
and we must consider the resistance of materials against the effect of impurities. 
Finally, heat conducting properties of materials must be also considered. 

Excellent emergency properties were observed in segments babbitted with 
white metals having a tin or lead base. The thrust collar proper is made of steel or 
cast steel. Some manufacturers, e. g. Ganz, Ateliers de Charmilles, Brown-Boveri, 
CKD Blansko, etc., use sliding surfaces made of grey cast iron. 

White metal has good emergency properties ; small impurities between the sliding 
surfaces are easily pressed into the white metal. At identical conditions seizure 
occurs later than with grey cast iron. On the other hand, as stated before, it has 
a higher coefficient of friction and thus also higher friction losses. 

Though grey cast iron has worse emergency properties — impurities cut grooves 
in the sliding surface and this may cause a seizure of the bearing — it stands higher 
temperatures than babbitt and has a smaller coefficient of friction. It requires 
better maintenance, greater purity of oil and oil ducts; the necessity of increased 
care, however, is compensated for by smaller friction losses. Surface hardnesses 
of the sliding surfaces of the segments and collar must be different; this can be 


1) For details see: Havlitek: Mazání strojů a hospodaření oleji v průmyslových podnicích 
(Lubrication of machines and oil economy in industrial undertakings). Práce, 1947. 

2) Šmerák: Prüfung und Bewertung von Lagerwerkstoffen, Škoda-Mitteilungen (1943), 
Heft No 1, 2. 
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achieved by casting a thinner, thus harder, collar. Homogeneous, faultless surface 
of a fine pearlitic structure is rather difficult to obtain particularly with large 
castings, Waste in production is increased by this requirement. 

White metal shows a special resistance against seizure during small sliding velo- 
cities when no oil film is yet formed. Apparently this can be explained by adhesion. 
Smerak’s experiments have shown!), that seizure with white metal occurs at 
specific pressures of 80—240 kg/cm? (according to composition), while seizure of 
grey cast iron occurs already ata mean specific pressure of 40 kg/cm?. This, how- 
ever, is not so important, because no hydraulic pull exists during starting and 
closure of the turbine. In Francis turbines the blades are designed for full opening 
and there is no overpressure at a small opening of the guide wheel. In Kaplan 
turbines the runner is opened to 30 % or more before we start to open the guide 
apparatus for starting or before we start reducing the speed during closure. This is 
done in order to eliminate the hydraulic thrust during the starting or closing period. 
As the hydraulic thrust represents about 50 % of the load carried by the bearing 
and the highest operational pressure is about 40 kg/cm?, the specific pressure during 
starting and closure amounts to about 20 kg/cm? which is well below the value at 
which cast iron is seized. 

Selection of materials depends to a certain extent, on the requirements of the 
customer and the manufacturing possibilities and practice of the manufacturer. 

Another combination of sliding surface materials could be the bronze-steel 
couple. This has been used hitherto only sporadically. Sliding surfaces made of 
basalt, textgumoide, etc. need not to be considered because of their bad heat con- 
ducting capacity. 

Specific pressure influences, as the thickness of the oil film, as well the coefficient 
of friction. The selection of the specific pressure determines thus the losses of the 
bearing. Small specific pressure means large diameters of the segments, great mean 
circumferential velocity and consequently large friction losses. With regard to the 
material and due to the fact, that maximum specific pressure is about 2.5 times the 
mean value, we select the mean specific pressure within the range of 40—50 (up to 
60) kg/cm*; sometimes it is not more than 30 kg/cm?. 

In bearings with exceptional high loads (above 1200 tons axial thrust) the di- 
mensions of the sliding surfaces would be very large. For reason of easier pro- 
duction we divide the sliding surfaces into two concentric sets and increase simul- 
taneously the specific pressure.*). In order to prevent a seizure of the bearing 
during starting or closure, the rotor can be relieved electromagnetically during these 
periods, At normal operation — when the oil film is already formed — this relief is 
not necessary and it could not be maintained, because it cannot be secured (would 
cause an inadmissible loss of voltage). 


+) Smerak: Prüfung und Bewertung von Lagerwerkstoffen, Skoda Mitteilungen (1943), 
Heft No 1, 2. 

2) Alexeyev A. E.: Konstrukciya elektricheskikh mashin, Moskva-Leningrad, Gos- 
energoizdat, 1949, p. 234. 
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IV. GUIDE BEARINGS AND THEIR LOCATION 


The upper guide bearing (above the rotor of the generator) is usually combined 
with the thrust bearing. It carries the respective part of the magnetic pull and 
centrifugal forces of the unbalanced masses of the rotor in case that there is another 
guide bearing below the rotor. If there is no second guide bearing underneath the 
rotor, the above forces are carried entirely by 
the upper guide bearing. 

The bearing can be built-in directly into 
the casing of the thrust bearing: on the shaft 
underneath the segments (Fig. 412), on the 
thrust collar (Fig. 413), or on the hub of the 
collar (Fig. 414). Finally it can be located 
underneath the casing (Fig. 415). The bearing 
is either of the bearing brass type or it is built 
of a number of adjustable shoes (Fig. 416, 417). 
The latter has the advantage of a smaller 
coefficient of friction and lower overall height, 
the former is simpler to produce and assemble. 
Bearings mounted on the collar are easily acces- 

Fig. 416 sible, on the other hand they have a large 
diameter and thus higher friction losses. 

Finally the type of the bearing used is determined also by the operational speed 
and the general lay-out of the thrust bearing. In units running at low speeds easy 
access is decisive and the designer will put the guide bearing on the collar. On the 


LLL 


Fig. 417 


contrary, in the case of high operational speed, friction losses are the decisive 
factor and the guide bearing must be designed with a smallest possible diameter 
regardless to difficulties of assembling and mounting. 
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Calculation and design of the normal split bearing is not discussed here, because 
ample literature is available on this subject. The calculating method of a guide 
bearing containing shoes is given in some detail. (Fig. 418).1) 

Let us denote the thickness of the oil film at the inlet edge as A and on the other 
end of the shoe as hy. The resultant of forces acts at the point of support and is 
denoted by F; the shoe turns about this point and the thickness of oil film 
in this point is h*. 

If the supporting point 
is located so, that r = K, 

0 
we can calculate the mini- 
mum thickness of the oil 
layer for the shoe mar- 
ked 1. 


2 * 
hy =e". G14) 
For calculating pur- 
poses it is advantageous 
to insert the apparently 
thinnest layer A and the 
respective excentricity of 
the shaft 6 — hy. 
The minimum thickness 
for the shoe with the 
thinnest layer is then: 


homin = — ho. (315) Fig. 418 


In the case of a bearing with six or more shoes, we may, with admissible exact- 
ness, use for the minimum thickness of the oil film the same formula, as used for 


plane shoes: 
in = Ka) ie (316) 


from which we derive 


2 
ET (316a) 
ho 
Taking the value Kpn from Fig. 395 we can calculate the total load of the shoe, as: 
2 2 
F = pBl="* „UP B = Ci Re UPB. (318) 
0 ; 


1) Gynt S.: Recent Development of Bearings and Lubrication Systems for Vertical Gen- 
erators, ASEA Journal (1947), p. 72—87. 
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With sufficient exactness we can write also: 


h* = 6 —(6— hg) cos x = 6 (1 — m cos «), (319) 
where 
‘aes ô — ho 
ò 
is the relative excentricity of the shaft. 
The total load of the bearing is then: 


n 


F => Fosa, (321) 


1 


where n is the number of shoes and « = wis ; 


By application of the Equations (318), (319) and (321), we receive: 


1 
Pee SABE Bip TS cos % 
F= 3 ŽRE 6? 2 1 — m cos 4)? ` Gna 
— 


n 
Let us substitute 


Ler COS & 
aa >a —m cos a)? ` oe 


If n is sufficiently great, then 


y i COS & = m 
x} (—mcosae (1 — m?) 

0 

Fig. 419. shows, that the value resulting from the integration is practically exact 
even in the case of 8 shoes only. 

By using Equation (322), Fig. 419 and the expressions (320) and (315) we can 
determine the respective values of the bearing load and the minimum thickness of 
oil layer for a particular bearing. 

The coefficient of friction of the n -th shoe can be calculated from the equation: 


uU z 
= Kr |/ —— 325 
Í n K; | Pn I > ( ) 
The value Ky in the above equation is calculated according to Fig. 395. 
The value of the friction force for a given shoe is calculated from Equations (325) 
and (317) as: 


Pia = 


2, (324) 


1 


Fyn = fn pnlB = KjKnu UIB i" 
0 


(326) 
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(320) 


The values Ky and Kp are the same for all shoes. The total friction is: 


n 
i : | 1 
1 


24 
Kae 


m “002 006 i 


Qi 02° O04 06:-08 4 Pama 


Fig. 419 Fig. 421 


By using Equations (319) and (314) we can write: 


n 
1+K ae 1 
i RE nZ,1—mcos a” 
1 


Let us substitute 


n 
$3 5 1 
Par 1 — moos a 
1 


(328) 


(329) 
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If is great enough, it follows: 


ee) Be eee 330 
Pao = | Im coa (nA (330) 


In Fig. 419 the values y, and y, are illustrated as functions of m for the following 
numbers of shoes: n = 8.12 and æ. 

When calculating the friction for a given load we shall follow this procedure. 
First of all we establish the value y, by applying Equation (322), the value m is taken 
from Fig. 419 and from it we calculate the value y.. From m we calculate the mini- 
mum thickness of the oil film by using Equation (316). 

Let us now consider the most favourable relation between the length of the shoe / 
and the width B as well as the basic conditions from the selection of the radial 
clearance of the bearing 6. 

With regard to the machining of the sliding surfaces we may select ko.. = 
= 0.04 mm and the value of the friction K = = = 2, Further we make the 

0 
following substitutions: 
atdn 


=o 


where d in metres is the diameter of the bearing and n in r. p. m. is the normal 
speed, 


A, =d:B, 
where B is the width of the bearing in metres; 
nIB=21 Ap, 


where Å is the total length of the shoes related to the circumference of the shaft. 
By substituting K = 2 into relation (322), we receive: 


2 
m EE eps EP (331) 


The expression K? as is illustrated in Fig. 420. Its maximum value, which is 

also the most favourable as far as the carrying capacity of the bearing is concerned, 
l 

lies within the range => 0.8 to 1.5. The curves in Fig. 421 have been constructed 


by using Fig. 419 and equations (315) and (320) and they represent changes of the 
factor a in dependence on Aomin and 6. For a selected Ay min = 0.04 mm, the 
carrying capacity of the bearing is practically the same within the range ô = 0.1 
to 0.15 mm. For the selected values x = 0.002, 2 = 0.85, the minimum thickness 
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of the oil layer = 0.04 mm, the carrying capacity in kg of this type of bearing is 
expressed by the following formula, according to Equation (331): 


n 
= —— A’, 2 
F = 220000 100 A; (332) 
Friction losses will be as follows: 
feet nee s Udo (333) 
where K' = l T a K;Knî and A, = dB is the contact surface of the shaft in m°. 


The guide shoes are lined with white metal, because the shaft of the collar (which 
forms the journal of the guide bearing) is made of steel or cast steel. 


V. GENERAL LAY-OUT OF THRUST BEARINGS 


Axial load is transmitted from the shaft to the sliding surfaces by the thrust 
runner or collar, The design of the thrust collar must comply with the following 
requirements : 

a) itmust be sufficiently rigid, 
i. e. it must not be deflected by 
the load to such extent; that 
would cause an additional une- 
venness of the sliding surfaces; 

b) it must withstand the stress 
caused by centrifugal forces at 
runaway speed; 

c) it must be capable to carry 
the double torque of the shaft 
in the event of a seizure of the 
bearing 

d) the plane of the sliding Fig. 422 
surfaces must be perpendicular 

to the axis of rotation 

e) it must be well designed 
from the point of view of found- 
ry practice. 

Thrust runner 1 (see Appendix 
VII) is generally cast of grey 
cast iron or steel. Its shape may 
vary (see Fig. 422 and 423) 
according to the above enumer 
ated requirements. On the pe- 
riphery it has oil grooves. It is 
connected with the shaft by one Fig. 423 
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or two fitted keys. Mounting is either witha sliding fit or interference fit. In the latter 
case the runner is put on the shaft in a slightly heated state. At large dimensions 
the bore is relieved and the lower part has a recess of a larger diameter to permit 
a better mounting on the shaft. 

Some runners have been forged and produced in one piece with the shaft. In 

this case the lower part of the bearing is split. 

i Split ring 2 mounted in the cylindrical slot of the 
i shaft secures the runner in axial direction. Cap ring 
3 secures the split ring against opening. (Fig. 424). 
If a bevel reduction gear (Fig. 35) is used, the runner 
is axially secured by a nut (Fig. 425) which permits 
the proper setting of the engagement of the larger 
wheel. 

The sliding surface could be formed directly on 
the runner, but this is never done, because the sliding 
surface should be exchangeable when it is damaged. 
An annular plate fixed to the runner by cylindrical 
bolts and screws (Fig. 426) or by radial keys and 
screws (Fig. 427), forms the sliding surface (collar). 
Fig. 424 The contact surface of the thrust collar and its 

sliding plate must be machined as exactly as the 
sliding surface, because deflections would be transmitted to the sliding surface. 

When the thrust bearing is located underneath the generator or on the turbine 
cover plate, the thrust collar must be split into two parts. The halves are connected 


by bolts, bands or simultaneously by both. The split sliding plate must be bevelled 
according to Fig. 428, because otherwise the oil film could be disrupted. 

The sliding plate has radial openings serving the inner circulation of oil. 

The segments fixed in position by pins or radia] bolts are supported on a base 
plate (as described in the previous paragraph) which permits the tilting of the seg- 
ments. Base plate 5 (Appendix VII) can be variously shaped. It must be sufficiently 
rigid, so that its deformation cannot affect the position of the segments. Flowing 
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of cold oil to the lower parts of the segments is prevented by the base plate; different 
temperatures on both sides of the segments could cause harmful deformations. 

Oil level is maintained in the tank of the bearing by the pipe 6 at such a level 
that the sliding surfaces are always kept under oil. In the event of an overflow, 
the oil is retained in the oil tank 7 by 
means of the oil ring 8. Oil discharge 
piping is richly dimensioned, because of 
the low viscosity during the starting 
period. 


Oil is supplied to the bearing under 
pressure through perforated pipe 9 (Fig. 
429) and is injected between the sliding 
surfaces through small perforations. The 
larger part of the hot oil is wiped off the 
sliding surface by scraper 10 which must 
not come into contact with the thrust 
Adjustable collar. The inlet piping contains a non- 
flop counterweight return flap or it is arranged in the form 
of a siphon according to Fig. 430, so that 
in the event of a pump stoppage the oil 
is not drawn from the bearing tank. Oil 
discharge must be designed so, that the 

Fig. 431 discharged oil does not carry any air 

which would aerate the oil. Fig. 431 

shows an arrangement where the flap mounted in the discharge pipe is balanced, 

so that the pipe is filled up to the bearing. The oil does not fa!l from a great height, 

it does not disperse and is not aerated. The discharge pipe must be suitably over- 

dimensioned with regard to the cold oil which enters during the starting period. 
The filling of the oil tank is checked by oil level gauge 11. 

Segment temperatures are measured by remote mercury and resistance thermo- 
meters 12, Pressure of the 
oil film can be measured 
by a pressure gauge ac- 
cording to Fig. 432. 

Oil vapours escaping 
frome the bearing are 
caught by metallic pack- 
ing 13, sometimes also 
carbon packing is used 
for this purpose. Excep- 
tionally a special chamber 
is built around the shaft 
where the oil vapours are 
collected, sucked off and Fig. 432 
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condensed outside the bearing. The oil level in the bearing tank should be main- 
tained so that the wetted surface area of the rotating parts is the smallest possible 
with regard to the losses caused by vortices; however, the oil level must be 
sufficiently high to keep the sliding surfaces under oil during rotation. Radially 
placed calming sheets in the oil tank prevent the spreading of oil and the formation 
of a rotational paraboloid. 


Fig. 433 


Lid 14 prevents the penetration of impurities into the bearing. A cast oil tank 
must be properly cleaned and coated with an oil resistant lacquer before assembling. 
The design shown in Appendix VII has an oil tank which is part of the welded 
hanger structure. 

The whole unit consisting of the split base plate, thrust collar, sliding plate, and 
segments must be produced with utmost precision in order to attain perfectly exact 
perpendicularity, parallelism, concentricity and levelness. Therefore the individual 
parts should be mounted for machining on the shaft or an auxiliary mandrel. 
Sliding surfaces must be finished to a mirror-like high polish. (See Fig. 433.) Lev- 
elness of the sliding surfaces is determined for various types of machining.*) 
Owing to the small thickness of the oil film unevenness must be less than 0.01 to 
0.02 mm. The machined parts must be free of all internal stresses and the finishing 


1) Falz: Grundzüge der Schmiertechnik, Berlin, Springer, 1926. 
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of the sliding surfaces must be carried out in a special room with constant tempera- 
ture. Absolute care and cleannes must be maintained throughout production and 
assembling. 


VI. HANGER STRUCTURE 


The hanger structure must transmit the axial load from the bearing to other parts, 
i. e. either to the skeleton of the stator or to the concrete foundations. 

For smaller loads bridge-structures according to Fig. 434 are suitable; for 
higher loads star-shaped constructions are recommended, Attention must be paid 


Fig. 434 


to the admissible deflection which amounts to 1 mm for large turbines. Structures 
formerly cast have been recently replaced by welded constructions. The casing of 
the hanger structure can be advantageously used as the bearing oil tank. The design 
shown in Fig. 435 is less advantageous because the oil tank is separated by two shells 
and two air gaps from the surrounding space with very bad conditions for heat 
radiation. 

The number of the brackets of the star structure is determined by the axial load. 
If the structure is located above the rotor, the lugs must be insulated from the 
stator. Specific load on insulating plates must not exceed 150 kg/cm?. An increased 
number of brackets ensures evenly distributed stresses in the rings of the casing. 
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The rings may be smaller but the total weight is increased by the additional 
brackets. Brackets are fixed to the casing by means of keys and screws (Fig. 436). 
With smaller dimensions and suitable conditions of transport the brackets may be 
welded to the casing (Fig. 437). In other cases they may be only fixed by screws 
(Fig. 438). Lugs of the brack- 
ets are machined only after 
mounting and are fixed to 
the structure by pins and 
screws. 

If the thrust bearing is 
placed above the rotor of the 
alternator, it forms together 


_, Bracket 
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Fig. 435 Fig. 436 


with the oil piping and the shaft a closed conductor around the magnetic field of 
the alternator. Eddy currents would pass through this circuit and destroy the 
sliding surfaces of the bearings. Therefore the circuit must be broken. The break 
is made by insulating the lugs e. g. according to Fig. 439. Then it is necessary to 
insulate also the piping leading to the structure and the capillary tubes of the mer- 
ee ee The insulation can be placed directly in the bearing according 
to Fig. 440, 
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VII. LUBRICATING AND COOLING INSTALLATIONS 


Friction in the bearing produces heat. Temperatures are distributed over the 
segment approximately according to Fig. 441. The heat evolved can be expressed 
by the equation: 

PUf 102N 
Qj= BT kcal/s = pT” (334) 
where P is the axial load in kg, U the mean peripheral velocity in m/sec. f the coef- 
ficient of friction and N the friction work in kw. 


Fig. 441 


If Pmean * Umean < 90 the heat evolved is so small, that under normal condi- 
tions and with a secured internal oil circulation in the bearing tank, it can be 
disposed of by radiation from the bearing into the surrounding space. If the above 
product is greater than 90, the heat evolved must be carried off by oil and the oil 
must be cooled. In this case we do not take into account radiation and calculation is 
based upon the assumption that the total heat is taken off by the oil. The flow rate 
of oil per second which is necessary to take off the heat evolved during this time, 
is given by the equation: 


_ 
Wee (335) 


where y = 0.8 kg/dm? is the specific weight of oil, c = 0.4 kcal/kg °C is the specific 
heat of the oil and At is the number of °C by which the temperature of oil has been 
increased by the accepted heat. The same relation holds good for the flow rate of 
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water necessary for cooling the oil in the cooler. Specific heat and specific weight 
of water equal one and therefore the equation for water is simplified in the following 


way: 
Qs 
Oy = At . (336) 


The necessary surface area of the cooler is calculated from the equation: 


rae Qhour 
Fas: (337) 


where F is the necessary surface area of the cooler in mê, Qnour the heat in kcal/h 


Sliding 
surface of 
segment 


KG 
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Fig. 442 


Am the mean difference of the temperatures of water and oil at the beginning and 
end of the heat transfer and & is the thermal coefficient of the cooler. The value of k 
for coolers of a simple‘design is about 180; for coolers with higher flow velocities 
(1 — 1.5 m/sec), with well placed cooling tubes without dead corners, the value 
of k amounts to 420 to 500. 


The quantity of oil determined by equation 
(335) which is necessary for the conducting 
of the heat evolved, must actually pass the 
heated surfaces of the segments and thrust 
collar. If the thickness of the oil film is so 
small, that (considering an average velocity 
equal half of the mean peripheral velocity) 
this quantity cannot pass through the inter- 
stice between the sliding surfaces, the oil 
must be brought into contact with the seg- 
ments also by other means. E. g. the oil can 
be pressed through ducts bored in the seg- 


ments underneath the sliding surfaces and located preferably in places of the 
highest heat evolution. 

Artifical cooling can be arranged, in principle, by three methods: 1. to conduct 
the heat directly off the sliding surfaces, 2. to conduct the heat off the bearing oil 
tank and 3. to conduct the heat off the oil in the circulating system outside the oil 
tank. 

1. Direct heat conduction off the sliding surfaces is illustrated in Fig. 442.1) The 
segments have radial borings placed 
near to the sliding surface, water 
is pressed through the borings and 
circulates through inlet and dis- 
charge collecting chambers located 
on the inner and outer diameter of 
the segments. The quantity of the 
carried off heat may be apparently 
calculated by the same equation as 
used for the calculation of heat 
conducted by tubes cast-in into the 
bearing brass of journal bearings, 
Lb Fig. 444 


Q = 1070 F (tı — t) kcal/h, (338) 


where F is the surface area in con- 
tact with water in mê, 4 is the 
temperature of the bearing (here 
that of the segments) and z, is the 
mean temperature of the water. 

This cooling method is very effi- 
cient, but there exists the danger 
that water can penetrate into the 
bearing if the material of the seg- 
ments is porous or the inlet and 
discharge chambers of water are 
insufficiently packed. The fact, that 
heat is con- ducted off the place of its evolution, is a great advantage, There is 
almost no thermal deformation of the segments. However, this advantage can be 
obtained also in the previously described system of pressing cold oil through the 
segments. 

2. In the course of the inner circulation of oil in the oil tank (Fig. 443) the oil 
heated on the sliding surfaces enters the oil tank. Here the heat can be conducted 
off by a cooling coil with a suitable cooling liquid (usually water). The cooling 
water circulates either in a closed circuit (Fig. 444) or it is discharged (Fig. 445). 


Pure water circuit 


Head race water 


Discharge 


Head race water 


Water filter 


Discharge 


Fig. 445 


1) Swiss patent. 


ea 


An advantage is, that oil does not flow through pipes, so that there is no danger 
of loose packing or contamination of oil in an unclean piping. A disadvantage is the 
small value of the specific thermal conductivity which, according to Hoffman, is 
0.008 kcal/sec dm? for low velocities of water and 0,01 for higher velocities. There- 
fore larger cooling surfaces are required. Another disadvantage is the possibility of 
an incrustation of the pipes. This is avoided by the arrangement shown in Fig. 444 
(Ganz, Budapest) where the closed circuit of the cooling water is filled by distilled 
water. In both cases an absolute tightness of the piping in the oil tank is required 
and this is the reason why some manufacturers have no confidence in this system. 
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3. Fig. 446 is the most widely used heat conducting arrangement. The heated oil 
flows from the oil tank to a cooler and therefrom it returns through a filter to the 
sliding surfaces. A simple alternative of this arrangement is shown in Fig. 447, 
where the cooler is located in streaming water. In a tubular cooler the water passes 
by gravitation (taken off the spiral) or it is pumped to a duplex filter which can be 
cleaned during operation. Pumps must be used if the head is not sufficient to over- 
come the resistance of the cooler. In the opposite case of very high head the use of 
head race water may not be economical. 

Oil circulation is secured by circulating pumps or by a pump, formed in the 
thrust collar of the bearing. The latter arrangement (see Fig. 448) is practicable in 
the case of high operational speeds, so that the pressure created in the radial 
borings of the thrust collar is sufficiently high to overcome the resistance of the oil 
circuit. For a normally composed oil circuit (cooler, filter, piping, armatures) 
a pressure of 3 atm. g. should suffice to deliver the oil to the sliding surfaces. The 
pressure created in the borings of the thrust collar can be calculated from the 
following equation: 


8 
x 
2 
2 
S 
S) 


p= 3, (U}— UD) 10, (339) 
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where p is the pressure in atm. g., y the specific weight of the oil in kg/m? and g 
acceleration due to gravity in m/sec®; Uz the peripheral velocity at the outlet of 
the pumping borings in m/sec., U, the same velocity at the inlet in m/sec. Volu- 
metric efficiency of the pump formed in this way is very small (about 0.2), however, 
the great advantage is a guaranteed circulation as long, as the turbine remains in 
operation. Lubrication cannot break down. During the starting and closing periods 
the circulation is assisted by a starting pump. 

With circulation pumps driven by electric motors we must bear in mind to 
ensure the oil circulation in the 
event of a breakdown of the 
current supply. The circulation 
must be ensured at least for the 
time necessary for a normal 
closure of the turbine. There 
are several methods by which 
the above condition can be 
fulfilled: 

a) arrangement of a stand-by 
pump which is connected, in 
case of a shut down of the main 
pump, automatically by a flow 
controller. The driving motor 
of the stand-by pump has a 
different source of current: an 
accumulator battery, local gen- 
erating unit or the exciter circuit. 

b) The oil circuit is arranged 
so that oil is pumped into a tank 

Fig. 449 located high above the bearing 

e. g. on the crane runway). This 

tank’is dimensioned so that in case of a breakdown of the pump, there is a sufficient 

supply of oil entering the bearing by gravitation for a period which is sufficient 
either to shut down the turbine or to repaire the pump. (See Fig. 449.) 

c) The oil charge in the bearing is sufficiently large, so that the temperature of 
oil will not exceed the admissible value during the time required for a normal 
closure of the turbine set. 
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C. CONDUITS 


I. PIPES 
1, Generally 


Piping is used to carry the water to the turbines in cases of higher heads (above 
10 m) or great distances of the reservoir from the power house. 

For the approximately horizontal part of the conduit (Fig. 450) open canals (B) 
or flumes are used, for the strongly inclined part piping E must be used. Water 
from the open conduit 
passes into the pressure 
conduit through the surge 
tank G. The entire section 
of a pipe is filled with 
water. Pipes are made of 
wood, concrete, cast iron 
steel according to the pres- 
sure to which itis exposed. 

The size of a pipe is 
determined by its cross 


section area F or diameter 
D (inner diameter), the : 
wall thickness s and the Fig. 450 
length L. 
The diameter is calculated from the equation of continuous flow: 
aD? (0) 
a NaN ah 


where Ọ is the flow rate and C the velocity of flow. 
Velocity C is selected according to the length of the pipe L and the head H. 


For = smaller than 1 to 2, Cmax = 4 to 3 m/sec. 


= 2to4 = 3 to 2.5 m/sec. 
5 and more = 2 to 1 m/sec, 


For diameters D = 0.6 —4 m, heads less than 90 m and pipes shorter than 
300 m, the velocity may be calculated from the relation 


Gis = 4,3 44 0.5 y D. (D in metres). 


With an increasing diameter the price of the pipe increases also. The cost of pipe 
forms a considerable part of the total investment cost of the system and it can 
influence the rentability of the whole project. Therefore with longer pipe conduits 
the pipe diameter must be established with regard to cost and the most economical | 
pipe diameter must be selected. Higher velocity means smaller pipe diameter, 
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smaller first cost and smaller cost of depreciation. On the other hand smaller 
' diameter entails higher losses and reduced output of the turbine. It is obvious that 
there exists a certain economical diameter (optimum) of the pipe. This economical 
diameter is influenced by 

D he cost of material, cost 

H+h Q nif 3m of the current produced, 
2000 m 70 25 cost of installation. These 


firme -450 costs are not always the 

1500 40 /s 0 32 same, but, in spite of this, 

9 20 we can make the first 

1000 8 45 estimate of an economical 

800 = 10 diameter on the basis of 

} E 7 è the chart in Fig. 451) 
A i 41 The chart is used in 
4 L4 the following way. First 
‘l 2 0.8 ofall we draw the lon- 
gitudinal section of the 

4 06 pipe into which we plot 

the line of the highest 

0.5 we operational heads (the 


static head increased by 
the pressure rise caused 
03 by changes of flow condi- 
401 tions in the pipe — see 
Chapter II). If the max- 
imum operational head is 
throughout less than 100 
m, the pipe is made of a 
uniform diameter as we 
can see from the chart. 
The connecting linestarts 
always from the point A. 
If the total head exceeds 
100 m the pipe line is 
made of different diam- 
eters with smaller diameters of pipes nearer to the turbine, so that no excessive 
wall thickness is obtained in the lower part of the pipe line. First we establish 
from the chart the diameter in the lower part, then in the upper part up to 
a head of 100 m, further gradation is made for sections according to economic 
considerations. 
Loss of head by friction in the pipe must be established for calculating the econo- 


005 0.2 


1) See Bundschu: Wirtchaftlicher Entwurf von Turbinenrohrleitungen, Wasserkraft 
und Wasserwirtschaft (1931), p. 56. 
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mical diameter and also for establishing the net head for purposes of projecti 
The loss is calculated by the formula: aa i -iNeseni ih 


Ha = A D2g . (340) 
There are several formulas for the calculation of the coefficient A, some of them 
SPECIFIC HEAD LOSS IN OLD CAST IRON PIPE 
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are not used any more (Blasius, Mises, Biel, etc.), The following formula of Weis- 
bach has been derived from numerous measurements carried out on pipes of 
a diameter range 27—490 mm and at velocities ranging from 0.0436 to 4.6 m/sec. 


0.00947 
je 
Results of new measurements carried out on’ power-station pipe lines in Switzer- 

land have been published by Hoeck.!) The Diagram in Fig. 452 is reprinted from 

this publication. It shows the values of the coefficient / related to Reynolds numbers 
and roughness coefficients s. First information on friction losses can be obtained 

from the diagram 453. 

Apart from friction losses we encounter in pipe lines also losses due to changes 
of flow direction (elbows, bends, tee-pieces, etc) which can be calculated from the 
equation: 


4 = 0,01439 + (341) 


C? 
Hza = Ezg : (342) 


The values £ for standard connecting pieces are given in all text books on Hy- 
draulics, The values £ for bends (elbows) are given in the following table?) (o is the 
radius of curvature): 


Di 0.2 0.5 0.8 1 1.2 1D 


o 
E = 0.132 0.145 0.205 0.294 0.436 0.805 
The total loss of head in the pipe is then: 


H = Ha + Ha = > (sz) +> (tz) l (343) 


Losses of head in the pipe line are established according to the values given 
above. Now we can calculate the net head for which the turbine is designed. 

For stress calculation we must know the location and method of anchorage of 
the pipe, because these factors determine some of the external forces acting upon 
the pipe. 


2. Seating of Pipes 


Pipes are laid upon the ground either freely (not buried), upon concrete piers 
above the ground or in open trenches and finally buried in trenches. The pipe line 
is firmly anchored at both ends — one end is anchored in the foundations of the 
intake and the other in the foundations of the power house. Apart from these, 
anchorages are installed at bends and also near the expansion joints of long straight 


1) Hoeck: Druckverluste in Druckleitungen großer Kraftwerke, Leeman and Co. 


Zürich. 
2) According to Escher (Die Theorie der Wasserturbinen, Berlin, Springer, 1924). 


539 


sections. Pipes in these places are equipped with ring girders made of rolled sections, 
see Fig. 454, Axial forces acting upon pipes are taken up by the anchors. The pipe is 
axially fixed to the anchor blocks and, therefore, an expansion joint is mounted 
between two blocks. The expansion joint permits a dilatation of the pipe due to 
changes of temperature. These changes are rather great particularly in the case of 
unburied pipes. Between the anchor blocks the pipe is supported by concrete piers 
which take up reactions acting perpendicularly to the axis of the pipe and they 


Fig. 454 Fig. 455 


permit shifting in axial direction. For a better shifting the surface of the pier is 
covered by sheet metal (Fig. 455). Pipes of large diameters are frequently seated 
on supports placed on rollers (Fig. 456). 

Special attention must be paid to the upper end of the pipe line. As far as the 
head is concerned the thickness of the pipe wall can be very small. There exists the 
danger that due to the weight of water and own weight of the pipe the cross section 
could be deformed from a circular shape to an elliptical one. Such deformed pipes 
are very sensitive to pressure changes and they easily start to vibrate.) The pipe 
is, therefore, reinforced by ring girders made of rolled sections which are used for 
fixing the pipes to the supports by frames placed on rollers and fixed against lifting 
by pendulum screws (Fig. 457). 

Buried pipes have no expansion joints, because temperature changes are not 
great. Pipes are generally buried in soft ground. Danger of freezing is avoided even 
during shut downs (no flowing water) by burying the pipe to a depth of 1 to 1.5m 


1) For Calculations of stresses and deformations see Hruschka A: Druckrohrleitungen 
der Wasserkraftwerke, Wien—Berlin, Springer, 1929, p. 121—124. 

See also Federhofer: Zur strengen Berechnung liegender weiter Rohre, Wasserkraft 
und Wasserwirtschaft, 1943, Heft 10, p. 237. 
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Fig. 463 


(position of the highest point of the 
pipe). The disadvantage of the buried 
pipe is, that no inspection and main- 
tenance of coating is possible, The 
pipe is laid in its whole length upon 
a concrete base which is designed 
according to the nature of the soil. 
At both ends and in sharp bends the 
pipe is anchored in the same way as 
an over-ground pipe. At the upper 
end of the pipe line the buried pipe 
must be carefully checked against 
external pressure of the soil (large 
diameter, thin walls)}). 

Protection against corrosion is pro- 
vided by a bituminous coat. Pipe 
sections laid in concrete are protected 
by a lime coating. 

Pipes are manufactured in lengths 
of 3—4 m of cast iron pipes (small 
heads and small diameters) and of 10 
m for steel pipes. The sections of pipes 
steel are joined together by riveted lap 
joints or electric butt-welded joints. 
Sections inside the power house have 
flanged joints. Riveted joints are shown 
in Fig. 458a and b, a welded joint is 
shown in Fig. 458c. 

Fig. 459 illustrates a flanged joint 
with loose flanges for smaller heads 
and small diameters. Fig. 460 shows 
a flanged joint of cast iron sections with 
plain surfaces and flat packing. Fig. 
461 is a flanged joint for steel pipes 
with riveted flanges. Fig. 462 illustrates 
a joint for steel pipes with riveted 
flanges. Packing is done by a rubber 
cord inserted in a circular groove. 
(Used for larger diameters). 


Figs. 463—465 show joints for high pressures for welded steel pipes. Flanges are 
welded to one section and seated loose on the mating section, (465) or both flanges 


are loose (Fig. 463). 


1) For the necessary calculations see Hruschka: Druckrohrleitungen der Wasserkraft- 


werke, Wien-Berlin, 1929, p. 125—128. 
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Fig. 465 


Fig. 467 


eee ee E S e 


i Fig. 466 illustrates a spigot and cosket joint with loose flanges tightening the 
jointing ring. This joint is used for pressures up to 10 atm. g. provided, that no 
axial load is transmitted by the joint. 


Fig. 469 


Flange bolts are calculated for tensile stress by axial reactions (by the axial com- 
ponent of the pipe weight respectively) caused by the hydraulic pressure. Forces 
required for the compression of the packing must be added to these reactions. The 


Fig. 470 


maximum possible hydraulic pressure has to be taken into account (increase by 
water hammer see IJ). Admissible tensile stress of the bolts is 700 kg/cm?. If the 
pipe section is equipped with an expansion joint no axial loads resulting from 


jn 


Fig. 471 


water pressure occur (unless the diameter has been reduced between the flange and 
the expansion joint) and the joint carries only the axial component of the pipe 
weight and the packing compression forces. 

All joints hitherto described are of the rigid type. Pipe sections exposed to the 
influence of temperature changes (freely laid pipe) must be connected between two 
supports by a flexible joint which permits an alteration of the pipe length, but 
simultaneously keeps the connection tight. This so called expansion joint is known 
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to be arranged in two basic types: the flexible joint and the slip joint. The relative 
shifting of two pipe sections connected by a flexible joint is made possible by 
inserting an elastic coupling A into the joint (Figs. 467 and 468). The coupling 
seals completely the gap between the pipe ends and permits the mutual movement 
of the pipe ends by its own elastic deformation. 

In the case of a slip joint the gap between the pipe ends is sealed by hemp or 
leather mounted in a stuffing box. Corrosion of the sliding surface is prevented by 
bronze bushings. 

Fig. 469 illustrates the design of a cast expansion_joint with hemp packing. 
Fig. 470 shows a similar joint for higher 
pressures packed by leather cups. Fig. 
471 is a welded expansion joint with 
leather cups. 

Expansion joints are not used for 
buried pipes, as such pipe is not exposed 
to great extremes of temperature. Nei- 
ther are expansion joints used in pipes 
located in the power house building, Fig. 472 
nor for short pipe sections. Let us cal- 
culate the stresses created in the wall of a pipe without expansion joint. 

Temperature of the pipe is z °C; if we denote the coefficient of the thermal 
expansion as % the pipe length at a temperature difference of Ar °C will increase 
by the value A = + « - At. If the pipe cannot increase its length, a stress is created 
in the walls of the pipe which is determined by the above calculated elongation: 
g = Ej and after substituting for 2 we may express the stress as: 


o =+ Ext. 
By substituting for steel E — 2,120,000 kg/cm? anda = s > we can write: 
> 
o = + 254r. (344) 


If the temperature of the pipe deviates by + 20 °C from a temperature at which 
no stress is present in the pipe wall, the stress created by the temperature change 
amounts to + 500 kg/cm? which is not very high. The foundations of the anchor 
block must carry, however, the significant reaction R = f+ a, where f is the cross 
section area of the pipe wall. 

When using an expansion joint we must bear in mind, that the axial forces 
acting upon the pipe must be taken up by the foundation, because both pipes are 
subjected to the water pressure which tries to tear open the joint (water pressure 
acts as upon a piston (Fig. 472). 


3. Calculation of the stability of anchor blocks 


As stated before, the pipe line is anchored in blocks which take up mainly the 
axial forces, because the supporting piers between the blocks permit a longitudinal 
movement of the pipe and take up only forces perpendicular to the pipe axis. 
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An anchor block must take up the following forces (Fig. 473): 


; 1. The component of the weight of pipe G acting in the center line of the pipe, 
i. e. its branch G on the upstream side and G, on the downstream side of the an- 
chor. If q is the weight of the pipe per linear metre and L = L, + L, the length 


of the pipe section supported by the anchor block, then 
G = G; +- Ga = Li + Lac =L 4. 


The components of these weights act in the center line of the pipe, if the re- 


Fig. 473 


spective slopes if the pipe are expressed by the angles ~, and æ respectively, then 
the above components have the following values: 


acting in center line 0—1 Gi = G, «sin a 
acting in center line 0—2 G, = G, - sin ss 
2. Weight of water V is composed of 


the weight V, inthe branch L, V, = 1000 x D*/4 L 
the weight V, in the branch La Va = 1000 z D?/4 L,. 


The components acting in the center line of the pipe are calculated similarly 
as the components of the pipe weight. We can write 
Vi = + sin œ% and Vj = FV, sin a. 
3. The hydrostatic water pressure acting in the end cross sections of the pipe in 
the expansion joints of an inner diameter D. In the upstream joint this force is 


i xD? j 2 
Pi = 1000 4 h, and in the downstream cross section — P, = 1000 = 


hy. 
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The latter force has a minus value because it acts against the direction of the 
flow. 

Further axial forces act in the case of slip joints, i. e. the water pressure upon the 
annular parts of the joint of an outer diameter D, and the inner diameter D (equal 


the inner diameter of the pipe. In the upstream branch 7—9 this force amounts to 
Ui = 70 — D?) hyy acting in the direction of the flow, in the branch 0—2: 
— = = (D? — D?) hgy acting in the opposite sense. 


4. The centrifugal force acting in the bend with a curvature radius and with 
angles of the end cross sections Av. = œ — 2. This force acts only during the flow 
of the water. At a velocity C the force can be calculated from the equation: 


05 eS , where m is the mass of water in the bend 
aD? y Aa? 

m= Lo T Y and for a length of the bend L, = zo ee 

EE 180 

ja? xD? y C? z D? 

O = T30° DE oe and because —7— C= Q 

and y = 1000 kg/m?, we can write the final value of the force as: 
Q= 7 OCx 180° = 1.78 Q C dg’. 


5, Friction between water and pipe walls. In the branch 1—@ at a loss of head kz 
per linear metre the total loss of head is Ha, = Lı - hz and the friction force is 


Tı = Hay = acting in the direction of the flow. Similarly for the branch 0—2, 


Hey = Ly + hz and Ts = Hagy ZD” the direction of the flow. 


6. Friction of the pipe upon the supporting piers is caused by the component 
perpendicular to the pipe axis. It is composed of the weight of pipe and that of the 
water and it is denoted as Ry. Coefficient of friction for pipe sliding upon concrete 
can be taken as 0.45 and for pipe upon sheet metal or cast supports as 0.2. The 
force in the direction of the pipe axis is then T, = f- Rx. This force calculated for 
the branch 1—0, where Ri, = (G, + Vy) + cosa, is + Try =f(G, + V,) cos a, = 


= fL,’ (a + 1000 T Josa The sign + applies to the expansion of the pipe 
and — to its contraction. i> 
For the downstream branch 0—2 Ryo = (Gs + Va) -cosx and the friction 
aD? ‘ 
force F Tra = f (Ga + Va) - cosx, = fLo (a + 1000 7) cos%s. Here the sign- 


applies to the expansion of the pipe and + to its contraction. 
These forces can be complemented by the effects of the pipe movements in the 
expansion joints (in both types). These forces are denoted as U, and U,. Their 
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sense of action is for U,: = for expansion and — for contraction and for U, — for 
expansion and -+ for contraction. 

7. In pipes with a reduced inner diameter a further force appears which can 
be calculated from the following equation 


P” = 1000 > (D? — DÌ h, 


where Do is the reduced diameter and h is the pressure head acting in the place 
of reduction. (Fig. 474). 

All formulas have been derived after substituting the values in the technical 
units kg, m, sec. 

The forces descirbed act upon the anchor block by which they are taken up. Their 
magnitude and effect depends upon the type of 
pipe and upon its seating. 

The weight of the block foundation is de- 
noted as Z. It takes up the resultant of all forces 
acting upon the block so, that the condition of 
stability is complied with, i. e. the resultant Rọ 
of all forces (including the weight Z) acting 
upon the block must act in a point inside the 
core of the loading surface of the foundation, 
so that this surface is exposed to compressive 
forces only.) 

Stability is better with a steep resultant R,, 
i. e. the angle enclosed between this force and 
the vertical is as small, as possible. This position of the resultant R, can be 
obtained by arranging the branches L, so, that they are short compared with 
the branches L. 

When investigating the stability of the foundations we must consider normal 
conditions as well as extreme cases, i. e. no flowing water and increased pressure. 
Pipe expansion is calculated for the most unfavourable case. 

Example. We consider forces acting upon the pipe according to Fig. 475. The 
resultant of forces acting upon the first (upstream branch) is expressed by the 
equation: 


Fig. 474 


§=G,+V,4+P4+714 Tl + U, +U 
and those acting in the center line of the downstream branch: 
Sp = G; + V,—P, + Ta + Tre + U, + U;. 
The resultant R of these forces (Fig. 475a) acts in point m. Let us first consider 
the case of water at rest. The forces S, and S, are somewhat reduced by the value 
of the components T, and T,. Apart from the resultant R also the weight Z acts 


1) Timoshenko: Pružnost a pevnost, dil I. (Elasticity and Strength Part I.), Vědecko- 
technické vydavatelství, Prague 1952. 
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upon the foundation. Z acts in the centre of gravity t. The forces R and Z produce 
the resultant Ry which acts upon the load carrying surface of the foundation ab. 
For a correct stability the resultant must act within the inner third of this surface, 
i. e. within the section a’ b’. 

This example shows, how the component S, became negative due to small values 
of G, and V, compared with the force — P. 


Fig. 475 


By adding to R the centrifugal force O we receive the resultant R’ (Fig. 475b). 
Forces R’ and Z give the resultant Ry which in this case is less inclined, than in the 
previous one. We can see, that the centrifugal force has a stabilizing effect. This 
influence can be felt, however, only in cases of higher velocities. 


4. Calculation of wall thickness 


The thickness s of the wall is determined by the stress conditions and is calculated 
from the admissible stress in the meridional cross section: 


=s—, (345) 


K ; 3 - ; 
where — = &, is the safe stress in the unweakened cross section, # is the safety 
E 


factor and P; is the pressure at which the pipe is tested. 
When selecting the test pressure we must consider the pressure rise caused by 
the sudden closure of the gates by an automatic controller (See Water hammer in 
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Chapter II), whether the turbine has an installation to prevent such a pressure rise 
(see chapter on pressure regulators) and finally the reliability of this installation. 

a) The turbine is not equipped with a pressure regulator, The pressure rise can 
occur rather frequently and we must take it into account as a maximum operational 
pressure. If we denote this pressure as Pmax, then the test pressure of the pipe is 
pz = 1.5 pmax + 1 atm. g. The stress caused by this pressure must be below the 
yield point, because no permanent deformation must remain after the test. The 
admissible stress is generally fixed at 0.6 to 0.8 times the yield point stress. (Ac- 
cording to the Societé Hydrotechnique de France the working pressure multiplied 
by 2.5 should be still below the yield point).*) 

b) The turbine is equipped with a pressure regulator. The latter is adjusted so 
that the pressure rise should not exceed 20 % of the static head. With a safely 
working pressure regulator this increase may be considered as the maximum ope- 
rational pressure from which test pressure and stresses can be calculated as in the 
first case. 

c) In the case of a turbine equipped with a non-reliable pressure regulator, we 
must determine the increase of pressure occuring in the event of a breakdown of 
the pressure regulator. This pressure is considered to be the test pressure provided, 
that it is higher than the test pressure established according to the case b). 

The calculated wall thickness is then (according to equation (345)): 


_ Pp: 
~~ oe” 


S 


where &, is 60 to 80 % of the yield point stress. In the case of a pipe line supplying 
several turbines, we may assume that a breakdown of all pressure regulators is not 
probable. Higher value is then taken as the admissible stress. 

With regard to corrosion and the possibility of damage caused by external 
effects the actual wall thickness is somewhat greater, than the calculated one: 
s = s + 1 to 2 (or up to 2.5) mm (the higher figures apply for larger diameters), 

Wall thickness determined in this way is calculated with regard to stresses in 
the peripheral direction oy; the stress in axial direction is one half of this value: 


Dp: 
Oe age 


(346) 


This holds good only in the event of the pipe being supported upon the whole 
length. In pipes seated on individual supports at a distance / (Fig. 476) this stress is 
increased by the influence of the bending moment caused by the load of the pipe 
weight and the weight of water in the respective section of the pipe. 

Let us denote this load as q per linear centimeter. The maximum bending 
moment for a horizontally laid pipe (for an inclined pipe the same considera- 


4) Pressure Pipe Lines, Water Power, 1950. 
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tions and formulas hold good, we calculate, however, the moment caused by the 
component perpendicular to the pipe axis g' = q - cos «) is then calculated from:1) 


q 
M =, 7 
This moment causes an additional stress in the cross section perpendicular to 
the pipe axis o,. The maximum value dmax appears in the lowest (tension) and 
highest (compression) place of the 


SS oea mean cross section. It is distributed 


similarly (but with opposite signs) in 


E rer | --/ the cross section above the support. 
% We can determine the value of this 
stress by assuming a linear course of 
the stresses throughout the cross 


Fig. 476 Fig. 477 


section. By applying the anotations from Fig. 477, we can write: 


y 3 
ol, = Olmas + = Cz,max SIN €. (348) 


R 
Further the following holds good: 
dM = dFyo!, = RdesR sine - o; 
and after substituting from Equation (348): 
dM = R? s sin? e de Gimax 


so that: 
2a 


M = R*sotmax | sin® ede = R°sx0;, max, (349) 
ð 


~ 4) See e. g. Černoch: Strojně technická příručka, dil I. (Engineering Manual, Part I.), 
1947, p. 744. 
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for by using the relation 


5 ax 
cos% = 1— 2 si? -z> 


we can write: 
22 2a 


22 
ae 1 1 in2 
firea =z [0—2 =a [eS “| Es 
ô 0 0 


By substituting the value M from (347) into the Equation (349), we receive: 


R? so; max -m= m > 
and from this the value of stress: 
i I? 
Tmas = Fas 


The total maximum stress above the support or in the center of the span is then: 


r D : 2 
J TTL- 


For an economical use of the material we shall put this stress as equalling %;: 


hy == (= go ); 


(350) 


s\ 4 32D? 
sk, — Dp: = Sd 
4 3D? ” 
f 
= (a — : ) z, (351) 


We have thus determined the suitable distance between the supporting piers. At 
this distance the material of the pipe is subjected to equal stresses in both directions. 

In the case of a riveted pipe we must calculate the joint according to the rules 
valid for riveting and with regard to the weakeninh of the cross section by the 
rivet holes. In welded pipes we take into consideration the weakening by welds. 


5. Pipes for Extremely High Heads and Large Diameters 


As stated before, the wall thickness is determined by the expression 
Dh 
2h” 
where k, is a certain part of the strength of the material K which must remain 


S 
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below the yield point also during the application of the test pressure, so that we 
can express it as a proportion of the yield point stress, i.e. ky = T 
1 
The wall thickness can then be written as: 


PA. Dpzt 
2P 


It can be seen that for large diameters and high pressures the wall thickness is very 
great and the cost of the pipe very high. The calculated thickness can attain values 
so high, that it is impossible to produce the required pipe at all. The wall thickness 
can be reduced by selecting a material with higher yield point or by increasing 
the yield point of a given material by a suitable treatment. 

The production of large pressure pipes has been greatly advanced in France 
where the material used for pipe production has been improved from steel of 
a strength 35 kg/mm?, yield point 20 kg/mm* to a steel strength 48 kg/mm’, yield 
point 28 kg/mm? and finally to a steel type having a strength of 54 kg/mm? and 
a yield point of 34 kg/mm?*. 

Pipes have been produced by a special process producing the so called pipes 
“surpressé”. The pipe is placed into a mould with a slightly larger diameter than 
the diameter of the pipe. The pipe is then „inflated“ by water, so that the shell 
makes full contact with the inner wall of the mould. A permanent deformation of 
the material takes place and the yield point is increased. A material of a strength 
54 kg/mm?, deformed by 2 % increases the yield point to 40 kg/mm”, and after 
a 5 % deformation the yield point has been increased to 50 kg/mm*. 

Bandaged pipes present a further progress in pipe production. Thin walled steel 
pipes are wound over by bandages made of steel strips having a yield point 
60—105 kg/mm*. The inner diameter of the bandages is slightly larger than the 
outer diameter of the pipe. The pipe is again “inflated” by water pressure, so that 
it firmly adheres to the bandage (these pipes are called autofretté). 

Instead of steel bandages steel ropes have been used recently (pipes are called 
cablé). Yield point of the steel rope is 150 kg/ram?. The process is the same as with 
the autofretté pipes. The ropes are made of tinned wires in order to prevent 
corrosion. Localized loads in supports reduce the strength of the ropes by 10 % as 
a maximum, 

According to Ferrand") the piping produced for the Vénéon power station has 
an inner diameter of 2 meters, wall thickness 7 mm, operational pressure 23 atm. g. 
It is bandaged by a 7 strand rope made of 3 mm wires with a bandage pitch 120 mm. 
During a pressure test only one rope burst at a pressure of 76.5 atm. g. 


1) Ferrand: La conduite forcés unique pour hautes chutes à grand puissance, La Houille 
Blanche (1946), p. 245. 
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II. WATER HAMMER 


1. Basic Relations and Calculation 


Water hammer is a pressure rise occuring in a pipe, filled with a liquid flowing 
at the velocity C, during the closure of the pipe. Velocity of the liquid particles 
before the closing gate is reduced and their kinetic energy changes into pressure 
energy. Particles are compressed by the pressure, so that velocity reduction and 
pressure rise does not occur in the whole length of the pipe simultaneously, but 
proceeds as a pressure wave gradually from the closing gate towards the inlet. 

No pressure rise occurs at the inlet, because here pressure is determined by the 
level head of the reservoir and particles which did not enter yet the pipe, have no 
kinetic energy. On the contrary, as the 
pressure rise decreases towards the res- 
ervoir, particles at the inlet soon begin 
to move backwards and this reverse 
movement spreads inside the pipe. Par- 
ticles at the closing gate continue to move 
in the original direction until they are 
caught by the underpressure wave pro- 
ceeding from the inlet. A reverse flow 
has been started and when the under- 
pressure wave has reached the closing 

Fig. 478 gate, all particles in the pipe acquired 

velocity again (directed oppositely) and 

also kinetic energy. By changing pressure into kinetic energy a pressure drop 

occurs at the closing gate which proceeds gradually towards the inlet in the same 

way as the pressure rise proceeded before. This process is repeated. After completed 

closure the water in the pipe acquires an oscillating movement which is gradually 
damped down by the effect of friction. 

During the compression of the liquid a simultaneous expansion of the pipe 
takes place: the liquid, therefore, appears to be more corapressible, than it is 
actually. At this stage of our investigation we do not take into account the appar- 
ently increased compressibility and calculate with a liquid having a modulus of 
elasticity £. 

Under the influence of a pressure rise y - h the liquid column x is shortened 
by Ax. The value of this compression is given by the equation: 


Ax = hy. 


Let us consider an infinitely long horizontal pipe, where no return wave exists 
and where the total kinetic energy had been transformed into pressure. Under 
these circumstances the whole length of the coloumn x is subjected to the same 
pressure h. (Fig. 478.) Pressure increase during compression is linear and, therefore, 
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compression work equals half the product of the pressure rise and final compression. 
Compression work is then given by the following equation: 
Ji Ties x 
A = z Fhydx = > Fhiy 2 > 

where we considered that the work A is the product of the force F - h multiplied 
by the compression distance 4x. ; 

This work has been produced by the kinetic energy of the coloumn x. The energy 
E can be expressed as: 


where C is the initial velocity of fow. By assuming that work A equals the energy E, 


we may write: 


BE 
From this equation we arrive at the value A, as: 
cy 
h=C / — 

E 
According to Newton the velocity of sound in elastic bodies is given by the 


formula ad 
pi ļ ge 
Y 


By dividing the last two expressions, we receive: 


1 x 3 
— Fh?y?— Fx—G?*. 
z Ery > r 


hace, 
g 


It can be seen, that in this case of the so called total impact, the pressure rise is 
determined by the product of sound velocity divided by gravity acceleration and 
of the original velocity of the water. For a partial velocity change AC, we may 
obviously write: 


h = AC. (352) 


Sound velocity in pipes amounts to about 1000 m/sec, so that each unit (1 m/sec) 
of velocity destroyed produces a pressure rise of 100 metres, i. e. 10 atm. g. These 


are values which cannot be overlooked. N 
Relation (352) has been first derived by Zhukovski (also written as Joukov- 


ski) and is called, therefore, Zhukovski’s (Joukovski) expression,*) 


1) Zhukovski N. E.: O gidravlicheskom udare v vodoprovodnikh trubakh, Trudy IV, 
russkovo vodoprovodnovo syezda, Odessa 1901. 
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The above considerations show, that this expression holds good for pipes, where 
closure is terminated before the return underpressure wave reaches the closing 
gate. The underpressure wave may be considered as being the original pressure 
wave reflected from the inlet cross section (see further). Pressure waves move with 
a velocity a and the time in which the wave returns to the closing gate (the so called 
time of one interval or critical time of the pipe) is given by the following formula: 


Formula (352) holds good as long as 
the time of closure 7; is smaller than the 
time of one interval: Ts < Toy. 

Pressure increase is linear, if velocity 
decrease during closure is linear also. 
If Ts > Tz, and the return wave reaches 
the closing gate before closure is termin- 

Fig. 479 ated, i. e. before the total kinetic energy 
has been changed into pressure, the 
increase of pressure is interrupted by the return wave. In case that Ts = To 


the maximum increase is Atot = * . ©. It can be seen from Fig. 479, that this 


value will be now reduced to 


Ts 
h= hrot = 
or we may write also: 
Maen o Zt. = 92 CL 


g aT; 8T; á 


This expression can be written in the form: 


EE (353) 


The left hand side of this equation represents the ratio of the pressure rise to the 
original head, i. e. “the relative increase of the pressure head” on the right hand 
side we have used the time constant 


i 
=F 


which is the starting time of the pipe, i. e. the time in which the pressure head H 
increases the velocity of the water from zero to the value C. 


Es Bien 
a > the force which 
accelerates this mass is P = F - H- y, where F is the cross section area of the pipe 


Tı 


The mass of water contained in the pipe is m = 
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and H the normal head. The acceleration of water caused by the head H is then: 
P gH 


ee 


m L 


The time required to bring the water by this acceleration from a resting state 
to the velocity C is 


In pipes with different cross sections the velocity C is different also. We can 
write analogically: 


T= F (354) 


where Lp are the lengths of pipe sections with a constant cross sections and Cp is the 

respective velocity in these sections. 
Expression (353) is the Michaud formula which is in accordance with practical 

experience and with the more exact relations of Alliévi (see further) as long as 


2-—, *_.— < 2.2, where the suffix o denotes operational values — before 


The expression holds good for closure and opening, in the latter case 4 denotes 
the pressure drop. The constant 2.2 is applied instead of the constant 2 in ex- 
pression (353), because the velocity change is not linear. : 

Hitherto we have considered a horizontal pipe; if the pipe is not horizontal 
superposition of pressures applies. 

Alliévi') has described the phenomenon of water hammer more exactly and 
proved that the velocity a at which the pressure wave moves, is given by the for- 


mula: 
E 
a y A 9900 355 
siii ak ai rime (355) 


— 
= hae | 48,3 + k 


S 
where s = 2.07 - 108 is the modulus of elasticity of water in kg/m?. 
E = 2-10" is the modulus of elasticity of steel 
1 - 10% the modulus of elasticity of cast iron, 
y = 1000 is the specific weight of water in kg/m’, 
D, s = pipe diameter and wall thickness in m, 


k= as = 0.5 for steel, and 1 for cast iron. 


~ 4) Allièvi, Dubs, Battaillard: Allgemeine Theorie über die verdnderliche Bewegung des 
Wassers in Rohrleitungen, Springer. 
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a = is the velocity in m/sec. The average value is a = 1000 m/sec. 
If axial deformations are prevented, we may write according to Thoma: 


1 L(+"): 


a gle s Em 


where m is Poisson's constant of the material of the pipe.) 
Alligvi investigates further the constant flow suddenly stopped by closure. By 
applying to an elementary particle of the flow the rule that mass multiplied by 


acceleration equals force, we may write: 
: 0; 
Rindxy 2 (ca) = Rn (0 +5 dx) — Rap 


g at Ox 
———— — mm S —— p 
mass of the acceleration of pressure upon pressure upon 
particle the moving particle farther cross nearer Cross 
section section (to 
closing gate) 


It is assumed that velocity C decreases and pressure p rises with an increasing x. 
It follows: 


2 2 
Ray (5 oC dx C DE ax) = Ria (p + ge dz) — Reap. 


g at ox of dx? OF 


aC Ox ox 
If we neglect a Or dx, and because ao C, 


it follows: 


ia —c=) = Rx (> + Pax) — R’ap 


ei A e 9p Bh oP 
ee CF) =a" Gt) 
The second equation can be derived by assuming that the shortening of the ele- 
mentary column dx is caused by the compression of the liquid and by the ex- 
pansion of the pipe due to the pressure rise and adding both values together. 

The shortening of the elementary column dx caused by the compression of the 


liquid, is: 


dx dp 
= — —d 
€ Ot ra 
where ¢ is the modulus of elasticity of the liquid. 
The expansion of the pipe diameter is expressed as 


=E 


6, (357) 


1) Thoma: Zur Theorie des Wasserstosses in Rohrleitungen, Zeitschrift fiir das gesamte 
Turbinenwesen (1918), p. 293. 
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because R 
9 ey’ and o =—— =, 


where g is the peripheral stress in the pipe wall of a thickness s. 
At a change of pressure @ p in time dz the radius is changed by: 


__ R? op 
00 =. pr a 


| If at this change of diameter the volume of the liquid particle remains constant 
it follows: í 


(358) 


z D î po dx = Rx ô, 
where 6, is the shortening of the coloumn dx caused by the expansion of the pipe. 


Velocity at both faces of the elements must differ by the sum of both changes 
ôi -+ Ô, (because we have calculated the changes of length occurring in time dt). 
This can be expressed by the following equation: 


ðC 
-— (c—3, &) dt + Cdr =6, +4. 
and it follows: 
ac 
dx = de =i + 6,. 


By substituting for the values 6, and 6, (contraction of the water column) we 
receive: 


oC dx dp dx D ap 
dx — dt = — -= — — — 
a aaae a rs 
and subsequently 
a_i dye 
Sel A Eola Bc 
. y fl T.D l 
Let us gbenu ($ > F =) =e where a, as we shall see further on, 


is the velocity of the pressure wave. 

Let us further denote as y the pressure in metres of the liquid column which 
equals the original head H increased by the pressure rise h (Fig. 480). We may 
Write 

P 


=H+h=y, 
7 a 
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i} 
Wh 


3p- QY ap 3y 


da Ox a at? 


The Equation (356) may be written in the following form: 
ac ac dy 
a wa as P 
With the same substitution from Equation (359) we arrive at: 
ac l 1 D\ | oy 
Ox fs E =) oe? 


(360 


Maka OVE LO 
eee a ie 


and by using the relation for the 
velocity a we can write: 


BC RE BY. 
ôx a Ot 
Fig. 480 Now we have received two basic 
equations : 
Cp. a 
ðt Ox 
dC g 0 
= -4 5. (361) 


By deriving these equations we have neglected the pressure loss caused by the 
friction of water in the pipe. However, this loss need not to be taken into account 
particularly in the case of rapid changes. Equations (361) cannot be integrated, on 
the other hand the flow velocity C is small, compared with the velocity of pressure 


distribution a, so that we may neglect the term C = > because 
a oC a a _ a, Cy. 2 
at dx ot aot ôt ( aS ðt 
Thus we arrive at the equations 


ST =8&> (362) 
oO ig © 
ôx ôt 


Now let us imagine that an observer moves in the direction -+ x along the pipe 
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at a velocity a. Then we may write x = a - t + const. and also dx = a- dt. By 
putting this expressions into the second Equation (362), we receive: 


ðC goy 

aðt adx’ 
which means that the second equation has been transformed into the first one. 
We can further re-write it into the form: 


C g æ 

að aœ ôt’? 
and we see, that by the above substitution the equation has been transformed into 
a relation which is independent upon time. It describes a stationary flow and the 
above mentioned observer conceives a constant pressure rise. The velocity a, at 
which he travelled along the pipe, is equal to the velocity at which the pressure 
wave moves in the pipe. This velocity is expressed by the relations (355). 

It can be seen, that the relation x = a: t -+ +- const. lends a constant value to 

the function y = f (x, t). Therefore y must be a function of the expression a. t.-— x 


or of the expression ¢ —< . Equations (362) are, therefore, complied with by the 
relations 
x 
L= Po +F(:—3) > 


C=G,—£F(:—=), 


a 


where the suffix o is attached to values before the pressure rise, i. e. to those valid 
before the process of closure had started. As we did not attach any condition 
concerning the sense of the velocity a, the relations will be complied with, as far as 
the reflected wave is concerned, also for a wave motion in the direction — x. 

In the case of the reflected wave a pressure drop occurs and therefore the sign — 
appears in the first equation 


x 
y=»—/(: +3) > 
=o = 
dG TE] 
The common integral of the Equations (362) is the sum of partial integrals. It 
reads: ; 
RENTES 
C=G,—2(F +f), (363) 


In the above Equations we have omitted, for simplicity, the arguments at the 
denotations of the functions. 
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er aacaaacacaaaaaaaaaaaaaaaaaaaaaal 


According to Equation (363) pressure and velocity are determi 
of waves which move in opposite directions and pi added anne The second 
system f is the wave reflected from the upstream end of the pipe. Both functions F 
and f depend upon the limiting conditions at both ends of the pipe, i. e. upon the 
method of closure and upon the method of the reflection at the inlet respectivel 
Alliévi calls a water hammer at which no reflection of the pressure wave phe 


i. e. the case of infinitely long pipe or the case where the closure time Ts < 2m 
a 


Sa water hammer. Let us determine for this case the functions F and f from 
ne imit conditions. As far as function f is concerned we can state immediately, 

at it is non-existent, because there is no reflection of the pressure wave and no 
reverse sweep of the water hammer. 


Let us denote (Fig. 480) Ca the flow velocity i i 

(Fig. : y in cross section A (for x = 0 
V seat outlet velocity at the gate and y4 the pressure head in cross ae A. As me 
consider an efflux from the gate as a free jet, the following limit condition holds 


good: 
V = |/ 2g | ya + Ci v—C = 
/ atag or Ca = 2gya 


Sir state of equilibrium before closure can be described by the equation 
5 — Cio = 2 - £ ` Yo. During closure the velocity C4 changes with time. This can 
be expressed generally as C4 = V -y (r); for : = 0, Ce = Cao = V -y (0) 
„During closure velocity descreases and pressure rises before the gate. This 
disturbance spreads only in one direction. As the reflected wave does not return 
to the gate before maximum pressure is attained, we are presented here with 


a direct function F (: — =) and therefore the following holds good: 


e 
a 


By elimination of the unknown function F we receive: 


os x a 
Y — I = P(e] = Eme 
or we can write also 
a 
= = 6e 
This relation is identical with that obtained directly at the beginning of this 


expression (352). ; 
Let us consider now the case when the reflected pressure wave — indirect water 
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hammer — returns to the gate before the closure is terminated, i. e. before the max- 
imum pressure has been attained. 

For the first period, i. e. up to the moment at which the pressure waves reaches 
the inlet cross section, only the first function F holds good in Equations (363). The 


duration of this period is Tz = = . In accordance with the relation y = Yo + F 


pressure in the inlet cross section then should rise; however, this is not possiblee, 
because the pressure in this place is determined by the free level ofthe reservoir. 
Therefore the Equation (363) must contain 
an additional function, so that; 


y= +F—f 
and for the inlet cross section with the 4, 
abscissa x = L, there must be F =f, be- i 


cause yg = Yg. This means that a reflected 
wave of the same value as the original wave, 
is formed, but with an opposite sign (the 
opposite sign has been introduced in the 
equations). The reflected wave is diagram- 
matically illustrated in Fig. 481. 20d 192 
In Fig. 481 the movement of the pres- Fig. 481 
sure wave from the gate to the inlet is 
clearly illustrated. In a time £= te the disturbance reaches a place with the 


; ; ; L 
abscissa x, and the pressure rise at the gate is ža. In a time t = Tp — the 
disturbance reaches the inlet and the pressure rise at the gate is 4». At this moment 


L—x 
the reflected wave 


the pressure wave is reflected and, in a time t = Ty, + 


arrives into x; pressure rise at the gate still increases and attains the value hs. 
The pressure rise caused by the reflected wave must be deducted from that caused 
by the original wave in all places through which the reflected wave has passed. 
The shaded portion of the picture shows the actual pressure increase along the 
whole pipe at the moment considered. In place B (inlet) no pressure rise exists. In 
time t = Tz the pressure rise at the gate reaches its maximum value A44; it cannot 
increase any more, because the value of the reflected wave rises in the same way 
as that of the primary wave (has = has). After closure has been terminated, the 
cause of the primary wave formation disappears. However, the reflected wave still 
exists and causes a pressure drop. Pressure disturbances are present at both ends 
of the pipe and a periodic oscillation of pressure appears throughout the whole pipe 
length. This oscillation is gradually damped down by the friction between water 
and pipe walls. Fig. 482 shows the whole process in the form of the developed time 
curve.!) 

1) Mostkov, Bashkirov: Razchoty gidravlicheskovo udara, Gosudarstvennoye energeti- 
cheskoye izdatelstvo, Moscow-Leningrad, 1952. 
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We can see in Fig. 481 that the value of the reflected wave in an arbitrarily 
selected cross section x equals the value which the primary wave attained in the 
L—<x 


same Cross section a certain time ago. This time is { z — 2 >i. e. minus 


a 
the time required by the primary wave to travel from x to the inlet and that required 
by the reflected wave to travel from the inlet to x. Thus we can write the following 


relation: 
[A 4h 


rele. 


after having introduced the denotation 


P=t—2 b=% . Equations (363) 

Fig. 482 
may be written in the following form: 
A r a e (364) 


o-a t[r(-3) +r] 


By this procedure we have eliminated by application of the limit condition 
(yB = Yro), the function f, so that only one unknown function F remains in the 
equations. This function must be determined from the limit condition valid for the 
efflux end of the pipe. 

In order to determine the maximum value of the pressure rise, Allièvi has 
developed the functions in Equations (364) into Taylor’s series as follows: 


P(:—=) = F) —- r F'O + 5o 


neca = Fl mt) =F — Fi(t) + $. 


If F' (t) = const., the higher derivations of the series contained in the sums 5}, 
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and X, equal zero. This first derivation will be of constant value if the efflux 
velocity will be reduced uniformly, i. e. the gate will be closed proportionately.) 
If we assume that closure proceeds in this way, Equations (364) are simplified as 
follows: 


L—x 
I—Y=2-—= Fy), (365) 


oe one -24 [ro —= Fo). 


By neglecting the velocity head in the full cross section before the gate, we may 
write the limit condition for the efflux as: 


V? =2e ya 
and from this it follows: 
oV = Ova 


a 
As F‘(t) = const., it follows from the first Equation (365) that = = 0, and 


: ; : dys 
for an outlet cross section of the abscissa x = 0 it follows also, that st = Q, 
This means that pressure rise will stop at the moment, when Equation (364) 
becomes valid and this occurs at the moment, when the reflected wave arrives at 


the gate. 
By inserting into Equation (366) the condition ya =0 and the relation 


Ca ðt 


Ca = V - y(t) or in another form V = wa) > We may write: 


aC, . 
Ce p(t) 35, — Cay (t) L 


y(t) p(t) 
and also 
aC, 
Ca] oe) GA ea vO] = 
or 
aCu vO _ 
ôt C. pt) =yV, 

and finally 


BOER pa a 
Fr = VO V281. (367) 


1) Allievi, Dubs, Battaillard, p. 64. 


By differentiating the second of the Equations (365) and relating it to the outlet 
cross section (x = 0) and with regard to F' (r) = const., we receive: 


and by comparing this Equation (367), it follows: 


a —— 
F) =— Zg y'(i) V28ya > 


rO =—$ vo |24. 


From the limiting condition valid for the outlet we have thus received the first 
derivation of the unknown function F which we require for the Equation (365). By 
inserting this value into the first Equation 

(365) applied for x = 0, it follows: 


/ 2ya 
S 


CG, 
plola 


Ya = Yo — Ly (i) | >» (368) 
which, for the investigated y4, is an equa- 
tion of the second order which must be 
further modified. 

If, according to the former assumption, 
the closure of the gate is linear and the time 
of closure is denoted again Ts, it follows 
(Fig. 483): 


i l 
ee vOQ=— xv, 
s 


and because y (0) = a it further follows: 
0 


Before closure begins, the following relation holds good: Vg = y 22y% so that 
we may write 
i Gy 


Te Veo 
By inserting this value into Equation (368) it follows: 


LOG, 2ya 
ya =y Hi eta 
° TV2 / g 


y= 


or in another form 
Mi 4 Oe J+. 

ra Yo Ts8Yo V Yo 
The expression —— is the known starting time of the pipe 7; and by in- 


: oT, T 
troducing further denotations T = n and 24 = z, we receive the following 
s 0 
simple equation: 
z—l=n Vz; 
which can be written as 
z2 — 2z + 1 =n’ 
or 
z’ —z(2 +n) +1 =0, 
and finally 


z=1+4nþpa +F 


js) ie Le [= Q if T Er | 
w ArI T| (F) wrk ik 


Thus we have determined the value of the maximum relative pressure 2a 


Yo 
(carrying the sign +) for a linear closure of the efflux at the end of the closure 
time Ts, or the minimum relative pressure (carrying the sign —) for a linear opening 
at the end and of the opening time Ts. 


As explained before, the expression (369) is valid only if Taz = at <T; in 
case that T;< Taz, Joukovski’s expression ya = Yọ + 2 
AC or 2% = 1+ -*-AC is valid. Even if Ts > Tyr we 

Ya &y 


é 0 
must check according to Joukovski’s expression, the value 
of the water hammer in time z = Tz, i. e. in the time 
in which the reflected wave reaches the gate, because this 
value may be higher, than the final value according to 
Equation (369). 

In actual practice the closure is never exactly linear; 
therefore in Equation (369) we use the coefficient 0.8 instead 
of 1/2 (as we have used in Michaud’s expression 2.2 instead 
of 2). 

Fig. 484 is an example of an arrangement which permits 
to explain the great importance of the mechanism of the 
pressure wave reflections. 

Two vertical pipes are connected with the container and 
joined at the lower end into one single pipe with a closing 


i 


organ (turbine) 7. (This arrangement actually exists in Czechoslovakia. The pow- 
er house is located in a mine and the penstock is mounted in the pit. For a better 
utilization of the pit profile the penstock consists of two pipes which are joined into 
one at the bottom of the pit). Each branch of the pipe has at the upper and lower 
end a (manipulating) closing valve w,...... uy. During operation the inlet valve 
of one branch (u, or u3) must never be closed without closing simultaneously 
the lower valve of the same 
branch. Otherwise, at a later 
closure of the closing organ 
(turbine) T a pressure wave 
is formed which proceeds 
into both branches. In the 
branch with the closed upper 
valve (e. g. u) no reflection 
can take place and the pri- 
mary wave would reach the 
upper valve with the same 
value as it had in the joint of 
both branches. This branch 
very probably would not 
withstand this undamped 
water hammer, because the 
upper parts of both branches 
Fig. 485 were calculated for small 
pressure heads. 

In this chapter we have derived only the maximum yalue of the water hammer. 
The course of pressures has not been investigated analytically, because it can be 
followed more suitably in the graphical method discussed in the following chapter. 


2. Graphical Method of Water Hammer Analysis 
(Schnyder-Bergeron method.) 


Analytic investigation of the water hammer becomes difficult after the simplify- 
ing assumptions have been abandoned and some actual conditions are taken into 
account. Such conditions to be considered are: the actual conditions at the inlet 
(relation of inlet loss to velocity), the pipe has not the same diameter in the whole 
length, sound velocity is not identical throughout the whole length of the pipe, the 
process of closure is not linear or we want to establish the total course of pressure 
rise. 

All the above conditions can be well considered in a graphical analysis. The 
principles of this analysis are explained in this chapter and some examples are 
given which illustrate the actual application of the method. 

The method is derived for a general case of an inclined pipe.) 


1) According to Schnyder: Uber Druckstésse in Rohrleitungen, Wasserkraft und Wasser- 
wirtschaft, 1932, p. 49. 
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Let us start from the basic Equations (363) which were derived in the previous 
paragraph. With the application of the denotations from Fig. 485. these equations 
are written in the following form (the former denotation y has been related to the 
pipe axis, the new denotation H represents the total head; subscript xis introduced 
because later on we shall consider two more points with the co-ordinates X 


and X’): ig g 
xt — Yzg = Hy — Hro = pE) H(i St z) z 


C—C, =Cu—Cn=—4 |r (1-7) +F(t4 A (370) 


In the analysis we must respect the limiting conditions at the pipe inlet and 
outlet. These conditions determine 
how the pressure (or pressure A v A % 
head) at both ends of the pipe 
depends upon velocity and time. 
Therefore we may state generally, 
that 

Hat = A(Carst) 4 
for the outlet end of the pipe, 


Hg: = B(Czist) 
for the inlet end of the pipe. (371) 


The conditions are graphically 
shown as pressure plotted against 
velocity, while time is given as a 
parameter. 

For example, if water flows as Fig. 486 
a free jet from a closing valve the 
opening of which changes with time, the dependence is represented by a system of 
parabolas °—k-2-g-H 


—>C 


Where each parabola corresponds to a certain opening of the valve which in turn 
corresponds to a certain time — see Fig. 486. i 
For a graphical investigation of the water hammer in one system of co-ordinates 
a i 
the second Equation (370) must be multiplied by the value - — and the equations 
are added together as follows: £ 


Ha — Hx =F (1—7) —f(t+3) 


—4 (Cu—Cn) =F (17) +f (e+) (372) 


x 
E eee S (Ca — Cn) 42F (« —=) ) 
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These equations hold good generally: thus they are valid also for a point with 
the abscissa X in time T. Thus we can write: 


a x 
Ayr — Hx) = = (Cxr — Cxo) + 2F (7 = $ 
By selecting time T for point X in such relation to the time ż for point x, that 
x X 


t—— = T——, 
a a 


function F has an identical value in both equations and by its elimination we receive 
the following equation 


Ho — Hee Ha — isd = = (Ca Cra) eee Pa 


As long as we assume a pipe of unchanging diameter the following holds good: 


x 
Hy = Hxo a Crp = Cr and T—— =1——, 
a 

Hu = Axr = = (Cre — Cxr). (373) 

By deducting the equations we receive the following relation: 

a 
Ay — Hyr: =— = (Cre — Cx). (374) 
In order to receive an identical function f in both equations, we have substituted 
Ne ee ete 
t + — = T' + —. 
a 


The above procedure means, that we are comparing states of flow in different 
places of the pipe at different times. The difference in time equals the time required 
by the pressure wave to travel from one place of observation to the next one, be- 
cause 


t—T =——— = A 
a a a 

1 >. gi = 

to = (375) 
a a a 
For states at both ends of the pipe, i. e. for x = 0 and X = L we can write then: 
Hat — HB t—1, = oe (Cat — Ca,t—r1) » 

Ho — Hanri = + (Co — Castri) (376) 


(the sign + is applied if the second observed point lies in a downstream direction 
from the first one — see Equations (375) and (373, 374)). 
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Equations (376) can be used for a graphical investigation of the water hammer}; 
following example in Fig. 487. ; : 
ger 487 pee SA C are marked on the horizontal axis, pressure aaa H 
are on the vertical axis. Curves representing the limiting conditions for the = = 
(A) and inlet (B) are drawn for times equal to the half-time of one interval of the 


$ i se of a simultaneous 
pressure wave —- = Tr. This means that we assume the ca 


Fig. 487 


i i tate of continuous 
f closure of the inlet and outlet valve. At the start, inas ) l 
flow as prevailing in the whole pipe are pene by one ne x 
i me tha 
which is the intersection of the curves A, and Bo. Now let us assume ‘ 
i T; the inlet valve is closed to suc 
of both valves starts simultaneously. After time Ra eea = 
t, that the state of flow is represented by the curve Birz U 
ase so that the respective flow is shown by curve Arz. After time 2. Tz, both 
valves are closed more and the respective states are represented by the curves 
of. etc. oun 
ge eg Tr, the state at the efflux end of the pipe is represented by the 
curve A,r, and also by the straight line g, which is a graphical representation of the 
VL 


first Equation of the system (376): 
a 
Ha.t1. oa Hp, z Br (Cary =s CB.) > 


w 


j 


This line has a slope = and the state at the efflux end (after time Tz) is deter- 


mined by the intersection 1. In a similar way the straight line j, represents the 
equation 


He sr, — Har, = a (CB, ar, — CA, Ti) 


The intersection of this line and the curve Bər, represents the state at the inlet end 
after time 2 77, etc. etc. 

After the time £ = Ty the state at the inlet end is determined by the curve By 7, 
and by the straight line j, which represents the second Equation of the system (376): 


a 
Apr, veg Ha, ez g (CBT. ey C0), 


so that the state at the inlet (after time Tz) is represented by the intersection 1’, 
The line g, and curve A,r, determine further the state at the outlet end after the 
time 2 - Tz, etc. etc. In this way we construct the whole course of the pressure 
change. We assume that the closing process at the outlet end is terminated after 
a time equalling four halftimes of one interval (4 Tz) and at the inlet end after 
6 -+ Tz, so that after this time the curves Ayr; and Byr,_.. hold good. The water 
hammer lines always reverse at these curves and their slopes represent the damping 
of the oscillations. 

The course of pressure at an arbitrary place can be determined as the locus of 
intersections of the water hammer lines which start at points representing flow 
States at the pipe terminals prevailing one interval earlier, For the half length of 
the pipes these times are identical for both halves and the flow state is therefore 
determined by the intersection of these lines. (See Fig. 487.) 

It is advantageous to replace the actual pressure heads and velocities by relative 
values which can be obtained by dividing the pressure head by a significant pres- 
sure head H, (total head) and the velocity by a significant velocity C, (normal velo- 
city at fully opened valves). The relative values obtained in this way are the folow- 
ing: 


H, H. C. C. 
hat = > Rizo = Crt => Czo = T 
Equations (373) and (374) are transformed into: 
C, 
hu —hħxr = = ii, (czt — x7), 
C 
a= hom = r a (cot — exe). (377) 


The expression a = 9 is called the characteristic of the pipe. 
“419 
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The application of these transformed equations is demonstrated on the following 
example of a free efflux from a nozzle with a full consideration of pressure losses. 
Let us first establish the relations which determine the limiting conditions. The 
ratio of the outlet cross section of the nozzle to the cross section of the pipe is 
denoted as w (we still consider a pipe of a uniform cross section), for an arbitrary 
opening of the nozzle, and as y) the same ratio for a full (maximum) opening of the 


y 
nozzle. The pressure loss in the nozzle is expressed as £4 - 5 


2 

(V is the velocity 
Z 
in the nozzle), so that we can write 


' C24 > y2 w y? 
Yat T “2g =: 2g A Zg 
or c i 
“At ary 
= = = Ee e l E saat 1 > (378) 
Hat = Yat 2g E (1+ &a) | 


This equation represents the limiting condition for the downstream end of the 

pve assume, that the inlet end of the pipe is connected with a reservoir sufficiently 

large in which the water level does not change at all and the actual inlet is placed 

below the level,so that the inlet pressure is proportional to the pressure head yp. 
Bt 

2g ` 

Then we can write the following limiting condition for the inlet: 


2 
Bt 


2g 
If we consider the general case of an inclined pipe (Fig. 485), Equation (379) 
changes as follows: 


Hpi = Gg + ye = Gg a RE T + ég). (380) 


Losses in the grid and inlet valve can be expressed as F £g 


(1 + £p). (379) 


PANEER T 


In order to introduce relative values let us select as a reference head the static 
head from the upper level of the reservoir to the outlet opening of the nozzle 
H, = yg + Gp and as a reference velocity the flow velocity Cy which corresponds 
with the reference head in the case of a fully opened nozzle. According to (378): 

Gari 
H =el +&)—1). 
2g [z 
We further substitute 


1 
we +64) —1 
1 
=i +-€4)—1 
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38 


and 


where k = = LEAT IC 
a 
we arrive at the limiting conditions 


cat \? 
hat = a(cat,t) = | — 
it (cat,t) E 


where ¢ is the function of time p = f (t/) 
hri = n(cnr,t) = 1 — key (1 + £B). (381) 


The limiting conditions are drawn in the diagram Fig. 488. The relative flow 
velocity c is marked on the axis X, the relative pressure head A on the axis Y. The 


Qo uone a S a f 


Fig. 488 


condition valid for the inlet is, therefore, represented by the parabola 7 which 
does not depend on time. The outlet condition changes with time and, when plotting 
y as a parameter, it is represented by a system of parabolas. 

The course of the pressure rise is then constructed by the application of the 
Equations (377). The slope of the water hammer lines is given by the characteristic 
of the pipe 9 = oy} ; with reference to the prior explanation, further 

ERAD 
procedure is easily comprehensible from the picture. We assume that closure is 
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terminated after four half-intervals of the pressure wave, after which the water 
hammer lines turn about on the vertical line a = 4 - Ty. Six parabolas « are drawn 
for the total time of interval 2 Tz and therefore, the intersections of the water 
hammer lines represent pressure changes in places located at a distance of 1/6 pipe 
length. The dot and dash 
line in Fig. 488 represents 
the pressure course at a place 
which is at 2/3 pipe length 
from the outlet. 

Errors caused by the omis- 
sion of the inlet loss and 
velocity head are shown in 
Fig. 488 by the dash line 
which represents hz = const, 
and from which the course 
of the water hammer is an- 
alyzed. 

If we want to consider also 
pipe friction losses, we may l , 
concentrate them into the Fig. 489 
inlet cross section and in- 
crease the inlet loss by the value of friction. This is a simple way how to approach 
actual conditions. 

The course of pressure changes established in this way is redrawn in Fig. 489, 


het AT, , , Wah 
4f i 
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a 4 


eon 


Fig. 490 


where time is marked on the axis X. The diagram 489 is then the time diagram of 
the course of the water hammer. 

Pressure drop during nozzle opening is investigated in Fig. 490. The time con- 
sidered equals again four half-intervals of the pressure wave. Inlet losses and velo- 
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city head are not considered. During the investigation of the pressure drop we are 
very interested in the course of the drop in the whole length of the pipe. It is nec- 
essary to determine whether pressure decreases at any place to zero. This would 
mean a disruption of the water column, The dot and dash line in Fig. 490 shows 
the pressure course in places located at a distance of 1/6 of the pipe length. 

A changing cross section of the pipe is easy to consider in the graphical analysis. 

During the analysis the time interval for each individual section of a uniform 
cross section is established 
and the resultant times are 
round, so that they are 
either equal or whole mul- 
tiples of each other. Equa- 
tions (377) are applied to the 
individual pipe sections of 
a uniform cross section. By 
denoting the contact cross 
sections as Sy S» we can 
write for the pipe section be- 
tween the outlet and contact 
S, the following equations: 


hat —hsy,t-7, = 
= — 0; (Cat — CsS1,t- T1) 
Fig. 491 Asy,t — ha,t-2, = 


+ 01 (C51, — C4,¢-71)5 (382) 
In a similar way for the section between S; and S, we can write: 
hsy,t — se,t-71, = — 0a (Cs1,t — ES2,t- T1) 
hse, =n hsy,t- Tr = + Os (Cso,t EF Cs1,t-Tr) (383) 
and so forth. 

As stated before, we must bear in mind that individual points of the diagram can 
be valid at different times for various places of the pipe. Fig. 491 shows the analysis 
of water hammer in a pipe composed of two sections of different diameters and thus 
also of different characteristics 9. The lower part of the pipe has the characteristic o, 
which determines the slope of the water hammer line 0—/—2—3, the second 
section has a characteristic 9, which determines the water hammer line 0—4.5. 

During closure water hammer is formed in the lower part with the characteristic 
Qı. Let us denote the half- time of interval of the whole pipe as Tz, the same time 


2 2 
The first Equation (382) applied to this time is written as follows: 


for an individual section as Ti and let us consider a time 2 (+) 3 


hag Te — hsı Th =o; | c4o 2E — csi ]. 
42-7 S1 3 Q1 | CA2 7 si- 
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Pressure rise in time > has not yet reached the point S,, because there is no 


change of conditions (pressure and velocity) and the state is represented in the 
diagram by the point O. Therefore, according to the above equation, conditions 
valid for point A (efflux end of the pipe) will be represented by a point which 
belongs to the water hammer line of a slope — g,, i. e. on the line 0. 1, 2, 3. The 
point representing these conditions must belong also to the curve of the limiting 


conditions of the outlet end, i. e. to the parabola Ar, = 7 The investigated 
point is therefore identical with point 3. 
Now let us consider the time 3 = and use the first Equation of the system (383), 


As point S, in our example is identical with the inlet, we shall use the denotation B 
instead of S,. It follows: 


i en TL 
hsis = hee t 


=—e(cs1s 2 — cns a) . 


Ty 
2 
represented here by the point O. According to the equation the state valid for the 


Pressure change has not yet reached the inlet (B) in time 2 ; the state is 


point S, in time 3 at must be determined by a point of the water hammer line 


starting from point O and having a slope — 9», i. e. on the line O—4.5 (the figures 
give the time in seconds for Tz = 3 sec.). 


Let us apply for the same interval 3 = the second Equation (382) as follows: 
hsy3 tt — hae =+ 0, (css 2 —cas a) : 


We know the state of point A in time 2 = 3 it is determined by point 3. Accord- 


ing to the Equation the state of point Sı 3 Ey. must be represented by a point of the 


water hammer line starting from point 3 and having a slope + go, i. e. the line 
3—4.5 and it will be determined by the intersection with the water hammer line 
0—4.5 mentioned before. The investigated point is identical with the point 4.5. 


A T ; 
By a similar application of Equations (382), (383) to time 4 > we receive the 
points 6 and 6’, then 7.5, etc. For a more exact determination of the pressure 


ay es Ty 
course we must divide the basic time 2 5 


so as to obtain more points (In the 


given example the basic time has been divided into three equal time intervals). 
The construction appears to be almost a mechanically drawn “refiection’’ of water 
hammer lines. 
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In this graphical method we can respect without difficulties conditions which 
in the numerical analysis are often impossible to handle. Therefore this graphical 
method is widely used.) 


lil. SURGE TANKS 
1. Purpose of Surge Tanks and Stability of the Supply System 


Long closed conduits are generally interrupted by a surge tank as shown sche- 
matically in Fig. 492. 

Surge tanks are placed as near to the power station as possible; the water supply 
conduit should be always 
horizontal. Water hammer 
cannot spread from the tur- 
bine into the conduit be- 
tween the surge tank and 
reservoir, because the free 
level in the surge tank causes 
a reflection of the pressure 
wave. The conduit between 
the surge tank and reservoir 
is thus subjected to a lower 
pressure head and is con- 
structed as a tunnel. The pipe 
length between the turbine 
and the place of reflection 
is shortened (without surge 
tank the pressure waye 


f 
DAAD 


‘(07777 tig Would be reflected from the 
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reservoir) ; the water hammer 
Fig. 492 is reduced. Conditions for 
proper automatic control are 
improved, because the starting time of the pipe 7; is reduced. Fig. 492 shows the 
most simple arrangement: the surge tank is located in the penstock. The surge 
tank can be placed also beyond the turbine, if a discharge tunnel is used in an 
underground power station, see Fig. 493. If no surge tank is arranged in an 
underground power station, flow rate changes cause great pressure fluctuations 
beyond the runner and turbine regulation becomes very difficult (increase of T). 
(Combinations of two surge tanks either according to Fig. 493 or according to 
Fig. 494 constitute a hydraulically very complicated case, because both surge tanks 
are mutually influenced.) 
‘) For further applications see the cited article of Schnyder as well as the following 
works: Mostkov, Bashkirov: Raschoty gidravlicheskovo udara, Gosud. energeticheskoye 


izdatelstvo, Moscow-Leningrad, 1952. Bergeron L.: Du coup de bélier en hydraulique au 
coup de foudre en electricité, Paris, Dunod, 1950, Jager: Technische Hydraulik, Basel, 1949. 
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Fig. 492 shows that the surge tank and reservoir form a system of interconnected 


vessels which is capable to oscillate. Let us imagine that the pressure pipe leading 
to the turbine is shut off and the water level in the surge tank is pressed down (by 


Fig. 493 


any pressure exerting installation). It is obvious that by a sudden relicf of the 
pressure in the surge tank the water level in the tank starts to oscillate. Water will 
flow in the tunnel alternately in both directions, this turbulent flow will cause 
friction losses which are proportionate to the square of velocity and the movement 
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Fig. 494 
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will be damped down gradually. If no water flows from the surge tank to the turbine, 
the water level in the surge tank will be stabilised. In the case of an open penstock 
and with an automatically controlled turbine, conditions can arise, at which more 
energy is supplied to the surge tank, than delivered from the surge tank to the 
turbine. The surplus energy causes an oscillation of the water level in the surge 
tank which gradually increases. An automatic controller maintains a constant 
output of the turbine according to the following formula 


_ Q, Hi 1000 
eae: 


where N is the output in metric horse power, Q, the flow rate of the turbine in m?/sec, 
This output is maintained even at a changing head. If the level in the surge tank is 
lowered the head is reduced, the controller increases the flow rate and so the level 
in the surge tank is lowered still more. If this effect is greater than the damping 
effect of the tunnel, an oscillation of the level in the surge tank is started. The 
amplitude of this oscillation is steadily increasing, the oscillation is transmitted to 
the controller and finally the operation of the turbine becomes untenable. 

In order to prevent an increasing oscillation of the system and to reduce the level 
fluctuation caused by the changing flow rate of the turbine, certain conditions of 
stability must be fulfilled. 

Let us derive the basic equations valid for the movement of the system (using 
denotations according to Fig. 492). 

The level difference y reduced by friction losses in the tunnel z = &- v 2/v is 
the velocity of water in the tunnel) accelerates in the tunnel a water column of 
L-y 


N 


the mass m = f 


» where f is the cross section area of the tunnel, L its length, 


y the specific weight of water and g the gravity acceleration. The pressure (y — 2). 
acts upon the area f and therefore the following holds good: 


y do EFF 
fie dp = — bef. 

Apart from this equation, the equation of continuous flow is also valid; the 
difference between the quantity of water flowing through the penstock to the turbine 
and the quantity flowing through the tunnel must equal the reduction of the water 
content of the surge tank (the value y is considered positive in 2 downward 
direction). We may thus write: 


dy 
O —fo=F>. 
The quantity flowing from the surge tank to the turbine is: 
B= N-75 
=  H-1000-7' 


The water level in the surge tank differs from that in the reservoir by y. If we 
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denote the difference between head-race and tail-race as the geodetic head Hy, we 
may write: 


H = H; — y, 
and by substituting 
N:75 
~ T000 ? 
we can express Q, by the following relation: 
A 
2 = n 


By substituting this relation into the above derived equation of continuous flow, 
we receive the following two equations which are sufficient for the solution of the 
problem: L de 


ees E ER 2 

g dt ray 

dy A 

W =H 384) 
a G—om 


By assuming that the amplitude of the level oscillation is small in comparison with 
the total head!) we receive the following two conditions of the stability from the 


above equations: Wore Hy e are: 
à 2 ns —i: Hi 
2kFg i 
Paw ack LA >a ) 
( fL F a oe 


Symbols used are taken from Fig. 492: vs is the medium velocity of flow in the 
tunnel (at the load considered), 7; medium efficiency of the system at the flow rate 
considered and ? is the ratio of change of the efficiency in dependance on head: 


p= baa . Change of efficiency in dependence on the flow rate does not effect 
stability. 

The first criterion demands, that tunnel losses r should be smaller than half of 
the difference between the surge tank level and tail-race level. 

The second condition determines the size of the level area F in the surge tank. 

If the value of the ratio: change of efficiency in dependence on head is small, and 
thus 7 — 0, both criteria can be simplified as follows: 


eo , Hy ayn Hg 
A hk Sr E 
2kFgHo — 
> 386 
e (386) 


1) See e. g. Nechleba: Theorie indirektní regulace rychlosti (Theory of indirect speed 
control), Technicko-vědecké vydavatelství, Prague, 1952 
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The second conditions is often called Thoma’s condition, because Thoma was 
the first who investigated the stability of surge tanks!) and the area complying 
with this condition is called Thoma’s area: 

Lf 
Fr, == 
Th 7 kg. H, 

From Equations (384) we can calculate also the maximum amplitude of the level 

oscillation occurring at a flow rate change AQ in a surge tank with a constant cross 


section F: _ 
Sine = 2 [EL | fm (387) 
VJE \V g H, —2r 
and the time of one oscillation wave:?) 
| FHL 
T 2n| jp (388) 


2. Dimensioning of Surge Tanks 


In the preceding chapter we have dealt with the basic values for the dimension- 
ing of surge tanks. In this connection we have discussed first of all the minimum 
surface area of the water level in the surge tank, Thoma’s area, which forms 
a limiting condition of stability. Actual cross section of the surge tank must be 
greater than this calculated limiting value. We must respect the condition F > Fry, 
or F=n:- Fr, andn > 1. 

We introduce the safety coefficient 7 in order to ensure a sufficient damping 
effect and also to compensate for risks occurring in the selection of the tunnel 
coefficient k. The latter must be introduced in calculations before the tunnel 
begins to operate and thus there is no possibility of checking by actual measure- 
ments. 

As stated before, the critical surface area Frp has been determined under the 
assumption that the level amplitude of the surge tank is negligible in comparison 
with the total head. This assumption holds good only for high heads. For lower 
heads we must introduce a certain correction which will be dealt with further on. 

The second directional value for the dimensioning of the surge tank is the am- 
plitude of the level oscillation, i. e. the sum of the maximum rise and maximum 
fall of the water level in the surge tank. For this value we have introduced the 
expression (387) from which it can be seen that the amplitude rises with an 
increasing change of the flow rate AQ. Level rise attains the highest value in the 
case of a complete load rejection in all turbines connected with the surge tank. 
This extreme case must be considered when determining the height of the surge 


4) Thoma R.: Zur Theorie des Wasserschlosses, Oldenbourg, Berlin, 1910. 

*) For the derivation of both expressions sce e. g. Nechleba: Theorie indirektni regulace 
rychlosti (Theory of indirect speed control), Technicko-védecké vydavatelstvi, Praha, 
1952. 


582 


se 


tank. On the contrary a maximum fall of the level occurs in the event of full load 
being suddenly applied to all turbines running hitherto without load. Theoretically 
we should consider this case for the determination of the bottom of the surge tank. 


- A carefull analysis of the operating conditions of the system will show, if this 


extreme case must be considered. However, an increase of load amounting to the 
half of the maximum load occurring simultaneously in all turbines is generally 
counted with. 


Value (387) has been derived under certain simplifying assumptions and there- 
fore it does not give exact results; we have assumed a case of undamped oscillation 
(F = Fr»), the amplitude is smaller in the event of a damped oscillation. The con- 
struction of a surge tank is expensive and we must try to determine the most exact 
dimensions necessary for the proper function. 


Rise and fall of the level in the surge tank can be best determined by graphical 
methods worked out e. g. out Braun, Calame-Gaden and Schoklitsch. The latter 
is the most simple and it will be described in a later paragraph. It has a further 
advantage that it can be applied for an analysis of the more complicated surge tank 
arrangements which are used for a reduction of level variations, i. e. reducing surge 
tank dimensions and first costs. 


3. More Complicated Surge Tanks 


Special designs of surge tanks are made in order to reduce the dimensions. The 
underlying idea applied in these designs is the following: the retardation of the 
flow in the tunnel (at a decrease of the flow rate) is the more effective, the more 
rapid will be the pressure rise in the lower part of the surge tank, and on the other 
hand acceleration of the flow in the tunnel (at an increased flow rate) will be the 
more effective, the more rapid will be the pressure drop in the lower part of the 
surge tank. The desired rate of pressure change 
can be achieved by a special shape of the surge 
tank or by a suitable throttling of the water inlet 
into the tank. 

a) Surge tanks with an upper and lower chamber 
according to Fig. 495 are used in cases when 
rock excavation is appropriate. The cross section 
area F; of the central part is rather small but 
always larger than the above defined critical 
area Fp). Cross section areas F, and F, of 
the upper and lower chambers are larger and 
dimensioned by a detailed investigation. It is 
obyious, that e. g. at a sudden reduction of 
the flow rate of the turbine the level in the 
surge tank rises almost to the maximum and 
immediately has a retarding effect upon the flow Fig. 495 


[A if 


in the tunnel. Level oscillation formulas mentioned above are not valid for this 
type of surge tanks and the case must be analysed by a graphical method.) 

b) The restricted orifice surge tank. The same effect (intensive retardation or 
acceleration in the tunnel) can be achieved by restricting the orifice, i. e. by 


Fig. 496 


throttling the inlet into the surge tank according to Fig. 496. During a change of the 


level in the surge “we water flows through the orifice at a speed u = +2 and 
: t 
a throttling loss + > occurs. The throttling has, therefore, a fayourable effect 


upon the acceleration or retardation of the flow in the tunnel, but stresses caused 
by increased overpressure and underpressure represent an adverse effect. Gen- 
erally these stresses in the tunnel construction are not very high. 

It has been stated, that flow rate changes during reduction are generally greater 
than those occurring during an increase of the flow rate. The throttling orifice is 
designed, therefore, asymmetrically according to Fig. 497. Friction losses during the 
inlet period are higher (reduction of the central flow area), than those during outlet. 


c) Fohnson’s differential surge tank. This is a variation of the restricted orifice 


*) In literature we encounter sometimes the idea of an „idealized surge tank“. By this 
a surge tank is understood where the total volume of the tank is concentrated in the extreme 
positions of the water level. 
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surge tank. It consists of an internal riser chamber ofa smaller cross section area F, 
and of an outer chamber of a cross section area F, — F,. The lower part of the riser 
contains throttling ports through which the water flows (Q,) into or from the outer 
chamber or, after having reached the maximum level ye, the water owerflows into 


_the outer chamber. The function of the surge tank is illustrated schematically in 


Fig. 498 with all phases of inlet and emptying. 

This type of surge tank requires a rather great restriction of the orifice in order 
to secure a rapid increase of the water 
column in the riser. Pressure rise cannot 7 
reach dangerous values, because of the over- J 
flow arrangement. 

Fig. 499 shows an arrangement which is 
a variety of Johnon’s differential tank. The 
riser is substituted by the side-duct 7 which 
has been originally a lifting pit during the 
excavation of the tunnel O. The arran- 
gement may be considered as a differentia 
tank only if the distance A — A’ is short so 
that the mass of water in this short connec- 
ting duct may be neglected. Otherwise the 
arrangement represents a system of surge 
tanks according to Fig. 494. 

Tt must be born in mind, that the restricted 
orifice does not increase the stability of the 
system and the cross section area of dif- 
ferential surge tanks must be also greater, than the critical yalue of Thoma. We 
must remember, that at small changes of the flow, velocity in the orifice is so small, 
that practically no pressure loss occurs and stability is not effected at all. In 
Johnson’s differential surge tank the cross section area of the riser must be 
greater than Thoma’s yalue, because at larger surges water level in the riser is 
different from that in the outer chamber and the important factor is the level head 
of the riser. 


Fig. 499 


4. Graphical Method to Determine Level Changes in the Surge Tank 


Level changes in complicated surge tanks are very difficult to determine by 
numerical analysis. They can be analysed very exactly and clearly by the graphical 
method of Schoklitsch’). 

First of all the basic Equations (384) are taken as a starting point. The equation 
for the acceleration in the tunnel reads: 


= y he! (389) 


1) Jager: Technische Hydraulik, Birkhauser, Basel, 1949, p. 232 — also Schoklitsch: 


Spiegelbewegung in Wasserschléssern, Schweizerische Bauzeitung, 1923, p. 129—146. 
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and the equation of continuous flow is: 


d 
Q,—fo=F—. (390) 
By substituting the differentials by differences, i. e. by values very small but not 
infinitesimal, we can re-write these equations in the following way: 


do =—= Ax(eo*—y), (391) 


ofAt = O,At — FAy, (392) 


where y is the difference in level of the reservoir and the surge tank (counted as 
positive in a downward direction), v the flow velocity in the tunnel, f the cross 
section area of the tunnel, F the cross section area of the surge tank, Q, the flow 
rate in the penstock and k the coefficient of friction in the tunnel used in the 
formula for the total loss of head in conduit from reservoir to surge tank r = k - v®. 

If we select equal time inervals Az, the value At becomes constant and the 
equations determine the dependence of the velocity v upon the level drop y in the 
surge tank. The graphical analysis is shown in Fig. 500. Velocity v is marked on 
the axis X (positive values to the left i. e. direction of flow into the surge tank). 
Level change y is marked on the axis Y (positive values downward in accordance 
with actual conditions — y is a level drop.) 


First of all we draw the following auxiliary lines: 
r = + k+v? marked in the picture as 1; 
Av = + + -At+y, this equation is illustrated by the straight line 2; At is selected 


as an arbitrary value, but equal throughout the whole 
analysis, so that it represents a constant value; 


v. f. At = V; is plotted in the positive direction of y, see the straight line 3; 


AV =F: dy, representing the volume of the surge tank at different 
levels. AV is plotted in the direction of the X axis and the 
starting point is arbitrarily selected (however, sufficiently 
low so, as to be lower than the expected lowest level), see 
line 4. 

Finally we must draw the line QO, - At, where Q, is the flow rate after the turbine 
load has been changed. E. g. if we investigate a level change for the event of a load 
rejection corresponding to a flow rate reduction from maximum to one third, we 


calculate with a value O, = F - Omax- Simultaneously we can take into account that 


flow rate changes as a function of the head. E. g. for a constant outlet orifice of 
a cross section area fe we can write the following equation: 


O,At =s V2g(H—3) i At. 


Fig. 500 


For the automatically controlled constant output the following equation holds 
good: 


se A 
H—vy 1000-7 


The line representing this function in the picture is the hyperbola 5. 

Note; We do not consider how flow rate changes proceed during the regulating 
process after a load rejection, because the time required by the controller is of the 
order of several seconds. The time required for the level change in the surge tank 
is of the order of several minutes, Therefore the flow rate change during regulation 
may be considered as instantaneous. 

The analysis (Fig. 500) proceeds in the following way: 

Let us start from point a, on the line 1, which represents the velocity in the tunnel 
at the initial level position in the surge tank, i. e. at a state of continuous flow in the 
tunnel prior to the change of the flow rate, Through this point we draw a parallel 
to the line 2; the end point of the parallel is not known yet. This parallel represents 
the Equation (391) as we shall see later on. We apply now the Equation of continuous 
flow (392), i. e.: v-f-At = Q,-At—F-Ay, The values v-f-At = Vy are 
represented by the line 3 and the value belonging to the velocity of the point a is 
given by the ordinate of this point extended to the line 3. The value Q, : At is 
represented by the line 5. By subtracting this value from V; (as shown in the picture) 
we receive F - Ay = AV. This is the quantity of water which enters the surge tank 
during the time interval Aż and on line 4 we receive the corresponding level position 
as point b4. Point b, is projected upon the parallel drawn at the point a, and thus 
we receive on the ordinate axis the value Av. From the shaded triangle we can see, 
that the following relation holds good: 


O,At = 


—Ao =< At: (kè —y). 


Thus we have determined the new velocity of flow in the tunnel which belongs 
to point ba. To this velocity belongs on the loss of head line 7 the point b, which is 
the starting point for the next cycle of the repeated plotting. 

By plotting the values y on the equal time segments At (see the right hand side 
of Fig. 500) we construct the curve representing the movement of water level in 
tume. 

If time intervals At are small enough, level oscillations or the curve of level 
movement are established with sufficient accuracy. The shape of the surge tank 
does not cause any difficulties. 

The analysis can be easily applied also for special cases, as we shall demonstrate 
on the example of Johnson’s differential surge tank (Fig. 501). Let us denote F} 
the cross section area of the riser, F,—F, the cross section area of the outer chamber, 
fe the area of the connecting ports. The water volume which enters the surge tank 
must be divided into two parts as follows: 


vfAt— O,At = —(V'At + V"At) 
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Further the following relations hold good: 

ViAt=F Ay, and V'At=(F,—F,) Ay, 
Ay are the level differences in different parts of the surge tank from the reservoir 
level. The volume V; = v -f-At is represented, as before, by the line 3. Instead 


of the former volume line 4 we must draw two lines 4’ and 4" for both parts of the 
surge tank (riser and outer chamber). The volume entering the surge tank is divided 


Vat 
Sebiagh® Vist 


into V’ and V”; for this purpose we use the line a representing the port flow fs. It 
follows: 


V"At = fe\2g(9; — Y2) ' At. 


It is obvious that we must proceed empirically. If the level in the riser reaches 
the overflow edge, we use for the overfiow the line b: 


y'= < ub\agh? and V"At =f, \2g(y,— yd At + gye h. 


In order to ensure a rapid rise of the level in the riser and also to ensure a rapid 
emptying of the outer chamber, non-return flaps were mounted in the ports fe. 
These flaps were worn out very quickly; they were abandoned and the ports are now 
made with rounded off outer edges and sharp inner edges (similar section as in Fig. 
497) ensuring a smaller flow rate during the inlet period and more rapid emptying. 
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5. Stability in Case of Great Level Oscillations 


We have shown in the first section of this chapter that certain conditions must 
be fulfilled in order to ensure a stable position of the level in a surge tank from 
which water is supplied to a turbine with an automatically controlled output. 


These conditions have been established for the case of level changes which were . 


negligibly small in comparison with the total head. We have seen, however, that 
great changes of output and consequently of flow rates can cause considerable 
movements of the water level in the surge tank. If the total head is rather small 
a great drop of the level in the surge tank can have an adverse effect upon the sta- 
bility of the system. 

Two conditions were introduced which must be complied with. Let us consider 
the first one. By neglecting the change of efficiency, i. e. at i = 0, this condition 
can be written as follows: 

H; 
3 


This equation determines the maximum admissible loss of head r in the tunnel. 
If this limit value is excedeed the head decreases with an increasing flow rate so 
rapidly (loss of head caused by rising friction losses in the tunnel), that the loss of 
head has a greater influence upon the output than the increased flow rate. At 
further increase of the flow rate the output of the turbine does not increase, but, 
on the contrary, it decreases. The controller reacts by a further increase of the 
flow rate and complete emptying of the surge tank takes place. It amounts to the 
same, whether the above inequality is not fulfilled by increasing the left hand side 
(increased flow rate) or by reducing the right hand side (reduction of the gross 
head). The gross head He is here reduced by a maximum drop Smax of the level 
in the surge tank caused by sudden increase of the flow rate. As the above men- 
tioned inequality must be fulfilled also at the lowest position of the level in the 
surge tank, the following holds good: 

Hy — Smax Hg — r — Smax 


hese Se 93) 


The second condition of stability has been established as 


or written in a different form: 


FL 7fL 
2kgHy | ns 2kg ` 
The fulfillment of this condition means that the movements of the water level 
caused by a change of the turbine output are being gradually reduced. At conditions 
represented by a reverse direction of the above inequality the level movements 
would gradually increase. 
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The direction of the inequality can be reversed also by reduction of the gross 
head Hy caused by the level drop of Smax. If the head reduced in this way would 
reach a value which is smaller than that at which the inequality is transformed into 
equality, the drop of the level could be increased to the extent of a total emptying 
of the surge tank. Therefore the above condition must be fulfilled also for the 
greatest level drop, i. e. for the lowest head H; — r — Smax and it follows, that: 


F> eee YL 
2kg(Hg —r— Smax) 12kg? 
or for 7 = 0 the following holds good: 


(394) 


fE 
ee 
2kg(Hg — r — Smax) 


6. The Safety Factor 


Surge tanks dimensioned according to these considerations, i. e. inequalities just 
changing into equalities, would operate on the limits of stability. A deviation of the 
surface once formed would not increase, but would not decrease either. The 
greater the actual surface area (compared with the calculated area), the more rapid 
the damping of the level fluctuation. 

Generally it is sufficient to multiply the calculated area by the safety factor 
n = 1.5 to 2.1) However, in cases of non-uniform load demands in the system which 
entail frequent changes of flow rate, we must ensure a rapid damping of level 
fluctuations and the value of the safety factor is increased up to n > 2. 


IV. CLOSING ORGANS FOR CONDUITS 
1. Quick-Closing Device 


Turbine feed must be quickly closed particularly in the following two instances: 

a) in the event of the turbine unit running at runaway speed caused by a fault 
of the speed controller, 

b) in the event of flood danger caused by a burst spiral or pipe line. 

The first possibility must be considered with high-head turbines as well as with 
low-head turbines. Quick-closing devices may be omitted only in turbines 
equipped with automatically operated double controls (Pelton turbines controlled 
by needle and deflector, Kaplan turbines with regulated guide blades and runner 
blades). If, e. g., the speed of a Kaplan turbine increases above the admissible r. p. 
m., the emergency governor closes the runner blades regardless to the open guide 
apparatus. In a similar way in a Pelton turbine the deflector changes the direction 
of the jet without regard to the opening of the needle. For meeting the first type 


1) See also Jager: Technische Hydraulik, Birkhauser, Basel, 1949, p. 228. 
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of emergency, quick-closing devices are used mainly in Francis turbines. The 
closing organs are actuated by an electrically connected remote control emergency 
governor. (A safe source of current must be provided for this connection). It 
should be noted, that in the case of the turbine running at runaway speed the unit 
need not be closed instantaneously; according to the valid standard specifications 

all revolving parts of the turbine — includ- 


runaway speed.!) However the runaway 
speed must be reduced to normal or 
slightly above normal in a time interval 
which is of the order of a few seconds 
or some tens of seconds. Longer runs at 
runaway speed may cause the bearings 
to be seized or melted out and thus cause 
catastrophic consequences. 

The second possibility must be consid- 
ered mainly in high-head turbines. 
Bursting of pipes or spiral casings occurs 
only very rarely, because pressure rise 
during closure is correctly calculated and 
the minimum time of closure is control- 
led by the orifice plate in the servomotor 
pipe. However, this emergency cannot be 
excluded entirely because faults of mate- 
rial and unforeseen operational conditions 
may be the cause of bursting. (Air from 
the pressure vessel penetrating into the 
servomotor is particularly dangerous in 
this respect). Fig. 502 shows the con- 
sequences of a similar breakdown in a 

Fig. 502 rather small unit. 

In the event of a breakdown of the 
type deseribed, the water feed to the turbine must be closed in the shortest 
possible time. For this purpose a quick-closing device is mounted at the intake, 
i, e. a gate at the entrance of the conduit or a valve at the inlet end of the pipe. In 
the event of a break down, the device is closed automatically. 

Quick-closing devices are actuated either by installations reacting when the 
maximum velocity at the pipe inlet is exceeded (the so called maximal protection), 
or by those reacting to different flow rates at the pipe inlet and spiral inlet (the so 
called differential protection). Because the differential protection does not protect 
the spiral, it is sometimes combined with the maximal protection. 

Maximal protection is not suitable particularly in arrangements where a common 
Pipe line carries water to several turbine units. The protection must then be set 


F 1) See CSN (Czechoslovak Standard Specification) 085010 — 1951, paragraph 22. 
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ing the alternator — must withstand the * 


for a flow rate which is slightly greater than the sum of the flow rates of all turbines 

running at full foad. If, on the contrary, some of the turbines are out of operation, 

the protection does not react at leakages where the total flow rate is below the value 

set and great damage can be caused even at this state of leakages. The impulse relais 

consists of a target plate projecting into the pipe and counterbalanced by a weight 
2 


(Fig. 503). For a set velocity the dynamic pressure k - se is counterbalanced by 


the weight of the relais. If the set velocity is increased the lever is slanted, an electric 
contact is established (battery D. C.) and the 


quick-closing device is actuated. The principle BG EY sy 
of the Pitot tube can be applied too. 

In the case of differential protection ~ more | 
advantageous, but hitherto scarcely used — the ~ c =- 
flow rate at the pipe inlet and the spiral inlet is +~ — — SES SS 
measured by orifice plates or by Pitot tubes and 7 < 
the results are compensated (electrically or hydrauli- bar mt oh Se a 
cally) at an equal flow rate. Ifa greater flow rate Fig. 503 
is measured at the pipe inlet (compared with the 
flow rate at the spiral inlet), the quick-closing device is actuated electrically or 
hydraulically. 

Quick-closing devices consist of gates or valves. In both cases opening is carried 
out by outside energy (electrically), while closure is done either by the own weight 
of the gate or by a weight mounted for this purpose. Thus closure by gravitation 
ensures a reliable function of the closing organ; the last phase of the closure is 
retarded by hydraulic breaking. 


2. Quick-Closing gates 


Low and medium pressure hydro-stations are equipped with quick-closing 
gates; in high pressure installations these gates are used only when they are built-in 
into the intake canals (valves are preferred for these installations). 

Gates of small dimensions are made of wood and they have an additional weight 
in order to ensure reliable contact with the seat in spite of the hydraulic lift and 
friction in the guides existing during closure (when the gate is subjected to water 
pressure acting upon one side of the gate). 

Large gates made of steel ensure a reliable seat contact by their own weight. 

The space beyond the gate must have a well designed air-inlet in order to prevent 
increased stresses in the gate and spiral flume caused by a vacuum by the inertia 
of the moving water mass (also a disruption of the water column and reflected 
pressure wave can be caused by the same reason), 

Fig. 504 shows the lifting mechanism of a small gate. The gate is lifted mechanic- 
ally: either by hand or by an electric motor E. After lifting, the gate rests upon the 
support Z and the gear coupling S of the hoisting mechanism is relieved. When the 
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necessity arises, the support Z is unlocked by remote control and the gate falls 
downward by its own weight. The fall is retarded by the oil brake B, particularly 
towards the end, 

The suspension of the gate 
is arranged so, that the gate 
remains suspended as long as 
the coil of the magnet M has 
a current supply. By breaking 
the circuit either by a manual 
switch or by the remote action 
of the emergency controller the 
wight G opens the lock of the 
supporting lever Z. This arran- 
gement (shown in Fig. 504) is 
suitable for systems, where the 
current supply for the magnet 
coil is not always reliably se- 
cured (e. g. current is supplied 
by the alternator of the turbine 
set). The gate is thus closed 
whenever the current supply is 
cut off. — A reversely acting 
arrangement is applied in cases 
where the magnet coil receives 
current from an independent, 
absolutely safe source, (e. g. 
storage batteries), In this arran- 


SS 


SSSA 
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gement the gate is held in a lifted position when the weight G is in a low position. 
By switching on the current circuit, the magnet is activated, it lifts the weight G 
and the gate is unlocked. 
The braking oil dashpot B (Fig. 505 -— system CKD Blansko) consists of a piston 
moved by a threaded spindle and bevel gear driven by the lifting mechanism 
of the gate. Oil is pressed from one side of the piston to the other and throttled by 


Xle 
i- 


Fig. 506 


an adjustable orifice or by the cock K*The required falling speed of the gate is 
obtained by the proper adjustment of the orifice or cock. Near the lower dead- 
point (which corresponds to the closed position of the gate) oil discharge from 
the space below the piston is prevented by the piston sleeve N and thus the fall 
of the gate is damped down, The course of oil pressure is checked by a presure 
gauge connected to the space under the piston by an indicating boring. Axial forces 
acting upon the spindle are taken up by the thrust bearing P. 

It is possible to damp the fall of the gate also by other means: e. g. the Escher — 
Wyss Works use a gearwheel pump for this purpose. ' 

Hydraulic lifting mechanism are used for the lifting of large gates made of steel. 
The mechanism is rather simple, does not require large space and develops 
a considerable lifting force. A schematic illustration of this arrangement is shown 
in Fig. 506. The lifting cylinder A is firmly connected with the gate construction. 
The cylinder contains the piston B, the piston rod is hinged on a rigid construction. 
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The hollow piston rod serves as an inlet pipe for pressure oil entering the space 
above the piston and also as a discharge pipe for the leakage oil from the space 
below the piston. When pressure oil (at 40—90 atm. g.) supplied by the gear-wheel 
pump C enters the space above the piston, the gate is 
lifted. The gate is closed by discharging the pressure oil 
through the valve D. 

Lifting of the gate proceeds as follows. By switching 
on the electric motor of the pump, the coil of the magnet 
E is activated simultaneously and the auxiliary gate valve 
F is moved upwards. For the required closure time of 
large gates (10 to 20 seconds) the main control valve D 
has large dimensions, if operated directly by an electro- 
magnet. Therefore the auxiliary valve is used to operate 
the valve D and the size of magne tis reduced also. By 
the upward movement of the control valve F the delivery 
side of the pump (equipped also with a safety valve) is 
connected with the space a, at the top of the main valve 
D. The valve is pressed down against the spring by 
which the valve is held normally in top position. 

Discharge pipe H is disconnected from the oil tank and 
connected with the delivery side of the pump. Pressure 
oil is supplied to the servomotor of the gate which is lift- 
ed at a velocity proportionate to the delivery of the 
pump. (Opening time of large gates is about 15 to 30 
minutes). After the gate has been partly lifted, one of the 
four circuit breakers illustrated (J) switches off the elec- 
tric motor (the electromagnet remains under current) 
and the gate stops; filling of the turbine casing begins. 
After filling has been completed — it is checked in the 
powerhouse e. g. by a pressure gauge — circuit breaker J 
is switched on again by hand and pumping continues. 
The gate is lifted to the highest position, In this position 
the second switch breakes the circuit of the ,driving 
electromotor (but not that of the electromagnet). The 
gate is held in highest position by the pressure of the 
servomotor oil, because the delivery branch of the pump 
is equipped with a non-return valve. Because of various 

Fig. 507 leakages the gate begins to descend slowly. After it has 

been lowered by 10—20 cm the circuit breaker for the 

top position is switched on and the gate is lifted again to top position. In this way 

the gate is maintained open (the secondary pumping takes place in intervals of 
10—30 minutes). 

The designer must take into account also the possibility that the circuit breaker 
for the top position is out of order and does not cut off the pump. For this emer- 
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i gency the gate has the possibility to travel to such a height that the piston of the 
servomotor impinges upon the cylinder lid, the lifting of the gate is stopped and 
the oil returns through the relief valve into the oil tank. The cylinder lid must be 
dimensioned so, as to carry the whole lifting force reduced by the weight of the gate. 

The remaining two circuit breakers are used for signalisation. One sends optical 
signals to the power house when the gate is closed and the other signalises the open 
position of the gate. The “‘gate open” signal is extinguished even when the gate 
passes the prescribed limit for the periodical lowering caused by leakages. 

Closure of the gate takes place in the following way. The current circuit of the 

4 electromagnet E and the electromotor is broken by a press button or automatically. 
No pressure is in space a, and the main control valve D is pushed to top position 
by the pressure in pipe H and by the spring which helds the valve in top position 

even if there is no oil pressure in the pipe H. Oil is discharged from the servomotor 

j at a speed proportionate to the orifice in the pipe. The gate falls and in the last 

phase the fall is damped by the braking effect caused by the gradual closing of 

gate I (Fig. 507) in the piston rod. The piston rod passes through the cylinder 
cover with a protruding sleeve, which at a certain position overlaps the gate J of the 
piston rod, 

Fig. 507 shows an actual design of the lifting cylinder (Escher-Wyss). Leather 
cup sealing of the piston is clearly visible and so is the arrangement for the disposal 
of the leakage oil as well as the hollow piston rod functioning as an oil pipe. Oil which 


Direction of 
water-stream 


SAX 


SSY 


i 597 


percolates through the sealing leather cups is removed from below the piston by an 
inserted pipe which is clearly visible. The piston rod is suspended on a spherical 
hinge. Sometimes Cardan hinges (CKD) are used for this purpose. 

The arrangement is sometimes reversed. The cylinder is attached to the rigid 
construction (tiltably) and the piston rod is fixed on the gate (see examples of gate 
valve arrangements). 


3. Quick-Closing Devices for Pipes 


Quick-closing devices for pipes are generally made as butterfly valves. (See 
Fig. 508.) They are in principle lense-shaped discs seated in a split housing which 
forms a section of the pipe-line. 
The lense is either cast (grey cast 
iron or cast steel) or welded. 

It must have a sufficient mo- 
ment of resistance in order to 
withstand maximum pressure and 
for this reason it is cast into a lense 
shape. Welded valves are reinforced 
.by ribs located in the direction of 
the flow surfaces — see Fig, 509. 
The lense is keyed — on to the 
shaft made of one piece. Seating 

Fig. 509 of the shaft in the housing is 

arranged in bronze bushings and 

sealing by leather cups. Seating must have sufficient clearance in order to prevent 

jamming of the shaft, caused by bending under water pressure (bending must 
be checked), 

Butterfly valves are placed generally at the pipe inlet, see Fig. 510, and the pipe 
beyond the valve must have an air intake. Here the valve is exposed to smaller 
stresses than at the lower end of the pipe and thus the valve is of lighter construction. 
The valve can be quickly closed 
(closure time usually amounts to 
about 10 seconds) without fear of 
water hammer. The only dis- 
advantage is the fact, that after 
the valve has been closed water 
flow to the turbine continues until 
the pipe is emptied. 

In some cases the butterfly 
valve has been placed close be- 
fore the turbine; for such ar- 
rangements the course of closure 
must be exactly calculated and Fig. 510 
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Fig. 511 
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ensured, because otherwise the valve is easily damaged by water hammer 
surges.) 

The valve is closed by a weight and opened by pressure oil by means of a 
servomotor according to the principle described 
for the operation of large gates. Fig. 511 illustrates 
a complete lay-out. Fig. 512 shows the servomotor 
with a suspended cylinder (Cardan hinge system 
CKD). Inlet and outlet of the pressure oil is 
arranged in the flange A. The oil flows from the 
space below the piston through the orifice B, 
which is, near the dead point position, throttled 
by the pi:ton by the conical part C. Velocity to 
the end of closure can be regulated by the needle 
valve D. Check valve E facilitates the filling of the 
space below the piston in the first phase of lifting 
when the orifice B is still closed by the conical 
part C. The total falling time of the valve amount- 
ing to 10—20 seconds can be adjusted by a valve 
closely attached to flange A, see Fig. 511. Bolt F 
actuates the circuit breaker for the top position. 

The corresponding pumping unit is illustrated 
in Fig. 513, Butterfly valves do not require great 
operating forces and oil pressure used in this 
arrangement does not exceed 30—40 atm. g. The 
electrically driven gear-wheel pump is of the one 
stage type. Relief valve B is mounted on the 
casing. Oil is delivered through the check valve C 
into the delivery pipe D. One brach of this pipe 
connects the control valve E. In this case a servo- 
motor with small stroke volumes is used and so 
the rather small control valve is operated directly 
by the electromagnet F (without using a pilot 
valve). The function of the whole arrangement is 
identical with that described in the case of gate 
operation. G is a hand pump used for opening 
the valve in case of a break down of the current 
supply. 

Fig. 511 shows also the previously described 
arrangement of maximal protection of the pipe 
consisting of the relay A containing the target 
plate B which, in case of an excessive flow velocity, lifts the weight C. Weight C 
in a lifted position opens the latch D by which the second weight Æ is relieved. 


1) Thomann: Uber Drucksteigerung in Rohrleitungen bei,Betatigung von Absperrorga- 
nen, Wasserkraft und Wasserwirtschaft, 1936. t 
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Weight E actuates the contro) valve by means of the cord F and simultaneously 
transmits an impulse to the electromagnet through the connecting switch G. 
Apart from this, weight E actuates also the signalisation. Electromagnet H is used 
for a remote control adjustment of the relay. 

Fig. 514 shows a complete lay-out of the intake of a large high-pressure power 
station. The inlet is protected by racks. The pipe end can be closed for repairs by 
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Fig. 513 


a blind flange. Beyond the intake an emergency butterfly valve, operated by electric 
motor and reduction gear, is mounted. Then follows a hydraulically operated 
butterfly valve. Between both valves a relay is mounted which is an emergency 
protection for the event of pipe bursting. Mud discharge pipe branches are located 
beyond each yalve. The air intake pipe is arranged behind the quick-closing 
butterfly valve. The picture of the layout shows also the location of the servomotors, 
closing weights and pumping units. 

For a safe design of the butterfly valve and the operating mechanism we must 
know the forces developed by the water flow which act upon the valve. We must 
know these forces in order to determine the moment which the seryomotor piston 
must develop to keep the valve safely in any required position and under any con- 
ceiyable operational condition without damaging the mechanism of the valve. At 
first sight it seems, that the lense-shaped disc of the valve is hydraulically well 
balanced and no moment is formed by the flow around the lense. Further it seems, 
that reactions in the bearings and friction in them attain their maximum value in 
the case of a completely closed valve when the force acting upon the valve equals the 
cross section area multiplied by the difference of pressures on both sides of the valve. 
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Actually the valve is subjected to a considerable torque action which is negligible 
only with an entirely closed or fully open valve. The torque acts in the direction of 
closing the valve and this can be explained by regarding the lense as an airfoil upon 
which the lift acts in the first third of the profile. The force acting upon the valve 
(from which the bearing reactions are 
determined) can be, in a position 
inclined by 45° to the flow axis, greater, 
than in the completely closed position. 

These values, the torque and the 
force, depend largely upon the coadi- 
tions of flow. It is important whether 
the flow around the lense is perfect or 
whether cavities are formed behind 
the valve. See Fig. 515. It is of no 
importance whether the cavity is filled 
by air (the case of air intake behind 
the valve) or by water vapour (the case 

Fig. 515 of cavitation behind the valve). 

It is impossible to determine exactly 
the above values by numerical methods, they are determined experimentally in 
laboratories. For the application of laboratory results to actual valves it is important 
that flow conditions in the measured model are identical with those in the actual 
pipe. This is achieved when the course of pressures before and behind the profile 
is the same in both cases. This holds good for the case of cavitation as well as for 
the case of air intake (owing to the formation of water vapours or to the compres- 
sibility of air respectively). 

A comparison of these states of flow is made possible by the introduction of the 
cavitation number g?). Let us establish this value (Fig. 516) for the case of different 
diameters before and behind the valve®). The special case of equal diameters is 
covered by putting D, = D». 

For a stream line flowing closely 
around the lense we can write, according 
to Bernoulli’s equation, the following 
relation: 


Ee V3 
Armin tar =H, taz (395) 


Fig. 516 


Denotations Hmin and Va represent the 
pressure and velocity in point M which is the selected point of lowest pressure, 
the suffixes 2 apply to the cross section Da. 


1) Ackeret: Experimentale und theoretische Untersuchung über Hohlraumbildung im 
Wasser, Techn. Mechanik und Thermodynamik, 1936, Number 1—2. 

2) Keller, Vushkovich: Strémungsversuche an Sicherheitsorganen von Wasserkraft« 
anlagen, EWAG Mitteilungen, 1942/43 — Hundert Jahre Turbinenbanu, p. 191. 
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For similar flows in a model and in an actual valve, the following conditions 
must be fulfilled: 


V2 
Vu =aV, and Tg = bH, (396) 


where values a and b must be identical in both cases. 


Hy is the valve head which is defined as the energy difference before and behind 
the valve increased by the velocity head belonging to the velocity in the cross 
section of the valve. It follows, that: 


me VS V3 V5, 
Hy = (H, +52) — (Ha +3) a (397) 
2g 


We have selected this definition, because the coefficient of the valve resistance is 
generally related to the velocity head in the valve cross section, i. e.: 


2 2 
(mta) (Atz) 


(tor D, = D, then holds good H; = H, — H, + zs) : 


pa VR Ne de Ig 
V2 Vs =~ KS 2 
2g 2g 
y; 
where Kp = ——— is the coefficient of velocity. 
\2g8Hx 


The second reason justifying this definition is the requirement, that the head 
defined for an open position of the valve should not be zero, because it could not 
be used for the calculation of forces and moments acting upon the valve. 

From Equation (395) it follows for a minimum pressure: 


2 3 2 
Vs Vie a . V3 


Hmin = H, E =H + bH; — 2g 


2g (Og 
= H, — Hibla — 1) = H, — H; 0, 
where we have substituted b - (a° — 1) = g, so that it follows: 
H. EES Amin 
Hy : 

In this cavitation number we can see the analogy of the cavitation coefficient of 
hydraulic turbines. 

If there is no air intake, underpressure is limited by the tension of water vapour, 


so that the maximum value of Hmin = — Hp (pressure is measured as overpressure 
in relation to the atmosphere), where Hp = Hz — H;, where Hp is the barometric 


a Hy 1b, —Obp 


C= 
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pressure (in the water column) and H; is the water vapour tension at water tem- 
perature, so that it follows: 
fy H, + Hp 
T H; A 


It has been stated that it is ofno importance whether the cavity behind the valve 
is filled by air or by vapour, so that the cavita- 
tion number may be applied also in the case 
of an air intake. For differently executed air 
intakes we receive different values of o. 

Figs. 517, 518 and 519 show how the values 
of the moment M acting upon the valve, the 
force P (valve resistance) and the flow rate 


imac 
k 
INe] = 


\ 


20 
SEARS o o OG ie 20 is = 
20° 40° _ 60° , 80 a 
Fig. 517 Fig. 519 


(expressed by the velocity Vp) depend upon the cavitation number o. Fig 517 
shows the course of the coefficient 

Bide 

D'Hy 

for various openings of the valve (« = 0 for a fully opened valve!) and for different 
values of g. We can see that at a perfect air intake the value of K is reduced to half 
(the cavity formed by a perfect air intake is the same as full cavitation, when 


K= 
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ø < 0.5). Similar considerations apply to the other values. Therefore, as a matter 
of principle, the space behind the valve receives a rich air intake, see Fig, 514. 

Values included in Figs. 517 and 519 are results obtained from measurements 
carried out on a valve of a certain shape!) and we can use them for an approximate 
calculation of the moment M = K - D? - Hy, they differ slightly for different valve 
designs. For an exact determination of these values we must carry out measure- 
ments on a model which is geometrically similar to the valve under investigation. 
The servomotor must be able to evolve a braking effect which safely compensates 
this moment (acting in the direction of closing) reduced by the bearing friction due 
to the reactions to the force P = f - D? - Hy. The size of the servomotor is calcu- 
lated from this moment. The weight used for valve closure in normal operation 
must produce a moment of the same order, so that the time of closure should not 
depend upon the flow rate too much. 


4, High-Pressure Inlet Valves 


Tight closing organs are used in high-head installations and located in front of 
the spiral casing. Formerly wedge type gate valves were used most frequently for 
this purpose. These valves are used even to-day by some manufacturers of turbines. 
They are now, however, hydraulically operated, with servomotors using water from 
pressure pipes (filtered) as a pressure fluid. 

Nowadays plug-valves are used most extensively in Europe. These valves have 
several advantages: they require smaller space, have better strength properties, 
need smaller operating forces and thus smaller servomotors and they offer to water 
a completely uninterrupted passage when in open position, 

Fig. 520 shows the section of a plug valve (CKD). The valve is drawn in a closed 
position. Flow direction is from left to right, closure is carried out by the plate B 
which is pressed to the seat in the casing A by the water pressure. The closing plate 
is seated in the internal rotating plug C which can be turned around the screwed 
-on pivots D by means of a geared segment and servomotors. Servomotors are 
operated either by water delivered through filters from the main pressure pipe or 
by oil delivered by a special pumping unit. In open position the plug is turned by 
90° from the position shown in the picture, so that the closing plate is on the top. 
We can see, that in an open position the rotating plug forms a continuation of the 
pipe with no hindrance to the flow. 

Before the plug can be rotated, the closing plate must be relieved from the seat. 
If there is no pressure behind the valve, the plate is pressed to the seat by the full 
pressure and friction is so great, that it is impossible to turn the plug. Generally the 
valve is equipped with a by-pass, but, owing to leakages existing in turbine installa- 
tions, it is not possible to equalize pressures on both sides of the plate. Apart from 
this, there must be a possibility to close the valve in cases of controller failure when 
the runner of the turbine cannot be closed at all. 


4) Bleuler: Strémungsvorginge an hydraulischen Drosselklappen bei Hohlrambildung, 
EWAG-Forschung an Turbomaschinen, p. 31. 
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The valve is, therefore, designed so, that even if there is no pressure behind the 


valve, the plate can be relieved and the valve operated. 


Fig. 521 shows schematically the method of relieving the closing plate. The space 
before the plate is connected through the hollow journal of the plug and the pipe 
(see the dot and dash line in the picture) containing the valve V with the space 


Fig. 520 


behind the plate. By opening the valve V in the relief pipe, pressure before the 
plate is reduced to a lower value % and the force acting upon the plate is reduced 
considerably. The plate has a larger diameter than the seat. The full pressure of the 
pipe acts upon the area B (Fig. 521) and this force acts against the force which 
presses the plate against the seat. If valve V is fully opened the counterforce should 
be greater than the pressing force acting upon the plate, so that the plate can be 
fully relieved. For normal operation the valve V is adjusted so, that the pressing 
force is slightly greater than the counterforce in order to prevent a vibration of the 
plate’). 

1) The correct opening of the valve V is established in the following way: at an open tur- 


bine the valve, V is gradually opened until the plate begins to vibrate audibly; then the valve 
is closed so that vibration cannot be heard any more. 
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In order to relieve the plate, the valve must be designed so that certain surface 
areas must be in definite relations to each other. The areas concerned are the 
following: 1. The area of water supply to the space before the plate, i. e. the gap 
cross section of the plate guide z - ®, - s (see Fig. 521) increased (eventually) by 
the supplementing gate area of a diameter d, 2. the minimum area f in the relief pipe 
— this is usually in the duct of the plug, provided that the valve V is fully open; 


3. the area upon which the counterforce acts, i. e. (Ø} — Ø?) 5 . If His the pressure 
in the main pipe line and a: @, + s + 

5 2 
sae fı the pressure before the 
plate h (at a fully open relief valve) is | 
thus determined by the following 


relations: 
eee ee S KIZ: 
ares ihe SE RRR A 
h te (F) LASIN W 
| J 
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The pressing force acting upon the 
plate (at a fully open relief valve) is 


N 


| 
| \ 
à N, 
then: SSS Ba y 
xP? LTO 
P, = z hy, | YG 


Z 


whereas the counterforce acting upon 
the annular surface B is: 


P, = atiy. Peza 


The relief force should by slightly greater, than the pressing force. 

If the valve V is closed (at a closed position of the plug) the pressure before the 
plate is increased through the area fı to the initial value H and the bronze sealing 
ring of the plate is pressed against the bronze seat by the following force: 

2 
Pp, = pe y. 


The sealing area should be dimensioned so that the specific pressure: 
P; 


T 
T (0—0) 


P3 = 


should not exceed the value 500 kg/cm?. 
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Thus we can relieve the closing plate so, that no friction opposes the turning of 
the plug. However the force P} formerly taken up by the seat is now transmitted 
into the bearings. The corresponding bearing friction must be overcome during 
the turning of the plug. Apart from this the bearings are subjected to hydraulic 
ea causing a loading of the journals and a torque according to the position of 

e plug. 

Fig. 522 shows diagrams of the values!) : coefficient K of the torque, coefficient Kp 
of the flow rate, the angle p of the force 
P, and the coefficient of this force 8. All 
values are shown for different positions 


of the plug. 
From these values we determine: 
the torque M = K D’ Hkr, 
the flow rate Q = KpF (28H " 
The force acting upon the plug 
P, = BD? Aj, 3 
V2 
where Hy = H, — H, + 2g „as defined 


in the case of the butterfly valve. 

The rotating plug is operated by hy- 
draulic seryomotors (Fig. 520) by means 
of a geared segment. Pistons of the 
servomotors have leather cup packings. 
Time of opening and of closure amounts 
to about 15—30 seconds and depends 
upon the area of the orifice in the inlet 
flange to both chambers of the servomotor. 
There are two orifices and one is sver- 
lapped by the piston when the latter 
reaches a position near the dead point. 

Fig. 522 The rate of closure of the plug-valve 

is thus reduced in the last phase. This 

is very important with regard to water hammer effects if the valve is closed at full 
flow rate.*) 

As in butterfly valves, clearances in the bearings must be sufficient to prevent 
jamming due to bending moments. 


1) Keller, Vushkovich: Strémungsversuche an Sicherheitsorganen von Wasserkraft- 
anlagen, EWAG Mitteilungen 1942/43, Hundert Jahre Turbinenbau, p. 192. 

*) When determining the time of closure we must bear in mind that flow rate reduction 
takes place only during the last third of the closure; until then flow rate remains unchanged 
and only flow velocity is changed on account of the turbine head. For this reason the total 
closing time of the valve must equal, at least, three times the critical time determined from 
the admissible water hammer. 
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V. PRESSURE REGULATORS 


Pressure regulators should prevent the formation of water hammer at a rapid 
closure of the turbine during automatic control. They are used for high heads 
only; for smaller heads (up to 50—60m)_—- 
water hammer can be reduced to an 
acceptable value by increasing the closure 
time of the controller and the starting 
time of the unit (by an increased GD? of 
the set), so that the temporary speed in- 
crease remains within acceptable limits 
also. 


With high heads and long penstocks 
the above arrangements are not suitable 
and for Francis turbines we use pressure 
regulators (called also auxiliary discharge 
or synchronized valve). 


Formerly valves have been used which 
acted as relief valves. They have been 
actuated by pilot valves and opened an 
outlet in the spiral casing or in the pipe 
before the spiral whenever a pressure rise 
has occurred. However, they acted late, 
i. e. after the pressure has been increased. 
This is their marked disadvantage. There- 
fore in new installations we use valves 
operated by the regulating ring. If the 
regulating ring moves in the direction of Ps 
opening the turbine, the pressureregulator Fig. 523 
remains out of action. If the control 
mechanism moves in the opposite direction, i. e. in the direction of closing the 
turbine, the pressure regulator is opened 
in proportion to the closure of the turbine. 
The same quantity of water, by which 
the controller has reduced the flow rate in 
the turbine is discharged by the pressure 
regulator, so that the flow rate in the 
pressure pipe rernains unchanged and no 
water hammer occurs; the pressure regu- 
lator is then automatically steadily closed. 

Fig. 523 shows a simple design of a 
smaller valve. The main valve A is comple- 
tely relieved and demands only small op- 
erating forces. The valve has an oil dashpot 


611 


with piston B, piston rod and a crank on the shaft C. The piston of the dashpot has 
a check valve (D). Shaft C is connected with the mechanism of the controller so, 
that during closure of the turbine the crank is turned upwards and the piston 
of the dashpot moves upwards also. Oil moving from one side of the piston to the 
other is throttled and the valve A is lifted. After the crank has stopped, the valve 
A is closed by its own weight or the by action of a spring. When the crank moves 
downwards, oil flows through the check valve D. (Voith’s design). 
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This arrangement, though very simple, has the disadvantage that in cause of 
a fault of the valve (when the valve does not open) a dangerous water hammer can 
be formed. For this reason an arrangement is sought where in case of a valve 
failure the closure time of the controller is increased and the effect of the water 
hammer reduced. This can be attained with a valve operated hydraulically by 
a special servomotor. 

An example of a similar “interlocking of the controller” is illustrated schemati- 
cally in Fig. 524. (Design of Ateliers Charmilles). S is the servomotor of the guide 
apparatus of the turbine, Rt the governor of the controller, S the gate valve of the 
governor. The restoring mechanism between the servomotor of the turbine and the 
floating lever of the governor is, for simplicity, drawn as a stabilisator with droop, 
though actually it is an elastic compensating device. It can be seen, that gate valve Š 
can supply pressure oil directly only to the opening side of the servomotor. Pres- 
sure oil to the closing side of the turbine servomotor is supplied by the servomotor 
of the pressure regulator. If the turbine is to be opened, gate valve S moves 
upwards and pressure oil flows to the opening side of the servomotor of the turbine. 
Oil from the other side of the servomotor S is pressed into the servomotor of the 


612 


pressure regulator, it flows freely through the check valve Z to the control valve Š 
and hence to the discharge tank. If the turbine is to be closed, pressure oil from 
the control valve Š flows to the opening chamber b of the servomotor of the pressure 
regulator, the latter starts to open and oil from the chamber a is pressed to the 
closing side of the turbine servomotor S which in turn starts to close the guide 
apparatus. After the movement has been completed the pressure regulator returns 
to the closed position by its own weight or by an additional (generally hydraulic) 
pressure, because the small communicating gate o in the piston of the servomotor 
permits the flow of oil from one chamber of the servomotor to the other. It is 
obvious, that in this arrangement the guide apparatus cannot be closed without 
a prior opening of the pressure regulator, except the closure at a very low velocity 
proportionately to the flow rate through the gate o. 

A disadvantage of this arrangement lies in the fact, that the relation between the 
strokes of both servomotor is different from the relation between the quantity of 
water discharged by the pressure regulator and that eliminated by the closure of 
the guide apparatus. The flow rate of the pressure regulator is related to the stroke 
of the servomotor by a different relation, than that expressing the dependence of 
the flow rate of the guide apparatus; the respective water quantities are bound to 
be different and some water hammer effect appears. 

Fig. 525 shows another arrangement of interlocking which eliminates tho above 
described disadvantage. The valve illustrated on the right hand side of the picture 
is inserted into the oil pipe of the turbine servomotor. In the position shown in the 
picture oil passes without hindrance through the large gates of the closing cylinder 
V. In closed position the large gates are overlapped and oil can pass only through 
the small opening o and this means a prolonged time of closure. The valve is 
actuated by the device shown on the left hand side of the picture. The device has. 
two pistons; piston A is moved by the mechanism of the turbine controller and the 
second piston B is actuated by the piston of the pressure regulator. During closure 
of the turbine piston A moves downwards; if a simultaneous opening of the pres- 
sure regulator takes place, piston B moves upwards. Stroke volumes are mutually 
compensated, so that no oil is pressed from the piston chambers to the servomotor s 
of the interlocking valve. If the pressure regulator is not opened, oil is pressed 
into the servomotor s of the valve, the interlocking valve is closed (the lift is limited 
by an overflow gate) and the movement of the turbine guide apparatus is slowed 
down. During opening of the turbine the pressure regulator remains in position, 
piston A moves upwards and oil is recirculated through the check valve Z of the 
piston B. In order not to waste pressure water, pressure regulators are generally 
adjusted so, that they do not open at small movements of the shifting ring of the 
turbine (a pressure rise of 20 % is allowed); the by-pass with the adjustable needle 
valve 7 prevents in this case a premature interlocking of the turbine controller.) 

Appendix VIII is a drawing of a large size pressure regulator designed and manu- 


2) This method of interlocking the controller is purposeful only in case that the time 
interval from the start of closing the controller to the shifting of the interlocking orifice 
is shorter then the time Taz (see Fig. 482). 


factured by the CKD Works. Water is lead into the bulb-like casing of the valve. 

The outlet opening of the valve is closed by a needle similar to that used in Pelton 
turbines. The nozzle is exchangable and permits dismantling after excessive wear. 
The discharge space behind the nozlle, into which the water jet is directed, is 
intensively aerated in order to prevent cavitations which cause strong shocks.') 
The jet is aerated in a cylindrical chamber containing the orifice of the air intake 

pipe. The bulb-like chamber must be connected with 

cdo the air chamber and discharge pipe by joints which 

| withstand the force evolved by the reaction of the 

water jet. The needle has a bronze sleeve and is 

seated in bronze bushings equipped with tecalamite 

grease lubricators. Packing is provided by two leather 
cups. 

The needle is connected with the piston rod of the 
oil operated servomotor. The piston rod passes through 
the lid of the servomotor cylinder and is connected 
with the restoring mechanism of the controller located 
separately on the ground floor of the power house. 
The pressure regulator is mounted in the basement 
of the power house. 

In closed position the needle is pressed by the oil 
pressure to the seat of the nozzle. The joint of the 
nozzle must be dimensioned to withstand this force. 
The controlling mechanism of this pressure regulator 
is illustrated in Appendix IX. The movement of the 
restoring mechanism of the turbine controller is trans- 
mitted to shaft 1. The movement is transmitted by 
a slotted link which we shall describe later on. To 
shaft 1 a lever carrying the oil dashpot 2 is keyed on. 
Transmission is arranged so, that during the opening 
of the turbine the cylinder of the dashpot 2 moves 
downwards. Underpressure is created underneath the 
piston 3 which separates from the plate valve 4 and 
through the gap thus formed oil flows freely from the space above the piston into 
the space below it. Lever 5 remains in position. If the turbine is closed, cylinder 
2 moves upwards, oil communication does not exist and piston 3 as carried up- 
wards. By this the left end of lever 3 is lifted. As pivot 6 is the floating fulcrum 
of the lever 5, the right end of the lever moves downwards and control valve 7 is 
pushed downwards too. 

Control valve 7 opens the inlet of pressure oil or pressure water to the opening 
side of the servomotor of the pressure regulator, the closing side is connected to 
the discharge and the pressure regulator begins to open. Pressure oil flows from 


Fig. 526 


1) See also Kratochvil: Kavitatni zjevy u výpustného potrubí a uzavéri přehradních. 
(Cavitation phenomena in discharge pipes and dam gates). Stroj. Obzor, 1937. Nos. 7 and 9. 
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the air pressure vessel of the pumping unit (similar to the pumping unit of the 
turbine controller). Pressure water flows from the main pressure pipe. (This applies 
in cases where the pressure regulator is operated by a servomotor using pressure 
water as an operating fluid. The pressure water supplied from the main pipe is 
filtered before it enters the servomotor. This system is used for smaller pressure 
regulators and with water containing no scale.). 


Note: It is worth while to note, that the control valve is operated by a pilot 
valve (as in large controllers), because of the great dimensions of the control valve; 
smaller control valves are operated directly by the 
floating lever. 

Simultaneously with the pressure controller also 
the restoring mechanism 8 begins to move and the 
slotted link 8’ actuates a system of levers which in 
turn move the fulcrum 6 in an upward direction and 
so the control valve 7 is always returned to the 
neutral position. This means that a given degree of 
closure of the turbine corresponds to a certain open- 
ing of the pressure regulator. 

If the closure of the turbine stops, the cylinder 2 of 
the dashpot stops too and the pressure regulator is no 
more opened. Weight 9 presses the piston of the 
dashpot downward and valve 10-in the piston of the 
dashpot is opened by the lever 5, oil flowy from the 
lower part to the space above the piston, che piston 
descends steadily and the pressure regulator is closed 
again. The closing velocity depends upon the flow 
area of the valve 10 and it can be regulated by inserting 
a suitably dimensioned lug into the valve 10. In this 
arrangement (CKD design) the by-pass is opened only 
after the pressure regulator has been opened. By this 
we can reduce or adjust the slip of the pressure regulator, i. e. the stroke of the 
controller mechanism at which the pressure regulator remains still closed. 
Frequently the valve 10 has a constant flow area. Time of closure of the pressure 
regulator is 20 to 60 seconds according to the length of the pipe. 


Further we can see that the stroke of the control valve can be adjusted in the 
closing direction by the nut 11. The adjustment is arranged so, that under no cir- 
cumstances (not even at a break down of the lever system which actuates the control 
valve) can the pressure regulator close more quickly than the adjustment permits. 
Controllers of high pressure turbines are generally so adjusted, that opening time 
is twice as long as the time of closure. The adjusted time of closure of the pressure 
regulator equals then the opening time of the turbine, i. e. the double time of closure 
of the turbine. By this arrangement the water hammer effect, occurring in the case 
of an unexpected break down of the operating mechanism of the pressure regulator, 
is considerably reduced. 


i 


Fig. 527 
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The picture shows also the interconnecting arrangement described before 
according to Fig. 525. 

Shaft 72 revolves due to the movement of the mechanism of the pressure regu- 
lator. Shaft 13 revolves due to the movement of the controller mechanism of the 
turbine. (The above mentions slotted link is keyed on this shaft.) Owing to the 
different stroke volumes the surplus oil actuates the auxiliary gate valve 74 through 
which pressure oil passes from the air pressure vessel of the pumping unit to the 
closing side of the servomotor of the interlocking orifice. 
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Fig. 528 


Fig. 526 shows the assembly of a smaller pressure regulator operated by pressure 
water. The control valve of the servomotor and the operating mechanism are com- 
bined into one unit. Particularly well visible are: the slotted link, the operation of 
the dashpot and the drive of the slotted link (by the controller shaft). 

In spite of the fact, that relation between flow rate and stroke is different for the 
turbine and for the pressure regulator a suitably shaped slotted piece permits to 
arrange that the pressure regulator discharges the same quantity of water as elimi- 
nated by the closure of the guide apparatus. 

In pressure regulators just described (arranged as Pelton nozzles) the rather 
large chamber is under full pressure and is very heavy owing to the particular 
shape causing an unfavourable distribution of stresses. Therefore pressure regu- 
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lators are produced presently where the direction of flow is reversed and the 
chamber is thus relieved. 

Fig. 527 is a schematic illustration of this design (Escher-Wyss). Pressure is 
applied to the cylindrical part which is very suitable from the point of view of stress 
distribution and the chamber is used only for the collecting of splash water. Water 
flow is transformed into a shape of two vortex streams, by which the kinetic 
energy of water is suitably destroyed. 

Fig. 528 shows a similar modern pressure regulator (CKD). The valve proper 
is hydraulically entirely relieved, so that minimum operational force is required. 
The servomotor has also small dimensions and no separate pumping unit is needed 
for the oil supply. Pressure oil is delivered from the air pressure vessel of the con- 
troller. 
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PART IV 


STARTING OPERATION 
AND GUARANTEE MEASUREMENTS 


I. STARTING OPERATION 


Turbine unit and equipment properly assembled are generally neither tested for 
proper functioning nor exactly adjusted. Only controllers and oil pumping units 
are adjusted -- as far, as it is possible — in the manufacturer’s workshop, but they 
must be also tested for proper functioning after their installation has been com- 
pleted. 

As protecting devices (pipe protection, etc.) are also not adjusted, we must 
proceed with great care and consider the safety of the personnel present as well as 
the safety of machinery and equipment. First of all we shall carry out all adjustment 
which can be completed with the turbine at a standstill and at a closed water flow. 
Operation will then start with the plant partially adjusted, so that no catastroph 
can occur by starting the unit under operating conditions. Final tests and adjust- 
ments are made on the running plant. 

Safety devices and emergency installations are prepared and adjusted first. 
Before the conduit is filled with water, the quick-closing device is put into operation, 
closing and opening times are set and its remote (from the power house) and local 
(in the intake object) controls are tested and adjusted. Times of closure and opening 
of the controller and of the pressure regulator are set and tested before the turbine 
is put into operation. Air intake of the draft tube is checked at the same time. 
Emergency installation for excessive speed regulation is adjusted at least to such 
an extent that it function by manual actuation, because we cannot yet adjust the 
emergency governor for the maximum admissible speed. 

The procedure of starting operation is explained for the following cases: 

A. High-pressure plant. Apart from the turbine set proper, the plant consists 
of the following equipment; quick-closing device at the intake (generally a butterfly 
valve), plug valve at the turbine inlet, controller, eventually controller with a sepa- 
rate pumping unit for pressure oil, in the case of Francis turbines pressure regulator 
operated by pressure water or by pressure oil from a separate pumping unit. The 
pressure oil supply may serve also the operating mechanism of the plug valve or the 
pressure regulator may have a common oil supply with the controller. Large plants 
have separate pumping units for bearing lubrication and compressors for the air 
pressure vessels of the pumping units. 

An emergency closing organ is normally mounted in the upstream direction frorn 
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the butterfly valve at the tunnel entrance or at the orifice of an open canal. The 
function of this organ is tested „in a dry state“, without water. 

First of all the electrical part of the quick-closing device is tested. The coupling 
between the electric motor and oil pump is disconnected. We ascertain if the 
electric motor and electromagnet are operated in the proper direction by the im- 
pulses prescribed, if the electric motor stops by lifting the circuit breaker for the 
filling position and the top position (see chapter C-IV). If the electric installation. 
is in order, the electric motor and the pump are connected. The spring of the 
relief-valve is completely relieved and the pump is started by pressing the proper 
button. After the pump has been started, the spring of the relief-valve is gradually 
put under stress and oil pressure is increased to the value required for the opening 
of the butterfly valve. 

The prescribed time of closure is set on the orifice in the pipe (see Part III, 
Chap. C-IV). The opening of the orifice for the first test can be determined from 
the relation for the flow velocity: 


V =Q [28-2 s 
Where p is the pressure in the servomotor; flow coefficient p is taken at a value 
of about 0.7. The first closure is carried out from the filling position. Braking during 
the final phase is adjusted and by a pressure gauge (connected with the space below 
the servomotor piston) we check the pressures evolved. In the case of adjustable 
orifices, the set opening is safely secured. 

In this way we test „in a dry state“ the complete function of the quick-closing 
valve and particularly the closure after pressing the respective push buttons. 

Closure in case of pipe failure is also tested — the necessary impulse movement is 
initiated by hand. 

Finally the relief-valve is set for a pressure calculated for the case of full water 
pressure acting upon the lense of the butterfly valve or the gate. For this purpose 
the circuit breaker for the top position is over-bridged and the piston is pressed up 
to the upper flange of the servomotor or the servomotor pipe is closed by a blind 
flange. If a hand operated gate valve is inserted into the pipe, the operational pres- 
sure is adjusted, the valve is opened again and its position is firmly fixed so that it 
cannot be closed (not even bya mistake of the attendant). Final oil pressure can be 
adjusted also during the opening of the butterfly valve when the pipe is first filled 
with water. 

After the intake valve has been adjusted and tested, the pipe is not filled with 
water until the plug valve at the downstream end of the pipe has been adjusted 
and tested. This test must be carried out also at a de-watered pipe (at least if 
the valve is operated by pressure oil). The main task here is the adjustment of the 
time of closure established according to the directions described in Chapter C-IV. 

If the servomotor of the plug valve is operated by pressure water, the pipe must 
be filled with water prior to the valve test. 

Filling of the pipe can start only after we have ascertained that the plug valve is 
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in a closed position and its relief, by-pass and mud valves are closed. At the same 
time all auxiliary water off-takes are closed. Filling starts by opening the butterfly 
valve into filling position and proceeds slowly; simultaneously pipe expansion and 
flange tightness is checked along the whole pipe. After the pipe has been filled, 
closure time of the butterfly valve and function of plug valve are checked again. 
In the latter we must adjust now the relief installation of the closing plate (see 
Chapter C/IV - 3). 

When the plug valve is tested and the pipe filled with water, the turbine must 
be ready to start, because selfstarting can occur if the pull rods of the regulating 
ring are not set right. Selfstarting, therefore, can occur even if the regulating 
ring is properly secured in a closed position. 

Therefore all bearings are filled with oil and the lubricating installation is tested 
prior to the filling of the pipe. It is recommended to rinse the bearings for several 
hours by operating the lubrication system. After this rinsing, oil is to be filtered 
before it is returned for operation. 

As far as controllers are concerned, most important is the adjustment of the 
correct time of closure and opening. Small size controllers, where all parts are 
built in one unit these times are usually adjusted in the manufacturer’s shop and 
adjustment on the spot is not necessary. If the oil pump of the controller is driven 
by the main shaft, a provisional electrically driven pump is installed for testing- 
purposes. 

Times of large size controllers with separately located servomotors are generally 
adjusted after mounting in the power house. Adjustment is carried out either by 
limiting the stroke of the control valve or more suitably by inserting orifice plates 
into the pipe which connects the control valve and the servomotor. Checking 
is done either by a sudden movement of the governor sleeve from one extreme 
position to the other or by adjusting the pilot valve of the control valve. At this 
ocassion the pilot valve is disconnected from all operating levers. When adjusting 
the governor sleeve (or the pilot valve of the governor), the restoring mechanism 
is disconnected or its acceleration is set for a value f = 0, so that the time of closure 
and opening were not prolonged by the influence of the feed-back. 

It is obvious that prior to the above tests the pumping unit of the controller is 
put into operation and the required quantity of air is delivered to the pressure 
tank either from a permanent compressor (if installed for this purpose) or by run- 
ning the unit for a time sufficiently long to build up the air content by quantities 
supplied by the air chamber of the unit. All controller times are set at the final 
operational oil pressure. 

Governor speed droop and neutral position of the governor sleeve are normally 
set and adjusted in the factory. We must adjust, however, the acceleration of the 
restoring mechanism, the value of which can be easily determined from the ratio 
of transmission. Falling time of the isodrome must be also adjusted; it is calculated 
as the time in which the displaced piston of the isodrome falls by one third of the 
displacement. 

Times of the pressure regulator are equally important, they must be properly 
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adjusted and the function of the valve tested. If the pressure regulator is operated 
by pressure water, the water is drawn from the inlet pipe in front of the plug valve, 
to enable it. 

In pressure regulators we adjust first of all the operational time (see Chapter vV) 
of closure which is about 20 to 60 seconds (with regard to the starting time of the 
pipe). The closure time is adjusted by the oil dashpot. Further we adjust the mini- 
mum time of closure which equals the opening time of the turbine. This time is 
adjusted by an orifice between the mechanism and servomotor or by limiting the 
stroke of the control valve. This minimum time guarantees, that the pressure 
regulator will never close in a shorter time (not even if the operating lever system 
is out of order) and so no damaging of the pipe can occur. 


The pressure regulator is tested also in co-operation with the turbine. The tur- 
bine is quickly closed and opened by the controller and the function of the pressure 
regulator is observed simultaneously. We use the characteristics of the turbine and 
the pressure regulator to establish the relation between the opening of the pressure 
regulator and closing of the turbine in order to secure that the same quantity of 
water is discharged by the pressure regulator as eliminated by the turbine. In this 
way it is possible to check the shape of the slotted link of the pressure regulator. 

With Pelton turbines closing and opening times of the deflector are adjusted (they 
equal about one second) as well as the closing and opening times of the needle. 
Closing time of the needle is according to the length of the pipe 15 to 30 seconds. 
Opening time is selected so, that pressure reduction should not exceed 30 %. 

After having completed the above tests, we begin to fill the spiral and start the 
turbine. The lubricating system, the pumping unit of the controller and that of the 
pressure regulator are put into operation before the spiral is filled with water. After 
the spiral is filled and de-aerated, the guide apparatus is opened by the controller, 
and the runner is started at one third of the rated speed. The starting speed must 
not be lower, because a lower speed does not guarantee the formation of an oil 
film on the sliding surfaces of the thrust bearing. At this first test run the thermo- 
meters of the bearings are observed and temperature curves (plotted against time) 
are drawn. With bearings properly functioning the rate of temperature rise must 
decrease with increasing temperature. If the temperature rise does not follow this 
rule or if the temperature of a bearing rises too quickly, the test run must be 
interrupted and a close inspection of the bearing must take place. After the operating 
temperature of the bearings has been reached, the flow rate of cooling water for the oil 
is adjusted and speed is step by step increased up to the rated r. p. m. The turbine is 
then running for several hours in order to observe thestabilisation ofall temperatures. 

The turbine can be considered as run-in; now the safety governor is adjusted 
for a speed increase of 6—10 % above the value of the supposed temporary speed 
increase for a full load rejection. During testing the governor is disconnected from 
the operating parts of the emergency installation in order to avoid frequent stops 
of the turbine. After the adjustment of the governor is completed, the whole 
function of the safety installation is subjected to a final test, including the shut down 
of the turbine. 
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Then usually follows the drying of the alternator winding and exciting to the 
rated current value. The time spent for testing the alternator is utilized for a simul- 
taneously observation of the automatic control and its adjustment at a no-load run. 
After the alternator has been dried and the protections adjusted, circuit breaking 
tests are carried out, during which also the function of the controller is tested. 

During these tests the set is loaded by a specially built water resistance or by the 
actual net (if this is feasible). The alternator is loaded and then cut off by a switch 
from the resistance or network and the run controller is observed. Speed changes 
are recorded by a tachograph, pressure changes in the spiral are recorded by 
a pressure recorder; the controller is adjusted accordingly (acceleration of the 
restoring mechanism and falling time of the isodrome). Tests start with a load of 
about 25 % which is increased step by step up to the full rated load. If the set is 
loaded by a water resistance and during the test the alternator is suddenly connected 
to the resistance, these tests are carried out to a 50 % load. 

After the circuit breaking tests it is necessary to adjust the pipe protecting in- 
stallations. In the case of a maximal protection all machines connected to a common 
pipe line are brought under full load and the flow rate is still increased by opening 
the pressure regulator. The protection must properly operate even under these 
conditions. If no pressure regulator is installed in the plant, protection is adjusted 
so, that its function is secured at a maximum load of all machines working at the 
same pipe branch and afterwards the compensating weight is shifted by about 
20 % from the fulcrum of the lever. 

B. Low-pressure plants. The testing procedure is based upon the same principles. 
Adjustment of the pressure regulator is omitted. However, with Kaplan turbines 
we must test the slotted link which interconnects the setting of the runner blades 
with that of the guide blades. This adjustment is made again “in a dry state”. 
Time of closure of the runner is set (see Chapter A-III) to about 60 to 120 seconds. 

Function of the air supply valves for the aeration of the draft tube must be care- 
fully checked. Times of closure and opening of the guide apparatus are tested 
simultaneously. 

These are carried out at a closed intake gate or quick-closing device. Adjustment 
of the quick-closing device is carried out only after the turbine is ready for starting. 
At the time of adjustment water in the forebya is usually at a high level and during 
manipulation of the gate water is let into the turbine casing. Therefore we must 
be prepared for an unforeseen start of the turbine, After adjustment and testing 
of the quick-closing device all tests and inspections are carried out in the same 
order as in the case of high-pressure plants. 

After terminating the switching tests of the controller, the wheel for setting the 
control valve must be adjusted to a value corresponding to maximum load at slightly 
increased frequencies, so that it is not possible that the wheel for setting the speed 
contro! valve reaches a position at which the controller would not close. Also the 
servomotor of the guide apparatus must be adjusted to a stroke corresponding 
to maximum output of the turbine (at lowest operational head). 


622 


LS 


II. GUARANTEE MEASUREMENTS 


i Apart from controller switching tests also output, head and flow rate are measured 
H A Ey aee ge These value are needed for efficiency calculations. 
s and evaluations of measurements are i 

Standard Specification CSN 085010- iia 
1951. Therefore we shall not discuss 
these tests in detail. We shall present 
only examples of measurements car- 
ried out in large power stations where 
special and expensive adaptations were 
made for this purpose.) 

One of the most important mea- 
surements is the determination of the 
head. We must measure also the po- 
sition of the ground-water level. If 
the ground-water level beyond the 
draft tube is not calm, but changes 
irregularly due to the outlet from 
the draft tube, measuring grids are 
suspended and placed upon the level; 
their basic position is determined by 
levelling of their top plane. Distances 
from this basic position are measured 
by marks on the ropes when the grids 
are suspended in a position, at which 
water in the grid openings is at level 
with the top plane of the grids. Fig. 
529. illustrates such arrangement 
schematically and Fig. 530 shows an 
actual measurement carried out in a 
large power station. In larger power station three grids were used for a simulta- 
neous measurement. 

Flow rate is measured most frequently by measuring propellers. 
measurements by one propeller suspended on a rod sete Eeke Gate o3 
water is involved and measurement takes a long time. Therefore ‘a special at 
travelling on rollers is used. The rollers are placed in slots of the pillars of the 
intake structure. Fig. 531 illustrates a cart with mounted propellers. In this parti- 
cular case seven propellers were used, lowered into different positions pense 
before the operation of the cart had started. 


Fig. 529 


1) A. Wasserbauer: Zkoušky na velkých vodních elektrarng 
power stations). Soon obzor 24 ve No 7. p. 99, 

J. H. Lieber: Procédé de jaugage d'une instalation à ba gros débi 

1. Bee cage cee illes, No 2 (1947), ie sse chute et gros débit. 


ch. (Testing in large hydraulic 
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Fig. 530 


Fig. 531 
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During measurement the intake has been equipped with a provisional guide wall 
made of timber’). (See Fig. 532.) The intake may then be considered as a nozzle with 
parallel walls and of a rectangular cross section. The propeller were mounted so, 
that their axes were parallel to the upper and lower wall. The profile of velocities 
is also shown in the picture. The influence of the concrete supports of the racks can 
be clearly seen, because the racks 
were very near to the nozzle. In spite 
of the airfoil shape these supports 
cause hydraulic “shadows” and velo- 
city losses. This is caused by the fact, 
that the socket of the nozzle deflected 
the stream lines, so that their course 
differed from that for which the 
supports were designed. The upper 
part of the diagram shows also a clear 
influence of the socket. It is obvious, 
that the length of the socket should 
have been increased. For this reason 
the horizontal measuring lines were 
close to each other but the stream 
lines did not run parallel to the pro- 
peller axes, as they were supposed 
to do. 

Fig. 533 shows another type of a 
propeller cart used in a hydro plant 
where the high socle is before the 
intake. To eliminate its influence the yy 
measuring profile had to be shifted GAARAA ; 
backward. The cart was guided in Fig. 532 
emergency gate slots and propel- 
lers were mounted on supports which protruded in the downstream direction. 
During lowering the cart the supports were slanted (Fig. 534) in order to pass 
through the opening and only afterwards they were fixed in position. The cart was 
shifted yertically to horizontal levels, which were determined in advance. Velocity 
was measured at 6 places simultaneously. Altogether the cart covered 8—11 horizont- 
al levels. One turbine intake was divided by a pillar into two sections and the 
measurement was carried out in both sections separately. By this 96—154 measured 
points have been determined. The velocities measured were evaluated according 
to the above mentioned Standard Specification.) 

Gibson’s method is suitable for measuring large flow rates at medium and high 
heads. Here flow rates are determined according to the pressure rise in the inlet pipe 


NN 


at 


RQVH 


SAN 


Ay 
og 
F 
f 


AAS 


UY Yy, 


1) Design of Ott (Kempten). 
2) See also Teyssler V.: Výkonnost a množství (Output and Quantity) Praha, 1935. 
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Fig. 533 Fig. 534 


after closing the guide apparatus.) Poirson’s 
method is suitable for measurements at 
high heads, where efficiency is determined 
by the increase of water temperature 
during passage through the turbine.?) 

As we have no experience with these 
methods, we make no of use them. 


1) Addison H.; Hydraulic Measurements, 
London, Chapman and Hall, 1946, 

*) Fontaine M.: Quelques applications de la 
méthode thérmometrique Poirson. L’Houill: 
Blanche, 1951, p. 12. 
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INDEX 


A 


Absolute velocity 17, 36 

Acceleration of water in discharge duct 578 

— of restoring mechanism 438, 468 

Aerodynamic properties in airfoils 328 

Air chamber 442 ` 

Airfoil (see geometric characteristics of 
airfoils) 330 

Air pressure tank of controller 445 

Alliévi — water hammer 554 

Anchorage of pipes (see pipe seating) 539, 
545 

Angle of attack 345, 347 

Angular velocity 39 

Aspect ratio of wing 346 

Axial deformation, effect of, in water 
hammer 555 

Axial-flow turbine 17 

Axial load (axial force) 189, 359 


B 

Ball valve 607 

Bandage 540, 551 

Banki turbine 23 

Bearing 60, 301, 360, 512 

Bernoulli equation 31 

— — for relative motion 313 

Biel expression (for loss coefficient in pipes) 
85 

Blade angles 36, 75 

Bladeless space 37, 138 

Blasius expression (for loss coefficient in 
pipes) 81 

Blocking of controller (by pressure regu- 
lator) 610 

Boundary layer 320 

Brakes 62, 478 

Braun’s turbine diagrams 106 

By-pass valve 612, 617 


Cc 


Calculation, energy 30, 32 

— volume 30 

—, of control 466 

Camerer formula (for recalculation of effi- 
ciency) 83 

Casing of Pelton turbine 426 

Cavitation 54 

— coefficient 54, 97, 235 

Centrifugal force 48, 400 

— turbine 18, 90 
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Centripetal turbine 18 

Change of speed of controllers 460 
Characteristics of controller 433, 609 

— of pipe 566 

— of turbine 97 

Classification of turbines 23, 80 
Closure 593, 620 

Circulation 209, 313 

Circular projection 142, 352 

Coefficient of friction, f 481, 484 

— of lift and drag, cz, cz, kz, kr; 327, 345 
Compressor, air, for pressure vessel 439 
Conformal representation 146, 151 
Conical turbine 18 

Constant-pressure (impulse) turbine 49 
Controller of air content 445 

— of flow 440 

— of speed 439 

— with air pressure tank 445 

Control of pressure wave 560, 565 

— of runner 427 

Coriolis force 41 

Critical speed 243 

Curvature of blade 392 


D 


Deflector 63, 441 

— of jet 411, 432 

Deformation of pipes (water hammer) 552 

Design units 224, 359, 423 

Deviation angle (effective blade angle) 37, 
345 

Deviator 63, 411 

Direct impact (see total impact) 

Discharge loss 29, 43 

Distributing head 60, 478 

Double regulation (of speed) 411, 462 

Draft tube 50, 132, 218, 305 

Driving pressure (overpressure, underpres- 
sure) on blade 54, 178 

Dynamic viscosity 481 


E 


Economical diameter of pipes 535 
Effective output (see Output, effective) 
Efficiency, hydraulic 26, 43, 51, 81 

—, mechanical 26 

—, of draft tube 50 

—, of pump 439 

— turbine, total, 24, 26, 87 

—, volumetrical 24 


il 


Electric drive of governor 453 

Elementary turbines 114, 123 

Emergency governor, safety governor 555, 
591 

Energy 15, 26 

— equation 36, 57, 72 

Entrance shock 44, 88, 94, 108 

Euler energy equation (sce Energy equa- 
tion) 

Exaggeration of blade angles 157 

Expansion joint 540 

Extension of regulation 278 


F 


Filling of turbine 86, 112, 116 
Filter 61 

Fink regulation 58 

Flow fields 123, 125 

Flow in stationary ducts 30 
Flow-rate equation 31, 45, 57 

— of turbine 86, 92, 417 

— under head of lm 67 

— unit 69 

Flow surface 114, 123 

Force acting on blade 180, 204, 325 
— of inertia 438 

Fourneyron turbine 22 

Francis turbine 22, 57, 112, 123 
Friction (see coefficient of friction) 
Froude number 64 


G 


Gap (clearance) of runner 58, 192, 241 

— cavitation 347 

Gate hoist oil pump 439 

Gates 589, 604 

Gear case 309 

Geodetic head 28 A Sy 

Geometric characteristics of airfoils 329 

— similarity 64, 85 

Girard turbine 23, 49 

Governor of controller 434, 450 

—, safety 584 

Graphical method of water hammer ana- 
lysis (Schnyder-Bergeron) 566 

— — of surge tank analysis 583 

Grids 28 

Gross head (see Head, gross) 

Guarantee measurement 623 

— tests 623 

Guide apparatus (see Guide wheel) 

— blade 58, 200, 250 

— wheel 200 2 


H 


Hanger structure 478, 526 
Head, H 24, 26 

—, geodetic 28 

—, gross 26 

= hydraulic 26 

==, indicated 72 

—, net 26, 28 

—, of ball valve 609 

—, of valve 602 

—, usable 26, 28 

Head race level control 460 
Helmhotz-Thomson theorem 317 
High-pressure turbine 80, 309 
Hub of runner 123 
Hydraucone 219 

Hydraulic governor 454 

— head (see Head, hydraulic) 
— load (see Axial load) 

— pull (see Axial load) 

— similarity 64, 103, 118 

— theory of lubrication 481 


I 


Idealized surge tank 581 
indicated head (see Head, indicated) 
— (specific) velocity 72, 385 
Indirect impact 560 

Induced angle of attack 337 

— drag 337 

Inlet valve 596, 601, 615 

— velocity 36, 37 

Insulation of thrust bearing 526 
Isodrome 435 

— control 435 


J 


Johnson’s surge tank 582, 585 

Joints of pipes 539 

Joukovski expression for water hammer 
(see also Zhukovski) 552 

— lift 320 


K 


Kaplan draft tube 222 

— turbine 23, 61, 312, 344 

Kinematic viscosity 83, 482 

Kutta-Joukovski (also Kutta-Zhukovski) 
theorem 320 


L 
Labyrinth 60, 242, 245 

minar flow 126 
Lattice 340 
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Lid of turbine 58, 293 

Lift 320, 321, 327 

Load, axial (see Axial load) 
Losses 24, 27, 44, 87 

Loss in pipes 82 

— head 82 

Lubrication 301, 511, 529 
Lubricating installation 529 


M 


Magnus effect 317 

Mechanical losses 96 

Mechanism of gate hoists 596 

— of rapid closure valves 593 

Measurable width 162 

Measurement of flow rate 623 

— of head 623 

Meridional velocity (subscript m) 44, 124, 
200 

— sections 140 

Michaud’s formula (water hammer) 555 

Mises expression (for loss coefficient in 
pipes) 83 

Mixed-flow (radiaxial) turbine 17 

Model turbine 97, 118 

Modulus of elasticity of cast iron 555 

— — — of steel 543, 555 

— — water 555 

Moment of blade 44 

— of duct 35 

— of momentum 36 

— of turbine 96, 105 

—, starting 97 

— unit, M^ 70 

Moody expression (for recalculation of effi- 
ciency) 83 

Mud valve 617 


N 


NACA airfoils 331 

Needle (of Pelton turbine) 62, 415 
— (of pressure regulator) 612 

— balancing (Pelton turbine) 62, 431 
Newton equation 32 

Nozzle 415, 431 

Number of blades 153, 200, 389 


Oo 


Oblique discharge from guide apparatus 
157, 159 

Oil cooling 527 

— dash pot 435, 592 

— film 490, 503, 515 

— vessel 61, 450 
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Oil pump for bearing 61 

— — — controller 439 

— — — gate hoist 593 
Oscillation of surge tank level 580 
Outlet velocity 37, 134, 144, 158 
Output, effective 24, 90, 379 

— for head of 1 m 67 

—, hydraulic 26, 96 

—, theoretical 24 

—, unit 70 

— of turbine 24, 89, 379 
Overpressure of runner 45, 132, 190, 325 


P 


Parallel run of alternators 472 

Partial admission turbine 22 

Pelton turbine 23, 62, 374, 425 

Peripheral velicity, U 36, 381 

— component of velocity (subscript n) 42 

Pilot valve 434, 446 

Pipe protection, differential 590 

— —, maximal 590 

Pipes 533, 547 

—, burst of 590 

—, connections (flanges) 538 

—, high pressure 550 

—, starting time of 467, 470, 554 

Pit of turbine 209 

Potential of velocity (see Velocity poten- 
tial) 

— — flow 129 

— — whirl 316 

Pressure drop 239, 307, 469 

— rise (see water hammer) 

— (reaction) turbine 17, 49 

— regulator 609 

Propeller turbine 23, 62, 344 

Proskura diagram 341, 342 

Pumping unit of bearings 527, 615 

— — of ball valve 606 

— — of controller 450, 459 

— — of gate hoist 593, 598 

— — of pressure regulator 613 


Q 


Quick-closing device 591 
— — devices for pipes 598 
— — gates 593 


R 


Radial-flow turbine 17 

Radiaxial (mixed-fiow) turbine 17 
Reciprocating motors 15 
Reduced cross section 211, 286 


Reflection of pressure wave 560, 564 

Regulating heart 282 

— (shifting) ring 59, 257 

— shaft 278 

— mechanism 59, 259, 278 

Regulation, internal, external, 61, 253, 257 

—, work of, A 259 

Reiffenstein turbine 23 

Relative velocity, W 17, 36, 382 

Relative change of speed 466 

Relief of runner 58, 60 

— valve 609, 612, 615, 618 

Representation of blade sections 140 

Restoring mechanism 435 

Return motion gear (see Restoring mecha- 
nism) 

Reverse shock 61 

Reynold’s number, Re 82, 83 

Runaway speed, 7p (see Speed, runaway) 

Runner blades of Francis turbine 77, 140, 
179, 225 

— — — Kaplan turbine 349, 355, 359 

— — — Pelton turbine 390 

Runner duct (see Blade duct) 

— of Francis turbine (see also Split run- 
ners) 57, 163, 225 

— — Kaplan turbine (see also Hub of 
runner) 344, 359 

— — Pelton turbine 62, 381, 427 

Rupture of water column 61 


S 


Safety devices 358, 615 : 

Schnyder-Bergeron (see graphical analysis 
of water hammer) > 

Schoklitsch’s method (see graphical analysis 
of surge tank) 

Seating of pipes 538, 541 : 

Segment bearing (see thrust bearing) 

Segments 499, 505, 513 

Servomotor of ball valve 609 

— — controller 279, 433 

— — guide wheel 279 

— — rapid closure valve 593, 598 

— — runner 363 

Shaft 59, 242, 248, 363 

Shell turbine 21 

Shut down tests of controllers 443, 475. 

Similarity, hydraulic (see Hydraulic similar- 
ity) 

— of cavitation 105, 239 

— with regard to strength 100 

Sliding surface of thmist bearings (see 
Segments) , 

Slot link of runner 462 


Space of turbine 131, 342 

Spacing of blades, t, 147, 327 

Span of wing 339 

Specific gravity of water 24 

— load of blade 180, 327 

— speed 70, 99, 374 

— velocities 71 

Speed, for head of 1 m 66 

—, normal 477 

—, runaway 95 

—, specific (see Specific speed) 

—, unit of 69 

— of sound (pressure wave in pipes) 552, 
557 

Spiral 209, 284 

Split runners 231 

Stability of controller 435, 469 

— of flow 354 

— of large swings 587 

— of surge tanks 576 

Standrzd CSN 085010-1951 30, 476, 621 

Starting whirl 322 

Start of operation 616 

Stay blades of spiral 217, 284 

Stopping whirl 322 

Stream line 123 

Stuffing box 15, 59, 296, 362 

Suction head 54, 177 

Surface area of surge tanks 576 

Surge tank 532, 576, 580 

— —, Johnson’s 582, 585 

— —, with throttled flow 581 

— — — upper and lower level 581 

— —, swing of level of 580 

Synchronous speed 119, 472, 477 

Swing of level (see Surge tank) 


T 
Tail race 26 
Tangential turbine 18 
Tank 61, 450 


Test pressure 547 

Thoma’s surface area 579 

Throttled flow of surge tank 581 

Through fiow resistance 31, 534 

— — velocity 16, 534, 617 

Thrust bearing, sliding surface of (see 
Segments) 

Time of closure of ball valve 609 

— — closure (opening) of controller 467 

— — — of gate hoist 593, 595 

— — — of pressure regulator 613 

— — falling of isodrome 467 

— — level oscilation of surge tank 580 
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— — one interval of pressure wave 552 

— — starting of pipe 467, 470, 554 

— — — — the machine 467 

Total impact (water hammer) 554, 559 

Triangle of velocities, 36, 65 

Turbines, classification and development 
(see Clasification of turbines) 

Turbulent flow 127 

Type series of turbines 119 


U 


Unit, running in of 532 
Unit values 69, 102 
Unloading valve of pump 443 


V 


Valve, ball 605, 616 
—, by-pass 607, 617 
—, control 433 

—, mud 617 
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—, of turbine air supply 61, 305 
—, relief 607, 617 

Velocity diagram 157, 384 

— potential 130, 314 

— triangle 36, 65 

Viscosity (dynamic) 481 


Ww 


Water hammer 551 

— —, linear course of 553, 558 

— jet (Pelton turbine) 374, 380 

— wheel 15 

Whirl fibre 317, 318 

Work of regulation (see Regulation work) 
— — — in connection with turbine 42 


Z 


Zhukovski expression for water hammer 552 
— lift 320 


UNIVERSITY OF ILLINOIS-URBANA 


621.24N28VEM C001 
HYDRAULIC TURBINES$PRAGUE 


| TNE] | 
3 0112 007957308 : 
4 


